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ABSTRACT
Fuel economy, reduction in power losses and control on emissions are the key drivers
of the automotive industry. Development of new technologies and lubricant formulation is
being pursued relentlessly to improve the engine performance. This in turn demands
comprehensive experimental work based on reliable and accurate measurement system to
analyze the effectiveness of these technologies. In roller follower valve train configuration,
the power losses and deterioration of mating surfaces of cam and roller is largely governed by
the sliding of rollers and lubrication conditions at cam/roller interface whereas the different
operating conditions, lubricant rheology/chemistry can play an extremely important role in
this context.
In this research project, an advanced real production gasoline engine having end
pivoted roller finger follower valve train has been instrumented, for the very first time, by
employing the recently developed techniques based on advanced sensor technology to
measure the rollers tribological behavior and oil film thickness at cam/roller interface under
realistic environment. An elaborated experimental research work comprising of series of tests
has been undertaken to investigate the effects of different operating conditions, oil rheology,
lubricant chemistry and low viscosity oil on these important parameters. A new flexible test
rig has been designed and developed whereas a high speed synchronized data acquisition
system has been employed to hunt for the vital information. A numerical approach based on
the lubrication and friction modeling is also the part of this research work to understand the
tribological characteristics of the valve train and to predict various important tribological
parameters.
The experimental results showed that due to shear drag it was not necessary for roller
rotational speed to increase with camshaft speed. The lubricant viscosity played a key role in
the roller sliding at lower temperatures however at higher oil temperatures negative slip was
also observed indicating that component inertia and internal friction have a role to play in
roller slip. Relatively, higher magnitude of roller sliding was observed for mineral oil as
compared to synthetic oil having almost same viscosity while operating under similar
conditions. Good lubrication conditions were also observed at cam/roller interface due to
dominance of rolling motion. Increase of roller sliding with corresponding rise in oil film
thickness was recorded. A good agreement between the theoretical predictions and
experimental evidences was also found. It is strongly believed that the obtained realistic data
will provide greater flexibility in validating the predictive mathematical models on the valve
ii

trains and will be extremely beneficial for the engine designers and lubricant formulators in
their ongoing efforts to improve the engine tribological efficiency.

iii

TABLE OF CONTENTS
Material Published as a Result of this Research Work ………………………………………. i
Abstract ……………………………………………………………………………………….ii
Table of Contents …………………………………………………………………………….iv
List of Figures ………………………………………………………………………………viii
List of Tables and Appendix…………………………………………………………………xvi
Nomenclature ……………………………………………………………………………....xvii

Chapter 1. Introduction
1.1

Research Motivation ………………………………………………………………….1

1.2

Preamble…. …………………………………………………………………………...2

1.3

Fuel Energy Distribution ……………………………………………………………...4

1.4

Major Tribological Engine Components ……………………………………………...5

1.5

Potential Impact of Reduction in Engine Friction on Fuel Economy and Control on
Emissions………………………………………………………………………………8

1.6

Tribological Performance of Roller Follower Valve Train ……………………………9

1.7

Research Project Objectives………………………………………………………….10

1.8

Thesis Structure ……………………………………………………………………...11

Chapter 2. Literature Review
2.1

Preamble…. ………………………………………………………………………….14

2.2

Theoretical and Experimental Studies on the Roller Follower Valve Train …………15

2.3

Oil Film Thickness Measurement in Engine Valve Train…........................................24

2.4

Summary …………………………………………………………………………….31

Chapter 3.

Brief Description of Some Factors Affecting Valve Train
Performance

3.1

Preamble… ………………………………………………………………………….34

3.2

Lubricant Viscosity…………………………………………………………………..34

3.3

Dynamic Viscosity …………………………………………………………………..36

3.4

Kinematic Viscosity …………………………………………………………………37

3.5

Viscosity-Temperature Relationship …………………………………………….......37
iv

3.6

Viscosity Index ……………………………………………………………………....37

3.7

Viscosity-Pressure Relationship ……………………………………………………..38

3.8

Viscosity-Shear Rate Relationship …………………………………………………..39

3.9

Shear Stability ……………………………………………………………………….40

3.10

Thermal Effects ……………………………………………………………………...41

3.11

Lubrication Regimes ………………………………………………………………...41

3.12

Lubricant Rheology ……………………………………………………………….....44

3.13

Lubricant Additives ……………………………………………………………….....45

3.14

Surface Roughness …………………………………………………………………..52

3.15

Summary …………………………………………………………………………….54

Chapter 4. Theoretical Analysis of End Pivoted Roller Finger Follower
Valve Train
4.1

Preamble…. ………………………………………………………………………….55

4.2

Kinematic Analysis ………………………………………………………………….56

4.3

Dynamic Analysis ……………………………………………………………………57

4.4

Hertzian Stress at Cam/Roller Contact ………………………………………………58

4.5

Lubrication Analysis ………………………………………………………………...60

4.6

Asperity Interactions ………………………………………………………………...61

4.7

Frictional Forces …………………………………………………………………….62

4.8

Prediction of Roller Sliding at Cam/Roller Interface ………………………………..66

4.9

Prediction of Creep at Cam/Roller Interface ………………………………………...68

4.10

Power Loss at Cam/Roller Contact ………………………………………………….68

4.11

Computer Code ……………………………………………………………………...69

4.12

Summary …………………………………………………………………………….69

Chapter 5. Experimental Method of Measuring Roller Sliding in Engine
Valve Train
5.1

Preamble …………………………………………………………………………….70

5.2

The Objectives……………………………………………………………………….71

5.3

Experimental Setup…………………………………………………………………..71

5.4

Roller Rotation Monitoring Techniques …………………………………………….75

5.5

Working Principle of Giant Magneto Resistive (GMR) Sensor …………………….79

5.6

Preliminary Testing of Measurement Technique…………………………………….80
v

5.7

Instrumentation of the Roller Follower Assembly with GMR Sensor ……………...81

5.8

Bench Testing of Instrumented Roller Finger Follower Assembly……….…………84

5.9

Determining of Cam Lobe to Roller Speed Ratio …………………………………..86

5.10

Data Acquisition System ……………………………………………………………86

5.11

Summary ……………………………………………………………………………87

Chapter 6. Experimental Method of Measuring Oil Film Thickness at
Cam/Roller Interface in Engine Valve Train
6.1

Preamble …………………………………………………………………………….88

6.2

The Objectives ……………………………………….……………………………...89

6.3

Test apparatus arrangement to Measure Oil Film Thickness in Engine Valve
Train………………………………………………………………………………….89

6.4

Instrumentation of the Roller Finger Follower Assembly…………………………...91

6.5

Determining of Oil Film Thickness using Electrical Capacitance Measurement……96

6.6

Electrical Capacitance Measurement System ……………………………………….97

6.7

Out of Engine Testing and Calibration of Capacitance Measurement System………98

6.8

Synchronization of Optical Encoder Index Pulse with the Cam nose Position…….103

6.9

Data Acquisition System …………………………………………………………...106

6.10

Summary …………………………………………………………………………...107

Chapter 7. Engine Valve Train Data Acquisition System
7.1

Preamble….…………………………………………………………………………108

7.2

Data Acquisition and Labview programming………………………………………108

7.3

Group-1 DAQ channels for engine operating conditions ………………………......111

7.4

Group-2 DAQ system for roller rotational speed and sliding measurement………..117

7.5

Group-3 DAQ system for oil film thickness measurement at cam/roller contact…..123

7.6

Summary……………………………………………………………………………130

vi

Chapter 8. Experimental Evaluation of Roller Sliding and Oil Film
Thickness in Engine Valve Train
8.1

Preamble………………………………………………………………………….....131

8.2

The Objectives………………………………………………………………………131

8.3

Experimental Methodology ………………………………………………………...132

8.4

Initial Testing and Data Processing of Roller Speed Monitoring System…………..133

8.5

Repeatability Test of Roller Speed Monitoring System…………………………….135

8.6

Results of Roller Rotational Speed and Percentage Slip……………………………138

8.7

Initial Testing and Data Processing of Oil Film Thickness Measurement System....150

8.8

Repeatability of Measurements of Oil Film Thickness……………………………..152

8.9

Evaluation of Oil Film Thickness under Different Conditions……………………..155

8.10

Investigation of Roller Rotational Behavior and Sliding in Engine Valve Train…...157

8.11

Summary …………………………………………………………………………...167

Chapter 9. Correlation of Theoretical Predictions and Experimental
Evidences
9.1

Preamble….………………………………………………………………………...169

9.2

The Theoretical Predictions………………………………………………….…......169

9.3

The Experimental Evidences.....................................................................................175

9.4

The Correlation of Theory and Experiments……………………….………………175

9.5

Summary……………………………………………………………………………184

Chapter 10. Conclusions and Recommendations
10.1

Preamble….…………………………………………………………………………185

10.2

Summary of the Research Work ………………………………………………........185

10.3

Conclusions ………………………………………..……………………………….186

10.4

Recommendations for the Future Work ……………………………………………191

vii

LIST OF FIGURES
Figure 1.1 Region wise CO2 emissions standards for passenger car and commercial vehicles.3
Figure 1.2 Distribution of fuel energy for a medium size passenger car in urban cycle ……...5
Figure 1.3 Modified Stribeck diagram………………………………………………………...7
Figure1.4 Distribution of mechanical losses in engine ……………………………………….8
Figure 2.1 Various engine valve train configurations ………………………………………..14
Figure 2.2 Cam/tappet simulator …………………………………………………………….17
Figure 2.3 Schematic of test equipment and free body diagram for cam and roller lifter …..18
Figure 2.4 Roller finger follower with overhead camshaft ………………………………….18
Figure 2.5 Configuration of roller follower valve train ……………………………………...19
Figure 2.6 Schematics of push rod roller follower valve train ………………………………20
Figure 2.7 Roller sliding test machine - side view …………………………………………..22
Figure 2.8 Roller skid test machine - top view ………………………………………………23
Figure 2.9 Principle methods of optical interferometry ……………………………………..25
Figure 2.10 Space layer imaging method (SLIM) test setup ………………………………..26
Figure 2.11 Schematic diagram of ultrasonic equipment to measure the oil film thickness…27
Figure 2.12 Schematic view of the cam/follower test rig ……………………………………29
Figure 2.13 Schematic view of the rocker valve and the cam ……………………………….30
Figure 3.1 Separation of two surfaces under fluid action ……………………………………36
Figure 3.2 Viscosity-shear rate characteristic of non-Newtonian fluids …………………….39
Figure 3.3 Regimes of lubrication …………………………………………………………...42
Figure 3.4 Attachment of friction modifier polymers on metal surfaces ……………………49
Figure 3.5 Expansion of polymer coil ……………………………………………………….51

viii

Figure 4.1 Under research end pivoted roller finger follower valve train with overhead
camshaft ………………………………………………………………………………………56
Figure 4.2 Geometry and forces acting in end pivoted roller finger follower valve train…….56
Figure 4.3 Stress distribution in semi elliptical form for a cam/roller line contact …………..59
Figure 4.4 Forces acting at cam/roller contact governing the roller rotation ………………...66
Figure.5.1 Instrumented Toyota 1NZK engine head …………………………………………71
Figure 5.2 Engine head cover having oil spray channel ……………………………………..72
Figure.5.3 Schematic of roller finger follower valve train …………………………………...72
Figure 5.4 Advanced flexible test rig …………………………………………………………73
Figure 5.5 Complete oil flow circuit of the engine valve train test rig ……………………….74
Figure 5.6 Eddy current sensor ……………………………………………………………….76
Figure 5.7 Roller follower assembly instrumented with Eddy current sensor ………………..77
Figure 5.8 Reed switch ……………………………………………………………………….78
Figure 5.9 ADL magnetometer chip and target Alnico magnet ………………………………78
Figure 5.10 Block diagram of GMR sensor …………………………………………………..80
Figure 5.11 Setup for preliminary testing of measurement technique ………………………..81
Figure 5.12 Stripped roller finger follower assembly ………………………………………...81
Figure 5.13 GMR magnetometer chip and mounting on the PCB ……………………………81
Figure 5.14 Roller finger follower assembly with hole for sensor mounting ………………...82
Figure 5.15 Alnico magnets used as target in the roller race …………………………………82
Figure 5.16 Machined roller with magnetometer chip and magnet …………………………..83
Figure 5.17 Instrumented end pivoted roller follower assembly ……………………………..84
Figure 5.18 Bench testing of instrumented roller finger follower assembly …………………84
Figure 5.19 Calibration chart of roller rotation ……………………………………………….85
Figure 5.20 Instrumented roller finger follower assemblies connected to cDAQ ……………86
ix

Figure 5.21 Schematics of the roller rotational speed measurement system …………………87
Figure 6.1 Instrumented Toyota 1NZK engine head …………………………………………90
Figure 6.2 Schematic of instrumented engine head for oil film thickness measurement……..91
Figure 6.3 Schematic of end pivoted roller finger follower valve train ……………………...92
Figure 6.4 Detailed configuration of HLA assembly …………………………………………93
Figure 6.5 Machined HLA with Teflon cup and ring …………………………………………94
Figure 6.6 HLA insulated with Teflon cup and ring ………………………………………….94
Figure 6.7 Valve cap ………………………………………………………………………….95
Figure 6.8 Valve cap insulated with Teflon cup ………………………………………………95
Figure 6.9 Roller finger follower assembly with attached wire ……………………………...96
Figure 6.10 Block diagram of electrical capacitance measurement circuit …………………..98
Figure 6.11 Initial setup for testing and calibration of capacitance measurement system……99
Figure 6.12 Shafts with slip ring assembly …………………………………………………100
Figure 6.13 Setup for testing of capacitance measurement system based on CNC machine.100
Figure 6.14 Relationship between the distance and originated capacitance ………………...101
Figure 6.15 Relationship between the distance and output voltage …………………………102
Figure 6.16 Capacitance profile measured in volts at different operating speeds …………..103
Figure 6.17 Top of lift position ‘O’ marked on the camshaft ……………………………….104
Figure 6.18 Dial gauge used to locate the valve position with reference to cam degrees …..105
Figure 6.19 Optical encoder incremental and index signal synchronized with the camshaft
nose position ‘O’ ……………………………………………………………………………106
Figure 6.20 Measured output voltage signal from the instrumented cam/roller pair ……….106
Figure 7.1 DAQ arrangement in group 1 to measure the engine operating conditions ……..111
Figure 7.2 Installed thermocouple to measure the lubricant inlet temperature ……………...112
Figure 7.3 Block diagram of NI 1102 signal conditioning unit ……………………………..113
x

Figure 7.4 NI SCXI 1000 chassis with SCXI 1302 and 1303 terminal blocks ……………..114
Figure 7.5 Hydraulic pump and motor speed controller installed in the test rig ……………115
Figure 7.6 Feedback control loop for oil pressure control ………………………………….116
Figure 7.7 Front panel of the developed ‘vi’ to measure engine operating conditions ……..117
Figure 7.8 Block diagram of the developed ‘vi’ to measure engine operating conditions…..117
Figure 7.9 TTL signal from GMR sensor on detection of magnet ………………………….118
Figure 7.10 DAQ arrangement to measure simultaneous six roller followers speed………..119
Figure 7.11 Digital devices connection with NI 9401 digital module ………………………120
Figure 7.12 Load connection and output circuitry of one channel in NI 9263 module ……..121
Figure7.13 Compact DAQ-9174 having digital and analog modules ………………………122
Figure 7.14 Front panel of the ‘vi’ to measure the rollers rotational speed and slip………...123
Figure 7.15 Block diagram of the ‘vi’ to measure the rollers rotational speed and slip
……………………………………………………………………………………………….123
Figure 7.16 DAQ arrangement for oil film thickness measurement at cam/roller interface...125
Figure 7.17 NI BNC-2110 shielded connector block ……………………………………….126
Figure 7.18 Block diagram of NI PCI 6123 multi-function DAQ …………………………..127
Figure 7.19 Average voltage signal acquisition from the cam/roller pair …………………...128
Figure 7.20 Front panel of the instantaneous oil film thickness measuring ‘vi’ …………….129
Figure 7.21 Block diagram of the instantaneous oil film thickness measuring ‘vi’ ………...129
Figure 7.22 Block diagram of ‘vi’ measuring the average oil film thickness………………..130
Figure 8.1 Snapshot of roller rotational speed raw data at 25 ̊C …………………………….134
Figure 8.2 Snapshot of roller rotational speed raw data at 60 ̊C …………………………….134
Figure 8.3 Snapshot of roller rotational speed raw data at 95 ̊C …………………………….134
Figure 8.4 Roller rotational speed at cam speed of 300 rpm in repeat tests ………………...135
Figure 8.5 Roller rotational speed at cam speed of 800 rpm in repeat tests ………………...136
xi

Figure 8.6 Roller rotational speed at cam speed of 1400 rpm in repeat tests ……………….136
Figure 8.7 Roller rotational speed at cam speed of 2000 rpm in repeat tests ……………….137
Figure 8.8 Roller rotational speed at cam speed of 2600 rpm in repeat tests ……………….137
Figure 8.9 Roller speed and percentage slip of roller # 1 at cam speed of 300 rpm ………..138
Figure 8.10 Roller speed and percentage slip of roller # 1 at cam speed of 800 rpm ………138
Figure 8.11 Roller speed and percentage slip of roller # 1 at cam speed of 1400 rpm ……...139
Figure 8.12 Roller speed and percentage slip of roller # 1 at cam speed of 2000 rpm ……...139
Figure 8.13 Roller speed and percentage slip of roller # 1 at cam speed of 2600 rpm ……...139
Figure 8.14 Roller speed and percentage slip of roller # 2 at cam speed of 300 rpm ……….140
Figure 8.15 Roller speed and percentage slip of roller # 2 at cam speed of 800 rpm ……….140
Figure 8.16 Roller speed and percentage slip of roller # 2 at cam speed of 1400 rpm ……...140
Figure 8.17 Roller speed and percentage slip of roller # 2 at cam speed of 2000 rpm ……...141
Figure 8.18 Roller speed and percentage slip of roller # 2 at cam speed of 2600 rpm ……...141
Figure 8.19 Roller speed and percentage slip of roller # 3 at cam speed of 300 rpm ……...142
Figure 8.20 Roller speed and percentage slip of roller # 3 at cam speed of 800 rpm ……...142
Figure 8.21 Roller speed and percentage slip of roller # 3 at cam speed of 1400 rpm …….142
Figure 8.22 Roller speed and percentage slip of roller # 3 at cam speed of 2000 rpm …….143
Figure 8.23 Roller speed and percentage slip of roller # 3 at cam speed of 2600 rpm …….143
Figure 8.24 Roller speed and percentage slip of roller # 4 at cam speed of 300 rpm ……...144
Figure 8.25 Roller speed and percentage slip of roller # 4 at cam speed of 800 rpm ……...144
Figure 8.26 Roller speed and percentage slip of roller # 4 at cam speed of 1400 rpm …….144
Figure 8.27 Roller speed and percentage slip of roller # 4 at cam speed of 2000 rpm …….145
Figure 8.28 Roller speed and percentage slip of roller # 4 at cam speed of 2600 rpm …….145
Figure 8.29 Roller speed and percentage slip of roller # 5 at cam speed of 300 rpm ……...146
Figure 8.30 Roller speed and percentage slip of roller # 5 at cam speed of 800 rpm ……...146
xii

Figure 8.31 Roller speed and percentage slip of roller # 5 at cam speed of 1400 rpm …….146
Figure 8.32 Roller speed and percentage slip of roller # 5 at cam speed of 2000 rpm …….147
Figure 8.33 Roller speed and percentage slip of roller # 5 at cam speed of 2600 rpm …….147
Figure 8.34 Roller speed and percentage slip of roller # 6 at cam speed of 300 rpm ……...148
Figure 8.35 Roller speed and percentage slip of roller # 6 at cam speed of 800 rpm ……...148
Figure 8.36 Roller speed and percentage slip of roller # 6 at cam speed of 1400 rpm …….148
Figure 8.37 Roller speed and percentage slip of roller # 6 at cam speed of 2000 rpm …….149
Figure 8.38 Roller speed and percentage slip of roller # 6 at cam speed of 2600 rpm …….149
Figure 8.39 Rotational speed of different rollers at camshaft speed 300 rpm, 1400 rpm and
2600 rpm ……………………………………………………………………………………150
Figure 8.40 Output voltage profile corresponding to contact capacitance …………………151
Figure 8.41 Oil film thickness profile at 300 rpm and 25˚C in repeat runs ………………..152
Figure 8.42 Oil film thickness profile at 800 rpm and 25˚C in repeat runs ………………..153
Figure 8.43 Oil film thickness profile at 1400 rpm and 25˚C in repeat runs ………………153
Figure 8.44 Oil film thickness profile at 2000 rpm and 60˚C in repeat runs ………………154
Figure 8.45 Oil film thickness profile at 2600 rpm and 95˚C in repeat runs ………………154
Figure 8.46 Oil film thickness profiles for 4cSt oil ‘A’ at 25˚C at different cam speeds …..155
Figure 8.47 Oil film thickness profiles for 4cSt oil ‘A’ at 95˚C at different cam speeds …..156
Figure 8.48 Oil film thickness profiles for 4cSt oil ‘A’ at 300 rpm with different operating
temperatures ………………………………………………………………………………..157
Figure 8.49 Oil film thickness profiles for 4cSt oil ‘A’ at 2600 rpm with different operating
temperatures ………………………………………………………………………………..157
Figure 8.50 Roller rotation speed at oil inlet temperature 25˚C, 60˚C and 95˚C ………….158
Figure 8.51 Percentage slip at 300 rpm under different oil inlet temperatures ……………159
Figure 8.52 Average Oil film thickness at 300 rpm under different oil inlet temperatures…160
xiii

Figure 8.53 Percentage slip at 800 rpm under different oil inlet temperatures …………….161
Figure 8.54 Average Oil film thickness at 800 rpm under different oil inlet temperatures…161
Figure 8.55 Percentage slip at 1400 rpm under different oil inlet temperatures …………...163
Figure 8.56 Average Oil film thickness at 1400 rpm under different oil inlet temperatures. 163
Figure.8.57 Percentage slip at 2000 rpm under different oil inlet temperatures …………...164
Figure 8.58 Average Oil film thickness at 2000 rpm under different oil inlet temperatures. 164
Figure 8.59 Percentage slip at 2600 rpm under different oil inlet temperatures ……………165
Figure 8.60 Average Oil film thickness at 2600 rpm under different oil inlet temperatures. 165
Figure 9.1 Contact loading at cam/roller interface at 300 rpm and 800 rpm ………………170
Figure 9.2 Contact loading at cam/roller interface at 1400 rpm …………………………...170
Figure 9.3 Contact loading at cam/roller interface at 2000 rpm and 2600 rpm ……………171
Figure 9.4 Creep variation at cam/roller contact at 300 rpm ……………………………….173
Figure 9.5 Creep variation at cam/roller contact at 800 rpm ……………………………….173
Figure 9.6 Creep variation at cam/roller contact at 2600 rpm ……………………………...174
Figure 9.7 Predicted valve train power loss ………………………………………………..175
Figure 9.8 Comparison of predicted and experimental percentage roller slip at different
camshaft speeds using 4cSt group IV oil ‘A’ at 25°C ……………………………………...177
Fig. 9.9 Average oil film thickness at cam/roller interface under different camshaft speeds
using 4cSt group IV oil ‘A’ at 25°C ………………………………………………………..177
Figure 9.10 Comparison of predicted and experimental percentage roller slip at different
camshaft speeds using 4cSt group IV oil ‘A’ at 95°C ……………………………………...178
Fig. 9.11 Average oil film thickness at cam/roller interface under different camshaft speeds
using 4cSt group IV oil ‘A’ at 95°C ………………………………………………………..178
Figure 9.12 Comparison of experimental and predicted percentage roller slip at different
camshaft speeds using 8cSt group IV oil ‘B’ at 25°C ……………………………………...179
xiv

Fig. 9.13 Average oil film thickness at cam/roller interface under different camshaft speeds
using 8cSt group IV oil ‘B’ at 25°C ……………………………………………………….179
Figure 9.14 Comparison of experimental and predicted percentage roller slip at different
camshaft speeds using 8cSt group IV oil ‘B’ at 95°C ……………………………………..180
Fig. 9.15 Average oil film thickness at cam/roller interface under different camshaft speeds
using 8cSt group IV oil ‘B’ at 25°C ……………………………………………………….180
Figure 9.16 Comparison of experimental and predicted oil film thickness at 800 rpm using
4cSt group IV oil ‘A’ at 95°C ………………………………………………………………181
Figure 9.17 Comparison of experimental and predicted oil film thickness at 2600 rpm using
4cSt group IV oil ‘A’ at 95°C ………………………………………………………………181
Figure 9.18 Comparison of experimental and predicted oil film thickness at 800 rpm using
8cSt group IV oil ‘B’ at 95°C ………………………………………………………………183
Fig. 9.19 Comparison of experimental and predicted oil film thickness at 2600 rpm using
8cSt group IV oil ‘B’ at 95°C ………………………………………………………………183

xv

LIST OF TABLES AND APPENDIX
Table 5.1 Comparison of different sensors …………………………………………………..79
Table 5.2 Different combinations of Alnico bar magnets ……………………………………83
Table 6.1 Measured capacitance and corresponding output voltage at various distances ….101
Table 8.1 Details of test lubricants …………………………………………………………133
Appendix I Input data for the valve train analysis and valve lift profile …………………..202
Appendix II Basic formula for cam/finger follower contact ……………………………....204
Appendix III Graph to determine value of constant ‘C’ ……………………………………205

xvi

NOMENCLATURE
Most of the notations used in the thesis are appended below. The remaining notations have
been explained in the respective paragraph.
A

Distance between pivot of roller finger follower and the center of curvature of
follower face in contact with the camshaft

𝐴′

Apparent area of contact

𝐴𝑎

Actual area of contact

B

Distance between pivot of roller finger follower and the center of curvature of
follower face in contact with the valve

b

Hertzian contact half width

D

Distance between the cam axis of rotation and the pivot of roller finger follower

𝐸1

Elastic modulus for cam

𝐸2

Elastic modulus for roller

𝐸′

Equivalent modulus of elasticity

F

Tangential force at cam/roller interface

𝐹𝑎

Friction force due to asperity interaction

𝐹𝑟

Rolling friction at cam/roller contact

𝐹𝑠

Sliding friction at cam/roller contact

G

Dimensionless material parameter

ℎ𝑐𝑒𝑛

Central oil film thickness

J

Moment of inertia of roller

K

Spring stiffness

𝑙𝑣

Valve lift

𝐿

Roller width

M

Equivalent reciprocating mass of the valve system

𝑀𝑓

Mass of roller finger follower

m

Limiting shear stress and pressure relation

P

Pressure distribution in the contact zone

𝑝𝑚𝑎𝑥 Maximum Hertzian stress
R

Equivalent radius of curvature

𝑅𝑏

Cam base circle radius

𝑟𝑐

Cam radius of curvature
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𝑟1

Roller outer ring radius

T

Operating temperature

𝑇𝑜

Atmospheric temperature

U

Dimensionless speed parameter

𝑉𝑐

Velocity of contact point relative to cam

𝑉𝑓

Velocity of contact point relative to roller follower

𝑉𝑒

Mean lubricant entraining velocity

𝑉𝑠

Sliding velocity of mating surfaces

𝑊𝑙

Normal load at cam/roller interface

𝑊𝑎

Asperity load

𝑊ℎ

Hydrodynamic load

𝑊′

Dimensionless load parameter

𝑣1

Poisson ratio of cam material

𝑣2

Poisson ratio of roller material

α

Pressure-Viscosity coefficient

𝜎

Composite roughness height of cam/roller
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CHAPTER-1
INTRODUCTION
1.1

Research Motivation
Improved engine performance will remain the key driver of the automotive industry in

the times to come to achieve the desired goals of fuel economy, reduced exhaust emissions
and the customer’s satisfaction. Still large benefits can be achieved by improving the
tribological performance of engine components as reported by many researchers in their
previous research works. Further improvement in the performance of engine components
requires better understanding of their tribological behavior, commissioning of advanced and
efficient techniques, better materials of interacting surfaces including coatings/texturing and
improved lubricant rheology/chemistry which is being pursed in the automotive industry,
relentlessly. A reliable and elaborated experimental research work based on accurate
measurement systems under realistic environment is required to analyze the impact of these
techniques before finally employing them in the engine.
The engine valve train is regarded as one of the most challenging components to
lubricate effectively due to severe operating conditions and can contribute substantially in the
overall engine friction particularly at low engine speeds and may also increase the surface
wear rates. Direct acting and end pivoted roller finger follower are the main valve train
configurations widely employed in the modern passenger cars due to their improved
efficiency. Substantial theoretical and experimental work has been carried out/reported on the
direct acting valve train due to relative simplicity of the mechanism and availability of
measuring techniques. Little to no work has been undertaken on end pivoted roller finger
follower valve train due to the complexity of configuration coupled with the space limitations
for employment of measurement systems.
The roller follower valve train is usually recognized due to its reduced frictional
losses and enhanced power output. The tribological performance of roller follower valve train
is greatly governed by the sliding of rollers on the cam surface and oil film thickness at
cam/roller interface. Pure rolling at cam/roller junction ensures even distribution of wear,
minimizes the chances of fatigue failure and reduces the power loss in the valve train. The
sliding of rollers may also increase the sliding friction substantially resulting into the wear of
cam and roller surfaces operating under marginal lubrication conditions. Different operating

conditions, oil rheology and lubricant chemistry can play an extremely important role on the
tribological behavior of roller followers and lubrication conditions in the valve train and thus
the overall valve train tribological performance. Hence, an elaborated experimental research
work based on advanced and accurate measuring techniques becomes essential to measure the
sliding of roller followers and oil film thickness at cam/roller contact in a real production
engine under actual operating conditions. In this research work, special emphasis would be
laid to investigate the effects of different operating conditions, oil rheology, lubricant
chemistry and low viscosity oils on the roller slip and oil film state at cam/roller interface in
the engine valve train which has never been carried out/reported in the past.
1.2

Preamble
For the last three decades, there has been an increased and constant pressure on the

automobile industry to produce fuel efficient and environmental friendly vehicles. This drive
has been led by many factors like limited natural petroleum resources, high prices of fuels,
stringent exhaust emission standards to reduce the greenhouse emissions and finally the
customer’s demands. Automotive Original Equipment Manufacturers (OEMs) and lubricant
industry is investing heavily to meet these demands. Engineers, researchers and scientist are
working constantly to improve the engine performance to achieve the fuel economy,
improved tribological efficiency of engine components and reduced exhaust emissions while
ensuring durability and reliability of running components.
Since 1970, there has been a continuous demand for adopting the Corporate Average
Fuel Economy (CAFÉ) standards from the automobile sector to produce fuel efficient
vehicles with least pollution and to produce a cleaner environment and improved economy.
As per the reports of Environmental Protection Agency (EPA) of USA in 2009, the passenger
vehicles consume about 40% of all U.S. oil whereas they are responsible for approximately
20% of all U.S. CO2 emissions [1]. In May 2014, it was also reported by EPA that an average
passenger vehicle emits 411 grams of CO2 in a mile thereby producing about 4.7 metric tons
of CO2 per year [2]. Such facts are clear indicators of an excessive emission level in the world
once the total vehicles are taken into account in broader spectrum. On the other hand, the
standards are becoming stringent with the passage of time by setting a new fuel economy
standard of 41 miles per gallon in 2016 which has raised up to 49 miles per gallon in 2020.
The next fuel target under CAFE regulations is 60 miles per gallon by 2025 [3].
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Similar trend of fuel efficient vehicles with reduced exhaust emissions also extends in
European Union (EU). In 2007, strategy in the form of legal frame work was adopted to
reduce CO2 emissions from new light duty vehicles as part of the Kyoto Protocol. As per
legislation, about one-fifth of the EU's total emissions of CO2 come from road transport which
has increased approximately 26% between 1990 and 2004 and is still rising [4]. Cars and
vans are also considered to be the major source of CO2 emissions producing about 15% of the
total EU's emissions of CO2. The legislation imposed new emission targets as the OEMs are
obliged to ensure that new fleet of car does not emit more than an average of 95 grams/km of
CO2 by 2020. These targets can be compared with the previous standards which have an
average of almost 160 grams in 2007 and 120 grams of CO2 per kilometer in 2012 clearly
indicating a substantial reduction in the greenhouse gas. In terms of fuel consumption, the
2020 target equates approximately to 4.1 l/100 km of petrol or 3.6 l/100 km of diesel.
Proposals for such targets stimulate an even wider desire for more fuel economic engines.
Global awareness on fuel economy and reduction in CO2 emissions is at the increase which
can also be realized by the indicated potential targets in various regions of the world as
shown in figure 1.1. The accomplishment of these goals demands application of innovate
techniques augmented by advanced lubricant formulation to improve the efficiency of engine
which in turn requires an elaborated experimental research work based on accurate and
reliable measurement systems.

Fig. 1.1 Region wise CO2 emissions standards for passenger cars and commercial vehicles [5]
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Many researchers [6-10] have highlighted the potential sources of losses affecting the
overall efficiency of internal combustion engines during their research work and also
suggested the possible ways to minimize these losses to improve the engine performance.
Their findings presented that the thermal inefficiencies are the major source of losses in
engines. Since then, automobile industry has witnessed numerous techniques in the form of
improved combustion chamber design, better fuel, high quality injection and spark elements
to improve the engine thermal efficiency. Their research investigations also highlighted that
still substantial benefits can also be achieved by reducing the mechanical losses in the
engines which are responsible for about 15% consumption of the total fuel energy.

1.3

Fuel Energy Distribution
Since the automotive sector is striving hard to produce fuel efficient vehicles to

improve economy and to reduce emissions hence it would be beneficial to consider the fuel
energy distribution in an engine. In 1991, Anderson [11] presented the distribution of fuel
energy during an urban cycle for a medium size passenger car as shown in figure 1.2. Only
12% of the available energy in the fuel succeeds to drive the wheels whereas about 15%
energy is being consumed as mechanical (mainly frictional) losses. Based on the research
work, it was also presented that 10% reduction in mechanical losses would lead to a 1.5%
reduction in the fuel consumption. Similar type of findings has also been reported by Parker
et al. [12] that 30% of energy released in combustion chamber is lost to exhaust gases
whereas 30% as heat transfer to the engine and environment. Remaining 40% of energy is
consumed as 12% to engine friction, 6% as engine pumping loss and 22 % is available as
engine brake horse power.
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Fig. 1.2 Distribution of fuel energy for a medium size passenger car in urban cycle [11]

1.4

Major Tribological Engine Components
The tribological efficiency of internal combustion engines is largely dictated by the

piston assembly, bearings and the valve train. The piston assembly can be considered as
providing a mean of transforming thermal energy of fuel into beneficial kinetic energy in an
engine. The ring pack installed in the piston assembly seals the gases and prevents them from
escaping towards the crankcase which is produced after the burning of fuel. The piston rings
are often subjected to harsh operating conditions like variation of load, temperature, speed
and different lubrication modes. Considering the lubrication of piston rings, the relative
sliding velocity between the compression rings and the liner wall influence the lubrication
condition, substantially. The lubrication condition seems to be healthy as hydrodynamic mode
in the mid stroke due to increased velocity, entraining oil in the contact patch. At top and
bottom dead centers, where the relative velocity is the least, satisfactory lubrication
conditions would largely depend upon the squeeze film action. At this time,
elastohydrodynamic to boundary lubrication regime may be anticipated in the vicinity.
During a single stroke of a piston in an engine, the rings may experience boundary, mixed
and hydrodynamic lubrication regimes.
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The journal bearings usually support the crankshaft, the camshaft and the connecting
rod in an engine. During engine operation, they enjoy the most benign lubrication conditions
and are relatively less stressed due to their smooth conformal surfaces. In running engine, oil
is fed to the bearing with the help of jet impingement on allowing the oil to pass through the
holes of shaft. Basing on the mobility method [13, 14], it is strongly believed that the bearing
operates mainly in the hydrodynamic mode. Under start and stop conditions of engine,
asperity interactions between the bearing and shaft may also play an important role leading to
mixed lubrication regimes. The involvement of asperity interaction between the shaft and
bearing was recognized by Conway-Jones and Gojon [15]. The supply of oil, dynamic
loading and the operating temperature affects the tribological efficiency of engine bearings.
The efficiency of valve train in terms of induction of air and fuel in the combustion
chamber on intake stroke and expelling of burnt gases on the exhaust stroke affects the engine
output, substantially. Various types of valve train configurations are usually employed in the
automotive engines depending largely on the nature of operation and type of engine. In high
speed cars, the direct acting valve train with overhead camshaft arrangement is often used
whereas the push rod valve train configuration is usually employed in heavy duty diesel
engines. In case of valves, poppet valve is mostly employed in automotive industry due to
their enhanced efficiency whereas sleeve and rotary valves have presented the difficulties in
effective lubrication, increased friction, sealing problems and high oil consumption.
Moreover, the numerous potential problems associated with the engine valve train in relation
to camshaft, valves, valve guides, springs, retainers, followers, chain and belt drives pose
serious challenges to the engine designers and tribologists. Also, in actual engine operation,
the valve train system has to operate in severe operating condition and mostly operate in
elastohydrodynamic and mixed lubrication regimes where the asperity interactions can play
an important role which may lead to excessive friction leading to the wear problems of
mating surfaces. The factors like high spring stiffness to maintain the contact between cam
and follower, continuous variation of lubrication mode due to changes in lubricant
entrainment velocity and raised operating temperatures often affect the valve train
tribological performance, significantly. Considering the mechanical losses in the engines, the
friction associated with the engine valve train is usually considered less typically 10% as
compared to piston-liner interaction and journal bearings which are considered causing 50%
and 20% friction, respectively. At low engines speeds, the valve train friction rises
substantially and may increase to 25%. Such situation demands better understanding of the
6

tribological behavior of valve train components followed by an elaborated research work
under realistic environment to improve its efficiency.
After going through the major tribological components in engines, it would be
beneficial to understand the modes of lubrication in engine operating cycle. Richard Stribeck
had conducted his research work on the friction of journal bearing and the obtained data was
presented in the form of stribeck curve diagram. The diagram presented the variation in
coefficient of friction ‘µ’ which was plotted against Sommerfeld group (ηU/P) where η is the
lubricant dynamic viscosity, U is the relative speed of mating surfaces and P is the load acting
between the surfaces. After substantial research work and better understanding of lubrication
modes, Sommerfeld group has been replaced with the oil film thickness ratio (λ) which is an
important tribological parameter. The parameter can be defined as the ratio between the oil
film thickness and the composite surface roughness. The introduction of this tribological
parameter (λ) provides an opportunity for appreciation of lubricated surface interaction and
also highlights the impact of surface topography on the durability and overall performance of
these components. The major tribological engine components and their associated lubrication
regimes of operation can be realized in the figure 1.3. It can be recognized that the engine
components have to operate in dynamic circumstances and subjected to various lubrication
mode in a single cycle which clearly shows a challenge for component designers, researchers
and oil formulators to improve their operational efficiency in response to fuel saving targets
and to meet the emission control standards.

Fig. 1.3 Modified Stribeck diagram [16]
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1.5

Potential Impact of Improved Engine Tribological Performance on the Fuel
Economy and Control on Emissions
In order to improve the engine tribological performance to achieve the desired goals

of fuel economy and the reduced emissions, the details regarding consumption of fuel energy
within the engine and percentage friction contributed by each component will also form an
important part of the strategy being implemented. Focusing the energy consumption within
the engine, Nakasa [17] had reported that the friction (48%) consumes the major part of the
fuel energy produced in engine followed by an acceleration resistance of 35% and cruising
resistance loss of 17%, respectively. The 48% friction loss portion can be further divided as
7% friction loss by the gear and transmission and 41% by the engine friction. In engines, the
piston-liner interaction due to sliding of rings and skirts is the major source of friction. The
next most important source of friction is engine bearings mainly from the crankshaft and
camshaft bearings followed by the friction loss generated by the valve train and is mostly
influenced by the cam/follower interaction. The auxiliaries like water pump, oil pump,
generator and alternator also contribute significantly in the overall engine friction loss. The
distribution of engine frictional loss as per component share is shown in figure 1.4.

Fig. 1.4 Distribution of mechanical losses in engine [18]
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Recently, a new method has been presented by Holmberg et al. [19] to analyze the
global energy consumption, CO2 emissions and the economic impact of engine friction on the
fuel consumption for passenger cars. In this study, it has been reported that one-third of the
available fuel energy is consumed to overcome the friction in the engine, transmission, tires,
and brakes whereas 21.5% of the fuel energy is used to move the car. The same study also
highlighted that the energy losses due to friction in engines can be reduced by 18% within
next 5-10 years by adopting latest friction control techniques which would result in global
fuel saving of 1,17,000 million liters per year and reduction in CO2 emissions by 290 tons per
year. Holmberg et al. [20] have also reported that 33% of fuel energy is consumed in
overcoming the friction and 34% of fuel energy is utilized to propel the heavy duty road
vehicles. Moreover, 2.5 times fuel economy can be achieved by a reduction in friction if
exhaust and cooling losses are also reduced. Nakamura [21] in his study on the passenger’s
cars had also reported the similar type of fuel saving facts. According to Monghan [22], 5%
fuel economy can be achieved if 10 % of friction is reduced in a gasoline engine. Hence by
considering the total number of vehicles worldwide such facts and figures clearly indicate
that they have great economic and environmental implications whereas the room for
improvement in the engine efficiency by reducing mechanical losses is apparent.

1.6

Tribological Performance of Roller Follower Valve Train
In the automotive industry, the roller follower valve train is widely recognized due to

its reduced power losses and improved lubrication conditions due to the dominance of rolling
motion at cam and roller junction. The tribological performance of roller follower valve train
is highly dependent on the behavior of roller followers and lubrication conditions. The sliding
of rollers on the cam surface may increase the valve train power losses due to increase in
sliding friction, hampering of lubrication conditions at cam/roller contact and deterioration of
mating surfaces of cam and roller operating under marginal lubrication leading to wear.
Turturro et al. [23] have also reported that the tribology of cam/roller follower junction is
largely governed by the engine type and working conditions. Different operating conditions,
oil rheology and lubricant chemistry can influence the sliding of roller followers and oil film
thickness at cam/roller interface, significantly. Moreover, the recent trend of using low
viscosity oils to reduce the shear friction can also seriously hamper the oil film strength at
cam/roller junction thereby raising concerns about the durability of components. In the past,
the research work on the sliding of roller follower in the valve train has been carried out on
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extensively modified test rigs which may not allow to capture the true picture of phenomenon
under investigation. Moreover, little to no work has been reported on the lubrication
conditions at cam/roller contact and effects of lubricant chemistry on the sliding of roller
followers. The situation demands innovate theoretical and experimental research work in an
advanced real production engine to investigate the sliding of rollers and lubrication
conditions at cam/roller interface considering the effects of operating conditions, low
viscosity oil, lubricant rheology and chemistry under realistic environment.

1.7

Research Project Objectives
The main objective of this research work is to investigate theoretically and

experimentally, the tribological performance of an end pivoted roller finger follower valve
train, in terms of rollers sliding and lubrication conditions considering the effects different
operating conditions, oil rheology, low viscosity oil and lubricant chemistry. For the very first
time, a real production gasoline engine (Toyota 1NZK) having end pivoted roller finger
follower valve train with overhead camshaft configuration has been instrumented heavily for
the intended purpose. An extensive experimental work comprising of series of tests was
undertaken in the research project. Some of the objectives of the research project are enlisted
as under:1.

Development of comprehensive numerical approach based on the lubrication
and friction modeling of the valve train to understand the tribological
characteristics of the valve train and to predict the important tribological
parameters such as the surface velocity, contact loading at cam/roller interface,
Hertzian stresses, oil film thickness, frictional forces, power losses, rollers
sliding and the creep.

2.

To develop an advanced and flexible engine valve train test rig for
experimental

research

work

employing

sophisticated

sensors/gauges/transducers for monitoring and controlling the various
operating conditions during testing.
3.

Development of an accurate, reliable and robust experimental technique to
measure the roller rotational speed and sliding in a real production engine head
with little to no modification of components under investigation.
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4.

To develop an accurate and effective technique to measure the instantaneous
oil film thickness at cam/roller interface under different operating conditions
in the engine valve train.

5.

To conduct an elaborated experimental test programme comprising of series of
tests to investigate the effects of engine operating conditions, lubricant
rheology, low viscosity oil and lubricant chemistry, for the very first time, on
the sliding of rollers and oil film thickness at cam/roller contact and
subsequently the effects of oil film thickness on the rollers sliding in the
engine valve train.

6.

Development of an advanced, highly synchronized and fast data acquisition
system to acquire and log the vital information on the operating conditions,
roller rotational speed and sliding data of six roller followers simultaneously
and oil film thickness data in the engine valve train..

7.

To obtain an accurate and highly reliable experimental data which may have
large implications on the future valve train components design and lubricant
formulation to further improve their performance.

8.

To validate the theoretical predictions with the experimental evidences in the
engine valve train.

1.8

Thesis Structure
The structure of thesis is as follows:-

Chapter 1 Introduction
This chapter highlights the research motivation, future targets of fuel savings and emissions
reduction in the automotive industry and brief details of major tribological components of
engine along with regimes of lubrication. The fuel energy distribution and mechanical losses
(friction) in the engines have also been explained while indicating the impact of improved
tribological performance of engine on the fuel economy and reduction in emissions. The facts
clearly indicate a substantial room to improve the tribological performance of engines which
require extensive theoretical and experimental research work in this field.

Chapter 2 Literature Review
This chapter provides a brief view of the theoretical and experimental research work carried
out on the roller follower valve train in the past with special focus on the sliding of rollers.
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Chapter 3 Brief Description of Important Factors Affecting Valve Train Performance
In this chapter, some important factors affecting the valve train tribological performance have
been described which includes the lubricant viscosity and its relations with temperature,
pressure and shear rate, lubrication regimes and lubricant rheology. The roles of various
lubricant additives and impact of surface roughness on the valve train performance have also
been explained in this chapter. The knowledge of these factors will assist in carrying out the
theoretical analysis of under research engine valve train while providing clear and
comprehensive understanding of the experimental results.

Chapter 4 Theoretical Basis for End Pivoted Roller Finger Follower Valve Train
In this chapter, a new numerical approach based on the lubrication and friction modeling in
an end pivoted roller finger follower valve train with overhead camshaft configuration has
been explained which provides a good opportunity to understand the tribological
characteristics of the valve train. The kinematic and dynamic analysis has been carried out
with the help of developed model to predict the required surface velocities, geometrical
angles and contact loading at cam/roller interface. The Hertzian stresses, oil film thickness,
frictional forces and power losses can also be predicted with accuracy in the valve train.
Moreover, the model also has the flexibility to predict the rollers sliding and existence of
creep at cam/roller contact.

Chapter 5 Experimental Method of Measuring Roller Sliding in Engine Valve Train
In this chapter, details of experimental setup including under research engine valve train and
test rig, recently developed roller speed measuring technique based on an advanced sensor
technology, instrumentation of engine head and roller assemblies, commissioning of the
system and data acquisition system have been explained, in detail.

Chapter 6 Experimental Method of Measuring of Oil Film Thickness at Cam/Roller
Interface in Engine Valve Train
In this chapter, current experimental research work carried out on gasoline engine valve train
to measure the oil film thickness at cam/roller contact and its effects on the roller sliding has
been explained in detail. The details include instrumentation of cam/roller pair and engine
head, development of advanced measuring technique, calibration tests, commissioning of
measurement system in the engine head, tests procedures and data acquisition system.
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Chapter 7 Engine Valve Train Data Acquisition System
In this part, fast and highly synchronized data acquisition system configured for this research
work has been explained which is based on National Instrument hardware and programmed
through Labview software. It has been used to monitor and acquire the data of engine
operating conditions, rollers rotational speed and sliding data of six roller followers
simultaneously and instantaneous oil film thickness at cam/roller contact in the engine valve
train.

Chapter 8 Experimental Evaluation of Roller Sliding and Oil Film Thickness in Engine
Valve Train
This chapter describes the experimental results of roller sliding and oil film state at cam/roller
interface measured in under research valve train. Comprehensive test programme comprising,
series of tests at different camshaft operating speeds, various oil inlet temperatures using
matrix of lubricants undertaken for the intended purpose have been illustrated in detail. The
effects of different operating conditions, lubricant rheology, oil chemistry and oil film
thickness on the sliding of rollers have been investigated and presented, comprehensively.
The test procedures, initial and repeatability tests, experimental measurements and results
have been explained in detail in this chapter.

Chapter 9 Correlation of Theoretical Predictions and Experimental Evidences
In this chapter, the theoretical predictions based on the developed numerical approach of the
engine valve train and experimental evidences based on the results of comprehensive
experimental research work have been explained followed by their correlation which have
been found in good agreement.
Chapter 10 Conclusions and Recommendations
This is the final part of the thesis which presents the conclusions arising from this research
project and also identify the areas for future research work to further improve the tribological
performance of the engine valve train.
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CHAPTER-2
LITERATURE REVIEW
2.1

Preamble
In internal combustion engine, actuation of the valves is performed by cam and

follower interaction. There are many types of valve train configurations usually employed in
the automotive engines as shown in figure 2.1 depending upon the conditions like nature of
operation, type of engine, combustion chamber design, number of valves and valve lift
profile. Direct acting overhead camshaft configuration is popular in the high speed cars
whereas the push rod valve train arrangement is usually employed in heavy duty diesel
engines. In case of valve configuration, the poppet valves are mostly employed in the
automobiles due to their enhanced efficiency as compared to sleeve and rotary valves
whereas the follower may be of flat or roller type. The valve train friction is largely governed
by the nature of cam/follower interaction which may be sliding or rolling. The roller
followers are recognized by their improved tribological efficiency compared to the sliding
tappets due to less friction as the sliding contact is replaced by the rolling contact resulting
into reduced wear of the mating surfaces.

Direct acting End pivot rocker-

Center pivot rocker

arm

Center pivoted

Push rod arrangement

rocker with lifter

Fig. 2.1 Various engine valve train configurations [24]
The engine valve train often has to operate in severe operating conditions like higher
contact loading, elevated operating temperatures, continuously varying lubricant entraining
velocity and deterioration of the mating surfaces of cam and follower. Starved lubrication
conditions are often encountered in the valve train which usually affect its tribological
performance, substantially. Such situation demands continuous improvement in the engine
valve train design through application of modern techniques and formulation of advanced
lubricants to improve its performance and to enhance the life of running components. In order
to analyze the impact of these techniques, elaborated experimental research work based on
the accurate measuring system is mandatory under realistic environment.
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Direct acting and end pivoted roller finger follower valve train configurations are
widely used in modern passenger cars due to their enhanced efficiency. A lot of research work
has been carried out/reported by many researchers on the direct acting valve train due to
relative simplicity of the mechanism and availability of measuring techniques. Little to no
work has been undertaken on end pivoted roller finger follower valve train due to complex
configuration coupled with the space limitations for employment of measurement systems.
The research work carried out in this thesis examines the tribological performance of
end pivoted roller finger follower valve train in terms of two most important parameters i.e.
roller sliding on the camshaft surface and oil film state at cam/roller interface,
experimentally. The effects of lubricant chemistry, oil rheology, low viscosity oil and
different operating conditions have been investigated in detail on these parameters in a
modern gasoline engine under realistic environment. A comprehensive theoretical analysis is
also the part of the research project to understand the tribological characteristics of the under
research engine valve train while predicting important parameters. A survey of literature
pertaining to the subject will assist in these endeavors. This chapter gives an overview of the
theoretical and experimental studies carried out on the roller follower valve train. The
summary has been appended in the end of this chapter with certain conclusions clearly
indicating substantial room for research in the engine valve train area to further improve the
tribological performance.
2.2

Theoretical and Experimental Studies on the Roller Follower Valve Train
In this section, the theoretical and experimental studies carried out on the roller

follower valve train in the past have been presented in a particular sequence as a part of
literature review. Firstly, the potential benefits of employing roller followers in the engine
valve train have been presented as highlighted by different authors in extensively modified
test rigs, secondly, the research work carried out in the past on the theoretical modeling of the
roller follower valve train, followed the reported work on the roller slippage. In the end,
details of techniques adopted by different researchers to measure the oil film thickness with
salient conclusions have also been presented, briefly.
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A research work on the employment of roller follower in the engine valve train based
on the tear down method had been carried out by Kovach et al. [25]. It was observed that the
best way to reduce the friction at cam/tappet interface is to replace the conventional flat faced
tappet with roller followers. At lower speeds, this effect is greater as mode of lubrication
which is usually mixed or boundary is replaced by the rolling action. At engine speed of 1500
rpm, the torque of valve train was reduced by 51% by employing the roller follower there by
attaining about 2.9% improvement in the fuel economy. Effects of spraying the oil directly at
cam/tappet contact and reduction in spring tension were also investigated for flat faced and
roller follower. The potential benefit of spraying the lube directly was not observed in case of
roller follower.
Staron and Willermet [26] worked to reduce the friction at cam/tappet interface by
employing roller tappet to replace the sliding contact by rolling contact. To compare the roller
follower and flat tappet, the normal force profile was kept same at cam/follower interface and
crown radius was created on the roller to prevent edge loading. The engine speed was varied
from 500 rpm to 4400 rpm. It was reported that the valve train friction can be reduced
substantially about 50% by employing the roller follower and by reducing the spring tension.
Bair et al. [27] designed and developed a simulator as shown in figure 2.2 to
investigate the tribological behavior of cam and tappet interaction. The simulator presented a
stationary lifter except the rotation and the provision was also kept for evaluation of roller
tappet. Initially, the investigation was carried out on eight flat lifters material and it was
reported that the power loss ranged from 1.75 joules to 3.9 joules per camshaft revolution.
Under similar conditions, a roller follower was operated with the cam surface having the
same lift profile as that of the flat lifter. At 900 rpm with an oil temperature of 25°C using
SAE 20 base oil, it was observed that the mechanical losses were only 0.59 joules for roller
follower compared to conventional flat follower whose losses ranged up to 3.3 joules. The
results clearly indicated a reduction of approximately 80% reduction in the valve train power
losses by using the roller tappet as compared to flat tappet which demonstrated an effective
way to achieve fuel economy in engines.
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Fig. 2.2 Cam/tappet simulator [27]
Sun and Rosenberg [28] developed a test equipment as shown in figure 2.3 to analyze
the friction at the contact in a single cam/tappet pair which was isolated from rest of the
frictional components. The strain gauges were used to measure the cam/tappet interface
friction whereas the load cell was used between the spring and lifter to measure the spring
load. It was reported that the frictional losses were reduced by 80% by the use of roller tappet
as compared to flat faced lifter and the friction tend to reduce for both types of tappets with
increase in engine speed. In case of roller follower, it was observed that the interface friction
is composed of rolling friction caused by the elastic hysteresis and the traction force required
to overcome roller pin friction. It was also found in the experiments under steady load that
the coefficient of friction remained within 0.11 to 0.14 for flat faced follower whereas for
roller follower it was found to be within 0.003 and 0.006. The mating surfaces were free of
any visible scuffing in case of roller follower valve train.
It can be realized with concern that in the past, the research work on roller follower
valve train has been carried out on extensively modified test rigs which may restrict to
capture the true picture of the phenomenon under investigation. Thus, the same requires an
elaborated research work in a real production engine under actual operating environment
using accurate and reliable measurement system.
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Strain gauge

Roller lifter

Load cell

Fig. 2.3 Schematic of test equipment and free body diagram for cam and roller lifter [28]
Chiu [29] theoretically analyzed the kinematics, oil film thickness and friction
tractions in the roller finger follower valve train as shown in figure 2.4. A comparison
between the roller and sliding finger follower valve train was drawn based on the
elastohydrodynamic (EHD) film thickness and power losses. It was reported that during a
cam cycle, the variation in minimum EHD oil film thickness in roller finger follower is more
uniform having relatively higher oil film thickness values as compared to the sliding finger
follower under the same operating cam speeds due to more uniform lubricant entrainment
velocity and reduced radius of curvature. At camshaft speed of 2500 rpm, the power loss of
10 watts and 110 watts was reported for roller finger follower and sliding finger follower,
respectively. The substantial reduction in power loss for roller follower valve train clearly
indicated its improved performance. It was also predicted that slide to roll ratio between cam
and roller remained less than 0.002.

Figure 2.4 Roller finger follower with overhead camshaft [29]
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Fengming and Taylor [30] presented a numerical lubrication model for cam/roller
contact as shown in figure 2.5. The model was based on the classical EHL theory without
considering any effect of the micro surface irregularities which may play an important role in
the mixed/boundary lubrication mode. The non-Newtonian effects of lubricant and variation
in the oil viscosity under combined effect of pressure and temperature were also not taken
into account which simplified the modeling process but reduced the accuracy in predicting
the various valve train tribological parameters. In the presented work, a quantitative
comparison on the oil film thickness was carried out between the roller follower and fixed
pad follower valve train indicating an existence of healthy oil film thickness at cam/roller
contact. The low power loss was also anticipated for roller follower valve train as compared
to fixed pad follower valve train because of substantial reduction in frictional losses due to
dominance of rolling motion. It was also predicted that the coefficient of friction between
cam and roller in an operating cycle remained less than the limiting friction coefficient which
is 0.08. It was also anticipated that the roller slip ratio increases at higher camshaft rotational
frequencies under the action of moment of inertia of roller and a larger frictional force is
required to meet the rolling requirements at this stage.

Fig. 2.5 Configuration of roller follower valve train [30]
Lee and Patterson [31] carried out an analysis of roller follower valve train having
push rod configuration of Cummins L-10 engine as shown in figure 2.6. Considering the
severe operating conditions, the model was developed basing on the mixed lubrication theory
to evaluate the friction and oil film thickness at cam/roller contact. Initially, the assumption of
pure rolling of roller follower was adopted in derivation of the relative angular velocity of
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roller follower. The sliding mechanism of roller follower was investigated by considering the
frictional forces occurring at cam/roller contact and roller to pin interaction. The sliding of
roller was predicted by considering the friction force and the tractive force and it was
concluded that the sliding of roller would occur once the friction force would be less than the
tractive force. The cam flank area and base circle were identified as the prime areas where the
roller sliding occurs mainly as the magnitude of friction force is less than the tractive force in
this region. The boundary lubrication mode was also realized near the cam nose due to
prediction of thin oil film in that region. It was also reported that the roller slip ratio increased
with an increase in the engine speed under greater oil film thickness whereas the roller slip
ratio remained within 0.1.

Fig. 2.6 Schematics of push rod roller follower valve train [31]
Gecim [32] investigated the lubrication characteristics and fatigue life of the roller
follower valve train, theoretically. The lubrication regime charts were used to recognize the
lubrication conditions at cam/roller contact considering the squeeze film and thermal effects
based on the heavily loaded elastohydrodynamic contact. It was established that the oil film
thickness at cam/roller interface increased from 0.05µm to 0.35µm once the cam speed
increased from 250 rpm to 3000 rpm. At low cam speeds, lubrication regime of mixed and
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boundary was anticipated as the predicted oil film thickness was less than the composite
surface roughness. The kinematic analysis of cam/roller interaction was carried out on the
assumption that both the surfaces i.e. the cam and roller possessed equal surface velocity and
there is no slip between the two mating bodies whereas the resistance of roller bearing was
also neglected. The required traction forces at cam/roller contact were calculated based on the
assumption of no slip with the justification that the lubrication mode was near boundary
regime causing high traction coefficient preventing gross slip. It was predicted that the total
energy loss in roller follower valve train would be about 1 Joule per camshaft revolution
which is approximately 25% of flat tappet whereas the fatigue life of roller outer surface was
anticipated as 1012 cam revolutions. It was also highlighted through the parametric studies
that the contact pressures, oil film thickness and fatigue life can be improved by design
changes in the roller follower valve train.
It can be observed that most of the theoretical studies reported in the past on the roller
follower valve train were mainly based on the assumption of pure rolling at cam/roller
contact whereas the roller slip does exist with considerable magnitude under realistic
operating environment. Assumption of pure rolling would restrict to determine important
tribological parameters and valve train power loss, accurately. Moreover, a theoretical
analysis of the valve train based on the classical EHL theory may not be able to predict the
required tribological parameters as the asperities interactions may play an important role in
the mixed/boundary lubrication mode. In addition, without the considerations of oil viscosity
variations due to combined changes in the pressure and temperature and non-Newtonian
effects of the lubricant may simplify the modeling process but can reduce its accuracy,
significantly. Therefore, a comprehensive mathematical modeling for the under research
engine valve train would be required to predict the required tribological parameters
accurately thereby allowing better understanding of the tribological characteristics of the
valve train in detail.
Duffy [33] presented an experimental evaluation of roller slippage at cam/roller
contact using a simulator rig as shown in figure 2.7. The Hall Effect sensor was used in the
magnetic detection system. A single cam mounted on a frame was driven by an electric motor
through a chain. The roller was free to rotate in the lifter housing whereas the arrangement
allowed the contact to be in the horizontal plane. The two helical springs were used to
simulate a valve spring with stiffness of 100 KN/m. In order to achieve the zero clearance at
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base circle region, a hydraulic lash adjuster was also employed. To investigate the roller
slippage data, a function termed as skidding index was introduced. The tests were conducted
at various operating speeds using rough and smooth rollers with lubricant temperature of
20°C and 85°C. It was reported that the sliding reached up to 20% at cam base circle whereas
at cam lift region, it remained less than 8%. The reduced oil viscosity and increased surface
roughness decreased the roller sliding whereas the increase in speed would increase the rate
of roller slippage. It was also found that the roller sliding would increase with thrusting of
roller in an axial direction.

Fig. 2.7 Roller sliding test machine - side view [33]
Bair and Winer [34] used a similar skid test machine as shown in figure 2.8 which
simulated the cam/roller contact to measure the skidding of roller follower. A 750 watts motor
was used having variable speed to drive the simulator. The piezoelectric transducers were
used to measure the force components at the contact whereas the cam lift was determined
using Linear Variable Differential Transformer (LVDT). The Fiber Optical Scanners were
used to measure the surface velocities of cam and roller tappet and their difference was used
to anticipate the roller skidding which was presented in the form of relative sliding
displacement. In order to achieve the rotational speeds, sixty tooth gears were installed on the
cam and sixty grooves were created in the side wall of roller tire. The fiber optics generated
the signal basing on the reflection of light from the grooves. Tests were carried out using
rough and smooth surface rollers with three different speeds and at oil temperature of 30°C
and 90°C. Two oil pressures of 10 PSIG and 50 PSIG were simulated for testing purpose. It
was found that an increase in operating temperature, pressure, loading at base circle event and
surface roughness will reduce the skidding. A negative sliding displacement was observed
during the tests and was considered as consistent error.
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Fig. 2.8 Roller skid test machine - top view [34]
Lee et al. [35] determined the roller slippage as a part of friction measurement in
motored push rod valve train configuration having roller follower being employed on
Cummins L-10 engine. The optical means were used to determine the angular speed of roller.
The measuring system was consisted of an Optical Scanner and Etched Encoder Disk which
generated 120 pluses in a roller rotation. The computer based pattern was photographed to
make an optical disk. FR-4 translucent epoxy substrate circuit board was guided to the roller.
Tests were conducted at 750 rpm, 1100 rpm and 1500 rpm using SAE 30 oil maintaining 47
psi pressure and a temperature of 65°C. The frictional force and tractive force was compared
to predict the roller sliding. It was reported that the roller slippage increased with an increase
in engine speed due to reduced friction force at cam/roller contact and higher roller inertia. It
was also anticipated that the slip ratio remained within 0.1.
It can be realized with a greater concern that the research work carried out on the
roller sliding in the past is based on extensively modified test rigs which would restrict to
capture the true picture of the phenomenon under investigation resulting into reduced
understanding. The Optical means and Hall Effect Sensors were employed to measure the
roller rotational speed and sliding in the modified test rigs. In case of optical sensor, the light
reflection from the oil film between the target follower and the sensor head may affect the
performance of the sensor, substantially. The overall performance of optical means can be
seriously hampered by the shining surfaces of the running components and due to splashing
of oil under high operating temperature. Moreover, the external interference from the
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surroundings like other wires can diminish or increase the field rendering the results
inaccurate in case of Hall Effect Sensor. The Hall voltage is often in millivolts which require
amplification by a transistor based circuit. Moreover, the sensor also has the tendency to drift
significantly thus require compensation and may also not be suitable in the space critical
applications like in end pivoted roller finger follower valve train. Above all, the size of the
optical and hall sensors are relatively big and reliable installation in a compact engine head is
a challenge, Hence, the situation demands the development and application of an innovative
technique based on advanced sensor technology to measure the roller rotational speed and
sliding in a real production engine under realistic environment.
2.3

Oil Film Thickness Measurement in Engine Valve Train
In engine valve train, the measurement of oil film thickness at cam/follower interface

is relatively a difficult task due to the involvement of complex operating conditions. The
lubricant entraining velocity varying in nature, higher contact loading at the lubricated
surfaces junction and elevated temperature effects the oil film thickness substantially in the
valve train. Moreover, the parameters like lubricant viscosity, operating pressures, shear rates,
lubricant additives and squeeze film effect can also play an important role on the oil film
thickness at cam/follower interface during operation. Such complex situation demands an
acurate measuring technique to determine the oil film thickness and to analye the rheological
behaviour of lubricants under these severe non conformal contacts.
The major techniques to measure the oil film thickness between the mating surfaces
are based on the optical interferometry, ultrasound and electrical observation methods. Basic
interferometric (two beams) and spacer layered are the two principle methods as shown in
figure 2.9 used in the optical technique to measure the oil film thickness between the mating
surfaces.
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Fig. 2.9 Principle methods of optical interferometry [36]

In the optical interferometry measurement technique, one surface of lubricated contact
should be highly reflective while the other surface is composed of material transparent
(generally sapphire or glass) to the visible light which is usually coated with thin and partially
reflective coating. The interference fringe patterns are produced due to the light beams
reflecting from the bottom and top surfaces of the lubricant film. These patterns are used to
determine the oil film thickness between the mating surfaces. Over the area under
investgation, these patterns provide detailed map of surface seperation. Moreover, the
incorporation of spacer layer in the optical path has also provided the opportunity to measure
the oil film down to nanometer thickness. The technique also has the capability to measure
the oil film thickness in mixed/boundary lubricated contact. Johnston [36] used optical
technique to measure the oil film thickness in the rolling contacts (i.e. steel ball on glass
surface) using low viscosity oils. Anamolies in relationship between oil film thickness and
speed were observed with oil film less than 15 nm thickness. Guanngteng [37] employed the
space layer method as shown in figure 2.10 to map the oil film thickness in the rolling
elastohydrodynamic contact with rough surfaces. Spikes [38] used this technique to highlight
the basics of mixed lubrication.
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Fig. 2.10 Space layer imaging method (SLIM) test setup [37]
It can be observed with concern that the application of this technique to measure oil
film thickness in the lubricated contacts requires that one surface should be of glass or
sapphire for beam transmission which restricts its application in realistic machine system
such as engine valve train. Moreover, the limited space offered by the complex configuration
of the under research engine valve train may also restrict the employement of relatively larger
optical measurement setup.
The ultrasound sound methods (acoustic methods) are also in use to measure the oil
film thickness in the lubricated contacts. The technique involves determining the coefficient
of reflection corresponding to an ultrasonic pulse from a lubricating film. The ultrasound
waves can be reflected from the lubricant film present between the two solid surfaces. The
parameters like ultrasonic frequency, the lubricating layer thickness and the acoustic
properties of solid and liquid would dictate the extent of reflection. Once the ultrasonic waves
strike the contact junction of two perfectly bonded surfaces, some waves are reflected at front
face of layer whereas the some pass towards the back face. If the lubricant layer thickness is
much lesser than the wavelength then the response would be govened by the stiffness of
layer. If the lubricant layer thickness and wavelength are same then the interaction of
ultrasound with liquid layer would be controlled by its resonant behavior. The
stifness/resonant governed response may be used to determine the lubricant film thickness
while knowing other parameters. In case of mixed/boundary lubrication conditions under the
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influence of surface asperities, the ultrasound reflection would depend both on solid contact
and liquid contact parts and the controlling parameter would be the total interfacial stiffness.
The technique is not limited to the transparent materials and has the potential to measure the
oil film thickness in the machine components. Reddyhoff et al. [39] used this technique to
measure the oil film thickness in the liquid face seal whereas Zhang et al. [40] applied it to
measure the oil film thickness in ball bearings. Dwyer-Joyce et al. [41] used ultrasound
technique to measure oil film thickness in the bearing system in which the wave was focused
on the oil layer by positioning an ultrasound transducer on the out side of the bearing shell.
The oil thickness was determined either from the resonance frequency or layer stiffness.
Gasni et al. [42] determined the central oil film thickness in a solid/rubber contact interface in
the iso-viscous elastohydrodynamic regime using ultrasonic reflections as shown in figure
2.11. It suffered from the limited resolution as compared to the contact dimensions and also
could not achieve the full field measurement.

Fig. 2.11 Schematic diagram of ultrasonic equipment to measure the oil film thickness [42]

It can be realized that the ultrasound technique has been applied mostly on the
components out of engine/machine or the relatively open surfaces to measure the oil film
thickness. In addition, the rate at which the oil film thickness measurement is carried out in
this technique is relatively slow i.e. the time interval between collection of data from one
point to the other is relatively long which is a serious concern which may not be suitable to
measure the instantaneous oil film thickness in engine valve train area where the operating
speed ranges up to 3000 rpm and extremely high speed measurement system is required to
acquire the information to capture the true picture of the phenomenon under investigation.
Moreover, the limited space offered be the end pivoted roller finger follower valve train may
not allow to accommodate the relatively larger size ultrasound measuring equipment.
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The electrical technique based on the resistvity or the capactive method is also used to
measure the oil film thickness in heavily loaded lubricated contact surfaces. In the resisivity
measurement method, the resistance of oil film is measured as its thickness varies to assess
the oil film thickness. The technique considers the lubricant film as a simple ohmic resistor.
Dowson et al. [43] used the electrical resistivity technique to measure the oil film thickness
between the direct acting cam and follower system in an extensively modified test rig. The oil
film thikness was measured for a complete cam operating cycle including the zones where the
entraining velocity was small or near zero. Ninomiya et al. [44] had also employed the
similar technique to observe the break down and formation of oil film at cam/lifter interface
in engine valve train through electrical voltage variation. The lubricant film formation
process was analyzed at cold start and running in periods whereas the break down of oil film
increased with reduction of lubricant viscosity, increase in spring load and develoment of pits
on the lifter face. A relation was developed between the camshaft angle and average voltage
across the oil film. During the operation, the measurement technique was dominated by the
electrical breakdown (loss of electrical signal). The cause is attributed towards the
intermittent contacts between the asperities present on the mating surfaces of cam and lifter.
The technique provided good information on the oil film formation and breakdown but
restricted to provide vital information on the actual oil film thickness values. Spearot and
Murphy [45] while measuring the oil film thickness in journal bearing of an operating engine
by employing the total resistance and total capacitance techniques suggested

that the

resistive technique was not suitable for the oil film measurement as the capacitance technique
gave better precision. The reason is attributed to the fact that the die-electric of a lubricant
which is required to calculate the oil film thickness in capacitance technique remains
relatively constant and can be measured more precisely as compared to the oil conductivity
which is required in the resistance technique. Galvin et al. [46] had also reported that dieelectric constant of a formulated lubricant is relatively insensitive to the changes in pressure,
temperature and oil chemistry whereas the resistance varies markedly.
In the capactive oil film thickness measurement technique, the mating surfaces are
regarded as the two plates of a electrical capcitor system being seperated by the insulating oil
film. The capacitance between the two plates would vary depending upon the oil film
thickness. Subsequently the output signal corresponding to the generated capacitance is
acquired with respect to camshaft angular position which is then used to calculate the oil film
thickness. Initially, Vichard and Godet [47] used the capacitive technique to measure the oil
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film thickness at cam/tappet contact by insulating the tappet using nylon support in an
extensively modified test rig. The experimental difficulties were encountered in the zone of
extremely thin oil film thickness. Later, Hamiliton [48] employed a capacitance probe to
measure the oil film thickness at cam/follower contact while carrying out his research work
on the hydrodynamics of a cam and follower in a modified test rig as shown in figure 2.12.
The camshaft of Petter AV1 diesel engine was used in the test rig. It was observed that the oil
film thickness at cam/follower contact dropped less than 1 microns for a certain period of
time in a cam operating cycle. Such severe conditions may lead to wear and scuffing
problems in engine valve train and require suitable additives like anti-wear and extreme
pressure in the oil to overcome these problems.

Fig. 2.12 Schematic view of the cam/follower test rig [48]
The electrical capacitance measurement technique has been employed successfully to
measure the oil film thickness in journal bearings [49] whereas the similar technique has
been used by Wilson [50] to measure the oil film thickness in grease lubricated ball bearings.
Cho et al. [51] used the total capacitance technique to analyze the the thermal effects on the
minimum oil film thickness in a connecting rod bearing over an engine cycle. Williamson et
al. [52] used the capacitance technique to measure the oil film thickness at cam/bucket
follower interface in elastohydrodynamic lubrication regime in a motored cylinder head. In
the configuration, the overhead camshaft acted dirctly on the shim recessed in the bucket
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follower’s crown. The shim was electricaly insulated by using plasma spray and aluminium
oxide. The follower was prevented from rotation through pegging which facilitated the
attachment of an electrical wire. The cam was earthed using carbon bronze brush. The testing
was carried out at fixed cam speed of 1600 rpm with an operating temperature of 100°C.
Seven fully formulated test lubricants without viscosity index improvers were used. The
electrical capacitance measurement technique worked well under all operating conditions.
During operation, it was found that the oil film remained present between the cam and
follower surface. Moreover, good coorelation between the theory and experiments was also
observed. Similar measurement technique using capactive divider circuit was employed by
Williamson and Perkins [53] to investgate the effects of lubricant rheology on the oil film
thickness in a cam/rocker follower contact as shown in figure 2.13. The Alumina ceramic
inserts were used to electrically insulate the rocker pad from the other components in the
engine head. The camshaft was earthed with the help of slip rings. In this work, seven, single
grade and fully formulated oils were used with camshaft operating speeds of 500 rpm, 1000
rpm, 1500 rpm and 2000 rpm. The capacitance technique was applied successfully to measure
the oil film thickness at cam/rocker follower interface. Good repeatability and consistency
was achieved in the readings while dependecy of oil film thickness on the viscosity and
lubricant entraining velocity was also observed. An extension of this work was also
conducted on the same test rig and arrangements using similar valve train configuration by
Williamson and Bell [54] to determine the effects of multigrade oils on the oil film thickness.

Fig. 2.13 Schematic view of the rocker valve and the cam [53]
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It can be realized with greater concern that in the past, the research work has been
reported on the oil film thickness measurement for bucket follower and rocker follower
valve train. Little to no experimental work has been carried out/reported on the oil film state
cam/roller interfcae in a real production engine under actual operating conditions due to the
complex configuration of the valve train and involvement of experimental difficulties.
Moreover, the employment of advanced lubricant additives and low viscosity oils is being
pursed in the automotive sector vigorously to improve the tribological efficiency of the
engine. Little to no experimental work has been reported in the past on the effects of
lubricant chemistry and effects of low viscosity oils on the sliding of rollers and oil film
state at cam/roller contact in the engine valve train in a real production engine under actual
operating conditions. Thus a comprehensive experimental research work becomes essential
to address these important issues.
2.4

Summary
The tribological performance of valve train play an important role in the overall

engine efficiency. The valve train systems due to their wide variations in the configurations
and severe operating conditions usually pose serious challenges for the tribologists. Improved
fuel economy, reduction in friction and control on emissions are the goals in the automobile
industry while ensuring durability and reliability of engine running components. It can be
realized from the past research studies that the frictional losses in the valve train can be
reduced substantially by employing the roller followers as compared to the flat tappets due to
dominance of rolling motion between the cam and roller resulting into improved power
output and better fuel economy. The performance of roller follower valve train is highly
dependent on the tribology of cam/roller conjunction. Little to no work has been carried
out/reported on the tribological performance of cam/roller pair in real production engine
under realistic environment considering sensitivity to lubricant formulation, oil rheology, low
viscosity oil and different operating conditions.
In the past, most of the reported theoretical studies on the roller follower valve train
were mainly based on the assumption of pure rolling between the cam and roller whereas the
sliding between the mating surfaces does exist. Such assumption of pure rolling will restrict
in determination of valve train power loss and other important tribological parameters
accurately. Moreover, any numerical approach based on the classical EHL theory may not be
able to predict the required tribological parameters of the engine valve train as the surface
roughness may play an important role in the mixed/boundary lubrication mode. In addition,
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without the consideration of non-Newtonian effects and lubricant viscosity variations due to
combined changes in the temperature and pressure may simplify the modeling process but
can reduce its accuracy, significantly. Thus a comprehensive numerical approach would be
required for end pivoted roller finger follower valve train to predict the required parameters
accurately allowing better understanding of the tribological characteristics of the valve train
in detail.
The sliding of rollers can increase the power losses substantially due to an increase in
sliding friction, hampering the lubrication conditions resulting into wearing of the mating
surfaces of cam and roller in roller follower valve train. Most of the past work on the subject
has been carried out on the extensively modified test rig which would restrict to capture the
true picture and to understand the phenomenon under investigation. Moreover, the
researchers have employed optical means and Hall Effect Sensors to measure the roller
rotational speed and slippage in the modified test rigs. The performance of optical means can
be seriously affected by the shining surface of running components and splashing of oil
whereas the size of Hall Effect Sensor may also restrict its employment in the space critical
applications like in under research engine valve train.
The tribological performance and life of engine components is largely governed by
the lubrication conditions at the mating surfaces. In the past, research work on oil film
thickness measurement has been reported for the bucket and rocker followers in the engine
valve train but no experimental work has been carried out for the oil film thickness analysis
at cam/roller interface and its effects on the sliding of rollers in end pivoted roller finger
follower valve train which is widely used in passenger car engines. Moreover, the optical
and ultrasound oil film thickness measurement techniques have their own limitations in the
form of requirement of transparent surface for beam transmission, slow measurement rate
and relatively larger size of measuring equipment which may restrict their employment in
the said valve train. Therefore, an elaborated and innovative research work based on
accurate measurement system is required for the intended purpose.
Advanced lubricant formulation is being pursed in the automotive industry vigorously
to achieve the fuel economy while ensuring reliability of running components. Moreover
recently, there is an increased trend in employment of low viscosity oils to reduce the shear
friction and to improve the engine performance. Little to no experimental work has been
reported in the past on the effects of lubricant chemistry and low viscosity oils on the sliding
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of rollers and oil film state at cam/roller interface in the valve train in a real production
engine under actual operating conditions.
In order to address the above mentioned challenges, a detailed experimental research
work has been carried out, for the very first time, on an advanced real production engine
under actual environment allowing measuring and investigating the tribological
performance of end pivoted roller finger follower valve train in terms of rollers sliding and
oil film thickness. Series of tests have been undertaken to investigate the effects of engine
operating conditions, oil rheology, low viscosity oils and lubricant chemistry on these
parameters, in detail. Moreover, the theoretical model developed in this research work will
also provide an opportunity to predict and understand the tribological characteristics of the
valve train with greater accuracy. It is also highlighted that the developed model also
provides the opportunity to determine the creep precisely under different operating
conditions at cam/roller interface in the valve train. Availability of realistic data and reliable
measuring techniques for roller sliding and oil film thickness measurement would be
extremely beneficial for the automobile OEMs and lubricant formulators to investigate the
impact of changes in the component design and effects of various lubricant additives on
valve train performance while providing an opportunity to the researchers to validate their
research work with greater accuracy.
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CHAPTER-3
BRIEF DESCRIPTION OF SOME FACTORS AFFECTING
VALVE TRAIN PERFORMANCE
3.1

Preamble
In this research work, a detailed theoretical and experimental performance analysis of

end pivoted roller finger follower valve train in terms of sliding of rollers and oil film
thickness at cam/roller interface considering the effects of different operating conditions, oil
rheology, low viscosity oils and lubricant chemistry has been carried out. The overall
tribological performance of the roller follower valve train is greatly influenced by sliding of
rollers and oil film thickness at cam/roller contact. The sliding of rollers may increase the
valve train power loss due to an increase in sliding friction, hampering of oil film and
deterioration of the interacting surfaces of the cam and roller. An advanced real production
engine operating under realistic environment has been instrumented heavily for the
experimental work. There are many complex and interlinked factors pertaining to operating
conditions, lubricant rheology and lubricant additives which can play an important role on the
sliding of rollers and lubrication conditions under realistic operating environment which
require comprehensive theoretical understanding followed an elaborated experimental
research work. To assist in these endeavors, a brief description of some basic concepts
pertaining to lubricant physical properties and their relations to different operating conditions,
lubrication regimes, lubricant chemistry and surface roughness has been explained in the
following sections which can affect the tribological performance of valve train, substantially.
The knowledge of these factors will assist in carrying out the theoretical analysis of the under
research engine valve train besides providing comprehensive understanding of the
phenomenon under investigation and experimental results.

3.2

Lubricant Viscosity
The lubricant viscosity plays a fundamental role in the development of oil film

thickness in the contact zone of cam and roller in the valve train. The knowledge of oil
viscosity becomes essential to predict the tribological behavior of lubricated mated surfaces.
The starved lubrication conditions are often encountered in engine valve train area which can
affect their tribological performance, substantially. The oil viscosity is usually regarded as
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fluid’s resistance to flow due to internal friction of molecular movement in the fluid and
appropriate oil viscosity is required for satisfactory operation of the interacting surfaces.
Fluid flows in the form of parallel layers with certain molecular thickness between two
mating surfaces either stationary or moving in relative motion. The moving surface is under
the influence of tangential force which keeps it moving with a constant velocity. This surface
slides over the stationary surface with a force known as shear. The velocity is shifted to next
layers with dissipating manner such that it becomes zero near the stationary surface. The
slowdown in velocity occurs because of friction between different layers. Each layer drags
the layer above it and below it. The net effect is the fluid’s high resistance to flow velocity
termed as ‘viscosity’. The oil viscosity varies with the type of lubricant and affects the mode
of lubrication, greatly. Based upon the classical theory of lubrication, viscosity is supposed to
be constant and the conditions forming a liquid film capable of supporting a load can be
calculated through the hydrodynamics. Even in normal liquids, complications arise which
may change the viscosity like temperature (frictional effects both on lubricant film and
surfaces), pressure, shear rates and many more. The lubricant viscosity changes directly with
the change in pressure, temperature, shear rate and is also dependent on the chemical
structures that form the lubricant, their molecular size and shape. A lubricant with higher
viscosity value would require more power for shearing leading to an increased heating which
may result in deterioration of mating surfaces and failure of mechanical components.
In cam/roller interaction, the formation of oil film thickness at the contact zone is also
largely dependent upon the lubricant viscosity. Healthy oil film strength at cam/roller
interface can be ensured by the increased lubricant viscosity. Moreover, relatively better
lubrication conditions prevail in roller follower valve train due to dominance of rolling
motion. On the other hand, a sufficiently thick oil film having greater viscosity may also
reduce the traction force at cam/roller interface resulting into increased roller sliding on the
camshaft surface which can increase the sliding friction, increased power loss, deteriorate the
mating surfaces of cam and roller and thus affect the durability of components in the valve
train. Hence, a stable viscosity of lubricant is required to ensure improved tribological
performance of valve train while maintaining reliability and durability of components.
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3.3

Dynamic Viscosity
During operation, there is an adequate oil film which separates the cam surface from

the roller surface in the valve train. This separation of mating surfaces is ensured by the
internal friction of the lubricant known as the dynamic viscosity. The required force to move
the upper cam surface over the mating surface of roller will be proportional to the sliding
velocity and the wetted area whereas the resistance due to lubricant viscosity varies as the
reciprocal of oil film thickness. The separation of two mating surfaces under the action of
fluid can be realized as shown in figure 3.1. As per Newton’s postulate, the relationship can
be expressed as
F = η A u /h
η = (F/A) (u/h)
where η is the proportionality constant termed as “dynamic viscosity” which is different for
different fluids having units of (Pas) whereas the old unit of dynamic viscosity was Poise.
The term F/A indicate the shear stress (Pa) and u/h is the shear rate (𝑠 −1 ).

Figure 3.1 Separation of two surfaces under fluid action [55]
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3.4

Kinematic Viscosity
Kinematic viscosity of the lubricant is defined as ratio of dynamic viscosity to its

density and can be expressed as under
ν = η/ρ
where ν is the kinematic viscosity (𝑚2 /𝑠), η is the dynamic viscosity (Pas) and ρ is the
lubricant density (kg/𝑚3 ). Commonly used unit of kinematic viscosity is centistokes (cS).

3.5

Viscosity-Temperature Relationship
Proper viscosity of a lubricant is precarious to its ability to perform the lubrication

function properly to ensure optimum performance of the mating surfaces while maintaining
their durability and reliability. Apart from the oil temperature rise due to combustion process,
further rise in temperature is often encountered at cam/roller interface due to high contact
loadings followed by continuously varying lubricant entrainment velocities in engine valve
train operation. These severe operating conditions may decrease the oil viscosity considerably
posing a serious challenge to maintain proper oil film thickness at the mating zone and
durability of components. Mineral oils and synthetic fluids display an inverse viscosity
temperature relationship as their viscosity decreases with rise in temperature. The property
that measures the change in viscosity with temperature is termed as viscosity index (VI). At
high temperatures, lubricants may decompose, hence unexpectedly causing decrease in
viscosity. It is also worth noticing that the increase or decrease in the operating temperature in
machine element may not be consistent, hence making it difficult to predict the viscometric
requirements of the machine element. It can be concluded that increase in operating
temperature will reduce the oil film thickness at cam/roller contact due to substantial
reduction in lubricant viscosity whereas the traction force may increase considerably
resulting into the reduced roller sliding in the engine valve train. The viscosity of the
lubricant at a specific temperature can be calculated using viscosity-temperature American
Society for Testing Materials (ASTM) chart or using the viscosity-temperature equations.
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3.6

Viscosity Index
Viscosity is strong function of temperature as it decreases with increase in

temperature and vice versa. Therefore, the value of viscosity at actual operating temperature
becomes significant in characterizing the lubricant behavior. This dependence of viscosity on
temperature is represented by an empirical parameter termed as viscosity index (VI). The
viscosity index is an accepted measure of the variation in kinematic viscosity due to changes
in the temperature between 40°C and 100°C. A higher value of viscosity index indicates a
smaller decrease in kinematic viscosity with temperature increase of the lubricant. The oils
whose viscosities are highly sensitive to temperature have a low VI and those whose
viscosities are less sensitive to temperature would have a high VI. Relatively high VI oils are
usually preferred for use in most lubrication applications in running tribological components.
In VI prediction of a lubricant, the kinematic viscosity of lubricant of interest is compared
with the viscosities of two different reference oils. These reference oils are selected in such a
way that at 37.8°C, one of the oil has the VI equals to zero while the other oil has a VI of 100
but at 100°C both the oils have the same viscosity as that of the lubricating oil of interest. It is
important to note that while the VI is a good criterion to demonstrate viscosity-temperature
relationship of a lubricant yet it may or may not give accurate prediction of viscosity outside
certain viscosity ranges.
3.7

Viscosity-Pressure Relationship
The oil viscosity increases directly with an increase in operating pressures. This

particular phenomenon has got added importance in case of engine valve train area as
extremely high pressures are often encountered in the heavily loaded lubricated cam/roller
interface which may increase the lubricant viscosity many times thus affecting the optimum
tribological performance. Under such concentrated high pressures, the lubricant behavior may
transform into amorphous like solid characteristics. Above atmospheric pressures, the effects
of pressure variation on the lubricant viscosity are even more than the shear rate and
temperature. The increase in lubricant viscosity is also a function of the chemical structure of
the fluid which is not as obvious as in the case of operating temperature. Viscosity-pressure
coefficient measures the rate of increase in viscosity with an increase in pressure.
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3.8

Viscosity-Shear Rate Relationship
The viscosity-shear rate relationship can be of particular interest in relation to the

tribological performance of end pivoted roller finger follower valve train due to presence of
increased sliding velocities of mating surfaces of cam and roller leading to shearing of oil
film and resulting into change of viscosity during operation. The viscosity of Newtonian
fluids is usually proportional to the shear rate. In general, Newtonian fluids like pure mineral
oils are not affected by the shear forces as they can retain their viscosity even under larger
shear rates. Under high shear rates which are often encountered in the running components
where this relationship does not hold good and the lubricant behaves like a non-Newtonian
fluid exhibiting that the lubricant does not have the single value of viscosity for a range of
shear rates as can be realized in figure 3.2. The non-Newtonian behavior of lubricants is a
function of its complex structural complexity

Fig. 3.2 Viscosity-shear rate characteristic of non-Newtonian fluids [55]
The shear related viscosity loss in lubricants fall under two categories i.e. temporary
or permanent based upon the magnitude of the shear forces and time of application. If the
viscosity reaches to its original value or close to it after the shear forces are removed, it is
termed as temporary loss. Temporary viscosity loss is more often in fluids like mineral oils
and synthetic base fluids which do not have structure-modifying additives. Permanent
viscosity loss usually takes place when the fluid does not regain its original viscosity after
shear forces have been removed. This type of loss is common in synthetic lubricants which
have polymeric additives like dispersants and viscosity modifiers. The high shear rate also
becomes the cause of degradation of these lubricant molecules thereby causing viscosity loss.
The lubricants have additives to improve their performance and range of application which
lead to structural viscosity usually termed as apparent viscosity which with the passage of
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time decreases under the influence of shear forces. Engine oils also experience an increase in
apparent viscosity due to the presence of soot which enters in the oil as a result of inefficient
combustion. But these oils also experience shear related viscosity decrease but their viscosity
loss is much lesser in magnitude and it is never reduced to that of the base oil level. In flow, a
certain amount of heating is developed both with Newtonian and non-Newtonian liquids.
Because of the increase in the heat with the rate of shear, a "non-Newtonian behavior" may
be observed alone as the viscosity decreases with rate of shear and temperature. In roller
follower valve train, increase in shear of lubricant under higher shear rates can improve the
traction force at cam/roller resulting into the reduced roller slip. An increase in shear rates
may result in degradation of lubricant viscosity resulting in corresponding decrease in oil film
thickness at cam/roller contact in the engine valve train.

3.9

Shear Stability
In lubricants, whether temporary or permanent, the viscosity loss is highly dependent

upon the shear stability of the polymeric viscosity modifier used which is a strong function of
its molecular weight. Rate of viscosity loss for high molecular weight polymers is relatively
higher under shear than the low molecular weight polymers. So, the lubricants formulated
with low molecular weight polymers mostly maintain their viscosity in the desired viscosity
range than the lubricants formulated with high molecular weight polymers. The problem of
viscosity loss due to shear can be addressed by pre-shearing the high molecular weight
polymer before blending or by making choice of more shear stable polymer. Shear stability
which can be defined as the ability of a lubricant to offer resistance against viscosity loss
under the influence of shear predominantly relates to the permanent viscosity loss. Shear
stability requirements for different applications with regard to tribological behavior put a
challenge for the lubricating environment. Piston and bearing lubrication is mostly
hydrodynamic in nature so the lubricants with low shear stability are acceptable whereas the
valve train operates in elastohydrodynamic to mixed lubrication regime and therefore needs
lubricants of high shear stability. In these conditions, high performance lubricant is required
to give optimum performance. The lubricants with high shear stability are required in roller
follower valve train system as the elevated temperatures and higher shear rates are often
encountered during operation. Hence, such lubricants would be able to maintain their
viscosities under severe operating conditions to produce the optimum valve train tribological
performance while ensuring the durability of components.
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3.10

Thermal Effects
In cam/roller interaction, heat is produced in the contact zone due to viscous

dissipation and friction leading to an increased temperature. The combination of friction,
contact loading and sliding velocity of mating surfaces of cam and roller augmented by
increased spring stiffness and continuously varying lubricant entrainment velocity may
increase the tendency of the higher dissipation of energy resulting into raised temperature at
cam/roller interface. At higher operating speeds, it may not be possible for the lubricant to
shed away all the heat present at the cam/roller contact zone. Moreover, some of mechanical
work is converted into heat, once resistance is offered by the viscous friction of lubricant
present between the interacting cam and roller follower surfaces which results into increased
temperatures affecting the lubricant viscosity, significantly. This rise in temperature may
affect the load carrying capacity of oil film, film profile and its hydrodynamic pressure
leading to increased energy losses. The geometry of mating surfaces of cam and roller may be
thermally distorted under the influence of increased frictional heating. In EHL regimes,
extremely high contact pressures are encountered which result in high lubricant viscosity and
the oil film behave like an amorphous solid and heat is usually conducted and transferred to
the adjacent mating surfaces. Selection of lubrication viscosity is an important parameter as it
improves the fuel economy. The temperature dependence of viscosity is minimized by using
viscosity improvers increasing its efficiency both in hot and cold climate conditions whereas
at the same time viscosity becomes more dependent on the shear rates. Thus the lubricant
viscosity knowledge is essential to predict behavior of lubricated mechanical systems.
3.11

Lubrication Regimes
The lubrication plays an important role in reduction of friction and wear in running

components of engine and influence their satisfactory operation and overall life, substantially.
The oil film usually performs the important function of cleaning, cooling and protecting the
mating surfaces from damage. The lubricant film will keep the surfaces apart which are
moving relative to each other to minimize the possibility of wear. Lubricant is composed of
base fluid acting as a carrier and the additive package presenting the new properties like antiwear characteristics, friction modifier, pour point, viscosity index improvers, corrosion and
oxidation control. During operation, the different lubrication regimes as shown in figure 3.3
are encountered depending upon the thickness of lubrication film and degree of geometrical
conformity of interacting surfaces. Tribological parameters that usually define a lubrication
environment include friction, lubricant viscosity, equipment speed and the load. The ratio of
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film thickness to surface roughness known as film thickness ratio distinguishes the different
lubrication regimes and the tribological performance of components is largely governed by
the lubrication regimes.

Fig. 3.3 Regimes of lubrication [56]

The hydrodynamic lubrication is the most stable and desired regime of lubrication for
tribological components. In this mode of lubrication, the oil is swept into the contact zone
due to relative motion of the interacting surfaces. The oil film is sufficiently thick to prevent
the interacting surfaces from coming into contact. This pressurized oil film is responsible to
support the load between the mating surfaces. In this regime, rheology and bulk physical
properties of lubricant influence the lubrication of interacting surfaces, considerably. The
resistance to motion between the mating surfaces is due to shear resistance of fluid film
mainly the oil viscosity. The hydrodynamic lubrication mostly occurs in the conformal
contacts because of low unit load offered whereas the contributing factors include sliding or
rolling speeds and high lubrication viscosity. Hydrodynamic lubrication can be considered as
a function of relative speed of mating surfaces, load on the fluid film and lubricant viscosity.
In this type of lubrication, the effects of surface like micro surface irregularities are usually
neglected. The coefficient of friction and wear of surfaces reduces substantially due to
generation of positive fluid pressure which ensures the complete separation of the surfaces.
Thrust bearings, journal bearings and piston ring/liner interaction usually enjoy fluid film or
hydrodynamic lubrication in engines.
In Elastohydrodynamic lubrication (EHL), high concentrated loads are often
encountered whereas the operating speed is relatively low. This lubrication mode is generally
associated to the non-conformal surfaces whereas the interaction of micro surface
irregularities of contacting surfaces is prevented due to elastic distortion of surfaces
generating coherent oil films. In this lubrication mode, the hydrodynamic pressure of
lubricant is not sufficient enough to fully support the load and these asperities undergo elastic
deformation. The normal load is supported by these micro surface irregularities along with
the thin fluid film present in the contact zone. This form of lubrication usually has two forms
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as hard EHL usually found in metals or soft EHL as in case of rubber. In this type of
lubrication, lubricant is exposed to high concentrated stresses because of the nature of contact
where the contact area is small as compared to the sizes of the objects. The lubricant viscosity
changes significantly under the influence of extremely high pressures. The distribution of
pressure and dimension of the contact area are approximated by using the Hertzian theory.
The estimation of oil film thickness is largely dependent upon the lubricant viscosity, the
sliding speed and the pressure-viscosity coefficient of the lubricating oil. In this lubrication
regime, the thickness of oil is usually very small but even then it manages to separate the
interacting surfaces resulting in reduction of friction and wear. EHL lubrication conditions
are often encountered in the engine valve train area.
The mixed lubrication is an intermediate regime between two or more regimes and
may be regarded as transition between boundary and elastohydrodynamic regimes. The
overall behavior of the contact is governed by the mixture of lubricant film and boundary
effects. Total load applied is negotiated partly by hydrodynamic action of lubricant film
available in the contact zone of the mating surfaces and partly by the interaction of micro
surface irregularities. As a result of this situation, total friction can be considered as a
combination of both viscous friction and asperity contact. The physical properties of both
lubricant and adjacent solids are equally deciding factors for tribological behavior of engine
components. The conditions are often encountered under low operating speeds, high contact
load and raised temperature which reduces the lubricant viscosity substantially which allows
the largest asperities to protrude through the lubricant film thickness and come into contact in
interacting surfaces. The mixed lubrication may also fall between the two extremes and
contains characteristics of both the fluid film and the boundary lubrication. During operation,
there may be regions of no metal to metal contact and of extensive metal to metal interaction.
The cam/roller interaction may experience such type of lubrication regime under high contact
loading and raised temperatures in engine valve train.
In boundary lubrication regimes, oil film thickness reduces to greater extent resulting
in substantial surface asperities contact leading to their deformation. In this mode, the contact
phenomenon is largely dictated by the chemical and physical properties of the thin oil surface
film whereas the fluid film effects become ineffective. The frictional behavior is almost the
same as realized in dry friction of solids and coefficient of friction becomes independent of
oil viscosity. The average fluid film thickness falls below the average relative surface
roughness and surface contact becomes a major part of the load supporting system.
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Mechanical interactions of these contacts and chemical reactions between the lubricant
molecules and the asperities under frictional heating produce a boundary chemical film.
Complete asperity interaction takes place in this regime and fluid film is not sufficiently thick
to separate surfaces resulting in contact. The surfaces are generally wet by the absorbed oil.
Low speeds, high loads and squeeze contact between mating surfaces can contribute to starve
the contact zone of lubricant. The lubricant viscosity has little effect on performance of
boundary lubricated contacts and hydrodynamic effects are negligible. In this condition, the
mating surfaces come closer to each other in such a way that the hydrodynamic pressure
builds up in the extremely thin oil film present between them. The effect produced under the
influence of this action is known as Squeeze and the oil film is called Squeeze film. Under
severe operating conditions, squeeze lubrication is often encountered at top dead center and
bottom dead center in piston/liner interaction and at the cam nose regions in the cam/tappet
contact in engines. At this stage, the squeeze lubrication performs an important role to protect
the mating surfaces against the wear and scuffing failure. Moreover, the anti-friction, extreme
pressure and anti-wear additives in the lubricant may also play an extremely important role in
ensuring the durability of running components.
3.12

Lubricant Rheology
The tribological performance, reliability and overall life of cam/roller pair in the

engine valve train is largely governed by the lubricant rheology. During operation, friction
may range from EHL to mixed lubrication regime at cam/roller interface. Under these
conditions, the importance of rheological behavior of oil increases manifolds. The oil must
maintain a stable state under all operating conditions while ensuring non reactivity to avoid
corrosion or form deposits to compromise the engine valve train performance. Besides this,
any kind of compound formed inside the engine due to the chemical reactions or introduced
by virtue of suction stroke should be neutralized or controlled by the lubricant. The
performance of lubricant is determined through its influence on the friction and wear
characteristics of engine. In normal operations, oil meets these requirements however under
severe operating conditions like high contact loads, higher operating speeds and extreme
conditions of temperature and pressure may affect the lubricant rheology, significantly. The
deformation and flow characteristics of the lubricant can also vary in terms of stress, strain,
temperature and time. Variations in viscosity at specific shear rates change the behavior of
lubricant from Newtonian to non-Newtonian hence creating challenge for designers to deal
with multi values of the viscosity over ranges of shear rates. The important factors
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contributing in variations of lubricant rheology are temperature, pressure, shear rates and
shear stability affecting the viscosity of lubricant. In this research work, effects of lubricant
rheology on the roller slip and oil film thickness have been investigated, experimentally in
detail.
During operation, the cam/roller interaction is often subjected to high contact loading
leading to extremely elevated pressures, raised operating temperature, different operating
speeds and continuous variation in the lubricant entrainment velocity. The raised temperature
reduces the viscosity of the lubricant substantially promoting the metal to metal contact of
mating surfaces of cam and roller. This condition can increase the friction leading to wear of
surfaces. Similarly, the lubricant viscosity varies exponentially under the influence of
extremely high pressure in the cam/roller contact zone and lubricant behaves like solid.
Under severe operating circumstances, the shearing of lubricant is further promoted by the
sliding of roller on the cam surface. Also, the overall friction which is a function of sliding
friction, rolling friction and boundary friction may also increase. Considering all these
conditions, it can be realized that lubricant should exhibit better rheological properties to
maintain a stable state in terms of viscosity and structure to prevent the components wear and
its flow should facilitate smooth cam/roller operation to ensure enhanced valve train
tribological performance under different operating conditions.
3.13

Lubricant Additives
In engines, severe operating conditions have increased the tendency of friction and

wear thereby challenging the reliability and durability of components especially in the valve
train area. This situation has also created further difficulties for the lubricant formulators to
lubricate the running surfaces efficiently while maintaining the durability. Lubricants with
suitable additives are required to meet the requirements and to enhance the efficiency of
running components. Moreover, the introduction of low viscosity oils to achieve fuel
economy in engines have also raised concerns about the proper lubrication of tribological
components and their durability. Hence, the lubricant agents have got added importance in
protecting the mating surfaces operating under marginal lubrication conditions. In this
research project, special emphasis has been laid to investigate the effects of different
lubricant additives experimentally on the tribological performance of end pivoted roller
finger follower valve train in terms of rollers sliding and oil film thickness.
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The mineral oils are manufactured from crude oil and their application for lubrication
in specific machinery need careful design and selection due to complex lubrication demands.
The mineral oils are generally known for their availability and economy whereas they usually
have the inherited problems of reduction of viscosity at elevated temperatures, combustion
under the influence of oxidizing agents and solidification issues at low temperatures. These
problems restrict their wider application in engines where high temperatures and pressures
are often encountered. In order to overcome these problems, synthetic oils which are
artificially manufactured having superior properties as compared to mineral oils are
frequently used in the engines. The synthetic base stocks are manufactured from the
transformations of petroleum derived organic chemicals. This oil is produced form the lower
molecule weight hydrocarbons which is obtained from the cracking of petroleum oils and has
the capability to withstand the high temperature while maintaining its viscosity and
preventing the chemical attack. The synthetic oils also have the option to meet the
requirement of low temperature applications. Mineral base oils and synthetic base stocks may
not be sufficient enough to perform effectively in today's demanding lubricating
environments in engines and require better composition to meet the requirements. The
lubricant additives enhance the lubricating ability and durability of base oils either by
improving the desirable properties already present or by the addition of new properties. These
properties usually include maintenance of suitable viscosity at extremely high or low
temperature, high oil film strength, less corrosion, low pour point, better cleansing and
dispersing ability, low toxicity and low flammability. The additives also improve the friction
and wear characteristics through provision of extreme pressure lubrication in running
components. A formulated lubricant is composed of a base fluid and an additive package
which is extremely beneficial to improve the performance of the lubricant.
In automotive engines, the main tribological components like piston/liner, bearings
and valve train have to operate under severe operating condition which demands high
performance lubricant which can be fulfilled by improving the oil properties by addition of
suitable chemical compounds. The lubricant additives are basically the chemical compounds
which are added to the base oil which act as a carrier for the molecules of additives elements.
The lubricant additives include friction modifier, anti-wear agents, extreme pressure additive,
anti-oxidants, corrosion control additives, viscosity improvers, pour point depressants,
detergents and foam inhibitors. The inclusion of these additives in the oil is meant to add
some specific properties with a view to impart new and beneficial properties or to improve
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the existing properties of lubricating oil or to control the undesirable changes which may
occur in the lubricant over a period of time. These chemical compounds have improved the
quality of lubricant both in its physical and chemical properties to meet the necessary
performance requirements. The percentage of additive package in the total lubricant
composition would largely depend upon the desired performance level and the severity of the
end user requirements. Generally, poor quality base fluids need better additives and in larger
amounts compared to the base fluids possessing good quality. Similarly, applications such as
engine oils and automotive gear oils which place a higher demand on the lubricant usually
need superior additives. The base fluid is a carrier of additives which must have such
chemistry to keep them in solution under normal operating conditions. The origin of the base
fluid can be mineral, synthetic chemical or the biological. The base fluid properties include
density, viscosity, foaming characteristics, seal compatibility, oxidation resistance, corrosion,
the viscosity-temperature relationship, low-temperature properties such as cloud point and
pour point and high temperature properties such as volatility and flash point. The lubricant
additives perform their function either in the form of bulk lubricant like detergents and
dispersants or on the surfaces through adsorption and chemical reaction or both like rust
inhibitors and extreme pressure agents. Additives of the desired polarity can be designed
either by altering the strength of the polar functional group or by changing the size of the
hydrocarbon chain. Apart from functional aspects, additives can also be classified based upon
the criteria whether they are chemically active/reactive or chemically inert. Usually,
chemically active/reactive additives are those that either enhance or improve the chemical
properties of the base fluid and chemically inert additives are those that impart the inherent
physical properties of the base fluid. In the succeeding paragraphs, some important lubricant
additives have been explained which may affect the tribological performance of running
components substantially in terms of friction and wear.
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3.13.1 Friction Modifiers
The friction modifier can play an important role on the performance of
end pivoted roller finger follower valve train by ensuring reduction of friction
at cam/roller interface thus preventing the wear while ensuring durability of
running components. The friction modifiers usually form low resistance oil
film through adsorption on the mating surfaces preventing excessive friction.
Their mechanism of operation is similar to corrosion and rust inhibitors. The
friction modifiers usually termed as the boundary additive and control the
adsorption type of lubrication and also avoid slip stick phenomena. They are
used to change and improve the frictional properties of a lubricant. These
additives usually perform in the mixed film lubrication regime. In friction
modifiers, molecules have polar group (OH) at one end which is attached to
the surfaces once they interact with them through physical adsorption making
carpet of molecules as shown in figure 3.4. The surface films created under
such mechanism are usually effective under low load and temperature
conditions. Friction modifiers are very sensitive to temperature and may lose
their effectiveness under raised temperatures during engine operation. At
elevated temperatures, there would be sufficient energy as input to the surface
to desorb the additive. At low temperatures, friction modifiers can also reduce
the wear, once the anti-wear agents would be inactive. The sliding of rollers
on the cam surface may increase due to decrease in traction force under the
influence of friction modifier. The critical temperature at which the adsorption
additive becomes ineffective may be altered by changing the concentration of
the additive. Common materials which are used for friction modifiers usually
include fatty acids, esters and the Molybdenum dithiocarbamate (MoDTC).
Friction modifiers have a finite life, which is linked to their oxidative and
thermal stability.

48

Fig. 3.4 Attachment of friction modifier polymers on metal surfaces [57]
3.13.2 Anti-Wear Agents
In end pivoted roller follower valve train, high contact loadings and
extremely high temperatures are often experienced in the contact zone of cam
and roller during operation. Such elevated temperatures may render the
friction modifier molecules ineffective to protect the mating surfaces of
camshaft and roller against friction and wear. Moreover, the sliding of rollers
on the cam surface operating under marginal lubrication may increase the
chances of wear posing a serious challenge for the durability of running
components. In order to protect the interacting surfaces against friction and
wear under such raised temperatures, anti-wear agents come into play.. The
anti-wear additives yield a compound by thermal decomposition which reacts
with the interacting metal surfaces through a mechanism of chemisorption to
protect them against wear. A thin layer is produced by these surfaces active
compounds which preferentially shears in regime of boundary lubrication. The
layer produced by the anti-wear agents to protect the surfaces is more reliable
and durable than the layer produced by the friction modifier additives. The
most commonly used anti-wear agent in engine oil formulation is Zinc dialkyl
dithiophosphate (ZnDDP). These salts besides providing anti-wear protection
also act as oxidation and corrosion inhibitors and are most suitable for the
moderate load. The ZnDDP is usually not available in the pure form which
may affect the performance of oil to varying degrees.
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3.13.3 Extreme Pressure Additives
These lubricant additives are designed to protect the metal surfaces
under extreme conditions of load, temperature, pressure and velocity. These
lubricant additives through thermo-chemical reaction generate durable
protective films on the interacting surfaces to prevent the wear. The protective
films generated by these additives can withstand extreme mechanical
pressures and temperatures and can prevent the direct contact of surfaces from
scoring and seizing. The extreme pressure additives are beneficial under
extremely high temperature conditions like slow moving heavily loaded
components where surfaces are hot under the influence of high temperature.
These lubricant additives also find application in engine due to severe
operating conditions. The concentration of the additive in the lubricant is of
paramount importance as they create mild corrosion on their reaction with the
metal surfaces. High concentration level of this additive will promote higher
wear rate whereas low level will not be able to protect the surfaces. Hence
appropriate concentration level is required to achieve the optimum
performance.

3.13.4 Viscosity Modifiers
Viscosity is considered to be the most important property of lubricant
to produce proper oil film between the mating surfaces to ensure their
durability and overall life. The tribological performance of components in
engines is largely governed by the lubrication conditions which in turn is
governed by the viscosity. At cam/roller interface, maintenance of suitable oil
film thickness is essential to meet the operational requirements of the
components. Lubricant viscosity should be high enough to produce proper
lubricating film at cam/roller contact to protect the interacting surfaces and it
should not be so high which may increase the frictional losses resulting in
increased valve train power losses. The sliding of rollers on the camshaft
surface is directly influenced by the oil film thickness present at cam/roller
junction. The greater oil film thickness will tend to reduce the traction force at
cam/roller contact thereby leading to an increased rollers slippage. Efficient
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lubricant with suitable viscosity would be required to meet the pure rolling
requirements.
The viscosity of lubricant is very sensitive to temperature, pressure,
oxidation and the shear rates. The higher values of these factors may degrade
the lubricant viscosity substantially during the operation. The primary function
of a viscosity modifier or viscosity improving additives is to minimize the
viscosity decline with change in temperature. The viscosity modifiers are
basically high molecular weight polymers having long chains which increase
the lubricant viscosity more at relatively higher temperature as compared to
lower temperatures. At lower temperatures, these polymers usually occupy
less volume and adopt coiled shape having minimum effect on lubricant
viscosity due to reduced association with the bulk oil. At higher temperatures
they tend to straightened up as shown in figure 3.5 thereby producing
relatively greater thickening effect in the lubricant film. These chemicals are
also added to the low viscosity oils to improve their lubricating characteristics.
This technique extends operating range of the mineral oils to higher
temperatures without affecting their low temperature fluidity properties. The
physical configuration of these polymers changes with an increase in operating
temperature.

Temperature
Fig. 3.5 Expansion of polymer coil [58]
At high temperatures, the polymer chains extend or expand as a result of the
added thermal energy and hence increasing the polymer’s association with the
bulk oil because of increase in its surface area. The result is an effective
increase in the lubricant viscosity as the polymers become more soluble.
During operation, mechanical shearing also degrades the performance of
longer molecules in Viscosity Index Improvers (VII). Temporary loss of
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lubricant viscosity occurs under the influence of moderate shear stress. Under
these conditions, the resistance to flow is reduced due to alignment of longer
molecules of VII in the direction of stress. The situation may be considered as
suitable to minimize the sliding of rollers on the cam surface as the oil friction
has been reduced temporarily. The temporary viscosity loss is recovered on
the removal of stress. The higher shear stresses can rupture the longer VII
molecules leading to permanent shear break down. The polymers convert into
lower weight rendering less effective VII and generally it is considered as the
limiting parameter to select the maximum amount of VII in a specific oil
blend. Variable thickening of the lubricant oil by using the VII at low and high
temperatures leads to the formulation of the multi grade oils which provides an
intermediate change in viscosity. The multi grade engine oils are designed to
provide sufficient viscosity at high temperatures for engine protection and
lower viscosity at low temperatures for ease of operation.

3.14

Surface Roughness
Engineering surfaces are not ideally smooth even if they are subjected to high

standard of polishing but they appear to be rough under high magnification viewing. In
manufacturing, the characteristic marks are left by the machining process on the surfaces
used to finish the components referred as surface texture or surface topography whereas the
profilometer is used to examine it. There are different profile components in a machined
surface which include surface roughness, waviness and form which are distinguished basing
on their frequency and wavelength. The control of topography of the components is essential
for successful operation as these marks affect the appearance and performance of components
significantly.
The surface roughness refers to the micro size irregularities or asperities with high
frequency and shortest wavelength inherited in the manufacturing process caused by the
machining agents. These asperities appear as peaks and valley on the solid surfaces and the
peaks are usually referred as asperities. The surface has texture of random asperities
distribution. The surface roughness is used to represent the heights of micro size irregularities
on the solid surfaces. The root mean square deviation (Rq) and roughness average (Ra) are
the principal ways to describe the roughness of engineering surfaces as the deviation of the
profile from the center line. Under the influence of concentrated contact, the surface
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asperities are deformed either elastically or plastically to develop the interface. Hence, the
initial interface is dependent on the relative hardness and the relative roughness of the two
surfaces which are in contact. If the two surfaces tend to conform perfectly to each other and
whole asperities are deformed 100%, then the real contact area becomes equal to the apparent
contact area but this is not the case for most of the contacts.
Real surfaces of camshaft and roller in the engine valve train are rough in nature and
composed of numerous micro size asperities having pointed peaks being separated by valleys.
During operation, the regime of lubrication at cam/roller interface may pass from the
elastohydrodynamic through mixed to boundary lubrication mode promoting metal to metal
contact of interacting surfaces. Under these conditions, the contact is based on touching of
tips of higher asperities present on the surfaces of cam and roller. The real area of contact of
mating surfaces of cam and roller will be the sum of areas of these localized contacts which is
usually very small as compared to the apparent area. The boundary friction and wear
behavior at cam/roller interface would be largely governed by the stresses at the asperities
contact and chemical nature of the interacting surfaces. Overall friction at cam/roller interface
may also increase due to inclusion of boundary friction under the influence of asperities
interactions. The traction force at cam/roller contact under the influence of metal to metal
contact would increase resulting into reduced sliding of rollers on the cam surface. The
stresses at contacting asperities would depend upon the shape of asperities, surface
roughness, elastic and plastic properties of contacts. The roughness height of cam and roller
may be defined separately and has been included in the mathematical modeling using the
Gaussian distribution approach. The surface roughness has also implications over the
lubrication which carries the hydrodynamic loads at cam/roller interface in the valve train.
Specific film thickness regarded as dimensionless film thickness parameter can be used to
show the effects of surface roughness on lubrication which can be explained with the help of
following correlation:
λ = ho / σ
Where ho shows the minimum lubricant film thickness and σ shows the composite surface
roughness height of cam and roller follower. Increase in lambda values minimizes the wear.
The lambda factor correlation also implies that with the increase of surface asperity contact
size, the thickness of lubricating film should also increase to keep the lambda factor
maintained for satisfactory tribological operation of components.
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3.15

Summary
The tribological performance of end pivoted roller finger follower valve train in terms

of sliding of roller on the cam surface and oil film thickness at cam/roller interface can be
influenced by the lubricant physical properties, engine operating conditions, regimes of
lubrication, lubricant additives and roughness of interacting surfaces. The knowledge of these
parameters have provided an opportunity to understand their effects on the tribological
performance of valve train. The raised operating temperature and higher shear rates may
reduce the lubricant viscosity to manifolds reducing the oil film thickness at cam/roller
contact in the valve train. Increased surface roughness may improve the traction force
between the cam and roller leading to reduced rollers slippage. Higher operating temperature
may result into reduced oil film thickness at cam/roller contact thereby increasing the traction
force leading to lower roller slip. Lubricant additive like friction modifier, anti-wear agents,
extreme pressure additive and viscosity index improvers would have definite role on the
rollers sliding and oil film at cam/roller contact. In order to investigate and verify the effects
of these parameters on the rollers sliding and oil film thickness in the end pivoted roller
finger follower valve train, a detailed experimental work on an advanced real production
engine under actual operating conditions has been carried out which has been explained in the
succeeding chapters.
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CHAPTER-4
THEORETICAL ANALYSIS OF END PIVOTED ROLLER
FINGER FOLLOWER VALVE TRAIN
4.1

Preamble
In this chapter, the theoretical basis developed for end pivoted roller finger follower

valve train with overhead camshaft configuration has been explained. The schematics of
under research valve train is shown in figure 4.1. In the modeling process, the kinematic
analysis at the geometrical mating surfaces of cam and roller follower has been carried out to
predict the required instantaneous motion parameters and various geometrical angles whereas
the dynamic analysis has been used to determine the contact loading. The Hertzian stresses
and dimensions of the contact area at cam/roller junction have been determined using the
contact loading.
The lubrication analysis has been carried out to predict the minimum and central oil film
thickness at cam/roller interface. The frictional forces acting at cam/roller contact in the form
of sliding friction and rolling friction due to shear of lubricant and metal to metal contact
under the influence of asperities interaction have been determined for a complete cam
operating cycle. The Non-Newtonian behavior of lubricant and variations in lubricant
viscosity due to changes in temperatures and pressures have also been considered
comprehensively in the development of the model.
The angular acceleration of roller follower was predicted by considering the various
frictional forces and inertia of roller by drawing a torque balance at the roller bearing center.
The velocity of contact point relative to roller surface was anticipated by using the roller
angular acceleration to determine the roller sliding at cam/roller contact in the valve train.
The various tangential forces acting at cam/roller interface were also determined precisely to
predict the instantaneous creep under various camshaft operating speeds. Along with the
roller rotational speed, the developed model also provided an opportunity to predict the valve
train power loss using the frictional forces.
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Cam
Finger follower

Roller

Spring
Hydraulic lash adjuster

Valve guide
Valve

Fig. 4.1 Under research end pivoted roller finger follower valve train with overhead camshaft

4.2

Kinematic Analysis
The basic geometry of the end pivoted roller finger follower valve train system is

shown in figure 4.2. The cam rotates about its center O, Q is the center of rotation for the
roller and U is the pivot point of roller finger follower system. Angles χ and λ and distance
A=UQ, B=UV and D=UO are fixed in the system. P is the contact point of cam and roller.

Fig. 4.2 Geometry and forces acting in end pivoted roller finger follower valve train
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The kinematic analysis of the valve train provides an important information about the
velocity of contact point relative to cam ‘𝑉𝑐 ’ and the radius of curvature of cam
surface ‘𝑟𝑐 ’ at the contact point P and variable angle ‘γ’. The angle is usually provided by the
engine manufacturers as the same can also be calculated by using the cam lift data per degree
of camshaft rotation. The kinematic analysis follows the previous work of Dyson [59] and
Lim et al. [60]. The required input valve displacement data as a function of cam angle is
determined by using the theoretical analysis of Freudenstein et al. [61]. The input data used
for the valve train analysis including the valve lift profile as a function of cam angle is given
in appendix I. The detailed expressions for the calculation of velocity of contact point relative
to cam, the radius of curvature of cam surface and various required geometrical angles of the
mechanism in the form of valve lift and their derivatives in accordance to cam angle are
provided in appendix II. The contact point velocity relative to roller follower ‘𝑉𝑓 ’ is
determined by considering the various forces acting at the roller follower center and using
their torque balance analysis. The sliding velocity ‘𝑉𝑠 ’ between the cam and roller surfaces
and the lubricant mean entrainment velocity ‘𝑉𝑒 ’ is calculated as

4.3

𝑉𝑠 = 𝑉𝑐 − 𝑉𝑓

(4.1)

𝑉𝑒 = ( 𝑉𝑐 + 𝑉𝑓 ) / 2

(4.2)

Dynamic Analysis
The dynamic analysis predicts the contact loading (𝑊𝑙 ) and the resulting stresses at

cam/roller interface in the valve train by considering the forces acting in the system and
taking their moments about the pivot point ‘U’. The forces acting in the system have been
shown in figure 4.2 which includes the inertial force of valve ‘𝐹𝑣 ’, roller finger follower
inertial force ‘𝐹𝑓 ’ , friction force ‘𝐹𝑓𝑟𝑖𝑐 ’, the spring force ‘𝐹𝑠𝑝 ’ and the dynamic
deflection/damping force. The normal loading at cam/roller interface is slightly affected by
the friction force and can be neglected. Dynamic deflections and damping may also be
neglected by assuming the valve train as rigid. Thus the total force acting at cam/roller
interface becomes a summation of the spring force which is required to close the valve and
inertial forces from the valve and roller finger follower mass.
The spring force can be determined as
𝐹𝑠𝑝 = k (𝑙𝑣 + 𝛿)

(4.3)
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Where k is the spring rate and 𝛿 is the pre-compression of the valve spring which is required
to keep the valve closed during the period of dwell when the cam and roller follower are
separated by a clearance gap which in this case is covered by the hydraulic lash adjuster.
The inertial force of roller finger follower can be computed as
2

𝐹𝑓 =𝑀𝑓 [𝜔2 𝑑2 𝛾/𝑑∅′ ]

(4.4)

The inertial force of valve can be determined as
𝐹𝑣 = M 𝜔2 𝑑2 𝑙𝑣 / 𝑑∅′

2

(4.5)

The equivalent reciprocating mass (M) is determined by considering the mass of
reciprocating components i.e. valve mass, mass of valve cap, any retainers plus one third of
the mass of the valve spring.

The moments caused by the forces acting in the system can be calculated as
Moment due to spring force = [k (𝑙𝑣 + 𝛿)] B cos (𝜋/2-γ- χ)

(4.6)
2

Inertial moment of roller finger follower =𝑀𝑓 [𝐵 2 𝜔2 𝑑 2 𝛾/𝑑∅′ ]

(4.7)

Moment of cam load = 𝑊𝑙 A sin (𝜋-γ- λ -χ)

(4.8)
2

Inertial moment of valve = [M 𝜔2 𝑑 2 𝑙𝑣 / 𝑑∅′ ] B cos (𝜋/2-γ- χ)

(4.9)

Considering the above mentioned moments by taking clock wise moments as negative, the
contact loading at cam/ roller interface in the valve train can be calculated as
2

2

𝑊𝑙 = [M 𝜔2 𝑑2 𝑙𝑣 / 𝑑∅′ + k (𝑙𝑣 + 𝛿)] B cos (𝜋/2-γ- χ) + 𝑀𝑓 [𝐵2 𝜔2 𝑑2 𝛾/𝑑∅′ ] /A sin (𝜋-γ- λ -χ) (4.10)

4.4

Hertzian Stress at Cam/Roller Contact
After determining the contact loading at cam/roller follower interface, the dimension

of the contact area and the associated normal stress distribution can be calculated using the
theory of elastic contact established by Hertz [62] based on the deformation and stresses in
two perfectly smooth mating elastic solids [63-66]. A loaded roller finger follower in contact
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with a parallel camshaft results in an elastically deformed line contact which can be presented
as near Hertz contact. Following the assumptions of Hertz theory that the two mating surfaces
of cam and roller are elastic and deform according to Hooke’s law that the contact area is
small with respect to the radius of curvature and that only normal pressures are considered. It
can be realized that the pressure distribution between the mating surfaces of cam and roller
for a line contact is semi-elliptical as shown in figure 4.3. The pressure distribution (p) in the
contact zone of cam and roller can be expressed as
p = 𝑝𝑚𝑎𝑥 (1- 𝑥 2 / 𝑏 2 )1/2

(4.11)

Fig. 4.3 Stress distribution in semi elliptical form for a cam/roller line contact

The maximum Hertzian stress (Pmax) for the non-conformal line contact at the cam/roller
interface can be calculated as
Pmax = 2 𝑊𝑙 /πbL

(4.12)

where ‘b’ is the contact half width and is given by
b = √8 𝑊𝑙 𝑅/𝜋 𝐿 𝐸 ′

(4.13)

and the equivalent radius of curvature ‘R’ is given as
1/R = 1/𝑟𝑐 + 1/𝑟1

(4.14)

The equivalent elastic modulus 𝐸 ′ can be determined as
2/𝐸 ′ = (1- 𝜐1 2 )/ 𝐸1 + (1- 𝜐2 2 )/ 𝐸2

(4.15)
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4.5

Lubrication Analysis
In tribological analysis of roller finger follower valve, the prediction of oil film

thickness at cam/roller interface is an important task. Engine valve trains are difficult to
lubricate effectively and thus may increase the wear rates [67-69]. The complex operating
conditions are often encountered in the engine valve train area like continuous changes in
lubricant entrainment velocity, elevated contact loading and high flash temperature may
affect the oil film thickness, substantially. Though, the roller follower valve train enjoys
healthy lubrication conditions attributed to dominance of rolling motion, even then full
separation of cam and roller surfaces around the cam lift cycle is not guaranteed due to the
severe operating conditions. It is anticipated that the cam/roller lubrication actually
encompasses both modes of lubrication i.e. elastohydrodynamic (EHL) and mixed. At higher
operating speeds, the lubricant entrainment velocity is high which may result in thick oil film
leading to EHL in the cam flank area whereas mixed lubrication regime is anticipated at the
cam nose area under the influence of high contact loading and low lubricant entrainment
velocity. In mixed lubrication mode, it is widely recognized that substantial metal to metal
contact may occur between the mating surfaces of cam and roller which may be considered as
the most important phenomenon in ensuring an acceptable life of running components. In this
mode, some part of the contact load is carried by the oil pressure within the cam/roller
contact whereas the remaining load will be borne by the surface asperities. Severe operating
conditions and raised temperature may increase the tendency of even boundary lubrication
mode. Under such circumstances, the value of oil film thickness falls below the height of
composite roughness of interacting surfaces. The coefficient of friction becomes independent
of speed, load, viscosity and the contact area and the dry friction laws seem more applicable.
At this stage, extreme pressure and anti-wear agents in the oil will play an important role in
ensuring the overall life of the components to avoid severe wear.
EHL may exist between the lubricated non conformal surfaces which can be
considered an effective form of protection for bodies operating under high loads. Elastic
deformation of interacting bodies occur under the influence of extremely high pressures
which are attributed to the geometry of the contact. These high pressures also change the oil
properties dramatically and the lubricant may present the characteristics of solids. The oil
film thickness at cam/follower contact can be predicted with fair accuracy by using the EHL
theory [70, 71].
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In roller finger follower valve train, the mating surfaces of cam and roller are
separated by a thin oil film which is exposed to extremely high operating pressures which
may lead to elastic deformation of the surfaces. The minimum and central oil film thickness
can be anticipated after determining the load at cam/roller contact, reduced radius of
curvature and the lubricant entrainment velocity. Dowson and Higginson [72] presented a
formula to predict the minimum oil film thickness between perfectly smooth cylinders having
line contact under steady state conditions as
ℎ𝑚𝑖𝑛
𝑅

= 2.65 𝑈 .70 𝐺 .54 𝑊 ′−.13

(4.16)

The central oil film thickness for the cam/roller contact can be anticipated by using Dowson
and Toyoda [73] similar modified formula as
ℎ𝑐𝑒𝑛
𝑅

= 3.06 𝑈 .69 𝐺 .56 𝑊 ′−.10

(4.17)

The dimensionless parameters U, G and 𝑊 ′ used in the above equations are determined as
U=

𝜂𝑜 𝑉𝑒
𝑅 𝐸′

G = 𝛼𝐸 ′
𝑊

𝑊 ′ = 𝐿 𝑅ℎ𝐸′
where 𝑊ℎ = 𝑊𝑙 − 𝑊𝑎
4.6

Asperity Interactions
The surface roughness can play an important role on the tribological behavior of

cam/roller pair in the valve train. The oil film thickness especially at low engine speeds in the
cam nose area may be usually less than the surface roughness indicating mixed and even
boundary lubrication modes at the cam/roller interface [29, 32]. Such thin oil film would not
be able to completely separate the interacting surfaces of cam and roller and the asperities
contact may occur. The asperity interaction model based on the Gaussian distribution
developed by Greenwood and Tripp [74] has been adopted in the present study. The load
carried by the asperities (𝑊𝑎 ) at cam/roller contact may be estimated as

𝑊𝑎 =

8√2
15

𝜎

ℎ

𝜋(𝜂𝛽𝜎)2 𝐸 ′ √ 𝛽 𝐴 𝐹5 (𝜎)

(4.18)

2
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Greenwood and Tripp suggested that the product of asperity density, asperity radius of
curvature and composite roughness height ‘𝜂𝛽𝜎’ is usually within a range of 0.03-0.05 and
the value of 0.04 is taken for this study. The ratio ‘𝜎/𝛽 ’ is in the range of 0.0001-0.01 and
the value of 0.001 is opted. Actual area of contact ‘Aa ’ and the apparent area of contact ‘𝐴′ ’
which is required to compute the load carried by the asperities can be calculated as
ℎ

𝐴𝑎 = 𝜋 2 (𝜂𝛽𝜎)2 𝐴 𝐹2 (𝜎)

(4.19)

𝐴′ = 2bL

(4.20)

The Gaussian distribution function 𝐹𝑛 (𝐻) is given as
∞

𝐹𝑛 (𝐻) = 1/√2𝜋 ∫𝐻 (𝑠 − 𝐻)𝑛 𝑒

−𝑠2⁄
2

𝑑𝑠

(4.21)

ℎ

where H is equal to

𝜎

4.7 Frictional Forces
4.7.1

Friction Force due to Asperities Interaction
In end pivoted roller finger follower valve train, the frictional forces at
cam/roller contact are composed of shear of the lubricant (hydrodynamic part)
and the asperity contact (boundary part) for contact in mixed lubrication
regime considering the operating conditions. The boundary friction will be
governed by the asperity interactions, shearing of extremely thin oil film at
cam/roller junction whereas the non-Newtonian behavior of lubricating oil
will also prevail strongly. The boundary friction force (𝐹𝑎 ) due to surface
asperities interaction between the cam and roller can be predicted by using the
following relationship:𝐹𝑎 = 𝜏0 𝐴𝑎 + 𝜇𝑏 𝑊𝑎

(4.22)

where 𝜏0 is the Eyring stress of lubricant
The load carried by the asperities (𝑊𝑎 ) and actual area of contact (𝐴𝑎 ) can be
calculated using the equations (4.18) and (4.19), respectively. Since the
contact area of asperities is very small as compared to the Hertz contact area,
so the first term in equation (4.22) can be neglected completely and the
boundary friction force due to surface asperity can be determined as
𝐹𝑎 = 𝜇𝑏 𝑊𝑎

(4.23)
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4.7.2

Sliding Friction Force due to Shear of Lubricant
The hydrodynamic friction force at cam/roller contact is produced due
to shear of the lubricant trapped between the two mating surfaces. In this
analysis, the sliding friction force has been calculated by considering that the
EHL central oil film thickness separates the two mating surfaces having
isothermal contact. The cam/roller follower contact can be approximated using
Hertz contact theory as the elastic deformation at the mating surfaces is large
as compared to oil film thickness. During the valve train operation, depending
upon the oil film thickness, the non-Newtonian effects of the lubricant may
come into play strongly. For this purpose, the rheological approach developed
by Evans and Johnson [75] and adopted by Yang [76] and Zhu [77] has been
used in this study. The Eyring stress of lubricant (𝜏0 ) will define the domain of
the shear friction force. The shear stress (𝜏) at cam/roller interface is
determined by using the relationships mentioned below. If the shear stress at
cam/roller contact is less than or equal to the lubricant Eyring stress, then the
shear stress will be calculated using equation (4.24). In this situation, the
friction force at cam/roller contact would be a function of sliding velocity
gradient across the contact region and will obey the Newtonian law of
viscosity. With known central oil film thickness at cam/roller contact and
lubricant viscosity, the shear stress can be predicted using the following
relationship
𝜏=

𝜂 𝑉𝑠
ℎ𝑐𝑒𝑛

(𝜏 ≤ 𝜏0 )

(4.24)

Dowson and Higginson [72] has reported that the lubricant viscosity can be
predicted under moderate contact pressure and room temperature by using the
Baraus equation mentioned below. Dickenson [78] has also identified that
under contact pressure (<0.1 GPa), the viscosity of lubricant (𝜂) can be
predicted with fair accuracy using the Baraus equation as
𝜂𝑝 = 𝜂𝑜 . 𝑒𝑥𝑝𝛼 𝑝

(4.25)

In the above expression:𝜂𝑝 = viscosity of lubricant at pressure p
𝜂𝑜 = oil viscosity at ambient temperature and pressure
𝛼 = lubricant pressure-viscosity coefficient
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In Baraus equation, the lubricant viscosity changes exponentially with
pressure which may result in prediction of very high frictional forces once the
large contact pressures are encountered at cam/roller interface in the valve
train which may lead to some inaccuracies in the modeling process. The
viscosity of oil changes both with the operating temperature and pressure.
Green [79] has reported the reduction in viscosity of synthetic polyalphaolefin
base oil due to an increase in operating temperature under atmospheric
pressure. It was also identified by Errichello [80] that pressure-viscosity
coefficient of the lubricant decreases with an increase in temperature.
Considering the combined effect of temperature and pressure, the lubricant
viscosity can be obtained by the following expression as
𝜂𝑇,𝑝 = 𝜂𝑜 . 𝑒𝑥𝑝[𝛼𝑇𝑃−𝛽(𝑇−𝑇𝑜 )]

(4.26)

Extremely high contact pressures are often encountered at the cam/roller
interface during operation. Chu et al. [81] reported that following expression
can be used to predict the viscosity of lubricant with accuracy under very high
pressures. The model will calculate the lubricant viscosity as per expression
mentioned in equation (4.27) if contact pressure at cam/roller interface
increases 0.1 GPa.
𝜂𝑝 = 𝜂𝑜 . (1 + 𝐶. 𝑝)𝑛

(4.27)

In the above expression, C and n are constants. In most of the cases the value
of n is 16 whereas the value of C can be determined from the graph appended
in the appendix III which has been adapted from [55].
The sliding friction force due to shear of lubricant can be calculated by using
the relationship mentioned in equation (4.24) and substituting the lubricant
viscosity as mentioned in equation (4.26) and equation (4.27) depending upon
the contact pressure value and integrating it over the whole Hertzian region as
+𝑏 𝜂𝑜 𝑉𝑠 𝑒𝑥𝑝[𝛼𝑇𝑃−𝛽(𝑇− 𝑇𝑜 )]

𝐹𝑠 = ∫−𝑏

ℎ𝑐𝑒𝑛

(L dx)

(4.28)

Substituting the pressure distribution at cam/roller contact from equation
(4.11) in equation (4.28) will result in

𝐹𝑠 =

𝜂𝑜 𝑉𝑠 𝐿 𝑒𝑥𝑝[𝛼𝑇𝑝𝑚𝑎𝑥 −𝛽(𝑇− 𝑇𝑜 )]
ℎ𝑐𝑒𝑛
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+𝑏

∫−𝑏 𝑒 (1− 𝑥

2 / 𝑏 2 )1/2

𝑑𝑥

(4.29)

During a cam operating cycle, a situation may arise when the oil film
thickness at cam/roller interface is too less to exhibit non-Newtonian behavior
and the condition mentioned in equation (4.24) is not fulfilled. Under such
situation, the rheological properties of lubricant will come into play
significantly and the required shear stress will be determined by the following
relationship
𝜏 = 𝜏0 + 𝛾 ′ 𝑝ℎ

(𝜏0 < 𝜏 < 𝜏𝐿 )

(4.30)

Where 𝛾 ′ represents the slope of lubricant shear stress and pressure relation
whereas the 𝑝ℎ is the hydrodynamic pressure and is given as follows
𝑝ℎ = 𝑊𝑙 − 𝑊𝑎 / 𝐴′ - Aa

(4.31)

The limiting stress of the oil (𝜏𝐿 ) can be calculated as
𝜏𝐿 = 𝜏0 +m 𝑝ℎ

(𝜏 ≥ 𝜏𝐿 )

(4.32)

Where m is the limiting shear stress and pressure relation
The friction force due to shear of lubricant at cam/roller interface will be
calculated by using equations (4.29), (4.30) and (4.32) depending upon the
situation.

4.7.3

Hydrodynamic Rolling Friction Force
The rolling friction also contributes significantly in the overall
frictional force present at cam/roller interface. At the inlet of cam/roller
interface, oil is swept into the Hertzian contact region of the mating surfaces
where extremely high pressures are encountered. The shearing of lubricant
film adjacent to solid interacting surfaces is required for further lubricant
pumping action. Thus a shear stress yields a tangential force which occurs at
the inlet of cam/roller junction and resists the rotation of mating surfaces. In
the elastohydrodynamic mode, the rolling friction force is nearly independent
of load and directly proportional to the oil film strength as identified by
Gokesm et al. [82] and Crook [83]. The rolling friction force at cam/roller
interface in the valve train has been calculated for a line contact [31] as
𝐹𝑟 = 4.318 (𝐺𝑈).658 𝑊 .0126 R/𝛼
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(4.33)

4.7.4

Total Frictional Forces at Cam/Roller Interface
The summation of frictional forces due to the shear of lubricant
producing sliding and rolling friction force and boundary friction gives the
total friction force acting at the cam/roller contact. The total frictional force
can be computed by using the equations (4.23), (4.29) and (4.33) as
𝐹𝑓𝑟𝑖𝑐 = 𝐹𝑎 + (1- 𝐴𝑎 /𝐴′ ) 𝐹𝑠 + 𝐹𝑟

(4.34)

Coefficient of friction ‘𝜇’ can be obtained by dividing total friction force with
the contact load.

4.8

Prediction of Roller Sliding at Cam/Roller Interface
The tribological performance of end pivoted roller finger follower valve train is

governed significantly by the roller rotation and its slippage on the cam surface. In cam/roller
interaction, the distance from the center of rotation of camshaft to the contact point varies
with respect to time. Thus the roller, rolling on the cam surface will experience an angular
acceleration about its center of rotation. The roller will try to keep rolling on the cam surface
under the influence of traction forces at the cam/roller interface. During operation, as the
camshaft speed increases, the angular acceleration of roller will also increase especially in the
cam flank areas. Under such circumstances, the traction forces at cam/roller junction may not
be able to keep the roller rolling on the cam surface resulting into roller sliding whereas the
roller inertia may also play an important role. In roller follower valve train, the friction force
at cam/roller contact, inertia of roller and friction force of needle roller bearing are the main
forces which will govern the rotation of the roller as shown in figure 4.4.

Fig. 4.4 Forces acting at cam/roller contact governing the roller rotation
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The torque balance around the center of the roller bearing has been used to determine the
roller speed which will be utilized to compute the velocity of contact point relative to roller
surface. The torque balance around the center of the roller bearing can be expressed as
𝑇𝑓𝑟𝑖𝑐 = 𝑇𝑏𝑟𝑔 + J x 𝛺̇

(4.35)

The above expression can also be written in the simplified form as
𝜇 x 𝑊𝑙 x 𝑟𝑓 = 𝜇2 x 𝑊𝑙 x 𝑟2 + J x 𝛺̇

(4.36)

At high cam rotational frequencies, the right side of equation becomes larger as compared to
the left resulting into roller sliding on the cam surface. In solution procedure, it may be
assumed that the velocity of contact point with respect to roller surface 𝑉𝑓 (t) is known at any
time t. At time t, the central oil film thickness, boundary friction, sliding friction, rolling
firction and the total friction can be calculated using equations (4.17), (4.23) (4.29) (4.33)
and (4.34), respectively. At time t, the coefficient of friction 𝜇 (t) can be obtained by dividing
the total frictional forces by the contact loading at cam/roller interface. After that the roller
angular acceleration can be determined as
𝛺̇ (𝑡)= ( 𝜇 (𝑡) x 𝑊𝑙 x 𝑟𝑓 - 𝜇2 x 𝑊𝑙 x 𝑟2 )/ J

(4.37)

At next time t+∆t, the roller surface velocity 𝑉𝑓 (t +∆t) can be obtained as under
𝑉𝑓 (t +∆t) = 𝑉𝑓 (t) x [1 + 𝛺̇ (𝑡) x ∆t x 𝑟𝑓 ]

(4.38)

The central oil film thickness, boundary friction, sliding friction, rolling firction and the total
friction can be calculated for the time t+∆t following the same procedure as mentioned
above. In fact, above derviation is an iterative process which would allow to determine the
contact point velocity with respect to roller surface (𝑉𝑓 ) around the camshaft surface. The
new and old surface velocity of roller surface are compared after a complete cam operating
cycle at any position which should meet the convergence criterion. If the convergence
criterion is fulfilled on comparing the old and new roller surface velocities then the process
will be considered as complete otherwise the procoss would be repeated untill the roller
surface velocity converges.
The sliding velocity between the mating surfaces of cam and roller increases on the
initiation of macro slip which may result in higher sliding friction values leading to increased
valve train power loss and hampering of lubrication profile at cam/roller interface in the valve
train. Moreover, the deterioration of interacting surfaces of cam and roller is largely governed
by the roller sliding on the cam surface. Pure rolling conditions are desirable to avoid these
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valve train losses. The sliding of roller remains less at lower operating speeds but it increases
substantially at higher speeds especially in the cam flank area under the influence of roller
inertia. At this stage, a larger coefficient of friction is required to keep the roller rolling on the
cam surface. The slip/roll ratio at cam/roller interface can be calculated once the surface
velocities of cam and roller are known and can be expressed by a parameter ‘ⱱ’ as

ⱱ = (𝑉𝑐 − 𝑉𝑓 )/ 𝑉𝑐 x 100
4.9

(4.39)

Prediction of Creep at Cam/Roller Interface
In end pivoted roller finger follower valve train, the cam/roller interaction is

dominated by the rolling contact. During operation, both the mating surfaces of cam and
roller under the influence of friction force will exert tangential loadings to each other leading
to the dissimilar elastic deformation at the interface [84]. This elastic deformation at
cam/roller interface usually does not match resulting into the velocity difference and thus
causing the creep which would result in deviation of kinematics as compared to the pure
geometric rolling without slipping behavior of dry and un-deformed cam/roller mechanism.
Since the cam/roller interaction is often subjected to high varying tangential loadings at
different engine operating speeds which may increase the tendency of creep and can affect the
tribological performance of the valve train substantially. The slipping behavior due to creep
in the contact patch of cam and roller may raise the valve train power losses by increasing the
sliding friction, hampering of lubrication conditions and deterioration of mating surfaces.
After determining the required tribological parameters, the instantaneous creep at cam/roller
contact can be calculated using Carter relation [85, 86] as
1

1

𝑐

1

ξ = 𝜇 b ( 𝑟 + 𝑟 ) (1 - (1 - 𝐹/ 𝜇 𝑊𝑙 )1/2 )
4.10

(4.40)

Power Loss at Cam/Roller Contact
The average power loss at cam/roller interface in end pivoted roller finger follower

valve train can be determined by integrating the total frictional force for a complete cam
cycle as
1

2𝜋

H = 2𝜋 ∫0

𝐹 . 𝑟. 𝜔. 𝑑𝜙

(4.41)
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4.11

Computer Code
The computer aided simulation and analysis can prove to be an effective tool in

evaluation and optimization of valve train design thus enhancing its overall performance. The
computer aided program can also save the cost and time required for testing to confirm the
designed goals. A computer program for under research end pivoted roller finger follower
valve train has been prepared in MATLAB which can carry out the kinematic/dynamic
analysis, lubrication analysis and friction/power loss analysis of the valve train and can also
predict the various important parameters which can affect the tribological performance of the
valve train. The required input data having values in SI units to run the computer code for the
valve train tribological analysis is given in appendix I. In analysis, the required kinematic
velocities were derived using the valve lift data of Toyota Prius 1NZK engine. The valve lift
data is available as discrete points as a function of cam angle. The required first and second
derivatives were calculated by differentiating the discrete lift points with respect to camshaft
angle. The developed computer program allows investigating the tribological analysis of the
end pivoted roller finger follower valve train in detail by changing the different operating
conditions and various design parameters. The developed computer program may be regarded
as an efficient tool to further improve the valve train performance with proficiency.
4.12

Summary
The theoretical basis for end pivoted roller finger follower valve train has been

developed to predict the various tribological parameters which may affect its performance.
The kinematic analysis has been carried out using the differential geometry whereas the
dynamic analysis has been used considering the various forces acting in the system to predict
the contact loading at cam/roller interface. The associated stresses and their distribution at
cam/roller contact have been predicted using Hertz contact theory. The lubrication analysis
has been carried out to determine the oil film thickness whereas the frictional forces have
been determined using mixed lubrication concept at cam/roller junction. Various forces
affecting the rotation of roller have been considered to estimate the roller surface velocity and
sliding of roller on the cam surface. The tangential forces have been computed precisely to
determine the creep at cam/roller interface. The numerical approach also provides an
opportunity to predict average power loss in the valve train. The developed model may prove
to be an efficient tool to predict the tribological performance of the valve train thereby
providing an opportunity to further improve the performance of engine valve train.
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CHAPTER-5
EXPREIMENTAL METHOD OF MEASURING ROLLER
SLIDING IN ENGINE VALVE TRAIN

5.1

Preamble
The tribological performance of roller follower valve train is influenced greatly by the

roller rotational behavior. Pure rolling at cam/roller interface reduces the valve train power
loss by eliminating the sliding friction, minimizes the chances of fatigue failure by even
distribution of wear and ensuring the uniform oil film thickness. The sliding of mating
surfaces of cam and roller operating under marginal lubrication can lead to wear of surfaces.
Under realistic operating conditions, the rolling requirements are usually not fulfilled at
cam/roller contact resulting into sliding of rollers thereby affecting the valve train
performance. Different operating conditions such as camshaft speed, lubricant inlet
temperature and oil rheology can affect the roller sliding in engine valve train, substantially.
Moreover, use of low viscosity oils and advanced lubricant formulation is being pursed in the
automotive sector to achieve the fuel economy. The low viscosity oils and lubricant additives
can also play an important role with regards to roller sliding which require elaborated
experimental investigations under actual operating conditions.
In the past, the reported work on the sliding of roller had been carried out on
extensively modified test rigs [33, 34] which may not provide the true picture of the
phenomenon under investigation. Little research work had been reported on the end pivoted
roller finger follower valve train due to its complex configuration with space limitation and
non-availability of reliable and accurate measuring techniques. Moreover, no work has been
reported on the effects of lubricant chemistry and low viscosity oils on the slip/roll ratio in
engine valve train due to involvement of experimental difficulties.
In this research work, a comprehensive experimental research work has been carried
out to measure the roller rotational speed and sliding on the cam surface, for the very first
time, in a real production engine under realistic environment. Series of tests at different
camshaft rotational frequencies, various lubricant inlet temperatures using matrix of
lubricants have been undertaken. The effects of camshaft speed, lubricant inlet temperature,
oil rheology, oil film thickness, lubricant chemistry and low viscosity oils on the sliding of
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roller have been investigated, experimentally. In this chapter, details of experimental setup,
roller speed measuring technique, instrumentation of roller assemblies, commissioning of the
system, and data acquisition system have been explained in detail.

5.2

The Objectives
5.2.1

To develop an advanced, flexible and stable engine test rig.

5.2.2

Development of reliable and accurate roller rotational speed and sliding
measuring technique based on advanced sensor technology.

5.2.3

Employment of proper test routine and development of fast and reliable data
acquisition system providing an opportunity to investigate the tribological
behavior of rollers in engine valve train.

5.3

Experimental Setup
5.3.1

The Engine
A real production Toyota 1NZK engine employing end pivoted roller
finger follower valve train with overhead camshaft arrangement as shown in
figure 5.1 has been instrumented. It is a four cylinders engine with twin cams
having 16 valves employing end pivoted roller finger followers for valve
actuation with hydraulic lash adjusters. The oil channel available in the engine
head cover has small holes as shown in figure 5.2 which sprays oil on the
camshaft for lubrication purpose.

Fig.5.1 Instrumented Toyota 1NZK engine head
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Fig 5.2 Engine head cover having oil spray channel

One end of roller finger follower assembly is pivoted on the hydraulic lash
adjuster assembly whereas the other end is seated on the valve cap to operate
the valve against the spring tension. The hydraulic lash adjuster maintains zero
clearance between the cam lobe and the roller follower during operation. The
schematic of under research end pivoted roller finger follower valve train is
shown in figure 5.3.

Fig.5.3 Schematic of roller finger follower valve train

5.3.2

The Test Rig
An advanced, flexible and stable engine valve train test rig has been
developed in this research work as shown in figure 5.4. In order to limit the
vibrations which may be induced during the operation, the engine head was
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bolted firmly on the test steel plate and then to the rig stand. Anti-vibration
mounts are fixed on each leg of test rig stand to reduce noise and absorb
vibrations. The engine head was placed in an oil tray, which was in turn
connected to the oil sump. The exhaust camshaft was driven through a
mechanical coupling by an electrical motor via a feedback controlled variable
speed vector flux driver. The bellow coupling is capable of transmitting the
backlash free torque and compensate for axial, radial and angular shaft
misalignment. The variable speed induction motor is connected to the
controller which in turn is connected to the data acquisition system. The speed
of the motor can be controlled with the help of a controller PARKER 6054
through computer based data acquisition system to vary the camshaft speed
which ranges up to 3000 rpm. The camshaft speed can be monitored on the
computer screen. An optical encoder was also installed at the back of the
electrical motor which gave one pulse per half degree of the camshaft
revolution resulting 720 degrees in a complete operating cycle.

Fig. 5.4 Advanced flexible test rig
Heating of oil to achieve the test temperature was accomplished
indirectly with the help of refrigerated/heated circulator JULABO F25-ME
and by using plate type heat exchanger. A separate electrically driven oil pump
was used to circulate the heated oil through the engine head circuit. The
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pressure of oil can be varied by changing the speed of oil pump through ABBASC150 pump controller. ‘K’ type thermocouple was used to monitor the
lubricant inlet temperature and displayed on the computer screen,
continuously. The complete oil flow circuit in the engine valve train test rig is
shown in figure 5.5.
During the test run, constant oil supply pressure was maintained with
the help of a feedback Proportional Integral Derivative (PID) controller. The
oil pressure was monitored with the help of a Piezo-resistive pressure
transducer and displayed on the computer screen. The same was also used as a
feedback signal to the oil pump motor for maintaining steady inlet oil
pressure. An analogue pressure gauge was also installed in the test rig to
monitor the oil pressure entering the engine head. Proper shielded cables and
electrical earth was ensured in the test rig to avoid any electrical noise and also
to protect the equipment. Insulation of all the oil pipes was carried out to
reduce heat loss.

Fig. 5.5 Complete oil flow circuit of the engine valve train test rig
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5.4 Roller Rotation Monitoring Techniques
One of the main challenges in this research work was to develop the most effective,
accurate and reliable system based on advanced sensor technology which could measure the
roller rotational speed and sliding in engine valve train, efficiently. The measurement system
should be able to perform under severe operating conditions such as high temperatures
ranging up to 100°C, presence of splashing oil and high impact acceleration coupled with the
induced engine vibrations. There should be no adverse effects of changes in the oil property
on the performance of sensor and the sensor should have low temperature drift. The
frequency response of the sensor should be fast as the roller rotational speed was to be
measured up to 2600 rpm of camshaft speed. The complex configuration of the roller finger
follower assembly along with space limitation in the engine head posed additional challenge
for mounting of sensors in the engine head. Moreover, the size of sensor should be ultra-small
as the little space was offered by the roller finger follower assemblies for mounting of the
sensor. Little to no modification of the components under investigation was required to avoid
detrimental effects and to capture the true picture of the roller tribological behavior in the
engine valve train.
Initially, different techniques were evaluated to monitor the roller rotation in the engine
valve train. Cho et al. [87] used the optical technique to evaluate bucket tappet rotation in
direct acting engine valve train. The optical fiber and encoder teeth were attached under the
tappet whereas the laser beam was projected from the top of test rig. On rotation bucket
tappet, the light went ‘ON’ and ‘OFF’ due to encoder teeth and the signal was routed to photo
transistor through optical fibers for acquisition purpose. Pieprzak et al. [88] and Willermet et
al. [89] also employed the optical technique to measure the tappet rotational motion in engine
valve train system. Bair and Winer [34] measured the roller skidding in an extensively
modified test rig. Ninety grooves were created on the roller side chamfer and fiber optical
scanner was employed for the said purpose. In order to enhance the contrast, black paint was
also applied on all the grooves. The scanner responded to the variation in reflectance as the
groove came in front of the sensor.
In case of fiber optic sensor, the light reflection from the oil film between the target
follower and the sensor head may affect the performance of the sensor, significantly. Such
situation demands installation of the sensor extremely close to the target thereby increasing
the chances of damage. At higher operating temperatures, the lubricant viscosity would
decrease, so the flow rate of the oil would be changed to maintain the desired pressure
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resulting into the change of oil quantity on target surface leading to variations of light
reflection affecting the sensor performance. Similarly, the intensity of oil splashing in the
engine head would also be increased at higher temperature and operating speeds which would
affect the sensor output, significantly. The light reflection from the shining surface may cause
issues in measurement, as all the oils do not have the same opacity. Moreover, the response of
sensor may alter under the influence of air trapped between the sensor head and the target
surface. Experimental difficulties were also reported by Mufti and Jefferies [90] in
employment of fiber optic sensor to measure the tappet rotation considering effects of
lubricant rheology.
The use of Hall Effect sensor was also considered for this particular application. One of
the key challenges was to ensure that the sensor is isolated from the surrounding ferrous
material which was not possible in our case due to space limitations. The Hall Effect sensor
works in response to the magnetic field in front of the sensor head whereas the presence of
ferrous material all around in the engine head can make the target detection extremely
difficult. The Hall voltage is often in millivolts which require amplification by a transistor
based circuit and thus is prone to electric noise. Moreover, these sensors also have the
tendency to drift significantly thus require compensation. Also one of the challenge was to
find a relatively small Hall Effect sensor for this project due to space limitation. The
consideration of such factors restricted the employment of optical or Hall Effect sensors to
measure the rollers rotational speeds and sliding in the engine valve train.
In this research work, three different techniques were developed to measure the roller
rotational speed and sliding in the engine valve train. In the first measurement technique,
Eddy current sensor (Kaman U2) shown in figure 5.6 was used for measuring the roller
rotational speed. These sensors are usually employed to measure small displacements,
position and usually used to measure the valve bounce in the engines. The performance of the
sensor is not affected by the condition of the oil or any kind of the air pockets trapped
between the target surface and the sensor head. They have very high temperature operating
ranges up to 125°C.

Fig. 5.6 Eddy current sensor
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A small hole having a diameter of 2 mm with a depth of 0.6 mm was machined on the side of
roller race to act as a target for the Eddy current sensor as shown in figure 5.7 (a). A small
hole of 4 mm diameter was drilled in the roller housing and a small nut of 5 mm was spot
welded at the top of hole to hold the sensor in place as shown in figure 5.7 (b).
Machined hole in roller race

Eddy current sensor in Teflon housing
Nut spot welded to roller
housing

(a)

(b)

Fig. 5.7 Roller follower assembly instrumented with Eddy current sensor

On rotation of the roller, a Transistor-Transistor Logic (TTL) signal was produced with
frequency proportional to the rotational speed of the roller follower. Once the machined hole
is away, the roller surface is within the range of the sensor and a signal of 5V is generated as
an output signal whereas it dropped to zero volt as the machined hole came in front of the
sensor head. The step changes in the sensor output voltage was measured to monitor the roller
rotation. Due to the high quality of signal conditioning unit, the rising and falling edges of
TTL signal were clean and sharp. One of the drawbacks in employing this sensor was that, it
required regular adjustment of gain and offset during tests under different lubricant inlet
temperatures. Moreover, the sensor can only sense the target up to a distance of 0.5 mm
which posed a challenge considering that the roller by design floated in the finger housing
axially due to a clearance of about 0.3 mm between the roller and the housing. Adjustment of
the sensor head at such small distances was not only a tedious task but was also prone to get
damaged during operation due to debris, as the sensor head is very sensitive. Moreover, the
relative high cost of the sensor, the complexity of installing it in the engine head and the
durability issue due to high impact acceleration during valve operation limited its use in
monitoring the roller rotation speed in engine valve train. Also the temperature drift of this
sensor was one of the main reasons for not using it for monitoring of roller slip.
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The second technique based on the Reed switch was also developed and tested to
measure the roller rotational speed in the valve train, figure 5.8. In this method, a miniature
high response mechanical contact was used for the said purpose. A small magnet inserted in
the roller race was used for the triggering of the switch. In the presence of a magnetic field, a
contact is made in the miniature switch and when the magnetic field is removed, the contact
breaks which was related to the roller rotational speed. Continuous making and breaking of
contact particularly at very high operating speed was not only prone to malfunction but also
limited its use due to relatively low frequency response.

Fig. 5.8 Reed switch
Finally, the roller rotational speed monitoring system based on ultra-miniature Giant
Magneto Resistive (GMR) ADL chip triggered by small alnico magnet was developed which
matched our requirements successfully, figure 5.9. The Magnetometer sensors are very
economical, precise, easy to install and there is no adverse effect of high oil temperature and
impact force on the performance of the sensor. The ultra-miniature size of the GMR sensor
(1.1mm x 1.1mm x 0.45mm) makes it the most suitable option for such space critical
application as encountered in this experimental research work.

Alnico magnet

ADL magnetometer chip

Fig. 5.9 ADL magnetometer chip and target alnico magnet
The GMR sensor detects the presence of the applied magnetic field strength across the
elements inside the chip. The sensor can detect even low magnetic fields with low operation
input voltage ranging from 2.4 V to 3.6 V. The working principle of the sensor is based on the
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GMR effect. In this effect, a large change in the resistance occurs in thin, stacked layers of
non-magnetic and ferromagnetic materials when they are exposed to external magnetic field.
This effect was first discovered by Albert Fert and Peter Grunberg for which they received
the 2007 Physics Nobel prize. The ADL magnetometer chip acts as a digital magnetic switch
producing TTL signal. In the presence of a magnetic field, the output of the sensor produced
5 volts whereas the signal dropped to 0 volts in the absence of the magnetic field. The
comparison of different sensors has been given in table 5.1 based on which GMR digital
sensor was selected for roller rotational speed and sliding measurement application in the
engine valve train.

Parameters

GMR sensor

Hall effect
sensor
Large

Optical sensor

Small

Eddy current
sensor
Small

Physical size
Performance in
harsh environment

Unaffected

Unaffected

Unaffected

Extremely
affected

Modification
required
Ease of installation

Very Low

High

High

Very High

Yes

No

No

No

Space requirement

Extremely Small

Small

Large

Large

Thermal drift effect

No

Yes

Yes

No

Cost

Very Low

Very High

High

Very High

Large

Table 5.1 Comparison of different sensors
5.5

Working Principle of GMR Sensor
In this research work, a continuous operating frequency version of the magnetometer

chip was used having a high frequency response of 250 kHz. The block circuit diagram of the
sensor is shown in figure 5.10. In the Bridgestone configuration, two GMR resistors act as
reference elements and the applied magnetic field is prevented from reaching them by the
shielding flux concentrators. The other two GMR resistors change their resistance when the
magnetic field is applied as they are not shielded by any flux concentrator. This imbalance
leads to the bridge output. The comparator compares the voltage output difference at the
GMR sensor elements and feeds it to the latch which ensures that the output is available,
continuously.
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Fig. 5.10 Block diagram of GMR sensor

5.6

Preliminary Testing of Measurement Technique
The selected GMR sensor was first tested before instrumentation of roller finger

follower assemblies to monitor the rollers behavior in the engine valve train. For this purpose,
a small setup was developed as shown in figure 5.11. A steel bucket with inserted alnico
magnet was mounted firmly on the electric motor shaft. A special fixture was designed and
developed to hold the GMR sensor in position. Proper orientation of the sensor in the fixture
plate and clearance between the magnet target and the sensor was ensured during the testing.
The motor was rotated up to speeds of 2500 rpm with an increment of 500 rpm. On detection
of target magnet on the steel bucket, a precise TTL signal was generated by the sensor which
was fed to data acquisition system. The output signal was used to determine the rotational
speed of the bucket and found to be the same as that of the electric motor speed. No issues
like loss of signal or noisy signal were observed. During the preliminary testing, heated oil up
to 100°C both in clean and dirty conditions was sprayed on the sensor face and the magnet to
simulate the conditions being encountered in the engine thereby verifying the performance of
the sensor. The sensor had a stable performance under high temperatures for both the clean
and dirty oil conditions which provided great confidence for its use to monitor roller rotation
and sliding in a real production engine valve train.
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Fixture to hold GMR
sensor

Bucket mounted on motor shaft

Fig. 5.11 Setup for preliminary testing of measurement technique
5.7

Instrumentation of Roller Follower Assembly with GMR Sensor
After the selection and testing of the right sensor, the next important task was to

instrument the roller follower assembly. The detailed configuration of roller finger follower
assembly is shown in figure 5.12. The diameter, width and wall thickness of roller is 17mm,
10.7mm and 2.4mm, respectively. There are sixteen needle bearings in the assembly having a
diameter of 1.98mm, each.

Fig. 5.12 Stripped roller finger follower assembly
The GMR ADL (magnetometer) chip was mounted on a specially designed and
developed printed circuit board (PCB) having a diameter of 3 mm. Flexible thin Teflon wires
were used to connect the sensor with the external terminal connections as shown in figure
5.13. The wires presented an exceptional capability to withstand at elevated operating
temperatures during the testing without any problem of breakage or deterioration.

(a)

(b)

(c)

Fig. 5.13 GMR magnetometer chip and mounting on the PCB
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Computerized Numerical Control machine (CNC) was used to machine a precise hole of 3.5
mm diameter in the roller finger housing side wall such that the hole was perfectly aligned
with the roller race as shown in figure 5.14. The purpose of machining this hole was to
provide space for mounting of sensor in the roller finger housing.

Machined hole for access to roller race
Fig. 5.14 Roller finger follower assembly with hole for sensor mounting
A permanent magnet was required to act as a target for triggering of the GMR sensor. The
ceramic 8 and alnico magnets are most commonly used magnets for high temperature
applications. The alnico magnet shown in figure 5.15 was considered to be the most suitable
magnet for GMR sensor due to its unique capability to retain its magnetic flux at elevated
temperatures. These magnets are available in different shapes and sizes.

Fig. 5.15 Alnico magnets used as target in the roller race
Study was carried out to select the right size of magnet for installation on the roller race to
present a proper target for the GMR sensor to generate TTL signal to monitor the roller
rotational speed and sliding in the engine valve train. In the initial phase of testing, different
combinations in terms of diameter and thickness of alnico magnet were considered
experimentally as mentioned in table 5.2. During preliminary testing, low flux concentration
was observed for magnet mentioned at serial 1 (1mm x 0.5mm), as the magnet is embedded
in the steel roller which resulted in missing of peaks in the output signal. The magnet
combinations having a thickness of 1mm (serial 2, 4 and 6) were not considered suitable for
the intended purpose to avoid relative deeper hole in the roller race thereby preventing
possible cam contact area and stress concentration. The magnet size (1.5mm x 0.5mm)
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worked well at elevated temperature and the problem of double peak was observed in the
output signal at low operating temperature thereby restricting its employment to monitor
roller rotational behavior. Finally, the alnico magnet of 2 mm diameter with 0.5 mm thickness
was selected which suited our requirements.

S. No.

Diameter
(mm)
1.0
1.0

1
2
3
4
5
6

1.5
1.5
2.0
2.0

Thickness
(mm)
0.5
1.0
0.5
1.0
0.5
1.0

Table 5.2 Different combinations of alnico magnets
A small hole having 2 mm diameter and 0.6 mm deep was machined with the help of CNC on
the side of the roller race and the magnet was inserted as shown in figure 5.16. A thin layer of
epoxy was applied for proper seating of the magnet in the roller race and to ensure that the
hole is flushed with the surrounding surface.
Magnet of 2mm diameter and
0.5mm thickness

GMR chip

Hole of 0.6mm depth

Fig. 5.16 Machined roller with magnetometer chip and magnet
The sensor was mounted on the roller housing through the drilled hole and was installed in
such a manner that it can easily detect the magnet inserted in the roller race, figure 5.17.
During the installation of sensor in the roller finger follower assembly, special attention was
paid on the orientation of the sensor in the housing and the workable air gap between the
sensor face and the roller target to avoid any kind of disturbance in the output signal like
double peak, weak or missing of peak or saturation of the sensor. Initially, some difficulties
were encountered in the handling of sensor due to its ultra-miniature size and orientation
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problem while mounting it on the roller finger follower housing. Later, these difficulties were
overcome and sensor was mounted successfully with greater accuracy to monitor the roller
rotation in the engine valve train. Thin coating of epoxy was applied to hold the sensor in
place in the finger follower housing. The sensor wires were glued on the roller finger housing
with the help of epoxy till the pivot point to avoid unnecessary movement and breakage
during testing and were routed out of the engine head from the side.

Fig. 5.17 Instrumented end pivoted rollers follower assembly
5.8

Bench Testing of Instrumented Roller Finger Follower Assembly
Before placing the instrumented roller finger follower assembly in the engine head to

monitor the roller rotational speed and sliding, it was first tested and calibrated, externally. A
circular ring of Teflon material was machined and mounted on the shaft of an electric motor.
A fixture was used to hold the instrumented roller finger follower assembly firmly against the
Teflon ring surface ensuring that there is no slip between the two interacting surfaces as
shown in figure 5.18.

Fig. 5.18 Bench testing of instrumented roller assembly
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The roller to Teflon ring speed ratio was also calculated theoretically and compared with the
calibration data. It was found that for one complete revolution of Teflon ring, the roller
completed three revolutions. For calibration, the motor was rotated from 300 rpm to 3000
rpm with an increment of 300 rpm and roller speed was monitored, accordingly. The
calibration result is shown in figure 5.19.
10000

Roller speed (RPM)

9000
8000
7000
6000
5000
4000
3000
2000
1000
0

Motor speed (RPM)

Fig. 5.19 Calibration chart of roller rotation
5.9

Determining of Cam lobe to Roller Speed Ratio
In order to accurately measure the roller rotational speed and sliding, it is important to

know the exact speed ratio of camshaft and roller under no slip conditions. A separate
Labview code was developed to determine the cam to roller speed ratio. The camshaft was
driven directly through the electric motor via mechanical coupling. An optical encoder was
attached at the rear end of the electric motor which generated one pulse per half degree of
camshaft revolution (720 pulses per revolution). The camshaft was rotated at a speed of 10
rpm and on detection of magnetic in the roller race, the sensor generated a TTL signal whose
rising edge was considered and marked with the corresponding encoder position as reference
point 1. The cam was rotated continuously until the roller completed ten revolutions and the
corresponding line of optical encoder was marked against the reference point 2. The
difference between the two reference points of optical encoder lines divided by 2 resulted into
the required cam degrees which was further divided by 360 to obtain number of camshaft
rotations. The obtained value was then divided by 10 to calculate cam to roller speed ratio
which was determined to be 1:2.26 in the absence of any slip. This means that if the camshaft
is rotating at 100 rpm then the roller would rotate at a speed of 226 rpm. The process was
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repeated for repeatability and accuracy. Same exercise was also carried out theoretically and
the results were confirmed.
5.10

Data Acquisition System
The data acquisition system (DAQ) based on National Instruments (NI) hardware and

Labview software has been configured for this research work. During the tests, engine speed,
oil temperature and pressure were monitored, continuously. To measure the rotational speed
of six rollers simultaneously, a total of three compact DAQ NI cDAQ-9174, six digital
modules, three analog output modules and three i3 computers were used. The NI cDAQ-9174
has counter channel which was programmed to measure the roller rotational speed. The
sensor output signal was connected to the counter via the digital module NI 9401 to measure
the time required by the roller to complete one revolution which was then converted into
revolutions per minute. It was also used for counting the roller and camshaft rotations. The
analog module NI 9263 was used to power the sensor. One of the main reasons for having the
power supply and measuring modules in the same chassis of cDAQ-9174 was to reduce the
electric noise. Due to the high update frequency of the sensors, more than one computer was
required to handle the computational load. The instrumented roller finger follower assemblies
connected to the DAQ have been shown in figure 5.20 whereas the schematics of the
measurement system is shown in figure 5.21.

Fig. 5.20 Instrumented roller finger follower assemblies connected to cDAQ
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Fig. 5.21 Schematics of the roller rotational speed measurement system
5.11

Summary
A novel experimental technique based on ultra-miniature GMR chip has been

developed for measuring the rotational speed and sliding of rollers in end pivoted roller
follower valve train. Comprehensive out of engine testing has been carried out to verify the
performance of developed measurement technique and instrumentation of roller finger
follower assembly. The developed technique exhibited high degree of performance under all
operating conditions. The measurement system has been successfully mounted on a real
production Toyota 1NZK engine. Using this technique, for the first time, the slip-roll ratio was
measured on a real production engine with hardly any modification to the components under
investigation. Advanced flexible test rig has been developed in this research work which has
the potential to accommodate different configurations of engine valve train for testing.
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CHAPTER-6
EXPERIMENTAL METHOD OF MEASURING OIL FILM
THICKNESS AT CAM/ROLLER INTERFACE IN ENGINE
VALVE TRAIN
6.1

Preamble
The performance and life of tribological components in internal combustion engine is

largely governed by the lubrication conditions at the mating surfaces. Starved lubrication
conditions are often encountered in engine valve train area due to high contact loading, raised
temperatures and severe operating conditions varying in nature. Advanced lubricant
formulation is being pursed in the automotive industry to achieve the fuel economy while
ensuring reliability of running components.
Considerable work on oil film thickness has been reported in the past for the bucket
tappets and rocker follower valve train due to relative simplicity of mechanism. Little to no
experimental work has been reported in the past on the measurement of oil film thickness and
rheological behavior of lubricant at cam/roller contact in end pivoted roller finger follower
valve train of a gasoline engine due to the involvement of the experimental difficulties.
Moreover, the performance of roller follower valve train is influenced substantially by the
tribological behavior of rollers. The sliding of roller on the cam surface is greatly influenced
by the oil film thickness in the roller follower valve train. Thus an experimental investigation
to determine the oil film state at cam/roller pair and its subsequent effects on the roller sliding
in a real production engine under actual operating conditions becomes essential.
During engine operation, different operating conditions such as camshaft speed, oil
inlet temperature and lubricant rheology/chemistry can affect the oil film thickness at
cam/roller junction, significantly. In this research work, series of tests have been conducted
at five various camshaft operating speeds, three different temperatures with matrix of
lubricants to measure the oil film thickness at cam/roller contact and its effects on the rollers
sliding in the engine valve train. Little to no modification of components under investigation
in the engine head was ensured and actual engine operating conditions were implemented to
capture the true picture of phenomenon under investigation and to obtain the realistic data of
oil film thickness at cam/roller interface in the engine valve train.
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In this chapter, current experimental research work carried out on Toyota 1NZK
engine head to measure the oil film thickness at cam/roller contact and its effects on the roller
sliding has been explained in detail. The details include instrumentation of cam/roller pair,
development of advanced measuring technique, calibration tests, commissioning of
measurement system in the engine head, tests procedures and data acquisition system. It is
strongly believed that the developed measurement technique and the obtained data on oil film
thickness at cam/roller contact can be extremely beneficial in further tribological studies on
the roller follower valve trains.

6.2

The Objectives
6.2.1

The current experimental work aims to measure the oil film thickness at
cam/roller interface in the engine valve train under actual operating conditions
by instrumenting an advanced real production engine.

6.2.2

To develop an accurate and reliable technique to the measure the oil film
thickness at cam/roller contact having the flexibility of employment in various
valve train configurations.

6.2.3

Establishment of proper test routine, development of reliable data acquisition
and processing system to measure the instantaneous oil film thickness at
cam/roller contact.

6.2.4

The attainment of realistic oil film thickness data would be extremely
beneficial to further improve the tribological performance of engine valve
train. The research work is targeted to reach the said goal.

6.3

Test Apparatus Arrangement to Measure Oil Film Thickness in Engine Valve
Train
The configuration and arrangement of camshaft, bearings and end pivoted roller

finger follower assemblies is shown in figure 6.1. Details of test rig and engine valve train
have already been explained in the chapter number 5.
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Fig.6.1 Instrumented Toyota 1NZK engine head
The end pivoted roller finger follower assembly number 3 of inlet side was
instrumented to measure the oil film thickness. The oil pressure in the engine head was
maintained at 2.0 bars through PID controller and was monitored by using Piezo-resistive
pressure transducer. Accurate control of oil test temperature was achieved with the help of
refrigerated/heated circulator and inline plate heat exchanger whereas the ‘K’ type
thermocouple was used to monitor the lubricant temperature. The oil pipes were insulated
properly to reduce the heat loss.
In order to determine the angular position of camshaft, an optical encoder of British
encoder 755 series was also installed at the rear end of the electric motor which is directly
coupled to the camshaft. The optical encoder was installed though nickel bellows coupling
which have the flexibility to compensate for angular and parallel shaft off sets
simultaneously. The optical encoder generated one pulse per half degree of camshaft
revolution and acted as an external sampling clock. The optical encoder has high accuracy, +
0.017 producing 720 incremental pulses in a complete revolution of camshaft. The oil film
thickness data at cam/roller interface was captured at every 0.5 degree of camshaft angle. The
optical encoder also produces one index TTL pulse per revolution synchronized with cam
nose position. Advanced DAQ system based on National Instrument (NI) and programmed
through Labview was used for monitoring and logging. Shielded cables were used in the test
rig to avoid electrical noise while ensuring proper electrical earth of camshaft and engine
head. Schematic diagram of instrumented engine head with oil film thickness measurement
system is shown in figure 6.2.
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Fig. 6.2 Schematic of instrumented engine head for oil film thickness measurement

6.4

Instrumentation of Roller Finger Follower Assembly
The oil film thickness at cam/roller interface in end pivoted roller finger follower

valve train has been determined through measurement of electrical capacitance between the
mating surfaces of cam and roller. In order to accomplish this task, the roller finger follower
assembly should be isolated electrically from the rest of engine head components. The
orientation of end pivoted roller finger follower assembly in engine head is shown is figure
6.3. One end of roller finger follower assembly is seated on the valve cap for actuation of the
valve whereas the other end is pivoted on the hydraulic lash adjuster (HLA). Thus, if the
valve cap and HLA assembly is electrically insulated from the rest of the engine head, the
roller finger follower assembly will be completely insulated, accordingly. The insulated roller
of the assembly will act as one plate of the capacitor system whereas the electrically
grounded cam lobe on the camshaft would be the second plate to form a capacitor system
required to measure the oil film thickness at cam/roller contact in the engine valve train. The
roller and the cam do not have any tapper and can be treated as parallel and flat plate
capacitor.
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Fig.6.3 Schematic of end pivoted roller finger follower valve train
6.4.1

Electrical Insulation of HLA
The HLA is comprised of barrel and plunger assembly. Detailed
configuration of HLA is shown in figure 6.4. In HLA barrel, there is an oil
feeding hole which receives oil from the main engine oil gallery for plunger
action during operation. The HLA provides pivot for the roller finger follower
assembly and maintains zero clearance between the cam lobe and the roller
race. Top lock ring is used for proper seating of plunger in the barrel of the
HLA. The overall height of HLA is 38 mm having a diameter of 12 mm which
reduces to 11.5 mm in the area of main oil feeding hole as shown in figure 6.4.
The upper lock ring and the surface of HLA having diameter of 11.5 mm is not
in metallic contact with the engine head body. The bottom of HLA assembly
and the surface having diameter of 12 mm maintains contact with the cylinder
head wall. Hence, in order to insulate the roller finger follower assembly from
rest of engine head, these areas of HLA assembly need to be insulated.
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Fig.6.4 Detailed configuration of HLA assembly
The challenging part was to insulate the HLA assembly properly so
that the true phenomenon may not be disturbed. Initially, different options
were considered to insulate the HLA assembly which included the use of high
quality spray paints, powder coating and insulation tape. Eventually, the outer
surface of barrel of HLA, inner surface of valve cap and top portion of valve
stem which fits in the valve cap were insulated by using the powder coating.
The arrangement worked well at low engine operating temperatures but was
unable to meet the requirement at elevated temperatures as the coating was
removed from the component surfaces resulting in failure of electrical
insulation of components from the rest of engine head. Similarly, the
application of spray paints and insulation tape could also not meet the
requirement. Finally, the HLA was insulated by using a cup and ring made of
Teflon material which worked extremely well at all operating temperatures. In
this technique, the outer diameter of barrel of HLA was reduced precisely
from 12 mm to 11.5 mm with the help of CNC machine which resulted in a
uniform diameter of 11.5 mm throughout the barrel length as shown in figure
6.5. The bottom surface of HLA was also reduced by 0.5 mm by precise
machining.
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Fig. 6.5 Machined HLA with Teflon cup and ring
In the next step, the especially developed Teflon cup and ring were
installed successfully on the HLA assembly as shown in figure 6.6. The Teflon
cup and ring were mounted in such a way that the outer diameter of modified
HLA was same as that of original one without affecting its performance and
fitment in the engine head. The oil hole was kept naked for receiving lubricant
from the main oil gallery in the engine head. Special heat resistant sticking
solution was used for mounting the Teflon cup and ring on the hydraulic lash
adjuster so that they remain mounted on the HLA assembly at all temperature
range and worked well under all operating conditions.

Fig. 6.6 HLA insulated with Teflon cup and ring

6.4.2

Electrical Insulation of the Valve Cap
The next important component which is required to be insulated from
the remaining engine head is the valve cap shown in figure 6.7 as the other end
of roller finger follower assembly is seated on it to operate the valve against
the spring tension. On insulation of valve cap and HLA assembly, the
complete roller finger follower assembly would be isolated from the rest of the
engine head which would act as one plate of electrical capacitor arrangement
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in the engine head. The outer and inner diameter of the valve cap is 8.5 mm
and 5.5 mm, respectively with wall thickness of 1.5 mm. The overall height of
valve cap is 5.52 mm whereas the inner hollow depth is 3.20 mm in which the
stem of valve is accommodated.

Fig. 6.7 Valve cap
The inner diameter of valve cap was reduced by 1 mm through precise
machining on CNC and especially developed Teflon cup was fitted properly in
it as shown in figure 6.8. The inner diameter of modified valve cap is kept
same as that of original one which fitted properly without affecting its
performance or any fitment issue. On completion of insulation of HLA and the
valve cap, both the components were installed in the engine head and tested
through digital multi meter to verify their electrical isolation from rest of the
engine head.

Fig. 6.8 Valve cap insulated with Teflon cup

6.4.3

Roller Finger Follower Assembly with Attached Wire
A high quality flexible wire was attached with the roller finger
follower housing wall through proper soldering as shown in figure 6.9. It acted
as one of the two electrical terminals required to measure the contact
capacitance in cam/roller pair. The electrical continuity of connected wire with
the assembly was checked with the help of digital multi-meter. The wire was
routed over the roller finger housing and epoxy was applied to avoid any kind
of breakage of wire due to acceleration and deceleration of valve and engine
vibration during testing. The free end of wire was routed out of the engine
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head properly for further connection with the capacitance measurement
system.

Fig. 6.9 Roller finger follower assembly with attached wire

The electrical earth of camshaft was ensured by using slip ring assembly
installed on one end of camshaft which formed the other plate of the
developed capacitor system in the engine head. The complete test rig was also
attached to a good electrical earth using the shielded cables for connections to
avoid any kind of electrical noise or disturbance.

6.5

Determining of Oil Film Thickness using Electrical Capacitance Measurement
The shape and dimensions of contact area at cam/roller contact in end pivoted roller

finger follower valve train can be defined by using the Hertz contact mechanics. It is assumed
that the cam/roller pair operates mainly in elastohydrodynamic lubrication regime (EHD)
whereas the measured capacitance is generated from the Hertzian contact zone. Thus, the
cam/roller contact may be treated as a parallel plate and flat capacitor. The electrical
capacitance would be varied by the distance between two parallel plates depending on the oil
film thickness. The oil film thickness can be obtained as:
ℎ = Ɛ𝑂 x Ɛ𝑟 x A / C
where:

(6.1)

ℎ

Distance between the two parallel plates (cam and roller surface)

Ɛ𝑂

Free space permittivity (8.84 pF/m)

Ɛ𝑟

Di-electric constant of medium between capacitor plates

C

Capacitance produced between the two plates of capacitor system

A

Area of overlap of two plates of capacitor (considered as Hertz
contact area)
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The capacitance ‘C’ can be measured by using an electrical capacitance measurement system.
The detailed expression to calculate the Hertzian contact area has already been explained in
chapter 4.
6.6

Electrical Capacitance Measurement System
After the development of electrical capacitor system, the next important task was to

develop electrical capacitance measurement system to measure the capacitance at cam/roller
interface. Initially, different options were considered to measure the capacitance at cam/roller
contact as the magnitude of generated capacitance was too less whereas the sampling rate was
very high since the measurement has to be undertaken up to 2600 rpm of camshaft operating
speed. Due to slow sampling speed, the employment of digital capacitance measurement
meter or LCR meter was not considered suitable for this application. Moreover, the external
triggering of such measurement equipment is usually not possible which restricts to measure
the oil film thickness at cam/roller contact with respect to cam degree.
The capacitance between the mating surfaces of cam and roller has been measured by
using recently developed electrical capacitance measurement circuit based on the LM555
Timer Integrated Circuit (IC) as shown in figure 6.10. In the electrical capacitance
measurement system, the power circuit consists of DC supply, a voltage regulator 7809 to
ensure provision of smooth and regulated 9V DC supply to the IC which acts as an oscillator
in the measurement system. The IC can be used in mono-stable as well as in a-stable mode
depending upon the configuration of components attached to it. In this system, the IC has
been employed in a-stable mode to produce the high frequency rectangular waves accurately
without any external triggering. In the a-stable mode, the output frequency, time period and
duty cycle can be controlled precisely by the combination of resistors and capacitor. The
oscillator voltage (𝑉𝑜𝑠𝑐 ) has been connected in series with the cam/roller contact (𝐶𝑐 )
capacitance.
During operation, the magnitude of output signal voltage (𝑉𝑜𝑢𝑡 ) would depend upon
the capacitance between the interacting surfaces of cam and roller which would be varied by
the oil film thickness directly. When the contact capacitance at cam/roller contact is zero
(i.e.𝐶𝑐 = 0), there would be zero voltage across the contact (i.e. 𝑉𝑜𝑢𝑡 = 0). Once the infinite
contact capacitance (i.e. 𝐶𝑐 = ∞) is experienced at the contact, the voltage would be equal to
oscillator voltage (i.e. 𝑉𝑜𝑢𝑡 = 9V). The output signal 𝑉𝑐 is passed through the bridge rectifier
which converts the alternating voltage signal to DC voltage signal for measurement. A
filtering capacitor of 0.1 µF has been used in the circuit to remove any kind of ripples present
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in the output DC voltage signal. Fast data acquisition system based on NI hardware duly
programmed through Labview was configured to acquire and store the output voltage signal
(𝑉𝑜𝑢𝑡 ) at every 0.5 degree of camshaft revolution and was displayed on the computer screen
continuously. Later, the stored data was processed in Microsoft Excel to obtain oil film
thickness at cam/roller junction for further analysis.

Fig. 6.10 Block diagram of electrical capacitance measurement circuit

6.7

Out of Engine Testing and Calibration of Capacitance Measurement System
After the development of electrical capacitance measurement circuit, the next

important step was to test it externally before commissioning it in the engine head. Moreover,
the output of electrical capacitance measurement circuit is in volts and the capacitance being
originated at cam/roller contact is in picofarads (pF). Hence, there would also be a
requirement to develop a relationship between the output voltage (𝑉𝑜𝑢𝑡 ) of measurement
circuit and the contact capacitance (pF).
Initially, a small setup based on micrometer as shown in figure 6.11 was developed to
accomplish this task. Two cups made of Teflon material were developed and mounted on the
anvil (stationary end) and spindle (moveable end) of micrometer, properly. The specially
designed and developed two steel heads were mounted firmly on micrometer ends over these
two Teflon cups. The circular steel head was mounted on the spindle whereas the conical
shaped steel head was installed on the anvil. These two steel heads were regarded as two
plates of the capacitor in the measurement system. These two steel heads were insulated with
the help of Teflon cups from the anvil and spindle surfaces of the micrometer. A flexible wire
was attached with each of steel head acting as electrode in the capacitor system. The distance
between the two electrodes can be varied by moving the spindle of micrometer leading to
change in the capacitance between the two surfaces.
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Fig. 6.11 Initial setup for testing and calibration of capacitance measurement system

The developed system could not get the desired objectives and difficulties were
encountered during initial testing which restricted its employment for the intended purpose.
During measurement, the wire used to get entangled around the spindle as it was moved to
vary the distance between the two electrodes to check the change in capacitance which posed
substantial difficulties in measurements. Reading at extremely small distance between the
two electrodes was also not possible with the existing setup as the least count of micrometer
is 0.01 mm whereas the oil film thickness of micrometer and nanometer size are often
encountered at cam/roller interface in the engine valve train. The probability of human error
in the measurement is also relatively high. Moreover, the developed system does not provide
the opportunity for dynamic testing. Hence, a new setup was developed to address these
issues and to test the electrical capacitance measurement system out of engine with accuracy.
A completely new setup was designed and developed for out of engine testing of the
capacitance measurement system to check its validity and the dynamic performance while
verifying relationship between the measured capacitance and output voltage of the circuit.
Two steel shafts designated as A and B having the same width as that of roller and cam lobe
were especially developed to act as the two plates of the electrical capacitor system. A slot
having a depth and length of 5 microns and 10 mm, respectively was machined on the front
circular end of steel shaft B. The cups made of Teflon material were fabricated and mounted
on the rear end of these shafts for insulation purpose during clamping. Flexible wire was
attached to each shaft. The steel shaft B has been fitted properly in the tubular slip ring
assembly model B6-2 of Michigan Scientific as shown in figure 6.12.
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Fig. 6.12 Shafts with slip ring assembly

In the next step, these shafts were clamped in the two stock heads of the CNC
machine for testing as shown in figure 6.13. The distance between the two steel shafts can be
varied through smallest possible distance in microns with extreme precision to investigate the
effects on capacitance. Moreover, the shaft A is kept stationary while the shaft B can be
rotated at very high speeds for dynamic testing purposes.

Fig. 6.13 Setup for testing of capacitance measurement system based on CNC machine
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During testing, the distance between the two steel shafts was varied with extreme
precision and the corresponding capacitance was measured by using the capacitance meter
model-8601 of PROFI Electronics. At every corresponding step, the output voltage (𝑉𝑜𝑢𝑡 )
between the two electrodes was also measured by using the developed electrical capacitance
measurement circuit. The measurements were confirmed by repeating the process number of
times which exhibited high degree of repeatability. The results of measured capacitance
between the two electrodes in the capacitor system and corresponding output voltage are
shown in table 6.1. The relationship between the distance and capacitance is shown in the
figure 6.14 whereas the relationship between the distance and output voltage is shown in the
figure 6.15, respectively.

S No

1

Distance
between shafts
(microns)
10

Measured
capacitance
(pF)
15.8

Measured
output voltage
(𝑉𝑜𝑢𝑡 )
5.09

2

20

15.2

4.9

3

30

14.8

4.76

4
5

40
50

14.5
14.2

4.66
4.57

Table 6.1 Measured Capacitance and corresponding output voltage at various distances

Capacitance (pF)

16
15.5
15
14.5
14
13.5
13
10

20

30

40

50

Distance (microns)

Fig. 6.14 Relationship between the distance and originated capacitance
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5.2
5.1

Voltage (V)

5
4.9
4.8
4.7
4.6
4.5
4.4
4.3
10

20

30

40

50

Distance (microns)

Fig. 6.15 Relationship between the distance and output voltage

After the measurement of capacitance and output voltage between the two electrodes
of developed capacitor system, it has been established that the 1 volt of output voltage is
equal to 3.1pF. In order to test the capacitance measurement system dynamically, the shaft B
was rotated from 300 rpm to 3000 rpm with an increment of 300 rpm. During testing, the
capacitance profile between the two electrodes varied whenever the machined slot on the
shaft B came in front of circular head of shaft A due to change in the distance between them.
This change in capacitance was measured by the electrical measurement circuit in the form of
output voltage and the data was displayed on the oscilloscope as shown in figure 6.16. During
the test, oil was also poured at the contact to simulate the realistic operating conditions. The
purpose of this dynamic testing was to check and verify the response of the capacitance
measurement circuit.

(a) Capacitance profile at 300 rpm

(b) Capacitance profile at 1200 rpm
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(c) Capacitance profile at 2400 rpm
Fig. 6.16 Capacitance profile measured in volts at different operating speeds
The developed electrical capacitance measurement system was calibrated to measure
any stray capacitance due to external wiring and its subsequent effects on the output voltage
signal. A range of known fixed capacitors were used in place of cam/roller contact to
determine the magnitude and effect of stray capacitance on the output voltage signal which
was measured as 3pF. High quality shielded Teflon wires were used for various connections.
Also, the measurement system was also placed near to the engine capacitor system to reduce
any stray capacitance.
6.8

Synchronization of Optical Encoder Index Pulse with the Cam Nose Position
In this research work, the instantaneous oil film thickness at cam/roller contact with

respect to cam degrees has been measured experimentally thus the optical encoder was
employed to measure the angular position of the camshaft. The accuracy of measurement
would also depend upon the accurate fitment of the optical encoder and synchronization of its
pulses with the camshaft angular position. The top of the cam lift position was regarded as
point ‘O’ as shown in figure 6.17 and was considered to be the point on the cam lobe (nose)
where the valve spring would be fully compressed and valve be in full open position.
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Fig. 6.17 Top of lift position ‘O’ marked on the camshaft

In previous research work on the diesel engines, Brown [91] had demonstrated that to
keep the errors less than 1% in indicated mean effective pressure measurements, the phase
accuracy of 0.1 degree of crankshaft angle was required. The range can be extended to 0.20.3 degrees of crank angle for data acquisition in spark ignition engines as highlighted by
Lancaster et al. [92]. These research findings indicate the importance of phase accuracy for
accurate and reliable data acquisition. So, it would be necessary to adjust index mark and
incremental pulses of optical encoder with the top of the camshaft lift position.
In order to determine the top of lift position of the cam lobe accurately, a dial
indicator of Mitutoyo Corp. Japan as shown in figure 6.18 having a range of 0-12.7mm,
resolution of 0.01 with accuracy of + 0.02 mm was used to monitor the vertical position of
the valve. The dial indicator was clamped in a stand having magnetic base which was
attached directly to the sump bolted with the engine head. The dial indicator was installed in
such a manner that the contact point on the spindle of dial indicator was seated firmly against
the valve spring retainer which allowed easy monitoring of the vertical movement of the
valve against the spring tension. Initially, the top of cam lift was estimated with the help of
dial indicator, once the nose of cam was fully in the downward direction thereby compressing
the spring completely to open the valve fully. At the same very position, the index pulse of
the optical encoder was synchronized to appear at the cam nose position ‘O’. It can be
realized that the vertical position of the valve changes very slowly at the camshaft nose area
hence the exact marking of top of cam lift position is relatively difficult. The reading at the
dial gauge gave estimated accuracy of + 0.4 degree of camshaft angle at the required position.
At the same very point, the camshaft and the encoder shaft were locked together.
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Fig. 6.18 Dial gauge used to locate the valve position with reference to cam degrees
In order to determine the top of cam lift position ‘O’ more accurately, dial indicator
readings were also obtained at the positions where the vertical position of valve changes
quickly with the camshaft angle that is around 60˚ before and after top of cam lift position
‘O’. The camshaft was rotated to 100˚ before the top of lift position and then rotated back
towards the position ‘O’ while stopping 60˚ before the position ‘O’ and dial gauge reading
was recorded. During the process, the incremental pulses from encoder were also read
continuously. After that the camshaft was rotated to 100˚ after the top of lift position and then
rotated back towards the position ‘O’ while stopping 60˚ after the position ‘O’. The dial
gauge reading was recorded again. The top of cam lift offset would be the midpoint of two
dial indicator readings. It can be realized that during measurement of piston position,
Eriksson [93] had also suggested that the systematic error can be reduced by taking the
measurements on the both sides of top dead center position. In the next step, the coupling of
optical encoder was opened in such a way that the encoder shaft should not move while
moving the camshaft to remove the dial gauge offset reading. After removal of offset, the
optical encoder shaft and the camshaft were locked together ensuring the index and
incremental top of lift position signal correspond with the camshaft position ‘O’ as shown in
figure 6.19. The method was repeated number of times and cam top of lift position and
corresponding optical encoder position was set within + 0.03˚ cam angle.

105

Top of cam lift position ‘O’

0.50
0.250

Incremental signal

0.250

Un-gated index signal

Camshaft rotation direction

Fig. 6.19 Optical encoder incremental and index signal synchronized with the
camshaft nose position ‘O’

6.9

Data Acquisition System
The data acquisition system (DAQ) used for measuring the oil film thickness at

cam/roller contact in the engine valve train is based on the National Instrument (NI)
Hardware namely NI BNC-2110 connector block with NI PCI-6123 data acquisition card and
a Dell Core i3 computer. The data representing the capacitance between the roller and
camshaft has been acquired in the form of analog output voltage signal (𝑉𝑜𝑢𝑡 ). As the distance
between the roller and the camshaft surfaces decreases, the magnitude of output signal
voltage would increase and vice versa. The incremental pulses of the optical encoder was
used as an external trigger to acquire the voltage signal (𝑉𝑜𝑢𝑡 ) at every 0.5° giving 720
readingsin one complete cam rotation. The data was recorded for the ten consecutive
camshaft rotations and was averaged to minimize the errors. The sample acquisition has been
shown in figure 6.20.

Fig. 6.20 Measured output voltage signal from the instrumented cam/roller pair
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The software used for data acquisition is Labview version 10.0.1. A VI was built in Labview
to acquire 𝑉𝑐 and the index pulses. The acquired data was stored in a separate spread sheets
for each test speed and condition which was further analyzed in Microsoft Excel to obtain the
required plots of oil film thickness vs camshaft angles.

6.15

Summary
The electrical capacitance measurement system has been successfully developed and

installed on an advanced real production gasoline engine, for the very first time, to measure
the oil film thickness a cam/roller interface and its effects on the roller sliding.
Comprehensive out of engine testing and calibration of the measurement system has been
carried out. The measurement system worked very well under different operating conditions
indicating strong suitability for the intended purpose with greater accuracy and reliability.
Little to no modification of components has been ensured to capture the true phenomenon
under investigation. It is strongly believed that the developed oil film thickness measurement
system will provide an opportunity not only to the lubricant formulators to investigate the
effectiveness of

different oil formulations but also to the researchers to validate their

complex theoretical predictions on the oil film state to further improve the tribological
analysis of engine valve train having roller followers.
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CHAPTER-7
ENGINE VALVE TRAIN DATA ACQUISITION SYSTEM
7.1

Preamble
In this research project, the tribological performance of end pivoted roller finger

follower valve train in a real production engine in terms of rollers sliding and lubrication
conditions at cam/roller interface has been investigated under different camshaft operating
speeds and different lubricant inlet temperatures. Special emphasis has been laid to
investigate the effects of various lubricant additives, oil rheology and oil film thickness on
the sliding of rollers, experimentally. The engine valve train was instrumented with a number
of sensors and an elaborated experimental work comprising of series of tests was undertaken
for the intended purpose. The obtained experimental results were also used to validate the
theoretical basis developed for the said valve train.
An advanced high speed synchronized Data Acquisition System (DAQ) based on
National Instrument (NI) hardware duly programmed through Labview software was
configured to control the operation of DAQ which played a key role to acquire and record the
vital data to capture the realistic picture allowing to understand the true phenomenon under
investigation in the engine valve train. The new DAQ system was divided into three
completely independent channel groups. The group channels1 were designated to monitor/log
the basic engine operating conditions, group 2 channels were designed to deal with the six
rollers rotational speed and their sliding simultaneously whereas the group 3 channels were
meant to acquire the instantaneous oil film thickness data at cam/roller contact.
In this chapter, details of digital and analog channels used to record the data from
number of sensors/transducers along with signal conditioning unit have been given. The
information about the NI hardware employed in the DAQ system has also been appended.
Detailed diagrams indicating the flow of data from different sensors have also been presented
for better understanding.
7.2

Data Acquisition and Labview programming
The data acquisition is actually a process to measure the electrical or physical

phenomenon in the form of current, voltage, sound or pressure with a computer. The DAQ
system is comprised of sensors/transducers, measurement hardware and a computer with
programmable software. The employed sensors sense the electrical or physical phenomenon
under observation and generate the output signal, accordingly. In the next stage, the DAQ
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hardware in the form of modules/cards/boards would come into play to link and sample the
output signals from sensors to a computer with programmable software for data acquisition
purpose. The computer based DAQ system exploits the processing power, display,
productivity and connectivity capabilities of industry standard computers as compared to the
traditional measurement systems thus providing a more powerful, flexible and cost effective
measurement solutions.
In this research project, Labview version (10.0.1) which is a graphical programming
language has been used to control the DAQ operations and to code the DAQ programme.
National Instrument (NI) has created the Labview like the DAQ hardware. The Labview has
been used for programming application in this research project due to its excellent
compatibility with the employed NI hardware, meeting the programming requirements with
greater accuracy while providing the ease of operation. Labview software is different as
compared to other programming languages like C or BASIC language in which the code is
created in the form of text whereas the Labview generates the programme in the block
diagram form while using graphical language “G”. Moreover, the Labview provides a very
user friendly interface while providing the virtual circuit generation merely by connecting the
nodes on the PC. The programming tasks like data acquisition, data storage and hardware
interfacing can be performed at faster rate with greater accuracy due to availability of
extensive library functions and sub-routines in the Labview. The availability of probes and
Execution highlights in the Labview programming software provides the flexibility for
debugging the code. By executing the code, probes can be used to check the intermediate
values there by allowing to check the different parts of the code for their right/wrong results.
In case of Execution Highlights, the programme is run slowly as step by step for debugging
the code. Labview is regarded as multi-threaded software unlike other programming
languages as it can perform more than one task at a time.
In order to sample and log the data from group 1, group 2 and group 3 channels, three
independent programmes (vi) has been written which are as under:

Group 1 channels

Rig Control V4.vi



Group 2 channels

Prius V4.vi



Group 3 channels

Oil Film Thickness Measurement.vi
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Once the Labview code of group 1 is executed, the counter/timer chip on the NI 6221
DAQ board would be initialized to scan the camshaft speed through the incremental pluses of
the optical encoder till the time the data acquisition is stopped. The thermocouple along with
cold junction would be sampled at 300 samples/second to monitor lubricant operating
temperature. The data from all the channels was analyzed, processed and displayed on the
computer screen for monitoring. The acquired data was stored on the hard disk of the
computer depending on the time interval of data recording. The main loop would continue to
operate till the user stops the DAQ operation.
In the DAQ of group 2, the scanning of channels is relatively simple. On executing
the Labview code, the built in counter/timer in the compact DAQ chassis (NI cDAQ-9174)
which was accessed through NI 9401 digital module was initialized to scan the TTL signal
which is generated by the GMR sensor on detection of magnet embedded in the roller race.
The time interval between the two TTL signals/pulses would determine the roller rotational
speed. The provision of USB “plug and play” provided greater flexibility and simplicity in
use of compact DAQ. The ‘vi’ continued till the user stopped it. The acquired data was stored
in the hard drive of computer which was then imported into Microsoft Excel sheets for
further process and analysis to determine rollers sliding.
In group 3 DAQ, the incremental pulses generated by the optical encoder triggers the
circuitry to log/acquire the analog output voltage (𝑉𝑜𝑢𝑡 ) signal per half degree of camshaft
corresponding to the capacitance generated at cam/roller interface thus giving 720 readings in
one complete camshaft revolution. Once the Labview code is run, it started scanning the
analog output voltage signal channel for logging of the data whereas the sampling rate would
be dictated by the camshaft operating speed. In addition, the index pulse from the optical
encoder was also scanned and logged which was generated once in a cam cycle to determine
camshaft angular position. In this group two ‘vi’ were configured. The first ‘vi’ was used to
acquire the instantaneous output voltage (𝑉𝑜𝑢𝑡 ) signal data along with the index pulse of the
encoder and displayed it on the computer screen. For every test, the data of 10 complete cam
cycles was recorded in a separate spread sheet file. The second ‘vi’ was built to average out
the data from the stored spread sheet of ten complete camshaft cycles. Then the averaged out
data is exported from this ‘vi’ into a new spread sheet. Under each test operating condition,
the acquired averaged output voltage data is further analyzed in Microsoft Excel to obtain the
required instantaneous oil film thickness plots vs camshaft degrees. The details of individual
group DAQ has been given in the succeeding paragraphs.
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7.3

Group-1 DAQ Channels for Engine Operating Conditions
This group was designed and developed to monitor the basic engine operating

parameters using various transducers, sensors and gauges. The three engine parameters i.e. oil
temperature, oil pressure and camshaft operating speed were monitored and measured
throughout the experimentation. Measurement of these signals was done using the NI PCI6221 DAQ board. The usual logging of information was about once per second from these
channels. DAQ arrangement in this group is shown in figure 7.1.
Data Acquisition of Engine Test Rig

Pressure signal
through pressure
transducer

Temperature
signal through
thermocouple

NI SCXI 1303
Terminal Block

Camshaft speed
signal through
optical encoder

NI SCXI 1302 (Terminal Block)

NI SCXI 1180 Feedthrough Panel
SCXI 1102
Module

Chassis

NI PCI 6221

i3 PC

Fig. 7.1 DAQ arrangement in group 1 to measure the engine operating conditions
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In this research work, the lubricant inlet temperature has been monitored with the help
of ‘K’ type thermocouple as shown in figure 7.2 which provides the widest operating
temperature range. The ‘K’ type thermocouple has an operating temperature range of -270˚C
to 1372˚C which corresponds to voltage range of -6.534 mV to +54.874 mV. The testing has
been carried out under three different operating temperatures i.e. 25˚C, 60˚C and 95˚C, hence
accurate measuring of temperature becomes essential. One analog channel was used to
measure the oil inlet temperature through ‘K’ type thermocouple. The SCXI 1102 module
from National Instruments was employed in the 4 slots SCXI 1000 chassis which was used as
a signal conditioning unit for the thermocouple. The thermocouple is sampled with the help
of NI SCXI 1102 module connected to one of the channels of NI-6221 data acquisition board.
The channel is sampled at the rate of 300 samples/second. In order to reduce the noise and
quantization, average of thirty data points have been taken.

Fig. 7.2 Installed thermocouple to measure the lubricant inlet temperature
The NI SCXI 1102 (signal conditioning) module and NI SCXI 1000 chassis are fully
shielded to reduce noise interference which is further reduced by employing the twisted pair
cable for connection of SCXI 1000 chassis with data acquisition board. During operation, the
noise performance was improved substantially by the signal conditioning module as the
output voltage signal of thermocouple is usually very low and needs to be amplified before it
is fed to the noisy chassis of the computer. High gain amplification was also needed to
improve the output voltage signal of the thermocouple. The signal conditioning module NI
SCXI 1102 has an instrument amplifier having a maximum gain of 100 per channel. The
block diagram of NI 1102 signal conditioning module is shown in figure 7.3.
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Fig. 7.3 Block diagram of NI 1102 signal conditioning unit [NI, 2015]
The largest gain should be used close to the signal source as possible to achieve the
best noise performance. Hence the gain at SCXI 1102 module was set at 100 whereas the
setting for the additional gain was achieved at the data acquisition board. In Labview, by
indicating lower and higher input limit, the driver software computes the required gain at the
data acquisition board. The advantage of employment of twisted cables for connection of
SCXI chassis with data acquisition board is that any noise induced by power line in the
nearby vicinity would be same in both the cables. The NI SCXI 1102 has a high Common
Mode Rejection Ratio (CMMR) instrument amplifier which is of differential type. Hence,
any common voltages being induced between two wires of thermocouple would be rejected.
A differential amplifier has two inputs whose difference is amplified. At both inputs, the
voltage is measured with regards to the common signal and thereby producing comparatively
noise free signal at the output. The NI SCXI 1102 signal conditioning unit has a low pass
filter of 200 Hz per channel which further reduced the noise in the output signal. The module
also has the capability to detect the open circuit condition or to detect a break. Under these
conditions, it would saturate to full scale positive or full scale negative output. Maximum of
32 thermocouples can be accommodated in the NI SCXI signal conditioning module with the
maximum sampling speed of 333 kilo samples/second.
The readings through thermocouple require sensing of CJ (cold junction) or the
reference temperature at the location where thermocouple wires are attached to the
measurement system. SCXI 1303 terminal block has been used for the connectivity of ‘K’
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type thermocouple with the NI SCXI 1102 signal conditioning module. High precision
thermistor has been employed in the terminal block to sense the cold junction temperature as
shown in figure 7.3. The SCXI 1303 is a 32 channels isothermal terminal block which is a
shielded device having screw terminals. The said terminal block has isothermal copper plane
construction which reduces the errors considerably caused by the thermal gradients between
the terminals on measurements with thermocouple as well as the cold junction sensor. NI
SCXI 1303 also has the circuitry to detect the open thermocouple.
The SCXI-1000 chassis was used in this research work as shown in figure 7.4 and was
powered with standard ac power which provided a low noise environment for signal
conditioning. The SCXI chassis also provided a shielded enclosure for the SCXI 1102 module
employed as a signal conditioning unit for the thermocouple and SCXI 1180 Feedthrough
panel. The SCXI 1000 helped to establish a link to monitor and acquire data from transduces
installed in the test rig and transfer the data to CPU through NI PCI 6221 data acquisition
board so that it can be monitored on the computer screen. It is also highlighted that in the
developed test rig, the oil inlet temperature can also be monitored on the screen of
refrigerated and heating circulator JULABO F25-ME for confirmation purpose.

Fig. 7.4 NI SCXI 1000 chassis with SCXI 1302 and 1303 terminal blocks
NI-6221 is a multifunction data acquisition board having 37 pins, 16 single ended
analog input channels, 10 digital input/out channels and 2 analog output channels. The
sampling rate for a single analog input channel is 250 KS/s having a resolution of 16 bits
whereas the maximum input voltage range for the analog channel is + 10 volts. The
maximum update rate for single analog output channel is 833 KS/s with a resolution of 16
bits. There are also two counters/timers in the device with a resolution of 32 bits. The device
has an operating temperature range of 0˚C to 55˚C.
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In this research project, constant lubricant supply pressure of 2 bar was maintained
with the help of a feedback Proportional Integral Derivative (PID) controller which is
actually a control loop feedback mechanism The PID controller calculated the difference
between the measured lubricant pressure value and the desired set point value and generated
an error value continuously whereas the controller attempted to reduce or minimize the error
value with respect to time to meet the new value obtained through weighted sum with the
help of hydraulic pump controller (ABB-ASC 150) as shown in figure 7.5. It is also
highlighted that the hydraulic pump speed can also be varied manually to alter the lubricant
supply pressure with the help of hydraulic pump controller.

Fig. 7.5 Hydraulic pump and motor speed controller installed in the test rig
The sensing of lubricant pressure was accomplished by using a Piezo-resistive
pressure transducer. The pressure transducer has an excellent linearity, long term stability and
a wide operating temperature range. The pressure is detected using a four active arms strain
gauge bridge sensor fused to a high-purity ceramic diaphragm. The pressure transducer
converts the applied/sensed pressure into an analog output voltage signal, accordingly. The 05 output voltage signal corresponds to 0-6 bar pressure of the lubricant. Output voltage from
Piezo-resistive pressure transducer was connected to one of the analog input channel of NI6221 multifunction data acquisition board for sampling via the NI SCXI 1302 which is a 50
screws terminal block mounted on the front of SCXI 1180 Feedthrough panel. The pressure
of lubricant entering in the engine head was monitored on the computer screen, continuously.
The acquired voltage signal was used to compute the actual pressure which was also
compared to the set point of 2 bar. Any difference between the measured value and the set
point value was used as a feedback signal to the hydraulic oil pump motor controller via NI
PCI 6221 card for maintaining steady inlet lubricant pressure as shown in figure 7.6. In the
test rig, an analog pressure gauge was also available to monitor the oil pressure as shown in
figure 5.4 of chapter number 5.
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Fig. 7.6 Feedback control loop for oil pressure control

In the developed test rig, the camshaft was driven by an electrical motor via a
feedback controlled variable speed vector flux driver. In the vector control drive method,
stator currents of a 3 phase AC motor can be designated with a vector having magnetic flux
of the motor as one component whereas the torque would be the other. From the torque and
the flux references, the control system of drive computes the corresponding current
components. The proportional integral (PI) controllers are used to maintain the measured
current components at their reference values. The variable speed induction motor is
connected to the controller PARKER 6054 as shown in figure 7.5 which is further connected
to the DAQ system. The speed of the motor can be controlled with the help of controller
through DAQ system to vary the camshaft operating speed which ranged up to 3000 rpm. An
optical encoder has also been installed at the back of electrical motor as shown in figure 8.5
which generated one incremental pulse per half degree of the cam revolution thus producing
720 degrees and one index pulse in a complete cycle. A 32 bits, 80 MHz counter/timer chip of
NI 6221 multifunction DAQ board has been used to compute the time period between each
incremental pulse to determine the instantaneous angular speed of the camshaft and displayed
on the computer screen, continuously. The incremental signal from the optical encoder was
connected to the counter/timer chip of NI 6221 DAQ board via the NI SCXI 1302 50 screws
terminal block mounted on the front of SCXI 1180 Feedthrough panel installed in the first
slot of SCXI 1000 chassis. It is also highlighted that the operating speed of camshaft can also
be varied manually with the help of motor controller PARKER 6054 installed in the engine
test rig. New ‘vi’ whose front panel and block diagram has been shown in figure 7.7 and
figure 7.8, respectively was developed in Labview version 10.0.1. This ‘vi’ was used to
monitor, measure, record and maintain the engine oil pressure, the oil temperature and the
engine speed during the test runs.
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Fig 7.7 Front panel of the developed ‘vi’ to measure engine operating conditions

Fig. 7.8 Block diagram of the developed ‘vi’ to measure engine operating conditions
7.4

Group-2 DAQ System for Roller Rotational Speed and Sliding Measurement
In this research project, the tribological behavior of rollers in terms of their rotational

speed and sliding has been determined by instrumenting six roller finger follower assemblies
simultaneously in the engine valve train. High performance alnico magnet was inserted in
the roller race to act as a target whereas the ultra-miniature Giant Magneto Resistive (GMR)
sensor was installed in the roller finger housing to detect the magnet. During operation, a 5V
Transistor-Transistor logic (TTL) signal was generated by the GMR sensor on detection of
magnet inserted in the roller race as shown in figure 7.9. The details have already been
provided in chapter number 5.
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Fig. 7.9 TTL signal from GMR sensor on detection of magnet

In group 2, three sub DAQ systems were configured to measure the rollers rotational
speed and their slip. Each sub DAQ system is meant to deal with 2 roller followers (GMR
sensors) and is composed of following:


1 x NI compact DAQ (cDAQ-9174) chassis



2 x NI 9401 digital modules



1 x NI 9263 analog module



1 x i3 PC

Complete DAQ arrangement for simultaneous measurement of six rollers rotational speed
and their slip is shown in figure 7.10
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Fig. 7.10 DAQ arrangement to measure simultaneous six roller followers speed
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Each compact DAQ (cDAQ-9174) has four built in counters/timers with a resolution
of 32 bits for edge counting, pulse, period and pulse width etc. which can be accessed
through a digital module or BNC triggers. The counter task such as period or frequency
measurement in the software for operation can be accessed by installing a digital module in
the compact DAQ. The compact DAQ delivers the high speed data and provides the plug and
play simplicity of USB to the sensor and different types of electrical measurement on the
bench top. The ease and simplicity of USB in detection provides clear advantage over other
PC peripheral buses. The compact DAQ has a good operating temperature range of -20˚C to
55˚C making a good choice for this research application. In this research work, the built in
counters of NI cDAQ-9174 were programmed with the help of Labview software to measure
the rotational speed of rollers in the engine valve train. During testing, each compact DAQ
was connected to an independent i3 PC for display and acquisition of data.
The NI 9401 digital module was used to access the built in counter in NI cDAQ-9174
chassis. The module provides 8 TTL digital I/O channels having high speed update rate of
100 ns and are highly compatible in working with compact DAQ counters used in the
research work. These digital I/O channels are grouped in two ports. One group contains 0, 1,
2, 3 channels whereas the second contains 4, 5, 6, and 7 channels. These 8 channels are
internally referenced to COM. The input and output of digital module is TTL and single
ended, respectively having a signal level of 5V. The connection of digital devices with NI
9401 module is shown in figure 7.11.

Fig. 7.11 Digital devices connection with NI 9401 digital module [NI, 2015]
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The output TTL signal of GMR sensor was fed to the NI compact DAQ chassis
counter via the digital module 9401 to measure the time required by the roller to complete
one revolution which was then converted into revolutions per minute for roller speed
measurement purposes. In each sub DAQ system, two NI 9401 digital modules were
employed in a compact DAQ (cDAQ-9174) chassis.
The 16 bit resolution analog voltage output module NI 9263 was used to power the GMR
sensor. The module has four channels with a sample rate of 100 kS/s/ch having a temperature
operating range of -40˚C to 70˚C. Each channel of NI 9263 module has an analog output
(AO) terminal and a common (COM) terminal. Internally, all the common terminals are
connected to the isolated ground reference of the analog module. The load connection and
output circuitry of one channel in NI 9263 module is shown in figure 7.12.

Fig. 7.12 Load connection and output circuitry of one channel in NI 9263 module [NI, 2015]
In this research work, in each sub DAQ system, one NI 9263 module has been
employed in the compact DAQ (cDAQ-9174) chassis to provide power supply to the two
GMR sensors installed on the two different roller finger follower assemblies. The positive
wire of the GMR sensor was connected to the AO terminal whereas the ground wire was
connected to the corresponding common terminal.
The arrangement of two digital modules NI 9401 and one analog voltage output
module NI 9263 in the compact DAQ (cDAQ-9174) chassis for roller rotational speed
measurement is shown in figure 7.13. In order to reduce the electric noise, the measuring
modules and power supply module were placed in the same chassis of cDAQ-9174. Due to
the relatively high update frequency of the sensors at higher camshaft speeds, more than one
computer was required to handle the computational load.
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Fig.7.13 Compact DAQ-9174 having digital and analog modules
During testing, the rollers rotational speeds and their sliding was measured at cam
operating speeds of 300 rpm, 800 rpm, 1400 rpm, 2000 rpm and 2600 rpm whereas the
corresponding glitch of 900, 2500, 4000, 6000 and 9000 was kept in the software
programming. Under no slip condition, cam lobe to roller speed ratio was calculated as
1:2.26, details of which have already been explained in chapter 5. Hence, for above
mentioned cam operating speeds, the corresponding maximum samples of roller rotation to
be acquired would be 12, 30, 53, 76 and 98 per second, respectively. The required samples
were acquired by the developed DAQ system with accuracy. At cam operating speeds of 300
rpm, 800 rpm and 1400 rpm, tests were conducted for fifteen minutes whereas at cam speeds
2000 rpm and 2600 rpm, it was run for ten and five minutes, respectively. For each test run,
the data analysis was carried out on the average of last 5 minutes data. The acquired rollers
rotational data was saved in the PC hard drive which was then transported in Microsoft Excel
Spread Sheets to calculate the roller slip. A complete new ‘vi’ in the Labview was made to
control the DAQ operations and to acquire the data to measure the rollers rotational speeds
and their corresponding sliding in the engine valve train. The front panel and block diagram
of the developed ‘vi’ is sown in figure 7.14 and figure 7.15. The front panel showed the
unfiltered raw data, filtered data and averaged data which was recorded, accordingly. During
the entire testing, the camshaft speed, the oil pressure and the oil temperature was
continuously monitored and recorded as described in chapter number 5.
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Fig. 7.14 Front panel of the ‘vi’ to measure the rollers rotational speed and slip

Fig. 7.15 Block diagram of the ‘vi’ to measure the rollers rotational speed and slip

7.5

Group-3 DAQ System for Oil Film Thickness Measurement at Cam/Roller
Contact
In this research project, group 3 DAQ system was designed and developed to acquire

the output voltage (𝑉𝑜𝑢𝑡 ) data with respect to cam degrees corresponding to the
instantaneous oil film thickness at cam/roller interface in the engine valve train under
different operating conditions. The complete DAQ arrangement used in this particular group
for measuring the oil film thickness is based on the following:-
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Electrical capacitance measurement circuit



NI BNC-2110 connector block



Optical encoder



NI PCI-6123 Data Acquisition Card



i3 PC

The details of the electrical capacitor system developed in the engine valve train by
insulating the roller finger follower assembly and making it as one plate of the capacitor
while designating the earthed camshaft as the second plate of the capacitor have already been
explained in the chapter number 6 along with the details of the electrical capacitance
measurement circuit. The analog output voltage signal (𝑉𝑜𝑢𝑡 ) corresponding to the
capacitance between the cam and roller surfaces has been acquired with respect to cam
degrees. The output voltage has a range of 0-9 volts. Depending on the oil film size, the
distance between the cam and roller surfaces would vary which will change the capacitance
and thus the output signal voltage, accordingly. As the oil film thickness decreases at
cam/roller junction, the output voltage signal would increase and vice versa. When the
contact capacitance at cam/roller junction is zero (i.e. 𝐶𝑐 = 0), there would be zero output
voltage signal (i.e. 𝑉𝑜𝑢𝑡 = 0). Once the infinite contact capacitance (i.e. 𝐶𝑐 = ∞) is experienced
at the contact, the output voltage would be equal to oscillator voltage (i.e. 𝑉𝑜𝑢𝑡 = 9V). The
complete DAQ system arrangement for oil film thickness measurement at cam/roller
interface in the engine valve train is shown in figure 7.16
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Fig. 7.16 DAQ arrangement for oil film thickness measurement at cam/roller interface
NI BNC-2110 is a shielded connector block with BNC connectors for easy connection
to the analog input/output signal and has a terminal block for digital and timing input and
output connections. The BNC-2110 connector block has BNC inputs for 8 differential analog
input channels, 8 analog output channels, 8 digital input/output channels, various
programmable function inputs, counters, timers and user defined terminal blocks. NI BNC2110 connector block used in this DAQ system is shown in figure 7.17
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Fig. 7.17 NI BNC-2110 shielded connector block
In the engine test rig, the 755 series optical encoder was installed at the back of
electrical motor to determine the angular position of the camshaft as shown in figure 7.5.
The optical encoder also acted as an external sampling clock for the DAQ system. The
optical encoder has an accuracy of ± 0·017° and maximum continuous shaft speed of 7500
rpm. The operating temperature ranges from 0°C to +70°C for the optical encoder. In one
complete revolution, the optical encoder generated 720 incremental pulses and an index TTL
signal at the top of cam lift position ‘O’. Since the incremental pulse from the optical
encoder was used as an external trigger to acquire the output voltage signal (𝑉𝑜𝑢𝑡 )
corresponding to the capacitance between the cam and roller surfaces at every 0.5° cam
degree thus capturing 720 readings of (𝑉𝑜𝑢𝑡 ) in complete one cam revolution. At every
testing speed and for each data set, ten complete revolutions of the cam were averaged for
further analysis. Moreover, the index TTL pulse from the encoder was also recorded and
averaged.
NI PCI 6123 multi-function DAQ board has eight hardware timed digital input/output
lines (5V/TTL/COMS) and two 24 bits timers/counters. The provision of digital as well as
the analog triggering is kept in the DAQ. The multi-function DAQ has eight simultaneously
sampled analog inputs, each with a resolution of 16 bits. The sampling rate is 500 𝐾𝑆⁄𝑠 per
channel. The multifunction DAQ has four input analog ranges. The multi-function DAQ
provides deep on board memory of 32 MS per channel. The operating temperature ranges
from 0°C to +50°C for the DAQ. Keeping in view the range of output signal voltage, the
input range of the DAQ is set from –10 volts to +10 volts which gives a resolution of 0.3
mV. The block diagram of NI PCI 6123 multi-function DAQ is shown in figure 7.18.
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Fig. 7.18 Block diagram of NI PCI 6123 multi-function DAQ [NI, 2015]

The maximum testing speed of the cam is 2600 rpm. To acquire 720 data points at this
particular maximum speed, minimum sampling rate of 31.2 𝐾𝑆⁄𝑠 is required whereas the
sampling rate provided by the said NI hardware is 500 𝐾𝑆⁄𝑠 which is much higher than
required. The said DAQ acquired the output voltage data under all operating speeds,
successfully.
The incremental pulse of encoder is connected with the digital channel of NI PCI
6123 DAQ board through PFI4/P1 of NI BNC-2110 connector block as an external
clock/trigger to the hardware for sampling. After every 0.5° degree of the cam angle, the
incremental pulse produced by the encoder triggers the circuitry to acquire the analog output
voltage (𝑉𝑜𝑢𝑡 ) signal via analog input AI0 and has been sampled through analog channel of
NI PCI 6123 DAQ board. The acquired average analog voltage data corresponding to the
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capacitance between the cam and roller surfaces with respect to camshaft angular position is
shown in figure 7.19. Through the port AI, the index pulse of the optical encoder is also read
as an analog input signal and is sampled through analog channel of NI PCI 6123 DAQ board,
simultaneously which was used to determine the angular position of the camshaft. The
acquired values of output voltage signal ( 𝑉𝑜𝑢𝑡 ) and the index pulse were plotted on the same
plot. The output voltage signal values from one index pulse to next index pulse represent the
data of one complete camshaft rotation. The data is recorded for the ten consecutive camshaft
rotations and was averaged to minimize the errors.

Fig. 7.19 Average voltage signal acquisition from the cam/roller pair

Labview version 10.0.1 was used as software for the data acquisition. Two separate
‘vi’ were built in Labview to acquire the oil film thickness data. The first ‘vi’ whose front
panel is shown in figure 7.20 and block diagram in figure 7.21 which was built to acquire the
instantaneous oil film thickness data along with the index pulse of the encoder. For every test,
the data of 10 complete cam cycles was recorded in a separate spread sheet file.
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Fig. 7.20 Front panel of the instantaneous oil film thickness measuring ‘vi’

Fig. 7.21 Block diagram of the instantaneous oil film thickness measuring ‘vi’
Figure 7.19 and figure 7.22 show the front panel and block diagram of the ‘vi’ which
was built to average out the data from the stored spread sheet for 10 complete cam cycles.
The averaged out data was then exported from the ‘vi’ into a new spread sheet. The acquired
averaged output voltage data which was stored in separate new spread sheets for each test
operating condition was further analyzed in Microsoft Excel to obtain the required
instantaneous oil film thickness plots vs camshaft degrees. The operating oil pressure, the
motor speed and the oil temperature was continuously monitored and maintained as described
in chapter 5.
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Fig. 7.22 Block diagram of ‘vi’ measuring the average oil film thickness

7.6

Summary
In this research project, a high speed synchronized DAQ system based on the National

Instrument hardware and Labview software has been configured and employed, successfully.
The data has been acquired to investigate the tribological performance of end pivoted roller
finger follower valve train in terms of sliding of roller followers and oil film thickness
considering the effects of lubricant chemistry and operating conditions. The three
independent groups were configured considering the channels to be sampled which provided
greater flexibility and simplicity in handling. The various operations of DAQ systems were
successfully controlled through Labview programming. The information/data from different
sensor/transducers was sampled, acquired and analyzed with the help of Labview software.
Moreover, the software exhibited high degree of flexibility in programming and compatibility
with NI DAQ hardware system. The capturing of realistic data with the help of the developed
DAQ system can be used to understand the phenomenon under investigation in detail on real
production engine under actual operating conditions which is considered extremely beneficial
to further improve and study the tribological performance of the engine valve train.
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CHAPTER-8
EXPREIMENTAL EVALUATION OF ROLLER SLIDING AND
OIL FILM THICKNESS IN ENGINE VALVE TRAIN
8.1

Preamble
The tribological performance of roller follower valve train is governed largely by the

roller rotational behavior and lubrication conditions at cam/roller interface. This chapter
describes the experimental results of roller sliding and oil film state at cam/roller contact
measured in the engine valve train by using the recently developed techniques which has
been explained in the previous chapters. Comprehensive test programme comprising series of
tests at different camshaft speeds, various oil inlet temperatures using matrix of lubricants
have been undertaken for the intended purpose. The test procedures, initial and repeatability
tests, experimental measurements and results have been explained in detail in this chapter.

8.2

The Objectives
8.2.1

To investigate the effects of camshaft speed, lubricant inlet temperature, oil
rheology, lubricant chemistry and low viscosity oils on the roller sliding and
oil film thickness at cam/roller interface in a real production engine.

8.2.2

To investigate the effects of oil film thickness on the sliding of roller on the
cam surface in the engine valve train.

8.2.3

To validate the theoretical model developed for the end pivoted roller finger
follower valve train with the experimental evidences.

8.2.4

The attainment of realistic roller sliding and oil film data would be extremely
beneficial to further improve the tribological performance of the engine valve
train while providing an opportunity to develop comprehensive models for
detailed studies on the subject.
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8.3

Experimental Methodology
Following experimental methodology was adopted for conducting the tests:8.3.1

Tests were conducted at camshaft speeds of 300 rpm, 800 rpm, 1400 rpm, 2000
rpm and 2600 rpm and at oil inlet temperatures of 25˚C, 60˚C and 95˚C.

8.3.2 To ensure the results were consistent and to have confidence in the test results,
instead of instrumenting only one roller, six roller finger follower assemblies
(1-6) of exhaust side were instrumented simultaneously to monitor the roller
rotational speeds for slip measurement. .Data was acquired from all the rollers.
The oil film thickness at cam/roller contact was measured by instrumenting
the roller finger follower assembly number 3 of exhaust side.
8.3.3

During the tests, engine operating speed, oil inlet temperature and oil pressure
were monitored, continuously. The oil pressure was maintained at 2 bar during
the test run.

8.3.4

Before starting the test, the oil was heated at the required test temperature and
circulated through the engine head oil galleries for two hours to bring the
components at the required operating test temperature.

8.3.5

Flushing procedure was adopted after completion of test on a particular
lubricating oil. After testing of oil, it was drained completely and the pipes were
flushed properly. New test oil was charged in the sump and the oil filter was
replaced. The oil was heated up to 80˚C and circulated through the engine head
while the camshaft was driven at 800 rpm for 15 minutes. After that the oil was
drained completely and fresh sample of the same oil was charged in the sump
for final testing.

8.3.6

During initial tests, it was realized that there was no noticeable change in the
roller speed with time as there was no difference in roller speed in the start and
at the end of 20 minutes of running test. To be on the safe side and to ensure the
instrumented roller last long, the duration of tests at higher camshaft operating
speed was therefore reduced.

8.3.7

At camshaft speeds of 300 rpm, 800 rpm and 1400 rpm, the tests were run for
20 minutes whereas at camshaft speeds 2000 rpm and 2600 rpm, it was run for
ten and five minutes, respectively.
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8.3.8

In this experimental research work, six model lubricants were tested. The
details of the lubricants are given in table 7.1.

Oil
code

KV40 – 100
(cSt)

Base oil
(Group)

AW
(antiwear)

FM
(Friction
modifier)

A

17.64 – 3.9

IV

-

-

B

46.36 – 7.8

IV

-

-

C

19.56 – 4.2

III

-

-

D

17.66 – 3.9

IV

E

17.86 – 4.0

IV

F

40.85 – 9.3

SAE 0W20

-

Relative
Permittivity
2.08
2.13
2.09
2.10
2.11
2.12

Table 8.1 Details of the test lubricants

8.4

Initial Testing and Data Processing of Roller Speed Monitoring System
To calculate the roller sliding, analysis was carried out on the last 5 minutes of the

data for each test run. Snapshots of raw data for the complete duration of running test for
roller number 3 of exhaust side at oil inlet temperature of 25 ̊C, 60 ̊C and 95 ̊C are shown in
figure 8.1, figure 8.2 and figure 8.3, respectively.
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Fig. 8.1 Snapshot of roller rotational speed raw data at 25 ̊C
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Fig. 8.2 Snapshot of roller rotational speed raw data at 60 ̊C
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Fig.8.3 Snapshot of roller rotational speed raw data at 95 ̊C
In the above figures, it can be realized that the roller rotated with uniform speed under
different test conditions. The measurement system based on the GMR sensor exhibited high
performance and monitored the roller rotational behavior successfully in the engine valve
train. No issues like missing of peak, double peak or saturation of sensor were observed in the
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output signal which provided great confidence to undertake the test programme with greater
accuracy and reliability.
8.5

Repeatability Test of Roller Speed Monitoring System
Three complete repeat tests were conducted to verify the repeatability and consistency

of experimental measurements with newly developed test equipment and data acquisition
system to ensure sensor behavior. These tests were conducted at oil temperatures of 25˚C,
60˚C and 95˚C with camshaft speeds of 300 rpm, 800 rpm, 1400 rpm, 2000 rpm and 2600
rpm, respectively using 4cSt base oil ‘A’. In the repeatability tests, the roller speed
measurement results of roller number 3 of exhaust side at various camshaft operating speeds
and different bulk temperatures are shown in figures 8.4-8.8.
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Fig.8.4 Roller rotational speed at cam speed of 300 rpm in repeat tests
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Fig.8.5 Roller rotational speed at cam speed of 800 rpm in repeat tests
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Fig.8.6 Roller rotational speed at cam speed of 1400 rpm in repeat tests
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Fig.8.7 Roller rotational speed at cam speed of 2000 rpm in repeat tests
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Fig.8.8 Roller rotational speed at cam speed of 2600 rpm in repeat tests

In the tests, high degree of consistency and repeatability was achieved which reflected
the accuracy and reliability of the complete measurement system. The GMR sensor worked
very well under all operating conditions indicating its strong suitability for roller rotational and
sliding measurement in the engine valve train. Moreover, the repeatability results also
indicated clearly that the true effects of lubricant additives and different operating on the roller
sliding can be investigated comprehensively with greater accuracy.
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8.6

Results of Roller Rotational Speed and Percentage Slip
The experimental research work is based on series of tests conducted at different

camshaft rotational frequencies using six model lubricants containing additives under
different bulk operating temperatures. The effects of camshaft speed, lubricant inlet
temperature, oil rheology, lubricant chemistry and low viscosity oils on the rollers sliding
have been investigated comprehensively in a real production engine under actual operating
conditions. Six end pivoted roller finger follower assemblies (1- 6 of exhaust side) of Toyota
1NZK engine valve train were instrumented for simultaneous measurement and the data was
recorded from all. The roller rotational speed and percentage slip of roller follower one to
six has been presented in figures 8.9 to figure 8.38.
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Fig.8.9 Roller speed and percentage slip of roller # 1 at cam speed of 300 rpm
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Fig.8.10 Roller speed and percentage slip of roller # 1 at cam speed of 800 rpm
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Fig.8.11 Roller speed and percentage slip of roller # 1 at cam speed of 1400 rpm
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Fig.8.12 Roller speed and percentage slip of roller # 1 at cam speed of 2000 rpm
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Fig.8.13 Roller speed and percentage slip of roller # 1 at cam speed of 2600 rpm
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Fig.8.14 Roller speed and percentage slip of roller # 2 at cam speed of 300 rpm
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Fig.8.15 Roller speed and percentage slip of roller # 2 at cam speed of 800 rpm
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Fig.8.16 Roller speed and percentage slip of roller # 2 at cam speed of 1400 rpm
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Fig.8.17 Roller speed and percentage slip of roller # 2 at cam speed of 2000 rpm
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Fig.8.18 Roller speed and percentage slip of roller # 2 at cam speed of 2600 rpm
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Fig.8.19 Roller speed and percentage slip of roller # 3 at cam speed of 300 rpm
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Fig.8.20 Roller speed and percentage slip of roller # 3 at cam speed of 800 rpm
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Fig.8.21 Roller speed and percentage slip of roller # 3 at cam speed of 1400 rpm
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Fig.8.22 Roller speed and percentage slip of roller # 3 at cam speed of 2000 rpm
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Fig.8.23 Roller speed and percentage slip of roller # 3 at cam speed of 2600 rpm
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Fig.8.24 Roller speed and percentage slip of roller # 4 at cam speed of 300 rpm
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Fig.8.25 Roller speed and percentage slip of roller # 4 at cam speed of 800 rpm
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Fig.8.26 Roller speed and percentage slip of roller # 4 at cam speed of 1400 rpm
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Fig.8.27 Roller speed and percentage slip of roller # 4 at cam speed of 2000 rpm
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Fig.8.28 Roller speed and percentage slip of roller # 4 at cam speed of 2600 rpm
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Fig.8.29 Roller speed and percentage slip of roller # 5 at cam speed of 300 rpm
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Fig.8.30 Roller speed and percentage slip of roller # 5 at cam speed of 800 rpm
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Fig.8.31 Roller speed and percentage slip of roller # 5 at cam speed of 1400 rpm
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Fig.8.32 Roller speed and percentage slip of roller # 5 at cam speed of 2000 rpm
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Fig.8.33 Roller speed and percentage slip of roller # 5 at cam speed of 2600 rpm
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Fig.8.34 Roller speed and percentage slip of roller # 6 at cam speed of 300 rpm
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Fig.8.35 Roller speed and percentage slip of roller # 6 at cam speed of 800 rpm
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Fig.8.36 Roller speed and percentage slip of roller # 6 at cam speed of 1400 rpm
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Fig.8.37 Roller speed and percentage slip of roller # 6 at cam speed of 2000 rpm
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Fig.8.38 Roller speed and percentage slip of roller # 6 at cam speed of 2600 rpm
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During testing, it was observed that the rotational speed of different rollers were
almost the same and behaved identically with the change of operating conditions. This aspect
has been highlighted in figure 8.39 by showing the rollers rotational speed of 1-6 number
rollers at low camshaft speed of 300 rpm, 1400 rpm and very high speed of 2600 rpm with
4cst oil ‘A’ at oil inlet temperature of 25˚C. Considering this factor, the rotational and sliding
behavior of roller number 3 of exhaust side has been explained in detail in the succeeding
paragraphs.
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Fig.8.39 Rotational speed of different rollers at camshaft speed 300 rpm, 1400 rpm and 2600 rpm

8.7

Initial Testing and Data Processing of Oil Film Thickness Measurement System
The roller finger follower assembly number 3 of exhaust side was instrumented to

measure the oil film thickness at cam/roller contact using recently developed technique
described in the previous chapter. During the testing, variations in the output voltage signal
( 𝑉𝑜𝑢𝑡 ) due to change in capacitance between the interacting surfaces of cam and roller
corresponding to the oil film thickness was acquired for the complete camshaft operating
cycle. The acquired output voltage profile corresponding to the contact capacitance against
camshaft angular positions for 4cSt group IV single grade oil ‘A’ at 1400 rpm is shown in
figure 8.40.
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Fig. 8.40 Output voltage profile corresponding to contact capacitance
The output voltage ( 𝑉𝑜𝑢𝑡 ) magnitude was found as less than the 9 volts indicating
that the electrically insulating oil film remained present at cam/roller junction to separate the
interacting surfaces. Relatively higher magnitude of output voltage indicated the reduction in
oil film thickness at cam/roller contact whereas the low voltage indicated the thicker oil film.
The output voltage data corresponding to oil film thickness was recorded under stable engine
conditions and average of ten consecutive camshaft cycles were taken to compute the oil film
thickness at cam/roller contact to minimize the error in the output reading.
During the start-up of test run and on change of operating test conditions, high voltage
spikes of 9 volts with noisy signal were also observed indicating short lived asperity contact
between the heavily loaded non conformal surfaces of cam and roller for extremely short
span of time which disappeared very soon in several seconds of engine operation and signal
noise also reduced, accordingly. Due to short lived asperity contact between cam and roller
surfaces, it may be expected that the contact geometry of the mating surfaces may change
during the test run which could affect the values of oil film thickness. Hence, in order to
quantitatively assess the change which it may have on the oil film thickness values, repeat
tests with 4cSt group IV single grade base oil ‘A’ was carried out for all three test operating
temperatures at all operating speeds of camshaft. The results were compared to find
magnitude of any systematic/random errors. No noticeable systematic/random errors were
observed in the output voltage signal corresponding to contact capacitance indicating nonwearing of camshaft and roller surfaces during the test programme.
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During the initial tests, it was observed clearly that oil film thickness plots using oil
‘D’ containing anti-wear agents and oil ‘E’ containing both friction modifier and anti-wear
agents were identical as that of the 4cSt group IV base oil ‘A’ having almost the same
viscosities while operating under similar conditions. It was also established that the
percentage roller sliding was somewhat the same for these oils. This can be verified by
comparing the sliding of roller number 3 with oil ‘A’, oil ‘D’ and oil ‘E’ as shown in figures
8.19-8.23. Moreover, it can also be realized that the electrical capacitance technique cannot
detect the surface chemistry resulting into identical oil film thickness plots for oil ‘A’, ‘D’,
and ‘E’. Hence, the measurement of oil film using oil ‘D’ and ‘E’ would not be meaningful.
Keeping these factors in view, the oil ‘D’ and oil ‘E’ were not used in the comprehensive
testing to measure the oil film thickness at cam/roller contact.
8.8

Repeatability of Measurements of Oil Film Thickness
Two comprehensive repeat tests at oil inlet temperatures of 25˚C, 60˚C and 95˚C with

camshaft speeds of 300 rpm, 800 rpm, 1400 rpm, 2000 rpm and 2600 rpm, respectively were
carried out using 4cSt oil ‘A’ to verify the repeatability of OFT measurements with newly
developed test equipment, recently developed electrical capacitance measurement system,
data acquisition and processing system. Excellent repeatability/consistency in the results were
obtained in the repeatability tests. Some OFT plots in the repeat runs under different
operating conditions for complete cam cycle is shown in figures 8.41-8.45.
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Fig. 8.41 Oil film thickness profile at 300 rpm and 25˚C in repeat runs
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Fig. 8.42 Oil film thickness profile at 800 rpm and 25˚C in repeat runs
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Fig. 8.43 Oil film thickness profile at 1400 rpm and 25˚C in repeat runs
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Fig. 8.44 Oil film thickness profile at 2000 rpm and 60˚C in repeat runs
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Fig. 8.45 Oil film thickness profile at 2600 rpm and 95˚C in repeat runs

From the above mentioned figured, it can be realized that in most of the instantaneous
OFT graphs, the data points were superimposed in various cam lobe regions indicating that
the measurement system as deemed suitable to undertake the test programme with greater
accuracy and reliability. The developed capacitor system in the engine and electrical
capacitance measurement circuit worked well under all operating conditions, fully supported
by advanced data acquisition system to measure the OFT at cam/roller contact interface in the
engine valve train under realistic environment.
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8.9

Evaluation of Oil Film Thickness under Different Operating Conditions
In this section, the effects of different parameters on the instantaneous oil film

thickness at cam/roller contact has been explained with the help of plots. The variations of oil
film thickness using 4cSt oil ‘A’ at different camshaft speeds at 25˚C and 95˚C have been
shown in figure 8.46 and figure 8.47, respectively highlighting the effects of operating speed
which influences the lubricant entrainment velocity and thus the oil film thickness,
accordingly. It can be realized that the oil film thickness increases correspondingly with an
increase in engine operating speed which is also expected from the EHD theory. The
lubricant entraining velocity increases substantially with increase in the speed dragging more
oil at the cam/roller contact region thereby improving the oil film thickness. In the cam flank
areas, the response is relatively more producing thicker oil film where the lubricant entraining
velocity is also high. The oil film reduces markedly in the cam nose region where the contact
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Fig. 8.46 Oil film thickness profiles for 4cSt oil ‘A’ at 25˚C at different cam speeds
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Fig. 8.47 Oil film thickness profiles for 4cSt oil ‘A’ at 95˚C at different cam speeds

To highlight the effects of operating temperature (viscosity), the plots of oil film
thickness for 4cSt group IV oil ‘A’ at 300 rpm and 2600 rpm at oil inlet temperature of 25˚C,
60˚C and 95˚C have been shown in figure 8.48 and figure 8.49. The operating temperature
has a direct impact on the viscosity of lubricant. Rise in operating temperature will reduce the
oil viscosity and thus the oil film thickness at cam/roller contact and vice versa. It can be
observed that an increase in viscosity of lubricant will increase the oil film thickness over the
complete cam active cycle as also expected from the EHD theory. In investigating the oil film
thickness in engine bearings, Bates and Benwell [94] found that the changes with oil
viscosity are independent of angular position in the operating cycle whereas in case of
cam/roller pair in the valve train, the oil film profiles clearly indicated that the magnitude of
variation associated with the viscosity is depended strongly upon the angular position of the
cam in the complete operating cycle. The response of viscosity in increasing the oil film
thickness is much pronounced in the cam flank areas whereas it is relatively less in the
minimum oil film region as the cam nose area.
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Fig. 8.48 Oil film thickness profiles for 4cSt oil ‘A’ at 300 rpm with different operating
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Fig. 8.49 Oil film thickness profiles for 4cSt oil ‘A’ at 2600 rpm with different operating
temperatures

8.10

Investigation of Roller Rotational Behavior and Sliding in Engine Valve Train
In this section, the effects of different parameters such as camshaft operating speed, oil

inlet temperature, lubricant rheology and various oil additives on the roller rotational behavior
and sliding in the engine valve train have been explained in detail based on the experimental
results as highlighted in the section 8.5. Moreover, the effects of experimentally measured oil
film thickness on the roller slip have also been described, comprehensively.
The rotational speed of roller number 3 at three different test operating temperatures
using 4cSt oil ‘A’ with various camshaft operating speeds is shown in figure 8.50. It can be
observed from the test results that the rotational speed of the roller varies in accordance to the
change in camshaft speed. At relatively low camshaft speeds of 300 rpm and 800 rpm at all
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three test temperatures, the rotational speed of roller was found almost similar. In this
situation, the entrainment velocity of lubricant is relatively less due to lower camshaft speed
resulting into reduced oil film thickness at the mating surfaces of cam and roller. Thus, the
traction force at cam/roller junction would be relatively high meeting the rolling requirements
and would keep the roller rolling on the cam surface without noticeable sliding. The oil
viscosity may have little to no effect on the roller rotational speed at such low camshaft
operating speeds due to relatively higher mixed to boundary lubrication conditions.
At relatively high camshaft operating speeds of 1400 rpm, 2000 rpm and 2600 rpm
under low oil inlet temperature of 25 ̊C, the roller rotational speed is relatively less as
compared to the roller speed at 60 ̊C and 95 ̊C under the influence of roller slip, as shown in
figure 8.50. At 25 ̊C and cam speeds of 1400 rpm, 2000 rpm and 2600 rpm, the viscosity of
lubricant would be relatively high due to low temperature whereas the magnitude of lubricant
entraining velocity would also be high due to the higher operating speeds. The combined effect
of higher lubricant viscosity and entrainment velocity would result in relatively thicker oil film
thickness at cam/roller contact zone which would reduce the traction force, greatly. The weak
traction force between cam and roller may not be able to keep the roller rolling on the cam
surface leading to roller sliding and resulting into relatively lower roller rotational speed. At
relatively higher operating temperatures of 60 ̊C and 95 ̊C, the viscosity of oil reduced
significantly resulting in increased traction force at cam/roller contact due to mixed to
boundary lubrication conditions. Thus, reduction in roller slip and improvement in the roller
rotational speed, can be clearly seen.
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Fig.8.50 Roller rotation speed at oil inlet temperature 25˚C, 60˚C and 95˚C
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The rotational speed of roller and its sliding on the cam surface is mainly governed by
the traction force at the cam/roller junction, needle bearing friction torque and roller moment
of inertia [95]. The sliding of rollers occurs once the rolling requirements are not fulfilled and
the traction force at cam/roller contact zone is unable to keep the roller rolling on camshaft
surface. The traction force in turn is influenced by many factors like contact loading, oil
viscosity, camshaft speed, surface roughness of mating surfaces of cam and roller, type of
lubricant and oil pressure in the hydraulic lash adjuster.
At low camshaft operating speed of 300 rpm, hardly any roller sliding was noticed for
all the test lubricants except for oil ‘B’ at oil temperature of 25 ̊C, figure 8.51.
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Fig.8.51 Percentage slip at 300 rpm under different oil inlet temperatures

In this operating condition, the lubricant viscosity would be relatively high due to low
temperature but the lubricant entraining velocity is less because of low camshaft operating
speed resulting in reduced oil film thickness at cam/roller interface. The average oil film
thickness was found to be less than 2.5 microns for a complete cam operating cycle for all the
test oils as shown in figure 8.52. This reduced oil film thickness would improve the traction
force at cam/roller interface, considerably resulting into no notice able roller slip. The
maximum percentage roller slip of 3.2% with corresponding oil film thickness of 2.310
microns was recorded for base oil ‘B’ which has the highest viscosity in the matrix of test
lubricants. This high viscosity of oil ‘B’ has resulted in relatively greater oil film thickness at
cam/roller junction leading to the roller sliding. At higher operating temperature of 60˚C and
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95˚C, the lubricants viscosity has reduced significantly leading to thin oil film at cam/roller
junction. The average oil film thickness was found to be less than 2 microns for all the test
lubricants under these conditions thereby improving the traction drive at cam/roller contact
and elimination of any roller sliding on the cam surface.
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Fig.8.52 Average oil film thickness at 300 rpm under different oil inlet temperatures
At 800 rpm with oil inlet temperature of 25˚C, the percentage roller sliding increased
significantly especially for relatively higher viscosity oil ‘B’ and SAE 0W20 oil ‘F’ as shown
in figure 8.53. Under these operating conditions, the maximum percentage roller slip of
25.6% with corresponding average oil film thickness of 3.068 microns was observed for 8cSt
oil ‘B’ whereas as a sliding value of 4.9% for oil ‘F’ with corresponding average oil film
thickness of 2.748 microns was recorded. The relatively higher percentage roller sliding
indicates that the traction force at cam/roller interface is not sufficient to keep the roller
rolling on the cam surface. At these operating conditions, the oil film thickness has increased
substantially at the cam/roller contact under the influence of relatively greater oil viscosity
and lubricant entraining velocity as shown in figure 8.54. The relatively greater oil film
would considerably reduce the traction force at cam/roller interface and may not be able to
fulfill the pure rolling requirements resulting into substantial roller slip. The measured results
clearly indicate that increase in oil film thickness (viscosity) played an important role in the
sliding of roller on the cam surface during actual engine operation. Comparing the percentage
roller slip for different oils in figure 8.53, it is clear that at 25˚C, mineral oil has higher slip
percentage than synthetic oil of same grade oil. The same becomes clear, if the oil film
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thickness data is also compared. At 800 rpm with higher lubricant inlet temperature of 60⁰C
and 95⁰C, there was no noticeable roller slip except for the oil ‘B’ which was recorded as

Percentage slip

0.5% at 60˚C as shown in figure 8.53.
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Fig.8.53 Percentage slip at 800 rpm under different oil inlet temperatures
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Fig.8.54 Average oil film thickness at 800 rpm under different oil inlet temperatures

At higher camshaft operating speed of 1400 rpm, relatively increased roller sliding
was observed for all the test oils at low lubricant inlet temperature of 25˚C. The roller sliding
ranged up to 29.9% for 8cSt oil ‘B’ as shown in figure 8.55. Relatively greater oil film is
present at the cam/roller contact zone under the influence of increased lubricant entrainment
velocity and oil viscosity as shown in figure 8.56. The required traction force at cam/roller
interface would be comparatively less resulting in higher roller slip. The percentage roller slip
of 9.5, 29.9, 12.7 and 14.8 was observed with corresponding average oil film thickness of
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2.801 microns, 3.970 microns, 2.998 microns and 3.483 microns for test oil ‘A’, ‘B’, ‘C’ and
‘F’, respectively. By comparing the film thickness of all the oils with the corresponding roller
percentage slip, one can clearly see that the roller slip increases with the corresponding
increase in the oil film thickness. The roller inertia would also play an important role at
relatively higher operating speeds requires larger traction force at cam/roller interface to meet
the pure rolling requirements.
At such speeds, the contact loading at cam/roller interface is relatively high due to
higher cam operating speed as the inertial forces of reciprocating masses come into play
strongly. It may not be able to increase the traction force at such a level to prevent the roller
sliding as the relatively greater oil film is present at cam/roller contact junction thereby
reducing the traction force, substantially and resulting in roller slip. The roller slip of 10.3%
was recorded for oil ‘D’ containing anti-wear agent. One can argue that the slight increase in
roller slip for oil ‘D’ as compared to 4cSt base oil ‘A’ may be attributed to the formation of
surface layers developed by the anti-wear agents on the metallic interacting surfaces of cam
and roller thereby reducing the traction drive. The roller slip of 8.4% was recorded for oil ‘E’
having combination of friction modifier and anti-wear agent. The weakly attached friction
modifier molecules with the mating surfaces of cam and roller may help in increasing the
shear friction at high speed of 1400 rpm thereby increasing the traction force at cam/roller
interface resulting in relatively reduced roller slip. The roller sliding reduced considerably at
higher lubricant inlet temperatures due to reduced oil viscosity thereby improving the traction
force at cam/roller interface. At 60˚C and 95˚C, there was hardly any noticeable roller sliding
except at lubricant inlet temperature of 60˚C for relatively more viscous oil ‘B’ and multi
grade oil ‘F’ which was recorded as 6.6 % and 0.5%, respectively.
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Fig.8.55 Percentage slip at 1400 rpm under different oil inlet temperatures
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Fig.8.56 Average oil film thickness at 1400 rpm under different oil inlet temperatures
At camshaft speed of 2000 rpm with low oil inlet temperature of 25˚C, the reduction
of roller percentage sliding was observed for 8cSt oil ‘B’. The percentage roller sliding was
reduced from 29.9% to 26.1% once the camshaft speed was increased from 1400 rpm to 2000
rpm as shown in figure 8.57. The average oil film thickness of 4.894 microns was recorded
for 8cSt oil ‘B’ at this stage as shown in figure 8.58 which was 23.27% higher than at 1400
rpm. This can be explained if the contact loading and drag due to shear of lubricant is taken
into account, simultaneously. At high operating speed, the contact loading will increase
substantially under the influence of inertial force of the reciprocating masses. Moreover, the
drag due to the shear of lubricant would also be relatively high under such high operating
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speeds. The combined effect of contact loading and the drag due to shear of lubricant would
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reduce the slip at cam/roller interface, considerably.
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Fig.8.57 Percentage slip at 2000 rpm under different oil inlet temperatures
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Fig.8.58 Average oil film thickness at 2000 rpm under different oil inlet temperatures

This trend of reduction of roller siding at higher operating speeds for more viscous oil
was not seen at higher operating temperatures because of relatively low lubricant viscosity
leading to reduced shear drag force at cam/roller interface. At operating temperature of 60˚C,
maximum roller sliding of 10.4% and 2.7% was observed for oil ‘B’ and oil ‘F’, respectively
whereas at oil temperature of 95˚C, the maximum roller sliding of 0.6% for 8cSt oil ‘B’ was
observed .
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It is evident from the test results that there is a substantial increase in sliding of roller
as the camshaft speed increases from 800 rpm to 2000 rpm. But the increase in slip decreases
to a greater extent as the camshaft speed increased from 2000 rpm to 2600 rpm as shown in
figure 8.59. At camshaft speed of 2600 rpm and oil inlet temperature of 25⁰C, the maximum
average oil film thickness of 5.845 microns was recorded for 8cSt oil ‘B’ as shown in figure
8.60. Such behavior of increase and then decrease in slip with camshaft speed was not
reported in previous studies. A noticeable increase in roller slip was evident for oil ‘B’ at oil
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inlet temperature 95˚C with camshaft speed of 2600 rpm.
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Fig.8.59 Percentage slip at 2600 rpm under different oil inlet temperatures
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Fig.8.60 Average oil film thickness at 2600 rpm under different oil inlet temperatures
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Comparing the results of oil ‘A’ and oil ‘C’, one can clearly see that there is little but
repeatable difference in the roller slip between synthetic and mineral oils with mineral having
higher roller slip than the synthetic oil for almost same viscosity. Although there is no
evidence to support this argument but the situation can be explained by considering the
molecular structure of the lubricants. The mineral oils due to low refining process usually
have inconsistent molecular size and chains as compared to the synthetic oils. This irregular
lubricant structure would result in non-uniform traction force at cam/roller interface there by
increasing the tendency of roller slip in the engine valve train.
Looking at the behavior of different oils on the roller slip, it is clear that the viscosity
plays a key role in roller sliding. Oil ‘B’ and the fully formulated oil ‘F’ showed the most slip
with increase in camshaft speed at lower oil inlet temperatures. At oil inlet temperature of
95˚C, rise in slip was seen for oil ‘B’ whereas for the relatively same viscosity lubricant oil
‘F’, no slip was observed at lower camshaft speeds. By comparing the results of both the oils
at higher camshaft speeds, it is clear that the presence of viscosity index improver reduces the
roller sliding at higher operating temperature especially when the relatively small oil film is
present at cam/roller interface.
Comparing the results, the slight increase in roller slip for oil ‘D’ containing anti-wear
agents as compared to 4cSt base oil ‘A’ may be attributed to the formation of surface layers
developed by the anti-wear agents on the metallic interacting surfaces of cam and roller
thereby reducing the traction drive. In case of oil ‘E’, the weakly attached friction modifier
molecules with the mating surfaces of cam and roller may help in increasing the shear friction
at high speed thereby increasing the traction force at cam/roller interface resulting in
relatively reduced roller slip.
A particular phenomenon of negative slip with extremely low value was also observed
at higher oil inlet temperatures. At oil inlet temperature of 60˚C and camshaft speed of 300
rpm, the value of negative slip was recorded as -0.4% for 4cSt oil ‘C’ whereas at 95˚C and
camshaft speeds of 800 rpm and 1400 rpm, the negative slip were recorded as -0.2% and0.1% for 4cSt oil ‘A’, respectively. The presence of negative slip at cam/roller interface was
also identified by Duffy [33] in his previous research work. The phenomenon of negative slip
can be explained if inertia of roller is taken into account. Though roller possesses lower
inertia due to low mass but as the instantaneous camshaft surface velocity reduces rapidly
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particularly in the cam falling flank, roller tries to maintain its rotational speed under the
action of its inertia resulting into the negative slip [96].
In these tests, high value of roller slip was recorded as compared to the values reported
in previous studies [33, 34]. Thanks to the development of an effective way of monitoring
roller rotation with little to no modification to the components under study. The GMR sensor
technique allowed us to understand the effects of engine operating conditions, oil rheology,
low viscosity oils and lubricant chemistry on the roller slip using original valve train
components and engine head.
8.11

Summary
An advanced real production gasoline engine employing end pivoted roller finger

follower valve train has been instrumented, for the very first time, to investigate the roller
sliding and oil film state at cam/roller interface under realistic environment. Effects of
operating conditions, oil rheology, lubricant chemistry, low viscosity oils and oil film
thickness on the sliding of roller have been investigated in detail under actual operating
conditions. The experimental results confirmed not only the existing of roller slip but also
revealed high value of slip as compared to previously reported research.
It is clear from the results that as the camshaft speed increased there was a
corresponding increase in the roller slip especially at operating temperature of 25˚C. The rise
in percentage sliding of roller with corresponding increase in camshaft speed was observed
from 300 rpm to 2000 rpm. The trend in reduction of roller slip was observed at very high
camshaft operating speed of 2600 rpm which is attributed to rise in drag due to shear of
lubricant and substantial rise in contact loading which kept the rolling on the cam surface
resulting into the reduced roller slip. Experiments also revealed that at high temperature of
60˚C, percentage roller slip was reduced substantially due to decrease in oil viscosity and
improvement of traction force at cam/roller interface. At 95 ˚C, slip was observed at only
high camshaft speeds for viscous oil ‘B’. Better lubrication conditions at the cam/roller
contact were also recorded which are attributed to dominance of rolling motion. It was
observed clearly that the increase in oil film thickness at cam/roller interface increased the
tendency of roller slip due to weak traction force. Negative slip was also observed at high oil
inlet temperatures indicating that roller inertia also plays a role in the roller slip. The overall
percentage slip was high for 8cSt oil ‘B’ and SAE 0W20 oil ‘F’ indicating that viscosity
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plays a leading role in the slip of rollers. Relatively less but repeated effect of base oil was
clearly seen with mineral oil causing more roller slip than the synthetic oil for same viscosity.
The experimental data reported in this work can be used by the researches for
validating complex mathematical models. It is strongly believed that the developed
experimental techniques can be adopted for detailed tribological studies thereby investigating
the effects of coatings, surface texturing and different materials on the roller slip in roller
follower valve train engines. Moreover, the measurement systems will provide an opportunity
not only to the lubricant formulators to investigate the effectiveness of

different oil

formulations but also to the engine component designers to further improve the tribological
performance of engine valve train having roller followers using different coatings.
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CHAPTER-9
CORRELATION OF THEORETICAL PREDICTIONS AND
EXPERIMENTAL EVIDENCES
9.1

Preamble
In this chapter, the theoretical predictions on the rollers sliding and oil film thickness

at cam/roller junction in the engine valve train have been correlated with the experimental
measurements. The developed numerical approach to understand the tribological
characteristics of the valve train and to predict the various important tribological parameters
has already been explained in the chapter number 4. The Toyota 1NZK engine was
instrumented to measure the rollers sliding and oil film thickness experimentally with special
emphasis on the investigation of the effects of different operating conditions, lubricant
rheology and lubricant chemistry. The chapter has been structured in such a way that initially,
the theoretical predictions of some important tribological parameters have been presented
followed by a brief explanation of the experimental evidences and finally their correlation.

9.2

The Theoretical Predictions
A comprehensive numerical approach for end pivoted roller finger follower valve

train with overhead camshaft configuration has been developed and programmed in
MATLAB which can predict different important tribological parameters including the roller
sliding and oil film thickness at cam/roller interface. The kinematic analysis has been carried
out to predict the motion parameters and various geometrical angles at the mating surfaces of
cam and roller follower. The analysis provided the information about the velocity of contact
point with respect to cam surface and velocity and acceleration of the valve which would also
be required while predicting the contact loading at cam/roller interface. Moreover, the radius
of curvature of cam and roller follower and equivalent radius of curvature are also evaluated.
The equivalent radius of curvature remains smallest in the cam nose, greatest on the cam
flanks and constant on the base circle regions.
In the next important step, the dynamic analysis has been carried out to provide the
information on the contact loading at cam/roller interface which would be required for stress
prediction and lubrication analysis in the valve train. The forces associated with the
cam/roller operation would include the spring force, inertia force, friction force, damping
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effects and the dynamic deflection. In the development of numerical approach, the dynamic
deflection and damping effects were neglected assuming the mechanism as rigid. The contact
loading at cam/roller interface has been predicted on the cam operating speeds of 300 rpm,
800 rpm, 1400 rpm, 2000 rpm and 2600 rpm, same operating speeds at which the
experimentation has been conducted. At 300 rpm and 800 rpm, the contact loading at
cam/roller interface is shown in figure 9.1. At lower speed of 300 rpm, the contact loading is
mostly influenced by the spring force and can be experienced mostly in the cam nose area
whereas at relatively higher cam operating speed of 800 rpm, the contact loading mainly at
the cam nose and flanks regions are under the influence of inertial forces of various
reciprocating masses. At 1400 rpm, it is mostly found in cam flanks as shown in figure 9.2.
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Fig. 9.1 Contact loading at cam/roller interface at 300 rpm and 800 rpm
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Fig. 9.2 Contact loading at cam/roller interface at 1400 rpm
At higher camshaft operating speeds of 2000 rpm and 2600 rpm, the contact loading
is mainly governed by the inertial forces and can be mostly experienced in the cam flank area
with relatively greater magnitude as shown in figure 9.3. It can also be realized that the
acceleration of the follower possesses the negative values around the cam nose region. At
higher cam operating speeds, it becomes more negative in the cam nose thus the contact
loading decreases in this region, accordingly. The said trend can be observed in figure 9.2 and
figure 9.3.
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Fig. 9.3 Contact loading at cam/roller interface at 2000 rpm and 2600 rpm
In cam/follower mechanism, the contact stress should be kept as low as possible to
minimize the likely chances of pitting and scuffing failure. The developed numerical
approach can also provide very useful information about the maximum Hertzian stress which
is usually adopted as design criterion in cam and roller follower design. It has also been
shown by the lubrication analysis that the Hertzian pressure distribution offers good
approximation to the lubricant pressure distribution at cam/follower contact region. The nonconformal line contact exists in cam/roller interaction which can be demonstrated by the
Hertzian contact theory. The maximum Hertzian stress, pressure distribution and the
dimensions of the cam/roller contact area have been predicted by adopting the Hertzian
theory.
In the tribological analysis, the prediction of oil film thickness at the mating surfaces
of cam and roller is one of the key objectives. The developed model enabled a quick analysis
of oil film thickness at cam/roller contact under different operating conditions. It has been
recognized that the roller follower valve train enjoys better lubrication conditions due to the
dominance of the rolling motion. The lubricant entraining velocity plays an important role on
the oil film thickness. Increase in lubricant entraining velocity will enhance the oil film
thickness, substantially. In the cam/roller contact region, the entraining velocity varies both in
direction and magnitude due to the rotation of the roller follower. In the development of
numerical approach, the mean entraining velocity has been used to predict the minimum and
central oil film thickness at cam/roller junction. It has also been observed that the rise in
lubricant viscosity would increase the oil film thickness, significantly. Since the oil film
thickness has been measured experimentally hence the profiles predicted by the developed
model have been presented along with the measured oil film profiles for correlation purpose
in the succeeding paragraphs.
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In the roller follower valve train, the friction arising between the mating surfaces of
cam and roller is caused by the shearing of the lubricant and the asperities contact. The
friction due to shear of lubricant is further composed of sliding and rolling friction. In the
developed model, Non-Newtonian effects of lubricant were also considered by adopting the
rheological model presented by Evans and Johnson [75]. The asperity contact force and the
real area of contact have been predicted by following the approach put forward by
Greenwood and Tripp [74]. The friction forces due to shear of lubricant and asperities
interactions are calculated separately and then summed to predict the total frictional force at
cam/roller interface.
In the roller follower valve train, the rotation of roller follower is governed mainly by
the friction force at cam/roller contact interface, inertia force of roller and friction force of
needle roller bearing. The sliding of roller on the cam surface would occur, once the traction
force at cam/roller interface is unable to keep the roller rolling on the cam surface. The model
can predict the roller sliding on the cam surface under different operating conditions. It has
been predicted that an increase in cam operating speed would enhance the tendency of rollers
sliding as the roller inertia would play an important role. The rise in lubricant viscosity and
oil film thickness would also result into increased roller sliding due to the reduction in the
traction force at cam/roller interface. On the other hand, an increase in contact loading at
cam/roller junction and rise in operating temperature would decrease the tendency of roller
slip due to improvement of traction force thereby fulfilling the rolling requirements to keep
the roller rolling on the cam surface. The investigations on the effects of lubricant additives
on the rollers sliding required a comprehensive experimental work which has been conducted
successfully in this research project. It is highlighted here that since the sliding of rollers has
been measured experimentally in the engine valve train, hence the roller sliding predicted by
the model have been presented along with the experimentally measured results

for

correlation purpose in the succeeding paragraphs.
The developed numerical approach can also predict the creep at cam/roller contact for
a complete cam operating cycle. The slipping behavior under the influence of creep can affect
the roller sliding, lubrication conditions at cam/roller junction and power losses in the end
pivoted roller finger follower valve train. On occurrence of creep due to elastic deformation,
the exact kinematics of cam/roller mechanism may deviate as compared to un-deformed
roller which may increase the tendency of roller sliding. It has been predicted that the
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magnitude of creep remains relatively low at slow camshaft operating speeds and it increases
significantly at higher cam speeds due to higher tangential loadings at cam/roller contact.
At relatively low cam operating speeds of 300 rpm and 800 rpm, the predicted creep
remains low and follows almost the same pattern and magnitude and exists mainly in the cam
nose area as shown in figure 9.4 and figure 9.5, respectively. At this stage the tangential force
would be relatively less and may also be governed by the asperity interactions. Gross
slippage at cam/roller interface is unlikely as the traction force may be relatively high. The
behavior of pressure and shear traction can be altered in the mating zone of cam and roller
due to presence and interaction of asperities resulting into relatively high localized pressures
and can also increase the tendency of subsurface stresses.
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Fig. 9.4 Creep variation at cam/roller contact at 300 rpm
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Fig. 9.5 Creep variation at cam/roller contact at 800 rpm
At very high cam operating speed of 2600 rpm, the creep would exist both in the cam
nose as well as flank areas as shown in figure 9.6. The magnitude of creep would be
relatively high in the cam flanks as compared to cam nose area. At this operating condition,
the contact loading at cam/roller interface would also be high under the influence of inertia of
the reciprocating masses in the valve train, also presented in figure 9.3 whereas the relatively
thicker oil film may exist at cam/roller junction due to the increased lubricant entrainment
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velocity. At such high speed, generation of high tangential loadings at cam/roller interface
may result into the dissimilar elastic deformation of mating surfaces of cam and roller
causing difference in velocity and thus producing high magnitude of creep. The roller slip
behavior at cam/roller interface may further be increased under the action of elevated creep
values which may result into relatively high valve train power loss.
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Fig. 9.6 Creep variation at cam/roller contact at 2600 rpm
The developed model also provides an opportunity to predict the power loss at
cam/roller contact in end pivoted roller finger follower valve train under different operating
conditions. The predicted average power loss at cam/roller interface is the summation of
sliding friction, rolling friction, boundary friction due to asperities interactions and needle
bearing friction power loss. The average power losses at cam/roller interface has been
predicted on the camshaft operating speeds of 300 rpm, 800 rpm, 1400 rpm, 2000 rpm and
2600 rpm as shown in figure 9.7. At relatively low camshaft operating speed, the power loss
at cam/roller contact remained low and it increased with increase in the camshaft speed. At
camshaft operating speed of 2600 rpm, where the tendency of roller sliding may also be high
under the influence of roller inertia, the maximum power loss of 10.862 watts has been
predicted which is equivalent to 0.260 joule per camshaft cycle or 0.130 joule per engine
revolution for a single cam/roller interaction.
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Fig 9.7 Predicted valve train power loss

9.3

The Experimental Evidences
A comprehensive experimental programme comprising of series of tests at camshaft

operating speeds of 300 rpm, 800 rpm, 1400 rpm, 2000 rpm and 2600 rpm with lubricant
operating temperatures of 25°C , 60°C and 95°C has been conducted on areal production
engine (Toyota 1NZK) under realistic environment. The main aim of this research work was
to measure the two most important parameters i.e. sliding of multiple roller followers on the
cam surface and oil film thickness at cam/roller interface which can affect the tribological
efficiency of the end pivoted roller finger follower valve train, significantly while paying
special attention on the investigation of the effects of different operating conditions, oil
rheology and lubricant chemistry on these parameters. The detailed experimental evidences
have already been explained in the chapter number 8.

9.4

The Correlation of Theory and Experiments
The conduct of comprehensive test programme comprising of series of tests under

different operating conditions have provided substantial amount of data which enabled to
validate the theoretical predictions on the sliding of roller and oil film thickness at cam/roller
junction. It is also added here that as the model is not sensitive to the lubricant additives thus
correlation with oil ‘D’ containing anti-wear agents and oil ‘F’ containing friction modifier
would not give any meaningful results. Hence for model validation purpose only, 4cSt group
IV oil ‘A’ and 8cSt group IV oil ‘B’ have been used. The comparison of experimentally
measured and theoretically predicted percentage roller slip in the end pivoted roller finger
follower valve train for single grade 4cSt group IV oil ‘A’ at an operating temperature of
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25°C with camshaft operating speeds of 300 rpm, 800 rpm, 1400 rpm, 2000 rpm and 2600
rpm is shown in figure 9.8. It can be observed that the percentage roller slip predicted by the
developed numerical approach coincides well with the experimental results and is in good
agreement, particularly at low cam speeds. The sliding of roller is sensitive to the camshaft
operating speed as it increases with an increase in the camshaft speed. The roller inertia
would play an important role and the traction force may not be able to keep the roller rolling
on the camshaft surface resulting into the increased slip. Moreover, the oil film thickness
would also increase with rise in operating speeds due to increase in lubricant entraining
velocity which may reduce the traction drive at cam/roller interface thereby increasing the
tendency of roller slip. The stated trend on the roller slip can be clearly seen in the figure 9.8
whereas the measured average oil film thickness is shown in figure 9.9. The reduction in the
roller slip at very high camshaft operating speed of 2600 rpm under the influence of increased
drag due to shear of lubricant and enhanced contact loading at cam/roller interface is evident
both in predicted and experimental values. The argument is strongly supported by observing
the predicted contact loading at cam/roller interface as shown in figure 9.3 which clearly
indicates a substantial rise in the contact loading, once the camshaft speed has been increased
from 2000 rpm to 2600 rpm thereby improving the traction force substantially leading into
the reduced roller slip in the engine valve train.
It can also be observed that at low camshaft rotational speed i.e. 300 rpm and 800 rpm
and relatively high speed of 1400 rpm, the predicted values of percentage roller slip coincide
remarkably well with the experimental results. The deviation between the theory and
experiment is relatively more at 2000 rpm and 2600 rpm as evidenced in the figure 9.8. The
said deviation may be explained by considering the vibration and roller race deflection in the
engine valve train. The assumption of rigid valve train components was adopted while
developing the numerical approach. Such assumption restricts to simulate the vibrations of
the system and possible deflection of the roller outer race which may enhance the tendency of
the roller sliding during actual engine operation, particularly at higher speeds. At lower
camshaft rotational frequencies, this assumption holds well, once the valve train vibrations
are less. The deviation between the predicted and experimentally measured roller slip profiles
would relatively increase at higher camshaft operating speeds may be due to the influence of
vibration and roller deflection.
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Fig. 9.8 Comparison of predicted and experimental percentage roller slip at different
camshaft speeds using 4cSt group IV oil ‘A’ at 25°C
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Fig. 9.9 Average oil film thickness at cam/roller interface under different camshaft speeds
using 4cSt group IV oil ‘A’ at 25°C
The sliding of roller in the valve train is also influenced by the operating temperature,
substantially. The rise in temperature reduces the lubricant viscosity and oil film thickness
resulting in significant increase in the traction force at cam/roller interface. This enhanced
traction force will keep the roller rolling on the cam surface without noticeable slip. The
comparison of theoretically and experimentally measured percentage roller slip for 4cSt
group IV base oil ‘A’ at a lubricant inlet temperature of 95°C is shown in figure 9.10. Hardly,
any noticeable roller slip exists both in the theoretical predication and experimental evidence
due to significant reduction of lubricant viscosity and oil film thickness as shown in figure
9.11 and substantial rise in the traction force at cam/roller contact, accordingly. The
percentage roller slip predicted by the developed model is in remarkable agreement with the
experimental measurements. The further justification to this argument can be given if
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coefficient of friction is taken into account. The roller rotational speed and its subsequent
sliding is highly dependent on the coefficient of friction as highlighted in the equation 4.36 of
the developed numerical approach. At such high operating temperature, the coefficient of
friction may increase substantially under the influence of reduced lubricant viscosity and oil
film thickness resulting into substantial increase in the traction force and reduced roller slip at
cam/roller contact in the engine valve train.
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Fig. 9.10 Comparison of predicted and experimental percentage roller slip at different
camshaft speeds using 4cSt group IV oil ‘A’ at 95°C
3
2.5
oil 'A' 95°C

2
1.5
1
0.5
0
300

800

1400

2000

2600

Camshaft speed (rpm)

Fig. 9.11 Average oil film thickness at cam/roller interface under different camshaft speeds
using 4cSt group IV oil ‘A’ at 95°C
The lubricant viscosity plays an important role on the roller slip in the engine valve
train. An increase in the lubricant viscosity will increase the oil film thickness thereby
enhancing the sliding of rollers, substantially as can be observed by comparing the roller slip
magnitude using 4cSt oil ‘A’ (figure 9.8) with 8cSt oil ‘B’ (figure 9.12). The comparison of
experimental and predicted roller slip at different camshaft speeds using 8cSt group IV oil ‘B’
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at 25°C is shown in figure 9.12 whereas the experimentally measured average oil film
thickness at cam/roller interface is shown in figure 9.13. It can be observed that the
developed numerical approach also has good sensitivity to change in the lubricant viscosity
while predicting the roller sliding and is in good agreement with the experimental results.
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Fig. 9.12 Comparison of experimental and predicted percentage roller slip at different
camshaft speeds using 8cSt group IV oil ‘B’ at 25°C
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Fig. 9.13 Average oil film thickness at cam/roller interface under different camshaft speeds
using 8cSt group IV oil ‘B’ at 25°C
The comparison of experimental and predicted roller slip at different camshaft
rotational frequencies using 8cSt group IV oil ‘B’ at lubricant inlet temperature of 95°C is
shown in figure 9.14, which are in good agreement. The measured average oil film thickness
at cam/roller interface at this stage is shown in figure 9.15.
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Fig. 9.14 Comparison of experimental and predicted percentage roller slip at different
camshaft speeds using 8cSt group IV oil ‘B’ at 95°C
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Fig. 9.15 Average oil film thickness at cam/roller interface under different camshaft speeds
using 8cSt group IV oil ‘B’ at 25°C
In the succeeding paragraphs, the experimentally measured oil film thickness at
cam/roller interface has been correlated with the theoretical predictions. During testing, better
lubrication conditions were observed at cam/roller contact in the valve train which are
attributed to the dominance of rolling motion. Moreover, the oil film thickness is strongly
dependent upon the lubricant entraining velocity and viscosity which in turn are governed by
the operating speeds and oil temperature, respectively. Increase in camshaft operating speed
will increase the entrainment of lubricant into the contact zone of cam and roller follower
resulting into thicker oil film whereas decrease in oil viscosity under the influence of higher
operating temperature will reduce the oil film thickness accordingly.
The comparison of predicted and experimentally measured instantaneous oil film
thickness with respect to cam degrees for the cam active part for 4cSt group IV oil ‘A’ at
95°C with camshaft speed of 800 rpm and 2600 rpm has been shown in figure 9.16 and 9.17,
respectively. On comparing these figures, the rise in oil film thickness at cam/roller contact
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can be observed due to increase in lubricant entraining velocity, once the cam speed is
increased from 800 rpm to 2600 rpm with same oil while maintaining the similar operating
temperature which is also in strong agreement with the EHD theory.
It can also be observed that the oil film profile predicted by the developed numerical
approach coincides well with the experimental results. It can be realized both in the predicted
and experimental oil film thickness profiles that the healthier oil film thickness is present at
camshaft flanks where the lubricant entraining velocity and equivalent radius of curvature is
more whereas oil film thickness reduces substantially in the cam nose region where these two
parameters are relatively less.
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Fig. 9.16 Comparison of experimental and predicted oil film thickness at 800 rpm using 4cSt
group IV oil ‘A’ at 95°C
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Fig. 9.17 Comparison of experimental and predicted oil film thickness at 2600 rpm using
4cSt group IV oil ‘A’ at 95°C

181

It can be observed that at even relatively low speed of 800 rpm, though little, but the
predicted oil film thickness is larger than the measured as shown in figure 9.16. The situation
can be explained if the thermal effects on the oil film thickness at the cam/roller contact zone
are taken into account. In the developed numerical approach, the oil film thickness at
cam/roller interface was predicted by using Dowson [73] formula which is based on the
isothermal conditions in the contact zone. In actual valve train operation, different thermal
factors like unequal solid surface temperatures, pressure dependent oil thermal conductivity
and viscous heating dissipation may affect the lubricant viscosity resulting into thinner oil
film at the mating zone of cam and roller. Moreover, it may also be realized that the rollers
also have the tendency of slippage on the cam surface during operation which will increase
the sliding friction which in turn will raise the temperature at the mating zone thereby
reducing the lubricant viscosity and resulting into further thinning of the oil film under the
realistic environment thereby increasing the tendency of deviation between theory and
experiment. It is also pertinent to mention here that at higher speeds, the tendency of apparent
departure of the measured oil film thickness profile from the theory relatively increases as
shown in figure 9.17. It can be explained that under such high operating speeds, the tendency
of sliding friction and temperature at cam/roller junction further increases under the influence
of increased roller sliding which may reduce the oil film thickness under actual operating
conditions. The variation in the predicted and experimental oil film thickness both in
magnitude and slope particularly in the cam flanks was also identified by Williamson et al.
[52] while measuring the oil film state at cam/bucket follower in a cylinder head with the
speculative argument that Hertz contact conditions may not be fully valid at this particular
part of the cam cycle.
It has also been recognized that in the cam nose region, particularly near the valve
closure, the experimentally measured oil film thickness coincides or even mildly becomes
larger as compared to the predicted oil film thickness as shown in figure 9.16. The reason is
attributed to the possible existence of the squeeze film effect which is often encountered
under such heavily loaded contacts where the lubricant entraining velocity becomes
extremely low. The presence of squeeze film may relatively increase the oil film thickness at
cam/roller junction as noticeable in these figures. The stated argument is also supported by
Vichard [97] findings on the squeeze film effect while investigating the transient effects in
the lubrication of Hertzian contacts.
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The comparison of predicted and experimentally measured oil film thickness at 800
rpm and 2600 rpm using 8cSt group IV oil ‘B’ at 95°C is shown in figure 9.18 and figure
9.19. The general features between the experimental and predicted oil film thickness profiles
are in good agreement. It has also been recognized that the better degree of correlation has
been achieved for thicker 8cSt oil ‘B’ as compared to thinner 4cSt oil ‘A’. The influence of
viscosity on the oil film thickness can also be easily observed by comparing the plots of 4cSt
oil ‘A’ and 8cSt oil ‘B’ at similar speed as more viscous oil ‘B’ would produce greater oil film
thickness compared to the oil ‘A’ which is also in strong agreement with the EHD theory.
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Fig. 9.18 Comparison of experimental and predicted oil film thickness at 800 rpm using 8cSt
group IV oil ‘B’ at 95°C
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Fig. 9.19 Comparison of experimental and predicted oil film thickness at 2600 rpm using
8cSt group IV oil ‘B’ at 95°C
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9.5

Summary
The developed numerical approach for end pivoted roller finger follower valve train

with overhead camshaft configuration has a good potential to provide useful information on
the kinematics to predict the motion parameters and dynamics for predicting the contact
loading at cam/roller interface, maximum Hertzian stress, the minimum and central oil film
thickness, various frictional forces, sliding of rollers, possible existence of creep and power
losses in the valve train. Substantial reliable data on the rollers sliding and oil film thickness
has been acquired by adoption of comprehensive experimental programme comprising of
series of tests under different operating conditions which has provided an excellent
opportunity to validate these important valve train parameters. The good agreement between
the theoretical predictions and experimental results demonstrates that the developed model
provides a strong platform to predict the various tribological parameters of the valve train
with greater accuracy and future application to further improve the design and performance
of engine valve train system.
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CHAPTER-10
CONCLUSIONS AND RECOMMENDATIONS
10.1

Preamble
The main aim of this research work was to, for the very first time, analyze the

tribological performance of end pivoted roller finger follower valve train in real production
engine under realistic environment in terms of rollers sliding on the camshaft surface and oil
film thickness measurement experimentally with detailed investigations on the effects of
lubricants chemistry, oil rheology and different engine operating conditions. The four
cylinders Toyota 1NZK engine was instrumented for the experimental research work. A
comprehensive theoretical modeling of the engine valve train has also been carried out in the
research project to understand the tribological characteristics of the valve train. The obtained
experimental evidences were used to validate the theoretical predictions.

10.2

Summary of the Research Work
The brief summary of research work is as follows:

Development of comprehensive numerical approach to predict the valve train
tribological performance.



Design and development of new, advanced and flexible engine test rig.



Instrumentation of real production gasoline engine to measure the rotational
speed and sliding of six roller followers simultaneously and oil film thickness
measurement at cam/roller interface.



Configuration and employment of highly synchronized and fast data
acquisition system to acquire vital information on engine operating
parameters, rollers slip and oil film thickness in engine valve train.



Development and employment of new technique based on an advanced sensor
technology to measure the rollers rotational behavior in the engine valve train.



Design and development of new technique including electrical capacitance
measurement circuit to measure the oil film thickness at cam/roller contact.



Conduct of an elaborated experimental research work comprising of series of
tests at different camshaft operating speeds and temperatures.
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Experimental investigation on the effects of different camshaft operating
speeds and lubricant inlet temperatures on the rollers sliding and oil film
thickness.



Comprehensive experimental investigation on the effects of lubricant additives
and oil rheology on the sliding of rollers in the valve train.



Experimental investigation on the effects of oil film thickness on the sliding of
rollers in the engine valve train.



Correlation of theoretical predictions and experimental evidences to validate
the developed numerical approach.

10.3

Conclusions
The overall conclusions which have emerged from the research work are as follows:

A comprehensive numerical approach has been developed for end pivoted
roller finger follower valve train with overhead camshaft configuration which
can predict the tribological performance of the valve train. The kinematic
analysis at the mating surfaces of cam and roller follower can be used to
predict the motion parameters and various geometrical angles whereas the
dynamic analysis provides the information on the contact loading at cam/roller
interface. The developed model can also provide very useful information
about the maximum Hertzian stress, the minimum and central oil film
thickness, various frictional forces arising at cam/roller interface, sliding of
rollers and power losses in the valve train.



The model can also calculate the various tangential forces acting at the
cam/roller interface in a complete cam operating cycle at various speeds to
predict the creep.



The creep proves to be low at slow cam operating speeds whereas it increases
substantially at higher camshaft speeds under the influence of higher
tangential loading at cam/roller interface.



A completely new, advanced and flexible engine test rig has been developed
in this research project. Measuring of lubricant temperature and pressure has
been accomplished by employing the ‘K’ type thermocouple and Piezoresistive pressure transducer, respectively. The constant supply of lubricant
was ensured with the help of PID controller. The camshaft speed was
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controlled with the help of motor speed controller whereas the cam angular
position was determined with the help of optical encoder.


The developed test rig provides greater flexibility to accommodate the valve
trains of different configuration for testing purpose.



An advance real production engine (Toyota 1NZK) employing end pivoted
roller finger follower valve train with overhead camshaft configuration, for the
very first time, has been instrumented heavily to investigate the tribological
behavior of roller followers and lubrication conditions at cam/roller contact
under actual operating environment.



A comprehensive experimental programme comprising of series of tests at
different camshaft operating speeds and different lubricant inlet temperatures
has been undertaken in this research work.



For the very first time, the effects of lubricant chemistry on the sliding of
roller followers in the engine valve train has been investigated in detail using
matrix of lubricant comprising of six model oils having different additives.



Configuration and employment of high speed synchronized data acquisition
system based on National Instrument hardware duly programmed through the
Labview which enabled to monitor/acquire the vital information of different
operating conditions, to capture the rollers rotational and sliding data from six
instrumented roller followers and the instantaneous oil film thickness
measurement at cam/roller interface, simultaneously in real production engine
under actual operating environment.



A novel technique based on the ultra-miniature Giant Magneto Resistive
(GMR) sensor was developed for measuring the roller slip. Its unique small
size provided exceptional flexibility of installation on the roller follower with
greater precision. Six roller finger follower assemblies were instrumented with
the developed technique to monitor the tribological behavior of rollers in
terms of rotational speed and their sliding on the cam surface, successfully.
The technique exhibited high performance under all operating conditions even
at elevated temperatures and oil splashing conditions.



Little to no modification of components under investigation was ensure to
capture the true picture of the phenomenon under investigation in the engine
valve train.
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Electrical capacitance measurement technique, for the very first time, has been
employed in end pivoted roller finger follower valve train to measure the oil
film thickness at cam/roller interface with greater accuracy. Moreover, the
electrical capacitance measurement circuit based on an integrated circuit was
also designed, developed and employed successfully for the intended purpose.
The developed oil film thickness measurement system worked extremely well
under all operating conditions.



In the repeat runs, excellent consistency and repeatability was achieved in the
experimental measurements which clearly demonstrated that the test
equipment, instrumentation, measurement techniques, test procedures and data
acquisition and processing system developed in the research work are highly
reliable and can be used for the experimental measurements with greater
accuracy and precision.



During testing, it was observed that it was not necessary that the roller speed
to increase accordingly as the camshaft speed increases since the sliding of
roller would play an important role.



Lubricant viscosity played a key role in the sliding of rollers on the cam
surface in the engine valve train. Higher oil viscosity resulted in increased
rollers sliding due to decrease in traction force at cam/roller interface. Higher
percentage roller slip values were observed for single grade 8cSt group IV oil
‘B’ which is a thickest oil in the test matrix lubricants.



The measured percentage roller slip values in a real production engine under
actual operating environment are much higher than that of reported in the past
using extensively modified test rigs.



Increase in engine speed will increase the roller sliding as the roller inertia
would play an important role at this stage and the traction force at cam/roller
interface may not be able to meet the rolling requirements.



Increase in operating temperature will reduce the roller sliding due to
reduction in oil viscosity and an improvement in the traction force at
cam/roller contact.



Negative sliding of rollers would occur, once the cam instantaneous surface
velocity reduces rapidly whereas the roller tries to maintain its rotational speed
under the influence of inertia.
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Under similar operating conditions, relatively higher roller sliding was
observed for a mineral oil as compared to the synthetic oil having the same
viscosity. The reason may be attributed to presence of molecules having
irregular size in mineral oil resulting in non-uniform traction drive at
cam/roller interface leading to relatively higher roller slip.



Though little but relatively higher roller slip was observed for oil ‘D’
containing anti-wear agents as compared to the synthetic oil having the same
viscosity. This may be due to the formation of surface layers by the anti-wear
agents on the metallic surface of camshaft and roller resulting in reduced
boundary traction force at cam/roller interface and relatively higher roller slip.



In case of oil ‘E’, it may be possible that the weakly attached friction modifier
molecules with the mating surfaces of cam and roller may help in increasing
the shear friction at high speed thereby increasing the traction force at
cam/roller interface resulting in relatively reduced roller slip.



At higher operating speeds and elevated lubricant inlet temperature, the roller
sliding decreased considerably for the oil containing Viscosity Index Improver
(VII). The apparent viscosity of lubricant under the influence of weakly
attached polymers may degrade considerably under the higher shear rates
thereby improving the traction force at cam/roller contact resulting into
reduced roller slip.



At lower temperature with camshaft operating speeds from 300 rpm to 2000
rpm, the percentage roller slip in the engine valve train increased, accordingly.
The trend in decrease in rollers sliding was observed once the cam speed was
increased from 2000 rpm to 2600 rpm. The reason may be attributed to the
substantial increase in drag due to shear of lubricant and considerable rise in
contact loading thereby improving traction force at cam/roller junction,
significantly resulting into reduced roller sliding. Such trend of decrease in
roller siding at very high camshaft speed has not been reported in the past.



During testing, the electrical capacitance technique successfully measured the
oil film thickness at cam/roller interface in a complete cam operating cycle
under the realistic operating conditions.



Good lubrication conditions were observed at cam/roller interface due to the
dominance of rolling motion.
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The technique also measured the very thin oil films with accuracy even in the
cam nose region where lubricant entraining velocity is extremely low.



It was observed that the magnitude of variation in oil film thickness at
cam/roller system with viscosity is strongly dependent on the position of the
camshaft in an operating cycle.



During testing, it was also observed that an increase in oil viscosity, high
engine operating speed (increased lubricant entraining velocity) and decrease
in operating temperature resulted in an increase of oil film thickness at
cam/roller interface in the valve train.



At constant cam speed and for all the test lubricants, there was an electrically
insulating oil film present between the mating surfaces of cam and roller.



It was observed that the oil film thickness has a direct impact on the sliding of
rollers in the engine valve train. There was corresponding increase in the
sliding of rollers in the engine valve train with an increase in oil film
thickness.



The good agreement between the theoretical predictions and experimental
evidences demonstrates that the developed numerical approach can predict the
various tribological parameters of the valve train with great accuracy.



The experimental facilities and measurement techniques developed in the
research work can readily be used to analyze the tribological performance of
various configurations of the valve train.



Fuel economy and reduction in friction and control on emissions are the key
drivers in the automotive sector while maintaining the reliability and durability
of tribological components in the engines. Different new technologies as
diamond like coating (DLC), surface texturing, improved materials and
advanced lubricant formulation is being pursed extensively in the automobile
industry to improve the tribological performance of engines. The measurement
techniques developed in this research project can be employed to investigate
the impact of these technologies on the engine performance with greater
accuracy and confidence.



The realistic data obtained in this research work can be very useful for the
researchers to validate their research work on complex engine valve train
mathematical models. The same also provides an opportunity for the
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automotive original equipment manufacturers to further improve the design
and performance of engine valve train system.

10.4

Recommendations for the Future Work
The recommendations for the future work are as under:

Coated and textured surfaces have proved their potential to improve the
tribological performance of running components. The tribological behavior of
roller followers having coated/textured surfaces be investigated in terms of
sliding and lubrication conditions experimentally in real production engine
under actual operating conditions as a part of future work.



In further work, the dynamic deflection of mating surfaces and vibration
analysis be included to make the theoretical model more complete.



Future work should also focus on investigation of roller sliding behavior under
new European driving cycle in a real production engine under actual operating
conditions.



Measurement of friction would be helpful in better understanding the traction
behavior at cam/roller interface and can be included as part of future
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APPENDIX I
Input Data for the Valve Train Analysis and Valve lift Profile

A

20.80 mm

B

35.50 mm

D

31.50 mm

λ

-3.5 deg

χ

37.5 deg

Radius of cam base circle

18 mm

Roller outer radius

8.5 mm

Roller width

10.7 mm

Thickness of roller wall

2.4 mm

Mass of roller

8.80 gm
6.385x10−7kg-m2

Roller moment of inertia
Total number of roller needles

16

Diameter of roller needle

1.98 mm

Coefficient of friction of needle roller bearing

0.0015

Elastic modulus of cam

170 G𝑃𝑎

Elastic modulus of roller

204 G𝑃𝑎

Poisson ratio of cam material

0.28

Poisson ratio of roller material

0.29

Spring stiffness

25000 N/m

Pre-compression of spring

8.4 mm

Mass of roller finger follower

0.0418 kg

Mass of valve, spring and retainers

0.0432 kg
0.2 x 10−7 m2 /N

Pressure-viscosity coefficient of lubricant

0.03 1/ Co

Temperature-viscosity coefficient of lubricant
Limiting shear stress-pressure relation

0.17

Boundary coefficient of friction

0.2
8 x 106 Pa

Eyring stress of the lubricant
Rate of change of shear stress with pressure

0.08
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Valve lift (mm)

10
8
6
4
2
0
0

45

90

135

180

225

Cam angle (degrees)

203

270

315

360

APPENDIX II
Basic Formula for Cam/Finger Follower Contact
𝑑𝛾 3
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𝐿2 = 𝐴2 (1 + 𝑑Ǿ) − 𝐴𝐷 𝑑(Ǿ)2 sin(𝛾 + 𝜆) + 𝐷2 -AD (1+𝑑Ǿ) (2+𝑑Ǿ)
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APPENDIX III
Graph to Determine the Value of Constant ‘C’
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