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ABSTRACT 

The automobile manufacturers aspire to improve the engine design and enhance its 

life apart from optimizing the energy usage in the actual engine operation. A major 

concern at the time of the initial start up at the low loads and speed conditions is 

the wear of an engine. A significant proportion of the engine life gets compromised 

due to the adhesive engine start up wear. The start up wear does not exist during 

the normal engine operation due to the fully established elastohydrodynamic 

lubricating (EHL) film between the interacting surfaces of the piston assembly and 

the cylinder liner at the high loads, speeds and the optimum piston-to-bore radial 

clearances. Such arrangements do not exist in a few initial engine start up cycles. 

Resultantly, the piston skirts and the 1
st
 compression ring establish a physical 

contact with the liner and adhesive wear occurs. This PhD research work  

numerically models the lubrication of the piston skirts and the 1
st
 compression ring 

in the initial engine start up. The 2-D hydrodynamic and EHL models of the piston 

skirts are developed in the initial engine start up conditions. The initial engine start 

up conditions cover the secondary transverse piston displacements and the 

different start up speeds, radial clearances & viscosity-grades of an engine 

lubricant. The realistic aspects include the isothermal & adiabatic conditions, the 

steady-state and transient conditions, the Newtonian and non-Newtonian engine 

lubricant behavior, the surface roughness factors of the piston skirts and the liner. 

These aspects are modeled, studied and analyzed separately as part of the 

hydrodynamic and EHL models of the skirts. The 1-D and the 2-D steady-state 

isothermal Newtonian lubrication models of 1
st
 compression ring are developed as 

applicable to the initial engine start up conditions. The simulation analysis are 

studied to optimize the different realistic aspects/characteristics in an effort to 

reduce the engine start up wear.               
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CHAPTER-1 

INTRODUCTION  

RESEARCH MOTIVATION  

1.1  The vehicle manufactures use an engine driven oil pump to lubricate the critical sliding or 

the rotating-type moving components of an internal combustion (IC) engine. The critical 

components and sub-assemblies include the piston and rings assembly, the crankshaft, the camshaft 

and valves drive mechanism, etc. During the operation of an IC engine the interacting rough 

surfaces of the moving components are in relative motion. Due to the forces of adhesion the static 

and kinetic friction cause energy dissipation and loss of power during the components motion. In 

the process the moving surfaces should be lubricated sufficiently, continuously and effectively to 

reduce friction and adhesive wear. A liquid lubricant is introduced between the interacting engine 

surfaces to reduce the friction, loss of power and wear. It caters for the adhesive wear of the moving 

components but introduces viscous friction, shear heating and energy losses. In an IC engine an 

effective lubrication is a difficult and relatively complex problem. The complexity arises due to the 

high temperatures generated during the combustion process and the wide range of temperature 

gradients encountered during the engine operation under the variable loads and speeds. The non-

linear, time-dependent pressure and temperature differentials in each cycle vary in every successive 

cycle of a 4-stroke engine. Combustion produces the transient, second-order temperature and 

pressure gradients. The transients of temperature tend to expand the piston, rings and the liner, 

elastically. The high temperatures generated inside the combustion chamber require an effective 

lubrication of the interacting surfaces of the piston, rings and the cylinder liner. The intensity and 

the magnitude of the combustion gas force vary as an effective engine cooling system and the other 

heat removal mechanisms remove the heat continuously. The time-dependent heat generation, 

dissipation and removal mechanisms produce the fluctuating thermal loads. The fluctuating loads 

generated during a particular engine operation differ in the pattern and magnitude from those at the 

other operating conditions. The time-dependent variations in an engine performance cycle make an 

effective lubrication of the piston skirts, rings and the liner extremely difficult at some of the engine 

operating conditions. A peculiar engine operating condition is the low-speed initial engine start up 

under the low-load conditions when the lubrication fails to prevent wear of the piston and the rings. 

The start up wear must be minimized and prevented to enhance the life of an IC engine. 
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INTERNAL COMBUSTION (IC) ENGINE SYSTEM 

1.2. The Piston. The piston is a sliding plunger that rides down and up in the cylinder two 

times each to complete a 4-stroke cycle. In the intake stroke, it moves down, producing a vacuum to 

draw the air-fuel mixture into the cylinder. In the second stroke it travels up and compresses the 

mixture in the cylinder. The compressed air-fuel mixture is fired in the beginning of the third stroke 

when the piston is travelling down. The pressure of the expanding gas is transmitted to the top of 

the piston, which pushes it back down through the cylinder with great force. The piston transmits 

the energy to the crankshaft through the connecting rod. The piston then travels up through the 

cylinder and exhausts the burned fuel charge. During its motion, the piston is subjected to intense 

heat from the burning fuel as it receives the tremendous thrust of power on the firing stroke. It 

changes directions at blurring speeds and is hounded by the sliding and hydrodynamic friction 

against the cylinder walls. A piston is usually made of an aluminum alloy, is elliptical in shape and 

has a large area of the skirts removed. It has steel rings or braces cast in the piston head, has thick 

and strong piston-pin bosses and is tapered with the skirt slightly wider at the bottom as compared 

to the head. All these features make a piston light in weight, efficient in changing directions and 

maintain an oil clearance with the cylinder liner for an effective lubrication during the normal 

engine operation. During its motion, a piston is recognized as a major source of mechanical friction. 

The leading engine manufacturers recommend the use of the poly-alpha-olefins based multi-grade 

lubricants for the smooth normal piston operation to achieve an enhanced engine life [1].  The 

impact of the piston against the cylinder wall during the initial engine startup may result in an 

audible engine noise like a slap. In the initial engine start up the piston undergoes the small 

secondary oscillatory displacements in the transverse direction during the primary sliding motion. 

The small secondary oscillations are very important to the engine performance and reliability. The 

oscillatory motion of the piston and its slap affect the hydrodynamic lubrication of the skirts during 

the initial engine cranking and start up. In the initial engine start up the major concerns like the 

frictional loss, the consumption fuel and oil, an engine noise and the start up wear are directly 

related to the mutual dependence between the piston motion and its hydrodynamic lubrication. A 

piston is an elastic, dynamically loaded slider bearing. The piston skirts nominally operate with the 

interference fit because of the thermal deformation. However, the effects of such a displacement is 

not pronounced during the initial engine start up phase due to the relatively low thermal loads. The 
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elastic flexibility of a piston enables it to function efficiently. Elastohydrodynamics or EHD deals 

with the effects of the elastic flexibility of a piston on its hydrodynamic lubrication.  

1.3. The Piston Rings.    The piston ring pack is a set of the sliding seals and bearings, which 

separate the combustion chamber from the crank case. They transfer the combustion heat to the  

cylinder liner, distribute and control the engine lubricant and stabilize the piston [2]. The piston 

rings act efficiently inside the combustion chamber to seal the cylinder effectively. As the moving 

seals they minimize the leakage of the combustion gases and prevent an excessive ingress of the 

lubricant into the combustion chamber [3]. The piston rings may be considered as the dynamically 

loaded bearings that provide lubrication to reduce friction and wear. The properly lubricated 360-

degree circular rings interact radially and circumferentially against the liner walls by maintaining a 

line contact all around the cylinder. The rings ride in the piston grooves that are cut into the piston 

head but are not solidly fastened to the piston at any point. When placed tightly in the groove a 

piston ring exerts an outward pressure and acts as a seal against the cylinder wall [4]. Normally a 1
st
 

compression ring, a second compression/scrapper ring and an oil control ring form a piston rings 

pack. Each ring in the pack is placed separately in its respective groove. In the top groove the 1
st
 

compression ring faces the main combustion thrust and is supposed to prevent the leakage of the 

gas pressure between the piston and the cylinder. The scrapper ring in the second groove assists the 

first compression ring and limits the upward flow of the engine lubricant. The oil control ring limits 

the amount of the lubricating oil transport from the crank case to the combustion chamber. In this 

way the role of the 1
st
 compression ring as a seal becomes critical as compared to the scrapper and 

oil control rings. The piston rings pack friction contributes approximately 25–30 percent of the total 

engine losses. The first compression ring has a major contribution in the total mechanical frictional 

losses of the ring pack of an IC engine [5, 6]. Like the case in the normal engine operation the 

lubrication process is quite complex in the initial engine start up when the piston rings operate in 

the hydrodynamic and EHL regimes at larger than the normal radial clearances. The complexities 

pertain to the circumferential variations, the secondary piston dynamics and the oil degradation etc. 

The tribological interaction of the 1
st
 compression ring with the cylinder liner affects its 

performance in the 4-stroke cycle [7]. By improving the performance of the 1
st
 compression ring the 

initial engine start up friction and wear of the interacting ring and the liner may be reduced to 

enhance  the life of an engine. 
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THE PISTON AND 1
ST

COMPRESSION RING LUBRICATION 

1.4.  Lubrication in Normal Engine Operation.  Introducing an oil between the piston 

skirts, rings and the cylinder liner is an art of lubricating the interacting surfaces of an engine, 

which operates in the complex and time-varying conditions. The primary function of an engine 

lubrication system is to reduce adhesive and viscous friction to the prescribed limits and minimize 

wear of the interacting surfaces in relative motion. During the normal engine operation a fully 

established elastohydrodynamic lubricating (EHL) film between the piston and the liner surfaces 

minimizes the piston slap and prevents adhesive wear at a few thousand revolutions per minute 

(rpm) of crankshaft speed [8]. In the normal engine operation, combustion generates an excessive 

heat in the beginning of the power stroke. The engine cooling system and the associated heat 

removal mechanisms remove some of the heat but a part of it manages to flow down from the 

piston crown up to the bottom surface of the skirts. During the normal engine operation the 

lubricant film established between the skirts, rings and the cylinder liner absorbs the combustion 

heat continuously. The heat produced due to the viscous shearing of the lubricant is also added to 

the accumulated heat of combustion. The gross accumulated heat increases the temperature of the 

lubricant substantially. During the normal engine operation the lubricant temperature remains very 

high. The high lubricant temperatures reduce its viscosity, the thickness of its film and the 

hydrodynamic load carrying capacity. In the high ambient temperature conditions the lubricant 

degradation takes place. The temperature-prone viscosity variations of a lubricant and its 

degradations on frequent basis may cause an engine failure [9]. The purpose of lubrication in an 

engine is to perform the following functions: - 

1. To reduce friction and wear between the piston, rings and the liner.  

2. To establish an effective and a sufficiently thick lubricant film between the interacting surfaces

 of the piston skirts, rings and the liner to carry the fluctuating hydrodynamic and 

 elastohydrodynamic (EHD) loads.  

3. To provide the necessary sealing between piston skirts, rings and the liner.  

4. To cool the piston skirts, rings and the liner surfaces by carrying away the heat generated 

 inside the combustion chamber of an engine. 

5. To clean the surfaces by washing away carbon and metal particles caused by wear. 
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1.5.  Lubrication in Initial Engine Start Up The initial start up encompasses a few 4-stroke 

cycles prior to the warm up phase of an engine. In the initial cold start up, an engine is under the 

relatively light thermal loads and operates at the very low speeds. The volumetric, thermal and  

mechanical efficiencies are low relatively in a few initial cycles. The piston slides inside the 

combustion chamber under the partially starved lubrication conditions. The engine warms up at the 

relatively high speeds and the time varies with the ambient temperature conditions. The secondary 

transverse piston oscillations of quantifiable proportions are generated in the initial start up cycles. 

Many factors contribute towards the generation of the relatively high oscillations. Some of the  

important factors are the piston-to-bore radial clearance, the ambient lubricant viscosity, the 

absence of an EHL film, the forces of adhesion, the surface energy at the interface and the 

secondary piston displacements. These factors affect the oil flow and the lubrication significantly. 

An ineffective lubrication causes adhesive wear of the surfaces interacting with the liner in the 

initial engine start up. Adhesive wear cannot be prevented due to the absence of an EHL film, the 

partially flooded conditions and the low hydrodynamic pressures [10]. The start up of an engine 

invites adhesive wear of the interacting surfaces of the piston skirts, first compression ring and the 

cylinder liner. These factors affect the engine performance, reliability and operational life, 

adversely. The EHL film gets fully established between the piston skirts/liner and the first 

compression ring/liner when an engine attains the optimum operating conditions after a few 

minutes of start up. In a few initial engine start up cycles the lubricating oil flooding conditions are 

difficult to achieve due to the use of a mechanical oil pump and instead partially starved conditions 

prevail. The partial lubricant flooding occurs because a mechanically operated pump starts sending 

the lubricant to the piston and the rings with the start up of an engine. The very low initial engine 

start up speed produces the low oil flow rate. Due to the delayed availability of oil there is an initial 

momentary dry sliding of the piston and the rings in the cylinder bore, causing an actual metal-to-

metal contact between their interacting surfaces and the liner. The thermal loading of the contact 

surfaces of the piston and the rings with the liner walls due to combustion gas force intensifies 

adhesive wear. It happens because the contact asperities of piston, rings and liner surfaces deform 

plastically. With the introduction of the oil film between these surface asperities the intensity of 

adhesive wear decreases. The coefficients of friction between the opposing surfaces of the 

piston/liner and the rings/liner are independent of the load,  speed and the contact areas of the 

surfaces but vary with the materials and the surface finish. The molecules of the thin lubricant film 
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provide a mobile layer and hence less force is required to accomplish the piston motion in the 

boundary lubrication regime. The boundary lubrication regime does not prevent an actual contact 

between the pointed peaks of the asperities of the two opposing surfaces. A continuous supply of 

the lubricant strengthens the thin layer of the film and increases its thickness. Under the low-load 

conditions the lubricant film attains a thickness of a few microns and separates some of the 

asperities of the opposing piston skirts/liner and the compression ring/liner surfaces completely. On 

this occasion the real opposing surfaces are separated from each other partially and the boundary 

lubrication changes to the partial or the mixed lubrication regime. In the mixed lubrication regime 

the adhesive wear of the sliding surfaces of the piston skirts and the first compression ring is 

avoided partially. At the reasonably low loads and speeds conditions the mixed regime changes into 

the rigid hydrodynamic lubrication regime under the lubricant flooding conditions. In the 

hydrodynamic regime the hydrodynamic pressures are generated due to the wedging action between 

the non-parallel piston skirts and the liner surfaces. These pressures buildup gradually to separate 

the interacting skirts and the liner surfaces and the wedging action represents the steady buildup of 

the hydrodynamic pressures. The unsteady transient buildup of the hydrodynamic pressures takes 

place due to the squeeze action on the film thickness. After a few seconds of the engine start up the 

continuous thrust of the combustion loads accumulates to intensify the hydrodynamic pressures, 

which are generated to carry the hydrodynamic loads of the interacting piston/liner and the 

compression ring/liner surfaces. 

1.6. Initial Engine Start Up Conditions. After the cranking of an engine it starts-up initially at a 

very low speed. Then it takes some time before an effective lubricant film is established fully 

between the interacting surfaces of the piston, rings and the liner in the hydrodynamic and EHL 

regimes. The duration of time ranges from several seconds to a few minutes, depending on the 

ambient conditions. An IC engine is cranked at 300-400 rpm speed and then starts up at 500-600 

rpm. In the initial few seconds the air-fuel ratio of the lean mixture and the lubricant flow improve 

slightly, decreasing the kinetic friction. The engine start up speed increases from 700-1000 rpm. In 

a few seconds of initial start up a relatively small amount of energy is transferred to overcome the 

static, kinetic and viscous friction. The radial clearance between the piston assembly and the 

cylinder liner is quite large than that during the normal engine operation. A relatively small energy 

transfer and a large radial clearance provide an additional impetus to the secondary transverse 

displacements of the piston assembly. After a few seconds of engine start up operation the air-fuel 
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ratio changes, the volumetric efficiency improves slightly and the accumulation of some 

combustion heat reduces the radial clearance to some extent. Resultantly, the start up speed 

increases to attain a new range of 1100-1400 rpm. In order to bring an engine to its normal 

operating conditions relatively quickly, the automatic choke and speed control closes the air intake 

passage. It disturbs the air-fuel ratio significantly, which becomes richer with time. The engine 

operates in this speed range for several seconds and the relatively rich air-fuel mixture burns to 

allow the commencement of the engine warm-up phase. The thermal loads on the piston skirts, the 

first compression ring and the liner surface increase with the engine start up speed due to the 

corresponding increase in the volumetric and the thermal efficiencies and the rising indicated mean 

effective pressures. The accumulative effect of the increasing thermal loads at the low warm-up 

speed range enhances the low warm up speed further. In the mean time the air-fuel mixture 

becomes highly rich, which improves the thermal efficiency of the burning charge under the low 

load conditions. The low warm up speed increases further to attain the speeds in the high warm-up 

range of 1500-2000 rpm. A few seconds of engine running at the high warm up speeds brings an 

engine close to the normal operating temperatures. In order to avoid the accumulation of excessive 

heat the air intake passage starts opening and the air-fuel ratio changes correspondingly. A few 

more seconds of engine running allows a reduction in the speed initially to around 1200-1300 rpm 

and then a further reduction to around 1000 rpm. At that moment the engine comes to attain the pre-

defined normal operating temperatures and the engine speed decreases to become 800-900 rpm. 

This is the idling engine speed range when the engine has attained the normal operating conditions 

at the low loads. The air-fuel mixture is neither lean nor rich and the radial clearance decreases to 

within the allowable tolerance limit for an effective sealing and reduced secondary transverse 

displacements of the piston assembly. It is also the culmination point of the initial engine start up 

cycle. The cycle starts with the engine motoring, starts up at the very low speeds, attains the high-

warm up speeds by gradually passing through the low start up and warm up speed ranges and 

finally reaches the end at the idling speeds. During the engine start up cycle the thickness of the 

lubricant film, the hydrodynamic pressures and the load-carrying capacity of the film change at 

each speed in the hydrodynamic and EHL regimes. Such changes affect the viscous friction, shear 

heating and the viscosity of the lubricant. The viscosity-grade of the lubricant is also significant as 

the lubricant rheology in the initial engine start up cycle is dependent on it. In this context, the 

different ambient viscosity-grade lubricants may be broadly categorized as a very-low viscosity, 
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low viscosity, fairly viscous and a high-viscosity grade  engine lubricant, respectively. In our study 

we would summarize the initial engine start up cycle in terms of the following aspects:      

 1.6.1. Phases of Initial Engine Start Up Operation. If  we assume the total duration of an 

  initial engine start up cycle as less than two minutes before an engine attains the idling 

  speed conditions then the breakdown of the time of the engine operation is:    

  1. Engine cranking/motoring for 2 to 3 seconds. 

  2. Very low-speed engine start up for 5 to 6 seconds. 

  3. Low-speed engine start up for 5 to 15 seconds. 

  4. Low-speed engine warm-up for 15 to 30 seconds. 

  5. High-speed engine warm-up for 30 to 90 seconds. 

  6. Idling-speed engine start up.  

 1.6.2. Critical Aspects of Initial Engine Start Up. The significant aspects, which affect the 

  load-carrying capacity of the lubricant and need to be optimized in terms of the design 

  inputs are:   

       1. Initial Engine Start Up Speeds 

       2. Piston-to-Bore Radial Clearances 

       3. Ambient Viscosity Grades of the Lubricants 

 1.6.3. Engine Start Up Speeds. The engine start up speeds have been discussed in some detail. 

 These are summarized as follows:  

  1. Very-low start up speeds with a range of 500 to 600 rpm 

  2. Low engine start up speeds with a range of 700 to 1000 rpm. 

  3. Low engine warm up speeds with a range of 1100 to 1400 rpm 

  4. High engine warm up speeds with a range of 1500 to 2000 rpm. 

 5. Idling start up speeds with a range of 700 to 800 rpm  

 1.6.4. Piston-to-Bore Radial Clearances. The  radial clearance between the piston ring 

  assembly and the cylinder liner varies corresponding to the engine start up speed. The 

  summary is: 

  1. 100-90 microns clearance at the very low engine start up speed range. 

  2. 90-80 microns clearance at the low engine startup speed range. 
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 3. 80-50 microns clearance at the low warm-up speed range. 

  4. 50-20 microns clearance at the high warm-up speed range. 

  5. 20-10 microns clearance at the idling start up speed range. 

1.6.5. Ambient Viscosity Grades of Lubricants. In this research work the following viscosity-

 grades of an engine lubricant are considered: 

 1. Very low-viscosity grade lubricant of viscosity up to 0.016 Pa.s. 

 2. Low-viscosity grade lubricant of viscosity up to 0.03187 Pa.s. 

 3. Fairly-viscous grade lubricant of viscosity up to 0.08571 Pa.s.  

 4. High-viscosity grade lubricant of viscosity up to 0.1891 Pa.s 

  

1.6.6. Consideration of Real Aspects in the Initial Engine Start Up Problem. This research  

  work has focused on the following issues considered realistic in the context of the initial  

  engine  start up problem:  

  1. Secondary piston dynamics 

  2.  Steady-state piston skirts lubrication 

  a. Isothermal smooth surface piston skirts lubrication 

  b. Isothermal rough surface piston skirts lubrication   

  c. Isothermal Newtonian lubricant behavior 

  d. Isothermal Non-Newtonian lubricant behavior 

  3.  Transient Piston Skirts Lubrication 

  a. Adiabatic piston skirts lubrication  

  b. Squeeze effects in piston skirts lubrication  

  4. Steady-State Isothermal 1
st
 Compression Ring Lubrication 

  a. 1
st
 Compression Ring Lubrication with Circular Bore  

 b. 1
st
 Compression Ring Lubrication with Distorted Bore    

  

REVIEW OF PAST RESEARCH  

1.7. Lubrication Studies. In the past an extensive research was carried out to model the 

lubrication phenomenon of the piston skirts and the rings. Rob H. Thring carried out the engine 

friction modeling and showed the friction values of the piston and the individual piston rings at the 
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various engine speeds. From the results he deduced that the sum of the hydrodynamic friction of the 

rings and the piston increased by increasing the engine speed [11]. Rifat Keribar et al modeled the 

piston skirts hydrodynamic lubrication at the medium and high-speed normal engine operating 

conditions. By assuming the lubricant flooding conditions the different profiles of the piston skirts 

and the distortion of the bore of the liner were considered in the model. The axial temperature 

profiles of the skirts and the liner were generated by defining the viscosity-temperature 

relationships in the model [12]. Zafer Dursunkaya et al developed the analytical and the numerical 

hydrodynamic and boundary lubrication models for the articulated piston assembly to represent of 

the skirts-liner interface and wrist-pin bearings [13]. Pawan K. Goenka et al carried out the piston-

assembly friction analysis in the mixed and EHL regimes at the normal engine operating speeds. 

They described the various analytical methods and compared the friction prediction of each of those 

methods with the data from an experimental engine rig designed to measure the piston assembly 

friction in the normal engine operation [14]. Yeau-Ren Jeng modeled and analyzed the lubrication 

of a piston-ring pack under the normal engine operating conditions. He presented the simulation 

results under the lubricant flooding and the starved lubrication conditions, separately. He showed 

that the minimum thickness of the hydrodynamic film of each ring in the pack was a function of the 

crank rotation angle at the different engine speeds during the normal engine operation. By 

increasing the width of the ring the power loss decreased somewhat at the low engine speeds [15]. 

Huijie Xu modeled the piston assembly lubrication in the mixed and the EHL regimes numerically 

at the different normal engine operating speeds. He defined the secondary piston dynamics in terms 

of the transverse piston displacements and the second-order changes associated with them. He 

incorporated the effects of the surface roughness and waviness in the calculation of the 

hydrodynamic loads by introducing the pressure and the shear flow factors in the Reynolds 

equation. He considered the axial surface profile of the piston skirts in the model and studied the 

effects of the bulk elastic deformation and the thermal distortion of the piston assembly and the 

liner on the lubrication and friction of the rings[16]. In another work Zhu modeled the break-down 

of an EHL film and suggested that it was caused mainly by the reduction in the speed or the 

viscosity of the lubricant. However, the disproportionate increase in the load at the reduced 

lubricant viscosity and the surface roughness also contributed towards the EHL breakdown [17]. 

Yuan-Zhong Hu et al presented a unified numerical approach for the EHL of the non-conformal 

point contact problems. They simulated the different lubrication regimes that covered the entire 
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transition from the full EHL film to the mixed and then to the boundary lubrication. The different 

sample cases were analyzed for both the smooth and the real machined surfaces with 3-D roughness 

[18]. Dipl.-Ing. Rolf Lasaar investigated the influence of the surface asperities on the existing gap 

geometry between the piston and the cylinder liner. The investigation was meant to optimize the 

gap geometry and design. The simulation results showed that the influence of the gap geometry on 

the pressure distribution and friction offered a great potential to improve the performance of the 

piston cylinder assembly [19]. Ozgen Akalim et al developed a mixed lubrication model to 

determine the frictional losses as a result of the contact between the piston ring and the cylinder 

liner. They predicted the high cylinder liner wear near the top dead center by generating the asperity 

contact pressure profiles as a function of the crank angle [20]. Spikes et al modeled the theoretical 

EHL film behavior during the rapid deceleration condition. However, their work is applicable to the 

case of a statically loaded bearing operating under the isothermal conditions and using a Newtonian 

lubricant. By using the approach advocated by Grubin, the model predicted the transient film 

thickness during the deceleration as the sum of two terms; one depending on time and the other on 

the coordinates only [21]. Krupka et al evaluated the EHL film shape experimentally by using the 

calorimetric interferometry technique and compared the results with the numerical solution of the 

conventional smooth surfaces under the steady-state, isothermal conditions. They showed that 

although both results were in general agreement in the Hertzian region, the numerical film thickness 

was up to eight percent lower than that obtained from the experiments [22]. Y. Peiran and W. 

Shizhu addressed the issue of  heating of the conjunctions in the EHL contacts. They modeled the 

non-Newtonian lubricant behavior, identified the thermal boundary conditions and suggested the 

form of the Reynolds equation that caters for both the thermal and non-Newtonian effects. They 

analyzed the effects of the rising temperatures on the performance of the lubricated EHL contacts 

and found out that thermal heat at the conjunctions affected the load-carrying capacity of the 

bearing more adversely than the on-Newtonian effects [23]. Sui and Ariga developed the piston ring 

pack friction model in the mixed lubrication regime. They investigated the effects of the ring 

surface topology on the ring and the liner interfacial friction. They concluded that the run-in effects 

and the daily engine operations modify the ring surface profiles significantly due to wear [24]. 

Wakuri et al analyzed friction between the surfaces of the rings and the liner. An improved floating 

liner method was used to measure the instantaneous friction force of the piston assembly under the 

firing conditions. It was concluded that the friction force of a ring pack became considerably large 



12 
 

as the average and the cyclic changes in the oil film thickness became much smaller due to the 

starvation of oil [25]. Mechail and Barber developed a numerical model to investigate the effects of 

roughness on the piston ring lubrication. They studied the dependence of the thickness of the oil 

film on the shape and the amplitude of the surface roughness as well as on the engine operating 

conditions. Their results showed that the oil film thickness increased with the reduction in the 

roughness under the particular operating conditions [26]. Chengwei et al introduced a 

dimensionless contact parameter to simplify the average Reynolds equation and enhance its 

suitability to study the partial EHL [27]. Dowson and Hamrock studied the EHL phenomenon as 

applicable to the elliptical contacts. They defined the four types of EHL regimes namely, the 

isoviscous-rigid, viscous-rigid, isoviscous-elastic and the viscous-elastic regime. They gave the 

dimensionless minimum film parameter equations for these four regimes. Their work highlighted 

the relative importance of the elastic and the viscous effects to distinguish these four types of EHL 

regimes [28]. K. P. Oh et al investigated the EHL of piston skirts by modeling the phenomenon as 

applicable to the normal engine operation. The EHL film thickness was defined after incorporating 

the terms representing the thermal and the pressure-dependent deformation of the piston skirts. 

They showed that during the normal engine operation an improved piston skirts design increased 

the film thickness which lowered the friction losses [29]. Yong and Keith analyzed the 2-D piston 

ring lubrication by considering the elastic deflection, EHL and the cavitation effects. They 

demonstrated that the elasticity of the ring permitted varying degrees of accommodation that 

allowed the ring to fit into the slightly worn cylinder bore. The oil film around the top dead center 

(TDC) was found to be thicker than that in the rigid ring case due to the elastic displacement effects 

in the EHL regime [30]. Zhang Yong et al performed the 2-D ring lubrication analysis based on the 

flow of the lubricant and incorporated the effects of temperature, roughness and the liner 

deformation on the minimum film thickness. The results showed a visible difference between the 

constant and the variable temperature models as well as the thicker films when counting the effects 

of surface roughness [31]. Ming-Tang Ma developed a 2-D lubrication model of the piston rings 

pack by using the Newtonian and the Non-Newtonian oils and characterizing the shear-thinning 

behavior of the multi-grade lubricant. He concluded that the film thickness level for the multi-grade 

oils was lower than that for the mono-grade Newtonian) oils due to the shear-thinning effect [32]. 

Harigaya et al carried out the unsteady 2-D thermo hydrodynamic lubrication analysis to predict the 

temperature, viscosity and the film thickness of the piston ring. They predicted a thicker oil film 
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and the reduced lubricant viscosity as a result of increasing the engine speed [33]. Hault et al 

experimentally determined the lubricant film thickness on the interface of the cylinder wall and the 

piston of the sample engines by using the laser fluorescent apparatus. They did not observe any 

significant variation in the film thickness between the compression and the exhaust stroke or that 

between the expansion and the intake stroke [34]. Napel & Bosma used the capacitive method to 

determine the EHL film thickness experimentally. They concluded that for the surfaces having 

roughness approaching the mean film thickness, the use of the capacitive method could lead to large 

errors [35]. Richardson and Boreman developed a theoretical piston ring lubrication model and 

measured the oil film thickness experimentally. From the theoretical model they concluded that by 

assuming the oil to have the same constant temperature as that of the cylinder wall was a good 

approximation and the vibrations of the cylinder wall would not affect the calculated results 

adversely. From the experimental data they concluded that at low loads and temperatures, the film 

thickness measurements showed the hydrodynamic lubrication characteristics [36]. M. Knopf 

developed a 2-D model, which involved the gas dynamics, the lubricant hydrodynamics, solid-body 

contact and the ring dynamics in the unsteady state. He showed that during the compression and 

expansion strokes a relatively thin film was generated because of the high pressure loading behind 

the first compression ring [37]. Hitosugi et al developed a theoretical model to determine the 

behavior of the oil film between the ring and the deformed cylinder bore. It was shown that with the 

deformed cylinder bore, the oil flow-out rate tended to increase sharply when the ring could no 

longer conform to the bore deformation [38]. Schlijper et al described the development of a support 

software for the detailed modeling of the EHL contacts. They emphasized the fact that the 

traditional correlations for the lubricant film were known as the survey functions, as defined by 

Grubin, Hamrock, Higginson, Dowson etc. The survey functions strictly applied to the statically 

loaded, isothermal, Newtonian cases only [39]. R.C. Coy described the practical ways of 

developing the lubrication models. The lubrication models were developed and applied to the key 

sub-systems in the engines. He predicted that wear concentration was noticed at a place around the 

top location of the ring travel at the low velocities. He showed that the boundary friction for the 

piston assembly increased with the increasing viscosity [40]. Qingwen et al described the fluid 

velocity profiles produced for the case where the layers of the viscosity greater than the bulk 

occurred on the bearing surfaces under the thin film lubrication. It was concluded that in the low 

viscosity regions the velocity gradients were very large and the shift region centralized in the center 
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layer of low-viscosity determined the friction characteristics [41]. C. M. Taylor focused his research 

upon the major frictional components of an engine including the piston assembly. He advocated 

that only by combining the lubrication and wear analysis the sound appreciation of the tribological 

performance of the piston rings in an internal combustion engine could be achieved [42].Some 

researchers developed the special software and computational algorithms to carry out the 

lubrication analysis [43-46]. To understand the lubrication of the surfaces under the variable but 

very high loads, many researchers modeled the mixed lubrication phenomenon apart from modeling 

EHL and applied it on the non-conformal surfaces including the point and the line contacts [47-61]. 

In the lubrication studies the EHL phenomenon was extended to the engine bearings, piston and the 

rings. The distorted bore of an engine and piston scuffing due to an inefficient lubrication were 

modeled as part of the investigative studies  [62-70]. The experimental investigations on the piston 

and the rings lubrication were conducted under the different operating conditions and the findings 

were compared with the theoretical results where the rough surfaces were also considered [71-75]. 

All the theoretical and experimental studies were conducted in the light of the lubrication principles 

explained in the theoretical text discussed extensively in the literature [76-85]. 

1.8. Engine Start Up Research. The issue of the wear of the piston ring and the liner surfaces 

in an engine start up was investigated by some researchers to understand the factors and the 

dynamics of the system that contribute towards such wear [86, 87]. Initially the issues of 

pumpability and an improved lubricant flow rate were considered to be the remedy  against the start 

up wear [88-91]. The EHL of the piston rings was modeled with the distorted bore to find out if the 

distortion was the main contributing factor in the start-up wear. The hypothesis was verified 

experimentally on an engine test bench. A comparison of the results showed that the distorted bore 

caused a reduction in the thickness of the lubricant film [92, 93]. However, most of the work 

remained inconclusive [94-96]. Some of the researchers initially tried to address the issue of the 

startup wear but later  diverted their attention towards the fuel that is initially supplied and burnt in 

the combustion chamber [97-100]. Then the thermal effects were investigated in the studies, 

especially at low temperature engine start up conditions [101,102]. Some of the researchers worked 

on the heat transfer issues related to the cylinder liner walls and the other components attached to 

the combustion chamber. They studied the transfer of heat to the engine cooling system and found 

that most of the heat dissipated into the surroundings prior to its effect on the lubrication process 

[103-107]. In the past some of the workers focused their attention on the tribological properties of  
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the piston assembly including the finite element grid generation, the noise produced due to the 

piston clatter etc, [108-112]. Some workers generated the simulation codes while the others studied 

the viscosity relationship with the temperature and pressure in the context of the component 

dynamics at the low speeds [113-116].  The thermohydrodynamic effects as applicable to the seals 

and the shear-thinning of the lubricants were also studied [117-118]. Despite such studies related to 

the initial engine start up conditions none of the workers addressed the issue in its entirety by 

considering the associated realistic aspects. The isothermal and the adiabatic piston skirts and the 

first compression ring lubrication studies were not conducted exclusively. The influence of the 

secondary piston dynamics on the skirts and the ring lubrication was not modeled in any of the 

cases. The rheological characteristics of the lubricant including its Newtonian and the non-

Newtonian behavior were neither incorporated or discussed in the models and the experimental 

studies. The piston skirts and the liner surfaces are essentially rough with complex profiles. The 

respective surface profiles affect the EHL of the skirts and the ring considerably. The roughness 

aspects were not addressed exclusively in any of the studies on the initial engine start up conditions. 

None of the work comprised the optimization studies and parametric analysis to provide the 

solutions to address the issue of the engine start up lubrication and wear.              

1.9. Engine Lubricant Behavior Studies. In the normal engine operation, the non-

Newtonian characteristics have fascinated the researchers since quite long. They modeled the 

behavior of an engine lubricant using different approaches. One such approach was the application 

of Power Law fluid model on non-parallel sliders. The time-dependent film thickness based 

behavior of a lubricant was studied [119]. Later, it became clear that the Power Law Fluid model 

could not show any effects related to the elastic normal stress [120]. Some workers developed the 

thermal non-Newtonian Ree-Eyring models but did not incorporate the viscoelastic effects in 

compression and in shear [121]. There were others who modeled the Ree-Eyring lubricants based 

on the Sinh Law. However it became clear that Sinh Law was not intended to model the non-

Newtonian lubricant characteristics [122]. In the past many years many researchers focused their 

attention on the viscoelastic lubricant behavior after the development of Maxwell rate type 

viscoelastic model. In this model, the energy storage characterizes the lubricant elasticity and 

energy dissipation, its viscous effect. The energy dissipation increases during the viscous shearing 

of the layers of a Newtonian fluid during its flow between the interacting surfaces. A Maxwell type 

viscoelastic fluid flows to facilitate a reduction in the energy dissipation [123]. Since the mid 1950's 
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the use of the multigrade oils has become common place. The multigrade oils certainly satisfy the 

viscosity/temperature requirement. However, the addition of a polymer in a mineral oil makes the 

resulting lubricant non-Newtonian and viscoelastic [124]. The non-Newtonian lubricants containing 

polymeric additives possess a characteristic relaxation time λ, which is the ratio of the viscosity to 

the elastic modulus. The notable consequences of viscoelasticity are normal stresses and high 

extensional viscosities. A neutral conclusion supports the compensating effects of these 

consequences of viscoelasticity [124]. In the case of static loading, viscoelasticity has a negligible 

influence on lubrication characteristics for realistic values of the geometrical, flow and material 

parameters in a conformal bearing. However, the loads in real situations are essentially dynamic in 

nature. Hence, there is a requirement to analyze the effects of viscoelasticity on the characteristics 

of the journal and slider bearings when multigrade oils are used in internal combustion engines 

[124]. An early significant theoretical non-Newtonian lubrication analysis is the Second-Order 

Fluid (SOF) model. However the use of SOF model is restricted to situations which are 

perturbations either about Newtonian flow or about a state of rest [125]. Despite the inherent 

limitations of the SOF model the analysis is encouraging enough to suggest that viscoelasticity 

might have a very beneficial influence on lubrication characteristics, provided the characteristic 

relaxation time λ is sufficiently high and/or the eccentricity is sufficiently close to unity [124]. A 

macromolecule polymer additive can increase the viscosity and load capacity of the base oil and 

improve the lubrication performance. This type of lubricant has non-Newtonian characteristics 

[126]. The viscosity of the Non-Newtonian lubricant is affected by its molecular weight, polymer 

additive used, material properties and shear rate of the lubricant [127]. The effect of viscoelasticity 

on the lubrication-flow characteristics is a fascinating but largely unresolved issue in engine 

tribology. A number of workers have tackled it since the introduction of multigrade oils in the mid-

1950s [128].The published evidence for and against the beneficial effects of viscoelasticity in 

lubrication is not extensive or conclusive. However, the reliable available evidence is either neutral 

or supportive of the positive benefits of lubricant viscoelasticity[129]. One of the consequences of 

adding a polymer to a mineral oil is shear thinning. It leads to lower friction and higher wear. The 

adverse effect on wear is greater than the beneficial effect on friction [129]. The mechanical 

behavior of the non-Newtonian viscoelastic lubricants is potentially far more complicated than that 

of the Newtonian mineral oils. Hence it is necessary to consider more than the usual shear stress 

component [130]. Experimental studies on the mono-grade and multi-grade oils in the test rigs of 
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the journal bearings subject to constant loads found slight improvements in the bearing performance 

due to the presence of polymer additives. These studies suggest that the load carrying capacity of 

the bearing increases while friction decreases for non-Newtonian multi-grade lubricants [131] The 

polymer additives as VI improvers in the multi-grade oils mitigate mechanical degradation during 

service and significantly improve base stock performance over a wide range of operating conditions 

typical in automotive engines. It has been shown experimentally that the polymer additives actually 

lower engine friction and reduce rubbing wear in connecting rods, main and big-end journal 

bearings [132]. The polymeric multigrade engine lubricants seem to reduce friction and wear when 

compared with either their base oils or mineral oils of comparable viscosity. It qualifies the 

polymeric oils to become better engine lubricants than the non-polymeric ones [133]. For 

lubricating oils, the fluid relaxation time may vary from 10
-3 

s to 10
-8 

s. If the lubrication process 

time is of the same order, the strong time-dependent effects could be expected. If T is a 

characteristic time of the engine lubricant flow process, then Deborah number De = λ /T can be 

used to measure the time dependence [134-136]. Researchers attempted to interpret the time-

dependent effects on two different basis. The first interpretation was on the basis of a shear-

dependent viscosity and the other was on the different heat-transfer characteristics of the polymeric 

lubricants [137]. However, these two interpretations proved to be unproductive. Instead, the 

viscoelastic behavior of an engine lubricant was suggested to be the most likely cause for the 

improvements in the performance [138]. The Maxwell fluid model is the viscoelastic rate type 

model, which is quite useful in the study of polymeric lubricants [139]. In studying the unsteady 

flows of the Newtonian and Maxwell fluids, the energetic balance of the changing of the kinetic 

energy with time, dissipation and the power due to the shear stress at the wall are of particular 

interest. A comparison between the Newtonian and Maxwell fluids shows that the dissipation and 

the boundary layer thickness decrease in case of a viscoelastic lubricant [140]. Viscoelasticity plays 

an important role in determining the pressure distributions. Hence, it should be considered in the 

analysis of the thin film flows [141]. When a viscoelastic lubricant is used there is a significant 

hydrodynamic pressure enhancement when the minimum film thickness becomes small. Such a 

phenomenon is not observed in the Newtonian lubricants. An enhanced viscoelastic pressure has 

also been observed in the experimental measurements [140]. It now seems clear that the polymeric 

viscoelastic oils are better lubricants than the non-polymeric ones as they reduce friction and wear 

when compared with either their base oils or the mineral oils of comparable viscosity [142, 143].  
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1.10. Thermal Effects in Hydrodynamic and EHL The significance of thermal transients 

in the lubrication mechanisms was recognized through the work of  Ezzat and Rohde and that of 

Ettles et. al. However, in both the cases they did not use the proper boundary conditions to define 

the problem [144, 145].  The investigations by K. P. Oh et al on the EHL of the piston skirts 

showed that an improved piston skirts design increased the thickness of the  lubricant film to lower 

the sliding friction during the normal engine operation [146]. In the unsteady 2-D thermo-

hydrodynamic lubrication analysis of the piston ring the temperature, viscosity and the film 

thickness of the lubricant were predicted. It was shown that by enhancing the engine speed the 

thickness of an oil film increased but at the expense of viscosity reduction [147]. In a simplified 

transient lubrication model of the journal bearing the energy equation and the Reynolds equation 

were coupled but the Poiseulle component of the velocity was neglected [148]. A 2-D piston ring 

lubrication analysis was carried out to study the effects of temperature, surface roughness and the 

liner deformation on the minimum film thickness. The results showed that when the surface 

roughness effects were considered there was a visible difference between the constant and the 

variable temperature models and the thicker lubricant films were achieved [149]. A theoretical and 

experimental investigation of the piston ring lubrication concluded that assuming the oil to be 

having the same constant temperature as that of the cylinder wall was a good approximation and the 

vibrations of the cylinder wall would not affect the calculated results adversely [150]. A 

comprehensive THD study on the transient thermal effects in the dynamically loaded journal 

bearing took into account the continuity of the heat flux at the fluid-solid interfaces. However, the 

theoretical results did not match with the experimental data [151]. A transient TEHD model of the 

tilting pad journal bearing catered for the heat flux continuity at the oil film–solid interfaces and the 

results were validated by the experimental data [152]. In the transient thermo-hydrodynamic 

analysis of the plain journal bearing, the numerical model with good accuracy described the 

temperature field and the variation of the oil film viscosity with temperature. The model took into 

account the heating effects due to viscous shearing and the frictional torque by considering the 

realistic boundary conditions [153]. Unlike the isothermal case, the lubricant viscosity has a strong 

dependence on the temperature rise due to shear heating in the adiabatic heat transfer[154]. At 

present, little research is available on the analysis of the oil viscosity estimated by using the oil film 

temperature on the lubricated surfaces of the piston skirts and the cylinder liner. It is particularly 

true when the initial engine start up conditions are considered. A study modeled and analyzed the 
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piston ring/liner oil film development during the engine warm-up. The analysis mainly focused on 

the viscosity-temperature relationship and the rheology of the multi-grade oils. The study did not 

address the prevailing conditions in the initial engine start-up effectively [155]. In an analysis of the 

lubrication characteristics of the piston ring, the viscosity variations were considered either as 

constant or estimated by using either the liner surface / the wall temperature, or the local / average 

temperature [156]. In the 2-D lubrication analysis of the piston, ring and the liner the shear thinning 

effects were considered. It was found that a thicker film was achieved for the Newtonian lubricant 

than for the multigrade oils due to the shear thinning effects [157]. R.C. Coy described the practical 

ways in which the lubrication models may be developed and predicted that wear was concentrated 

around the top of the ring travel where the velocities were low. He showed that the boundary 

friction for the piston assembly increased with the increasing viscosity [158]. Qingwen et al 

described the fluid velocity profiles produced for the case where the layers of viscosity greater than 

the bulk occur on the bearing surfaces under thin film lubrication. It was concluded that the velocity 

gradients were very large in the low viscosity regions and the shifting regions were centralized in 

the center layer of the low-viscosity. This centralization of the regions determined the friction 

characteristics of the piston ring and the deformed cylinder bore [159]. A numerical solution for 

treating the thermohydrodynamic problems involving the thin film flows in the presence of the 

transverse squeeze and shear thinning effects was presented. It described the influence of the 

thermal and the shear thinning effects on the performance of the piston rings [160]. A theoretical 

model of the piston lubrication was  developed to describe the effects of oil viscosity on the liner 

friction. The findings concluded that the oil film thickness may be assumed to be equal to the liner 

surface temperature as it proved to be a good approximation [161]. A research study on the piston 

ring lubrication presented the effects of oil viscosity on the temperature and the thickness of oil film 

by solving the Reynolds and the unsteady heat equations. The work showed that for the multigrade 

oils, the viscosity may be estimated both by the mean oil film temperature and shear rate. The 

viscosity estimation seemed to be suitable to predict the oil film thickness [162]. A work showed 

the generalized Reynolds equation to suit the rheological models and provided the numerical 

solutions of steady and unsteady thermal EHL problems [163].  

 

1.11. Surface Roughness in Hydrodynamic and EHL  The pioneering work in 

considering the roughness effects on the lubrication of the interacting surfaces dates back to 1966. 
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The theory of hydrodynamic lubrication between the two non-parallel surfaces with the surface 

roughness of one or both the surfaces was developed as part of the pioneering work [164]. The 

requirement of considering the roughness of the surfaces came up because the classical theory of 

lubrication did not predict the existence of any pressure differentials in case of the sliding uneven 

non-parallel surfaces. The introduction of the concept of surface roughness helped in determining 

the hydrodynamic pressures that buildup between the two real interacting surfaces. It provided an 

additional measure and approach to determine more realistic hydrodynamic loads. These loads are 

actually required to be supported to avoid adhesive wear and the collapse of the two interacting 

bodies operating under the severe conditions. In this regard, the stochastic approach was introduced 

to investigate the effects of the one dimensional transverse surface roughness on the slider bearing. 

From the findings of the work it was concluded that the load carrying capacity of the lubricant and 

the frictional forces increased considerably when such surface roughness was taken into account. 

Such an increment in the total load carrying capacity became more significant than that of friction 

force. It led to lower the coefficient of friction [165]. In 1969, the stochastic roughness concepts 

were applied on the  hydrodynamic bearings and the two different models of hydrodynamic 

lubrication in conjunction with the rough bearing surfaces were developed [166]. The first 

lubrication model dealt with the one dimensional, longitudinal roughness and the other one 

considered the one dimensional transverse roughness. The findings of the results concluded that in 

case there was a large mean separation of the sliding surfaces by the lubricant film as compared to 

the roughness amplitudes, the roughness effects could safely be neglected. However, the surface 

roughness effects became  significant when the interacting opposing surfaces came closer to each 

other under the low speed and the marginally thin lubricant film conditions. Almost all of the initial 

research work was limited to explaining the two specific types of roughness structures with one-

dimensional ridges oriented either transversely or longitudinally. In the late seventies Patir and 

Cheng modeled the engineered interacting surfaces by applying the concept of surface flow factors. 

They presented the surface roughness model, which became known as the P.C. roughness model. 

The model modified the average Reynolds equation by introducing the pressure flow factor on the 

two axes separately and the shear flow factor on the surface. In the formulation, the actual flow 

between the rough surfaces was equated to an averaged flow between the nominally smooth 

surfaces. The parameters describing the roughness were included in the average Reynolds equation 

through the pressure and shear flow factors [167]. Despite such an arrangement there was an 
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inherent difficulty associated with the extraction of the reliable expectation values (ensemble 

averages) of the flow factors found for each sample roughness. Apart from this difficulty, the 

approach adopted by Patir and Cheng is also unsatisfactory in that the functional dependence of the 

factors on the roughness parameters can only be inferred from the numerical experiments and 

expressed in the fitted form [168]. However, despite such limitations this method initially provides 

a fair estimation of the roughness effects on the fluid film lubrication in all the regimes in the 

context of the Peklinik number and the dimensionless film thickness parameter [169]. In the early 

eighties a new approach to model the rough surface asperities was developed by J.H Tripp, which 

tried to address the limitations of the P.C. model and succeeded in overcoming most of them [170].  

When comparing the two surface modeling techniques, both seem to be accurate in the absence of a 

significant degree of actual surface contact. In 1979, Elrod presented the general theory for 

lubricating the rough surfaces experiencing the laminar flow with Reynolds roughness. He 

advocated the introduction of the flow factors, which were essentially the same as given by Tripp 

[171]. Since its introduction many researchers have used the flow factor method to generate the 

solutions of the roughness effects on the slider bearings. In the late eighties a few researchers 

modeled the EHL phenomenon by investigating the surface roughness effects but such models were 

essentially one dimensional. However, the numerical solution used the Newton-Raphson method 

with high level of accuracy. The Compressibility parameter introduced in the model proved to be 

quite significant and the low loads with roughness orientation were investigated [172]. In 1991, 

Dong Zhu et al used the flow factors in the average Reynolds equation  to find a two dimensional 

solution of the rough piston and liner surfaces in the mixed lubrication regime. The geometric 

factors of the rough surfaces were introduced to modify the mathematical shear stress relationship. 

It was intended to show their effect on the shear stress [173]. The work was  extended to consider 

the elastic surface deformations of the piston skirts and the liner surfaces [174]. Greenwood et al 

developed the asperity contact model to investigate the effects of transverse surface roughness in 

EHL. The Greenwood-Tripp model has been widely used by the workers to define the nature of the 

asperity contacts and the friction forces associated with those surfaces [175]. J. Yang et al 

implemented the Greenwood-Tripp model to determine the numerical solutions of the 2-D piston 

skirts lubrication problem in the hot engine running conditions [176]. Lunde et al calculated the 

flow factors for an isotropic rough bearing [177].  In 2001, Kun et al investigated the surface 

roughness aspects related to the piston and liner by focusing on the inline width but they presented 
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the solution applicable to the one dimensional case [178]. By using the flow factors a 2-D 

sinusoidal rough surface model was developed. Though the sinusoidal pattern used had no novelty 

but the work presented the new analytical developments. In 2002 a few researchers presented a 2-D 

model by solving the averaged Reynolds equation for the sliding motion of the rough surfaces. The 

work combined the time and the spatial averaging in order to obtain the macroscopic surface 

roughness behavior. In 2010, Kellaci et al used the surface waviness factor for modeling the 

lubrication between piston skirts and the liner surfaces. At the 66th STLE Annual Meeting & 

Exhibition in early 2011, Zhu et al presented the new dimensionless film thickness parameter range 

for EHL of the rough surfaces. 

 

1.12. 1
st
 Compression Ring Lubrication.  The 1

st
 compression ring experiences the most 

severe engine operating conditions and the time-dependent alternating loads. It has the barrel or the 

parabolic face profile with the wear resistant coating on it [179]. The parabolic profile is preferred 

because the ring tends to be self-perpetuating under wear and rocks inside its groove during the 

reciprocating movement. It causes the preferential wear of the edges of the ring [180]. In view of 

the crucial role assigned to the compression ring the lubrication of the same has always fascinated 

the researchers. In one of the experimental studies related to the subject, the measurements of the 

lubricant film thickness between the piston ring and the liner showed that the lubricant behavior 

was essentially hydrodynamic throughout the stroke at the different speeds, loads and temperatures 

during the normal engine operation. It was observed that the film thickness increased with the 

engine speed and the lubricant viscosity. However, by increasing the loads the film thickness 

decreased proportionately [181]. A comparison of the measured and the calculated lubricant film 

thicknesses between the piston ring and the liner showed that the measured film was considerably 

thicker than the one calculated from the theoretical results [182]. The stated discrepancy in the 

measured and predicted results necessitated new investigations and the findings of a follow up work 

explained that if the inlet region of the compression ring was kept fully flooded the film thickness 

obeyed the theoretical results [183]. In a related experimental investigation the researchers focused 

their attention towards observing the changes in the film thickness along the ring face over the long 

periods of engine running. The results showed that the film thickness profile varied along the 

circumferential axis and peak to peak surface roughness decreased due to the time of the engine 

running [184]. In the eighties some researchers proposed the different experimental methods to 
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understand the development process of the oil film between the compression ring and the cylinder 

liner of an IC engine [185]. In the early nineties some useful comparative studies were conducted 

about the piston ring friction during the normal IC engine operation. The findings revealed that the 

piston assembly friction accounted for the maximum percentage of the mechanical power loss in the 

engines. The results predicted that the oil film thickness of the top compression ring was 

remarkably reduced over the complete 4-stroke cycle [186]. In the mid-nineties the three-

dimensional mathematical models were developed to analyze the lubrication of the compression 

ring by considering the different   geometric shapes of the ring. The main focus of the researchers 

was on the effects of the flow rate of the lubricant, the power loss and the bore-out-of-roundness on 

the oil film thickness between the ring and the liner. Generally, the simple mathematical models 

were developed to explain the nature of the ring-liner interaction. The predicted energy 

consumption from the simple models was found to be about twice than that predicted by the 

comprehensive ring lubrication models [187]. The fact that the real piston rings twist back and forth 

slightly during reciprocating piston motion was also considered in the comprehensive numerical 

lubrication models [187].  Some of the experimental studies on the normal engine operation 

concluded that in a ring pack with a single compression ring, a thinner lubricant film is formed as 

compared to that in a two compression rings pack [188]. In the experimental and theoretical studies 

it was noted that the prolonged use of an engine lubricant initiates a slow and gradual process of 

chemical decomposition of the base oil [181-183]. The cyclic thermal loads and the harsh ambient 

conditions facilitate a fairly sharp rise of the total acid number, sponge formation and a reduction in 

the load-carrying capacity of a continuously decomposing and deteriorating engine lubricant. The 

lubricant degradation is attributed to the accumulation of the carbon products of the exiting burnt 

out gases, their mixing with the lubricant, sludge formation and associated chemical reactions in the 

lubricant passages [184]. The polymeric chains of some of the additives break down during the 

decomposition process affecting the viscosity of the lubricant adversely. In the compression and 

expansion strokes the 1
st
 compression ring experiences partial lubrication near the respective dead 

centers [185]. The viscosity reduction over time makes the ring unable to withstand the tremendous 

combustion thrust near the top dead center, inviting adhesive wear. The hydrodynamic squeeze fails 

to generate sufficient pressures to enable the ring to carry the loads and prevent wear of the 

interacting surfaces in relative motion [186-187]. To analyze the piston ring performance the two-

dimensional piston ring lubrication with an elliptically distorted bore was studied to investigate the 
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effect of the circumferential flow of the lubricant. The findings showed that the hydrodynamic 

pressures decreased dramatically with an  increase in the film thickness in the circumferential 

direction[189]. Some experimental studies were conducted to measure the friction and the energy 

losses in the motored and the firing engine. The results showed that friction increased with the 

speed of motoring and the magnitude of the friction force almost doubled with the commencement 

of the firing of the engine [190]. A two-dimensional theoretical analysis on a low-speed 2-stroke 

engine considered the changes in the film thickness in the sliding direction. The simulation results 

concluded that the film had a minimum thickness a few degrees of the crank rotation angle after the 

TDC in the combustion stroke. The magnitude of the film thickness was in the fraction of a  micron, 

implying the likely chances of wear in that zone. One of the findings of the study showed that the 

gas pressure in the cavities between the piston, rings and wall changed with time, which affected 

the behavior of the lubricant film slightly [191]. Another theoretical model studied the variations in 

the film thickness in the sliding and circumferential directions by considering the piston tilt motion. 

The film thickness was found to be non uniform along the circumferential direction. The findings of 

the parametric studies on the ring geometry suggested that the power loss and the ring height were 

directly proportional to each other [192]. In 1999, a detailed study on the tribological performance 

of the piston ring pack was conducted for the normal operation of a high-speed 4-stroke gasoline 

engine. The conclusions suggested that by increasing the engine speed and the loads, the engine 

losses increased consequently [193]. A study in the hydrodynamic and mixed lubrication regimes 

investigated the effects of pressure and the temperature-dependent viscosity variations. It was found 

that under the stated conditions the thickness of the film depended on the shear rate of the lubricant 

[194]. An experimental work was conducted on the frictional model of the barrel shaped 

compression ring under the flooding conditions and by considering the secondary motion of the 

piston. The findings suggested that the frictional behavior of the piston ring could be classified into 

the five different modes in the different lubrication regimes. Moreover, the transition between the 

two regimes was found to be more difficult at the respective dead centers due to the minimum 

cyclic speed of the piston [195]. An experimental investigation concluded that the predicted inter-

ring pressures correlated well with the measured results [196]. In 1982, a study on the piston ring 

EHL developed the 1-D model by considering the squeeze film effects. The elastic displacements 

were found to play a significant role in the lubrication of the 1
st
 compression ring near TDC. This 

study strongly recommended that the elastic deformation must be taken into account when 
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investigating the lubrication of the compression ring near TDC in the combustion stroke [197]. To 

analyze the piston ring hydrodynamic and EHL, another study used the non-linear Finite Element 

scheme and the results were consistent with those in the earlier case [198]. In 1996, a previously 

developed ring hydrodynamic model was extended to incorporate the elastic deformation in the 

EHL regime. The simulation results concluded that the elastic deformation effects became 

significant in the power stroke when gas pressure was high enough to cause such displacements 

[199]. A partial ring EHL model simulated the development of the minimum film thickness under 

the pressure-dependent viscosity and density conditions. The study concluded that the lubricant film 

thickness was less than one micron in the close vicinity of the TDC [200].  

 

RESEARCH OBJECTIVES  

1.13. The research work is focused on finding ways to minimize and prevent the initial 

engine start up wear. It  is conducted with the following objectives:  

 1.13.1. To understand the secondary dynamics of the piston at a low-load and speed  

   cold initial engine start up conditions. 

 1.13.2. To understand the steady and un-steady hydrodynamic and EHL of the piston 

   skirts in the initial engine start up  

 1.13.3. To understand viscous heating and its effects on the piston skirts lubrication in 

   the initial engine start up   

 1.13.4. To understand the effects of surface roughness on the piston skirts lubrication 

   in the initial engine start up 

 1.13.5. To  understand  the  Newtonian  and  non-Newtonian  behavior  of  an engine 

   lubricant  in  the  hydrodynamic and EHL of piston skirts in the initial engine 

   start up. 

 1.13.6. To optimize the initial engine start up speed, the piston-to-bore radial clearance 

   and  the ambient viscosity of the lubricant separately for the following in  the  

   hydrodynamic and EHL of piston skirts in the initial engine start up: 

   (a)  The steady and un-steady conditions. 

   (b)  During viscous shear heating. 
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   (c) Smooth and rough piston skirts and cylinder liner surfaces. 

   (d) When a lubricant exhibits either Newtonian or viscoelastic behavior. 

   1.13.7. To  understand the hydrodynamic and EHL of the 1
st
 compression ring in the  

   initial engine start up 

 1.13.8. To understand the Newtonian lubricant behavior in the hydrodynamic and EHL 

   of the 1
st
 compression ring in the initial engine start up. 

 1.13.9. To  understand the  hydrodynamic and EHL of the 1
st
 compression ring in the 

   initial engine start up when a distorted engine bore is considered.  

 1.13.10. To optimize the face profile of the 1
st
 compression ring when lubricated in the 

   hydrodynamic and  EHL regimes in the initial engine start up and operated in 

   the distorted bore.    
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CHAPTER-2 

A BRIEF REVIEW OF SOME BASIC CONCEPTS 

 

FUNDAMENTAL CONCEPTS OF INCOMPRESSIBLE FLUID DYNAMICS 

2.1. In terms of the application of an external force fluids may be divided into liquids 

(incompressible) and gases (compressible). Statics is the balance of forces to stabilize the fluids at 

rest. In fluid kinematics the possible motions of a fluid element are in terms of translation, rotation, 

shear strain and dilatation. There are two methods to study the flow of fluids. First is the 

Lagrangian method in which any arbitrary particle is followed with its kaleidoscopic changes in 

velocity and acceleration. The second is the Eulerian method in which the changes in the velocity 

and pressure are studied at the fixed positions in space and time. A stream line is a curve formed by 

the velocity vectors of each fluid particle at a certain time. By taking a given closed curve in a flow 

and drawing the stream lines passing through all the points on the curve, a stream tube can be 

formulated. A flow whose state is determined by the one coordinate axis is the one dimensional or 

1-D flow. A fluid flow with velocity components considered in the two coordinate axes directions is 

the two dimensional or 2-D flow. A flow with its displacement rate considered in all the three space 

coordinate directions is a three dimensional or 3-D flow. In a steady flow, the mass flow per unit 

time passing through each section does not change, even if the diameter of the conduit changes. In 

this case the physical principle states that "Mass is conserved". The governing flow equation 

which results from the application of this physical principle is called the continuity equation This is 

the law of conservation of mass. In fluids, the kinetic energy, potential energy and pressure are 

exchangeable. Ignoring the  frictional losses, the total energy is constant. This is an expression of 

the law of conservation of energy applied to a fluid. The force acting on a fluid is conserved as an 

increase in unit time in momentum. This is the law of conservation of momentum. 

2.2. Lubricant Viscosity. A fluid acts as a lubricant when its viscosity plays a fundamental role 

in lubrication. The viscosity of a lubricant changes with temperature, shear rate and pressure. The 

thickness of the lubricant film that separates the two opposing surfaces is usually proportional to its 

viscosity. A high-viscosity grade lubricant requires more power to be sheared as compared to the 

one of relatively low viscosity. The energy losses are high and excess heat is produced due to 

shearing. It  increases the temperature of the interacting surfaces substantially. Under the extreme 
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conditions, it may cause the failure of a machine component. Viscosity Index is an inverse measure 

of the decline in the oil viscosity with temperature. The high values indicate that the oil shows a 

relatively small decline in viscosity with temperature. An oil of appropriate viscosity is chosen to 

lubricate the piston and rings assembly effectively. It gives an optimum performance at the required 

temperatures and pressures inside the combustion chamber of an engine. 

 

2.3. Dynamic Viscosity. A lubricant of sufficient film thickness separates the piston 

assembly and the liner surfaces. The force required to move the piston skirts is proportional to the 

wetted area and the piston velocity. The viscous resistance varies as the reciprocal of the film 

thickness. The proportionality constant in this relationship is called the dynamic viscosity. It may 

also be defined as the friction between the surfaces that are fully separated by a lubricant. The 

separation is due to the internal friction of the liquid, namely the dynamic viscosity of the oil. 

Mathematically, it is defined in terms of the Newton's postulate as: 

μ =   τ / s                           (2.1) 

μ =   τ / (u/h)                         (2.2) 

μ is absolute or dynamic viscosity (N.s/m
2
); τ is Shear stress (N/m

2
); s is Shear strain rate(u/h,s

-1
) 

 

2.4.   Kinematic Viscosity. It is defined as the ratio of the dynamic viscosity to the density of a 

lubricant. If the heat produced due to viscous shearing is excessive, it affects the density of the 

lubricant by varying its volume at a constant mass flow rate. The momentum rate cannot be 

maintained at a constant volume for which the time dependent variations in the volume of the 

lubricant must be accounted for to avoid the violation of the conservation principle. When the 

compressibility affect is introduced in the fluid flow then the kinematic viscosity term is considered 

especially in the aerodynamic applications. Mathematically: 

Ѵ = µ / ρ                            (2.3)          

Ѵ  is the kinematic viscosity; µ  is the dynamic viscosity [Pas]; ρ  is the fluid density [kg/m
3
] 

 

2.5. Viscosity-Pressure Relationship. The viscosity of a lubricant increases with pressure. 

This is of particular importance in the heavily loaded concentrated contacts like the case of the 

lubrication of the piston and rings. For most lubricants the effect of pressure on viscosity is 

considerably larger than that of temperature or shear when it is significantly above atmospheric. 

The pressures developed in the lubricated contacts may rise to very high values rapidly to transform 

the behavior of a lubricant to that of an  amorphous solid. At the normal ambient temperatures and 
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moderately high pressures the Barus Law an empirical equation, describes the relationship between 

pressure and viscosity of the lubricants. The Barus equation is of the form: 

µp=μ0 eαp                                                            (2.4) 

µp = Dynamic viscosity at pressure ‗p‘ in Pas; μ0 = Dynamic viscosity at atmospheric pressure in 

Pas;  α = Pressure viscosity constant in m
2
/N;  p = Pressure of concern in Pa 

2.6. Viscosity-Temperature-Pressure Relationship. The pressure-viscosity relationship 

ignores the effect of temperature on the lubricant viscosity. In reality the temperature of the 

lubricated contacts operating under the tremendous loads rise substantially and reduce the 

viscosity of a lubricant. It is in sharp contrast to the case when high pressures increase the 

viscosity nearly exponentially. It was observed experimentally that at constant pressure the 

viscosity increased more or less exponentially with the reciprocal of the absolute temperature. 

Similarly, at a constant temperature the viscosity increases more or less exponentially with 

pressure. The complex relationship between the viscosity, temperature and pressure was 

explained by Roelands, who developed an empirical relationship on the basis of the findings 

of his experimental results. The viscosity-temperature-pressure equation developed is: 

η =𝜂𝑜exp   ln 𝜂o+9.67 

 

  
To – 138

Tm- 138
 

−𝑆𝑜

 1 + 5.1𝑥10−9𝑝 𝒁 − 1                                       (2.5) 

2.7. Viscosity-Shear Rate Relationship. In Newtonian lubricants the kinematic viscosity is 

proportional to the shear rate. At higher shear rates this proportionality is lost and a lubricant 

behaves like a non-Newtonian fluid as shown in figure 2.1. 

 

Fig 2.1: Viscosity-Shear Rate Relationship 

2.8.  Friction and Thermal Effects. In the tribological contacts friction and viscous 

dissipation cause heat generation inside the contact zones. Inside a zone there is a substantial 
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dissipation of energy and a corresponding increase in the  temperature. In an IC engine the applied 

load, the velocity of the sliding piston and the coefficient of friction cause the dissipation of 

energy. When lubricated the moving piston may offer low friction. Lubrication assists in 

reducing, minimizing and preventing wear of the piston skirts, rings and the cylinder liner. The 

viscous friction offers resistance to the motion of the interacting piston and the liner surfaces and 

converts a part of the mechanical work into heat energy. Resultantly, the surface temperatures of the 

piston, rings and the liner rise locally, which affect the viscosity of the lubricant. If the temperature 

rises to say, 25°C then the viscosity may become 80% of its original value. It may affect the 

hydrodynamic pressure and the load-carrying capacity of the lubricant adversely and increases the 

energy losses. The coefficient of friction depends on the thermal loading, the characteristics of the 

lubricant and the translational displacement rate of the piston, as explained by the generalized 

Stribeck or Hersey curve. An excessive frictional heating may thermally distort the 

geometry of the interacting surfaces and the film profile. The distorted profile loses its 

optimum design and performance characteristics and unable to carry the loads effectively. 

In extreme cases it may lead to the bearing failure.    

2.9.   Heat Transfer Mechanism. Heat is generated by the viscous shearing of the 

lubricant between the skirts and the liner surfaces. In the rigid hydrodynamic lubrication regime the 

heat is convected through the lubricant to the surrounding surface structure and then conducted 

through it. In the EHL regime the lubricant film under the action of the tremendous loads behave as 

an amorphous solid through which heat is conducted and then transferred to the adjacent interacting 

surfaces. The convective and the conductive heat transfer mechanisms may act simultaneously in 

the hydrodynamic and EHL regimes. However, the heat convection mechanism may dominate in 

the rigid hydrodynamic regime whereas conductive heat transfer is dominant in the EHL regime. 

The ratio of heat conducted and convected is very important. In view of this the convection term 

must be included in the thermohydrodynamic lubrication analysis.  

 

2.10.   Frictional Temperature Rise in EHL Contacts . In the EHL regime the thin 

films of low conductivity separate the interacting surfaces of the piston assembly and the 

cylinder liner. In these contacts the viscosity of the lubricant increases with pressure. The force 

required to shear the lubricant film varies with pressure inside the contact. In the central zone of 

the film the pressure-dependent viscosity attains the maximum value. Resultantly, there is  
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proportionally high viscous shearing and heat generation inside the contact zone. The heat 

distribution between the two solid surfaces depends on their thermal properties and the EHL 

film thickness. In such an arrangement the rate of heat generation varies, which affects the 

temperature distribution on the interacting surface of the piston skirts and the liner. The 

temperature of the lubricant film increases towards the center inside the contact zone. The 

theoretical prediction of the maximum temperatures at the centre of an EHL film due to the very 

high rate of heat generation and dissipation is confirmed by the infra-red spectroscopic 

experimental analysis. The temperature difference between the centre of the film and the 

interacting surfaces could be very high despite a very thin EHL film. The high temperatures 

within an EHL conjunction may decompose and cause lubricating film failure.  The very high 

temperatures inside an EHL contact explains the reasons of a possible breakdown of the film 

under the extreme cases. The scuffing failure of the piston skirts can be cited as an example.     

 
Fig 2.2. Temperature Profile of EHL Film 

2.11.  Viscous Heating. A fundamental parameter that plays a major role in an engine 

lubrication is the oil viscosity. Viscosity changes with temperature, shear rate and pressure and 

the thickness of the lubricant film generated is usually proportional to it. During the normal 

engine operation, a lubricant fails to shed away all the accumulated heat. The lubricant temperature 

remains very high as compared to that at the ambient conditions. A high temperature reduces the 

viscosity, film thickness and load carrying capacity to cause degradation of a lubricant. Such 

frequent temperature-prone viscosity reductions and lubricant degradations may ultimately lead to 

an engine failure. Generally, it is believed that a high-viscosity grade lubricant gives better 

performance, since the film is thicker and a better separation of the two surfaces in contact would 

be achieved. This is not always the case since the viscous oils require an extra power to be 

sheared. Consequently the power losses are high and an excess heat is generated. It results in a 

substantial increase in the temperature of the contacting surfaces, which may lead to the failure 
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of an engine component. An oil viscosity is usually chosen to give an optimum performance at 

the given temperatures. The lubricant viscosity is also used to improve the fuel consumption 

with the energy–efficient lubricants, which couple the low viscosity with friction modifiers. The 

viscosity improvers reduce the dependence of the viscosity on the temperature, so that oil can 

give both easy starting in cold and hot climate. One side effect of their use is they make oil 

viscosity, temperature as well as shear rate dependent. At the time of an initial start up of a cold 

engine, the lubricant viscosity and the surface of its flow passages are at the ambient temperature. 

The lubricant viscosity at the ambient conditions is always high than that at the elevated 

temperatures. Knowing the temperature at which an engine oil is expected to operate is critical 

as the oil viscosity is extremely temperature dependent. The viscosity of different oils varies at 

the different rates with temperature. It can also be affected by the velocities of the operating 

surfaces or the shear rates. The knowledge of the viscosity characteristics of a lubricant is 

therefore very important in the design and in the prediction of the behavior of a lubricated 

mechanical system. When an engine starts up, the heat flow paths from the combustion chamber to 

the cylinder-head are available for the removal of maximum amount of heat. At that instant an 

effective engine cooling system functions at the maximum efficiency. The cold piston crown and 

the cylinder liner walls are in place. Such arrangements in a few cold engine start up cycles do not 

let most of the combustion heat to travel down to the surface of the piston skirts and alter the 

lubricant temperature significantly. In a few initial cold engine start up cycles, shear heating is 

anticipated to be the major contributor towards increasing the lubricant temperature. Hence, it may 

be logical to ignore the minor variations in the temperature of the lubricant due to combustion in the 

initial engine start up. This assumption allows modeling the viscous heating effects in the initial 

engine start up. A piston skirts EHL model in the initial engine start up incorporates the effects of 

shear heating on lubricant viscosity, hydrodynamic pressures and the contact geometry of the 

interacting skirts and liner surfaces. It is due to the fact that the thermal effects have a more 

dominating influence on the lubricant film thickness than its non-Newtonian behavior. Viscous 

heating transforms the hydrodynamic and EHL regimes to become thermohydrodynamic (THD) 

and thermoelastohydrodynamic lubrication (TEHL) regimes. 

2.12.  Surface Topography.  Roughness represents the height of the small asperities or 

irregularities on the solid surfaces, which may be seen in terms of peaks and valleys on a surface. 

The engineered surfaces have textures of random asperities distribution. The topology of a rough 
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solid surface is shown in figure 2.3 (a). The frequency of a typical roughness pattern affects the 

characteristics of a surface.  Hence, the frequency patterns are divided into the three component 

categories. The categorization is in terms of the roughness, surface waviness and the error or 

deviation of form. Roughness is the high frequency with the shortest wavelength and represents the 

irregularities in the texture of a surface. Waviness has a long wavelength which implies a low order 

of frequency as compared to the roughness. Form has the lowest frequency and the longest 

wavelength on a surface as compared to the other two components. The error of form is the 

deviation from the nominal form as specified during the design stage. To specify the amplitude of 

an asperity a few roughness parameters are shown in figure 2.3 (b). 

 

 
Fig. 2.3. (a) General typology of a solid surface. (b) Roughness parameters for a rough profile 

2.13. Surface Roughness Correction for Film Thickness.   The minimum thickness of a 

lubricant film is a critical factor as it carries the hydrodynamic loads. To cater for the rough 

interacting surfaces a correction factor is introduced which is the function of the ratio of the 

minimum film thickness to the composite surface roughness. It is known as the dimensionless film 

thickness parameter, denoted by ⋀.  Mathematically, it is defined as: 

⋀ =
𝑚𝑖𝑛

𝜍
                          (2.6) 

𝜍 =  (𝜍1
2 + 𝜍2

2)                                                                  (2.7) 

where 𝜍1 and 𝜍2 are the root mean square roughness of the piston skirts and the liner respectively. 

An important surface roughness characteristic or the surface pattern parameter is identified in the 

form of a dimensionless entity, termed as the Peklenik number. It is defined as the ratio of the 

autocorrelation lengths in the transverse and longitudinal directions. Peklenik number is used to 

incorporate the directional properties of a rough surface. The ratio may be interpreted as the  length-

to-width ratio of a representative asperity contact. Mathematically it is defined as: 
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ϒ =
ʎ𝑥

ʎ𝑦
                           (2.8)                                                   

where ʎ𝑥  and ʎ𝑦  are the autocorrelation lengths in the x and y directions. If ϒ = 0 then the surface 

pattern is oriented purely transversely. If ϒ = 1 then the surface pattern is isotropic. However, If ϒ = 

Infinity, then the surface pattern is oriented purely transversely. 

2.14.  Stochastic Rough Surface. The stochastic surfaces are essentially probabilistic and 

defined randomly. The input and output parameters include the statistical functions like the variance 

or rms height ς, the height distribution function hdf, the skewness and kurtosis. However, these 

parameters depend on the nature of the problem. The auto-covariance function acf describes the 

surface variation in the lateral direction. It explains the correlation of the surface with the shifted 

versions through translation. The correlation length is the typical distance between the two similar 

features. The convolution is performed efficiently by using the discrete Fast Fourier Transform 

(FFT) algorithm. For a non-isotropic surface additional input parameters are required, which 

include the correlation  lengths  along  the y- and x- axes to get the Peklinik number(value other 

than one).  The outputs are the randomly generated surfaces with the f-surface heights and x- and y-

surface points. Figure 2.6 shows the randomly generated 2-D surfaces. The orientation of each of 

the surface textures is shown by the different colors. In Fig 2.4(a), the surface roughness is 

homogenous with the circular colored patches, which do not show any particular direction. In 

Figure 2.4(b)  the roughness characteristics show the surfaces are oriented longitudinally. Fig 2.4(c) 

shows the transverse orientation of the roughness patterns. 

 

 
         (a) ϒ=1    (b) ϒ=3   (c) ϒ =1/3 

Fig 2.4. Gaussian 2-D Random Surfaces generated for the Different Peklenik Number, ϒ 

   

2.15. Surfaces Roughness       Unlike the idealization of the ultra fine nominal piston skirts 

and the liner surfaces, the real ones are essentially rough in nature. The real surfaces of the 

piston skirts and the liner are composed of the numerous micro-size sharp asperities with 
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pointed peaks, separated by the steep valleys. In the EHL regime the exceptionally high 

hydrodynamic pressures reduce the lubricant film thickness from several to a fraction of a micron. 

The high pressures suppress and displace the asperities of the rough interacting skirts and the liner 

surfaces elastically. The suppression of the asperities creates new voids, which are readily occupied 

by the lubricant film when the fully flooded conditions prevail. The lubricant peeps into the newly 

created space and the thickness of the film increases correspondingly. In the initial engine start 

up, the physical nature of the asperities and the topography of the interacting surfaces must be 

understood to analyze the effects of the roughness factors on the lubrication of the sliding 

surfaces. In the lubrication studies we are interested in the geometric variation of the surface 

i.e.,  its roughness. Roughness represents the surface irregularities, without considering the  

waviness and error of form. The roughness of the piston skirts generally concerns the 

horizontal spacing that is, the wavelength of its surface features. However, when the 

characterization of the piston skirts and the liner surfaces is required in the context of EHL in 

the initial engine start up then in addition to the wavelength the amplitude parameter that is, 

the vertical direction must also be considered. To compute the parameters that define the 

surface roughness the height measurements are made from some defined reference line. To 

define the reference line various methods are used that include the mean system, the ten -point 

average method and the least squares method etc. After defining the reference line the three 

different surface parameters are computed. These parameters include the centerline average 

(CLA), the root mean square (rms) and the maximum peak-to-valley height. These parameters 

define the roughness profiles in terms of the asperity heights. To incorporate the length of the 

asperities the piston skirts length is introduced. The profile skirts length is obtained by cutting 

the profile peaks by a line parallel to the mean line within the sampling skirts length at a 

given section level. The profile skirts length ratio is defined as the ratio between the skirts 

length and the sampling length. The skirts length curves describe how much of the skirts 

profile protrudes a given distance above the surface. During the initial engine start up cycles a 

certain amount of the skirts surface is anticipated to be removed by the plastic deformation. 

The piston skirts length curves also calculate the peakedness and the amount of material 

between the given asperity heights. In the top profile the surface asperities have steeper peaks 

than in the bottom profile. The roughness of the skirts surface can also be described in terms 

of the distribution function of its profile heights. The surface roughness factors may be 
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defined in terms of the pressure and shear flow factors. These factors are then incorporat ed in 

the Reynolds equation to calculate the hydrodynamic pressures. The roughness heights of the 

skirts and the liner surfaces can also be defined separately and incorporated in the 

mathematical relationships defining the steady state contact geometry of the skirts and the 

liner surfaces. Apart from the deterministic approach to define the asperity heights and 

lengths the stochastic approach uses the Gaussian distribution of the asperity heights to define 

the surface roughness of the piston skirts and the cylinder liner.  

2.16. Squeeze Effect. When the surface of the piston skirts approach towards the cylinder 

liner hydrodynamic pressure builds up in the lubricant film between them. The effect produced due 

to this action is termed as Squeeze and the lubricant film is called the Squeeze film. In the squeeze 

flow the engine lubricant  is compressed between the skirts and the liner and  gets squeezed out 

radially. During the process the geometry changes continuously due to which the squeeze action 

based flow of the lubricant is inherently transient in nature. Unlike the case of wedging, a squeeze 

film always represents an unsteady state. If the applied load becomes constant, a squeeze film still 

gets either thin or thick with time and resultantly, cannot be maintained for a long time. If the 

positive and negative squeeze actions are repeated alternately, then a film may be maintained under 

a constant applied load. For the relatively small gaps between the piston skirts and the liner surfaces 

the squeeze film flow is modeled to high precision by incorporating the piston dynamics and the 

sliding friction. During the process the positive pressures buildup, which results in the positive 

squeeze effect. When the piston skirts  recede away from the liner then negative pressures are 

generated in the lubricant film, causing a negative squeeze. Under the dynamic loads at the large 

radial clearances an IC engine experiences unwanted vibrations in the initial start up. These 

vibrations may cause an imbalance to allow a rough-running of an engine at the relatively low 

speeds. At the critical engine speeds it may  increase the amplitude of the stresses considerably. A 

squeeze film acts as a nonlinear spring-and-damper system which, if properly utilized, may 

suppress the dynamic instability and eliminate resonance. 

 
Fig. 2.5.  Squeeze Flow with Constant Mass of Sample between the Plates 
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2.17. Lubricant Rheology       The tribology of the piston skirts and the rings in an IC engine  

involves the hydrodynamic friction, an EHL film and the rheological behavior of the lubricant. 

When considering the rheological behavior an engine lubricant, it must maintain a stable state at 

all working temperatures and operating condition. It should not either react to create corrosive 

elements or form deposits that can affect the engine performance. The oil must be able to 

control the adverse effects of any compound that are formed inside the engine or taken inside 

during the intake stroke. In the normal engine operation the lubricant rheology and a fully 

established EHL film minimize friction, wear and improve the load carrying capacity of an engine 

lubricant. The initial engine start up encompasses a few low speed 4-stroke cycles, an engine warm 

up and then idling at the low speeds. The engine start up cycles generate the secondary transverse 

oscillations of the piston in the absence of a fully established EHL film, which affect the oil flow 

and lubrication significantly. The secondary oscillations contribute towards increasing wear of the 

piston skirts, the 1
st
 compression ring and the cylinder liner. The basic requirement related to the 

performance of a lubricant is its influence upon friction and wear characteristics of an IC 

engine. From the engineering point of view, it is essential to know the  lubricant viscosity at a 

specific shear rate. The lubricants whose viscosities are independent of shear rate are known as 

Newtonian and those whose viscosities vary with shear rate are Non-Newtonian. Newtonian fluids 

have a loose molecular structure that is not affected by the shearing action. In the non-Newtonian 

fluids the suspended molecules form a structure that interferes with the shearing of the suspension 

medium. For simplicity it is usually assumed that the fluids are Newtonian as their viscosity is 

proportional to the shear rate. At the higher shear rates frequently encountered in engineering 

applications this proportionality is lost and the lubricant begins to behave as a non-Newtonian 

fluid. These fluids do not exhibit a single value of viscosity over the range of shear rates.  The 

non-Newtonian behavior is, in general, a function of the structural complexity of a lubricant. A 

typical multi-grade non-Newtonian engine lubricant contains a number of poly alpha Olefin based 

polymer additives designed to control the viscosity and the lubricant degradation. They reduce 

the boundary friction, improve the lubricant flow, reduce the secondary piston oscillations and 

wear of the skirts. The initial engine start up is a critical condition when a non-Newtonian lubricant 

flows between the piston skirts and the liner surfaces at a very low speed. During the flow the 

lubricant viscosity must prevent the engine start up wear and its mobility should facilitate a smooth 

engine start up.  
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CHAPTER - 3 

PISTON DYNAMICS MODEL & SPECIFICATIONS 

PISTON DYNAMICS 

3.1. Definition of the Piston-Ring System. Piston ring pack is essentially a set of sliding 

seals, used for several purposes. It separates the combustion chamber from the crank case, transfers 

heat generated during combustion to the cylinder liner, distributes and controls the lubricating oil 

and stabilizes the piston. To perform these functions the conventional piston ring pack consists of 

three rings: the top or first compression ring, the second compression or scrapper ring and an oil 

control ring, as shown in the sub-figure 3.1(a). The top compression ring experiences the most 

severe operating conditions and alternating loads and its main function is to provide sealing 

function, that is, to prevent combustion gas leakage from combustion  chamber to crank case. Top 

ring mostly has barrel or parabolic ring faced profile with wear resistant coating, such as flame 

sprayed molybdenum. The second compression ring is designed to assist the first compression ring 

and to limit the upward oil flow. Therefore, it has a tapered-faced, downward scraping or a non-

axisymmetric face profile and is normally not coated. The oil control ring limits the amount of the 

lubricating oil transport from the crank case to the combustion chamber and has no gas sealing 

function. It has two running faces or lands and is usually chromium plated. For the given engine 

design specification the piston rings have to meet six requirements. These include the low friction 

and wear, emission suppression, good sealing ability, good mechanical and thermal fatigue 

properties and cost efficient and prolonged operating life. Piston ring zone contributes 20% - 50% 

of the total mechanical frictional losses of an internal combustion engine. So an improvement in the 

performance of the piston ring will subsequently lead to fuel economy, prolonged live, low friction 

and reduced power loss.  

 

3.2. Secondary Piston Dynamics. The translations of the piston from the TDC to the 

BDC and vice versa in the 4-stroke cycle constitute its primary sliding motion. Essentially these 

translations are cyclic in nature such that the piston velocities are maximum at the mid-stroke and 

minimum at the respective dead centers. The cyclic piston motion affects its inertia as the 

momentum changes at each time step / interval. The compressive loads in the compression stroke 



40 
 

and the combustion thrust in the beginning of the expansion stroke bring the higher order changes 

in the momentum of the piston. It affects the inertia of the piston and enhances the energy transfer 

rate. All these factors generate the time-dependent secondary transverse piston displacements, 

which are eccentric in nature. These include the secondary displacements of the piston along the 

direction perpendicular to the axis of the cylinder liner and the very small rotations within the 

confines of the piston-to-bore radial clearance. These transverse secondary translations are 

extremely important and described in terms of the piston eccentricities. The secondary eccentric 

displacements or the eccentricities of the piston affect the flow of the lubricant which is introduced 

to lubricate and prevent wear between the skirts and the liner surfaces. In the initial low speed cold 

engine start up the larger than the normal clearances, the low volumetric efficiency, lean air-fuel 

mixture, cyclic piston motion, the miscellaneous fluctuating loads and the energy transfer rates 

enhance the secondary piston eccentricities considerably. The rising amplitudes of the secondary 

eccentricities if go unchecked, bring the interacting skirts and the liner surfaces closer enough to 

establish a physical contact and adhesive wear takes place. The eccentricities of the top and the 

bottom of the skirts must be considered to model the time-dependent displacements of the piston. 

The et and eb terms represent the piston eccentricities of the top and the bottom surfaces of the 

skirts as a function of time to describe the piston motion in an appropriate manner. The equilibrium 

equations for the piston are required to be solved to predict the representative terms of the piston 

eccentricities. 

 

3.3. Primary Piston Displacement, Velocity and Acceleration. The position, velocity 

and acceleration of the piston along the axis of the cylinder are functions of the crank angle. For the 

constant crankshaft speed ω, the position of the piston Y, its speed U and acceleration 𝑌  along the 

axis of the cylinder are determined by [16, 173 ]:  

𝑌 =    𝑙 + 𝑟 2 −   𝐶𝑝 
2
 

0.5

−   𝑙2 −  𝐵2 0.5 −  𝑟𝑐𝑜𝑠 𝛹                        (3.1) 

𝑈 =  𝑌  𝑟𝜔 sin 𝛹 +  𝑟𝜔𝐵 cos 𝛹  𝑙2 −  𝐵2 −0.5

                          
(3.2)  

𝑌 = 𝑟𝜔2𝑐𝑜𝑠𝛹 +  𝑟𝜔𝐵𝑐𝑜𝑠𝛹 2  𝑙2 − 𝐵2 −1.5 +    𝑟𝜔𝑐𝑜𝑠𝛹 2 − 𝑟𝜔2𝐵𝑠𝑖𝑛𝛹   𝑙2 −  𝐵2 −0.5     (3.3) 

  where 𝐵 =  𝐶𝑝 +  𝑟 𝑠𝑖𝑛 𝛹                                                         (3.4) 

l = The connecting rod length; r = The radius of the crank;   𝛹 = The crank angle; 
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Cp = The distance between the piston-pin and the axis of piston. Cp is the piston-pin offset. 

CG = Horizontal distance between piston center of mass and the piston-pin. 

3.4. Forces and Moments. The crank rotation angle changes the primary piston position, 

velocity and acceleration along the axis of the cylinder in the y-direction, as shown in figure 3.2. 

The forces or loads acting on the piston, their mathematical relationships and graphical 

representations are discussed below: 

    3.4.1. Forces. These are defined as follows: 

              Fg: Represents the combustion gas force acting on the piston crown. Figure 3.2 (b) shows 

           the magnitude of the gas force as a function of the 720-degree crank rotation cycle. It 

           is derived from combustion gas pressure, designated as PCG. Mathematically [16], 

      𝐹𝑔 = 𝑃𝐶𝐺𝑥
𝜋

4
𝐷2                                                      (3.5)                                       

     FH : The normal hydrodynamic pressure force. Mathematically, it is defined as [173]: 

                                            𝐹𝐻 =  𝑅  𝑝 𝜃, 𝑦 𝑐𝑜𝑠𝜃 𝑑𝜃𝑑𝑦               (3.6) 

     FFH : The hydrodynamic friction force. Mathematically, it is defined as [173]: 

                                            𝐹𝐹𝐻 = 𝑅  𝜏 𝜃, 𝑦 𝑑𝜃𝑑𝑦                                                                     (3.7)      

                                           𝐹𝐹𝐻 =  −𝑅   𝜂
𝑈


−



2

𝑑𝑝

𝑑𝑦
 𝑑𝜃𝑑𝑦                  (3.8) 

 FIPX : Inertial force due to the piston mass acting along the x-axis. 

 FIPY : Inertial force due to the piston mass acting along the y-axis 

 FICX : Inertial force due to the piston-pin mass acting along the x-axis. 

 FICY : Inertial force due to the piston-pin mass acting along the y-axis. 

 FR : The connecting rod force acting on the piston-pin location. 

 F :  The total normal force acting on the skirts of the piston on the non-thrust and the  

  thrust sides of the cylinder liner. 

    3.4.2. Moments.  These are defined as follows: 

 MH : Moment produced by the action of the hydrodynamic pressure force.   

     Mathematically, it is expressed as [173]: 

                                𝑀𝐻 =  𝑅  𝑝 𝜃, 𝑦 (𝑎 − 𝑦)𝑐𝑜𝑠𝜃 𝑑𝜃𝑑𝑦                    (3.9) 
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 MFH : Moment produced by the action of the hydrodynamic friction force.   

      Mathematically, it is expressed as [173]: 

                                            𝑀𝐹𝐻 = 𝑅  𝜏 θ, 𝑦 (𝑅𝑐𝑜𝑠𝜃 − 𝐶𝑝)𝑑𝜃𝑑𝑦                                           (3.10)      

                                           𝑀𝐹𝐻 =  −𝑅   𝜂
𝑈


−



2

𝑑𝑝

𝑑𝑦
 (𝑅𝑐𝑜𝑠𝜃 − 𝐶𝑝) 𝑑𝜃𝑑𝑦                      (3.11) 

        MIC : Moment resulting from the piston inertia 

        M : Total moment about the piston pin due to the total normal force acting on the piston. 

3.5. Equilibrium of Forces and Moments. The dynamic equilibrium of the time-

dependent piston displacements is achieved by the equilibrium of forces acting on the piston and 

the moments due to the application of those forces. The equilibrium of forces acting along the 

sliding direction of the piston are given as [16, 173]: 

𝐹𝑔 + 𝐹𝐼𝑃𝑌 + 𝐹𝐼𝐶𝑌 +  𝐹𝐹𝐻 +  𝐹𝑅𝑐𝑜𝑠∅ = 0               (3.12) 

The equilibrium of forces acting along the transverse direction of the piston are given as [16]: 

𝐹𝐼𝑃𝑋 + 𝐹𝐼𝐶𝑋 + 𝐹𝐻 −  𝐹𝑅𝑠𝑖𝑛∅ = 0                           (3.13) 

where Ø is the connecting rod angle. It is calculated by [173]: 

∅ =  𝑡𝑎𝑛−1(𝐵(𝑙2 − 𝐵2)−0.5)                 (3.14) 

The equations (3.12) and (3.13) are solved to eliminate the connecting rod force acting on the 

piston-pin. After the necessary simplification the final form of the resultant equation is [173]: 

−𝐹𝐼𝐶𝑋 − 𝐹𝐼𝑃𝑋 −  𝐹𝑔 + 𝐹𝐼𝐶𝑌 + 𝐹𝐼𝑃𝑌 𝑡𝑎𝑛∅ =  𝐹𝐻 + 𝐹𝐹𝐻𝑡𝑎𝑛∅                 (3.15) 

Let       𝐹𝑔 + 𝐹𝐼𝐶𝑌 + 𝐹𝐼𝑃𝑌 𝑡𝑎𝑛∅ = 𝐹𝑠                (3.16) 

Then equation (3.15) becomes 

−𝐹𝐼𝐶𝑋 − 𝐹𝐼𝑃𝑋 =  𝐹𝑠+ 𝐹𝐻 + 𝐹𝐹𝐻𝑡𝑎𝑛∅                  (3.17) 

The equilibrium of all the moments due to the action of the forces is given by [16]: 

𝑀𝐻 +  𝑀𝐹𝐻 + 𝑀𝐼𝐶 +  𝐹𝐼𝑃𝑋  𝑎 − 𝑏 − 𝐹𝐼𝐶𝑌𝐶𝐺 + 𝐹𝑔𝐶𝑝 = 0           (3.18) 

 Let      𝐹𝑔𝐶𝑝 − 𝐹𝐼𝐶𝑌𝐶𝐺 = 𝑀𝑠                       (3.19) 

Then equation (3.18) becomes 
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𝑀𝐻 +  𝑀𝐹𝐻 + 𝑀𝐼𝐶 +  𝐹𝐼𝑃𝑋  𝑎 − 𝑏 + 𝑀𝑠 = 0                   (3.20) 

3.6. Forces and Moments Due to Inertia. The moving masses of the piston and the piston-

pin have inertial effects in the longitudinal and transverse directions. The forces which produce 

such effects are termed as the reciprocating and the transverse inertia forces. The respective inertia 

forces in the axial direction are directly proportional to the acceleration of the reciprocating piston 

according to Newton's second law of motion. The reciprocating inertia force due to the piston-pin 

mass is given by [173]: 

                                      𝐹𝐼𝐶𝑌 =  −𝑚𝑝𝑖𝑛 𝑌                  (3.21) 

where   mpin = Mass of the piston-pin 

The reciprocating inertia force due to the piston-pin mass is given by [173]:  

                                     𝐹𝐼𝑃𝑌 =  −𝑚𝑝𝑖𝑠𝑌                                                                         (3.22) 

where    mpis = Mass of the piston. 

In the transverse direction the secondary piston eccentricities are considered in terms of the 

displacements of the top and the bottom surface of the its skirts. The eccentricities of the top and 

the bottom skirts are designated as et and eb, respectively. The secondary velocity and acceleration 

of the piston are denoted by ėt, ėb and ëb,  ët, respectively. The transverse inertia force due to the 

piston-pin mass is given by [16]: 

𝐹𝐼𝐶𝑋 =  −𝑚𝑝𝑖𝑛  𝑒 𝑡 +  
𝑎

𝐿
  𝑒 𝑏 −  𝑒 𝑡                        (3.23) 

The transverse inertia force due to the piston mass is given by [16]: 

𝐹𝐼𝑃𝑋 =  −𝑚𝑝𝑖𝑛  𝑒 𝑡 +  
𝑏

𝐿
  𝑒 𝑏 −  𝑒 𝑡                        (3.24) 

In equations (3.23) and (3.24), a represents the vertical distance between the top of the piston skirt 

and the center-point of the piston-pin. Similarly, b is the vertical distance between the centroid 

(piston centre of gravity (CG) point ) and top of the piston skirt. In our case  a and b are the 

moment arm lengths for the secondary rotational acceleration of the piston. The rotational motion 

facilitates the transverse translational acceleration at the piston CG and the piston-pin center. The 
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transverse moment depends on the transverse acceleration of the piston. If Ipis is the rotary inertia of 

the piston about its center of mass, then the transverse inertial moment is given by [16]: 

𝑀𝐼𝐶 =  −𝐼𝑝𝑖𝑠
 𝑒 𝑡− 𝑒 𝑏  

𝐿
                  (3.25)  

3.7. The Governing Equations of Secondary Piston Motion. The small secondary eccentric 

piston displacements along the direction perpendicular to the axis of cylinder are incorporated in the 

equations of piston motion. Piston skirts eccentricities at the top and bottom are calculated by 

considering the piston inertia, hydrodynamic force, hydrodynamic friction force and moments in the 

form of force and moment balance equations [173, 174]: 

 
𝑎11 𝑎12

𝑎21 𝑎22
  

𝑒 𝑡
𝑒 𝑏

 =  
𝐹𝐻 + 𝐹𝑠 + 𝐹𝐹𝐻 𝑡𝑎𝑛 ∅

𝑀𝐻 + 𝑀𝑠 + 𝑀𝐹𝐻
                              (3.26) 

where 

𝑎11  = 𝑚𝑝𝑖𝑠  1 −
𝑎

𝐿
 + 𝑚𝑝𝑖𝑠  1 −

𝑏

𝐿
                           (3.27)                   

𝑎12 = 𝑚𝑝𝑖𝑠
𝑎

𝐿
+ 𝑚𝑝𝑖𝑠

𝑏

𝐿
                  (3.28) 

𝑎21 =
𝐼𝑝𝑖𝑠

𝐿
+ 𝑚𝑝𝑖𝑠  𝑎 − 𝑏  1 −

𝑏

𝐿
                                      (3.29)  

𝑎22 = 𝑚𝑝𝑖𝑠  𝑎 − 𝑏 
𝑏

𝐿
−

𝐼𝑝𝑖𝑠

𝐿
                             (3.30)   

     

 
   (a)      (b) 

Fig 3.1. (a) Piston and Rings Assembly (b) Schematic of Piston Cylinder System (a) and (b) [16, 

173] 
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    (a)        (b)        (c) 

Fig 3.2. (a) Forces and Moments acting on Piston (b) Gas Force [11] (c) Gas Pressure [173] 

 

  

      (a)         (b)     (c) 

Fig 3.3. (a) Ring Variables and Coordinate system (b) Ring X-sectional View (c) Ring Profile [30] 

Table 3.1: Geometric Specifications of Piston[173] 

 

Bore diameter 

 

83.00mm 

 

Stroke 

 

83.6mm 

 

Piston-to-pin offset, Cp 

 

1mm 

 

Piston Skirt Length , L 

 

33.80mm 

 

Piston Skirt Angle, α 

 

75 degrees 
Piston-to-Bore Radial 

Clearance, C (µm) 

10, 20, 30, 40, 50, 60, 

70, 80,100 

Length of Connecting 

Rod , l 

 

133mm 

 

a  (Fig 3.1(b)) 

 

12.5mm 

 

b  (Fig 3.1(b)) 

 

1.5mm 

 

CG   

 

2.0mm 
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Table 3.2: Material Specifications [173] 

Elastic modulus of 

piston, 𝐸1 

 

200 GPa 

 

Elastic modulus of 

liner, 𝐸2 

 

200 GPa 

 

Mass of Piston 

 

0.295kg 

 

Mass of Piston-Pin 

 

0.090kg 

 

Lubricant viscosity 

(Pa.s.) 

 

0.016, 0.03187, 

0.08571, 0.1891 

 

Poisson‘s ratio of ring 

and liner, 𝜈1,2 

 

0.3 

 

Table 3.3: Geometric Specifications of 1
st
 Compression Ring [30, 173] 

 

Elastic modulus of piston, 

𝐸1 

 

200 GPa 

 

Elastic modulus of liner, 𝐸2 

 

200 GPa 

 

Mass of Piston 

 

0.295kg 

 

Mass of Piston-Pin 

 

0.090kg 

 

Lubricant viscosity (Pa.s.) 

 

0.016, 0.03187, 

0.08571, 0.1891 

 

Poisson‘s ratio of ring and liner, 

𝜈1,2 

 

0.3 

 

Bore diameter 

 

83.00mm 

 

Compression ratio 

 

9.05:1 

 

Ring axial width,  b 

 

0.0015m 

 

Wrist pin offset, Cp 

 

1mm 

 

Elastic modulus of ring, 𝐸1 

 

113.79 GPa 

 

Elastic modulus of liner, 𝐸2 

 

200 GPa 

 

Ring length , L 

 

0.15m 

 

Ring radius, R 

 

0.0415m 

Geometrical parameters of 

ring face profile, S1,2 

 

2e-6 

 

Crank radius, r 

 

0.0418m 
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Table 3.4: Surface Roughness Parameters 

Parameter Description Formula 

Ra  Arithmetic Average of Absolute Values 
 

Rq  Root Mean Square Values  

 

Table 3.5: Inputs for Stochastic Surface Generation [201]  

Input Parameter 
Value Input Parameter Value 

 

RMS roughness of 

piston skirt σ1 

 

1.4 µm 

 

RMS roughness of 

liner σ2 

 

1.5 µm 

Number of points 

along x and y axis 

 

100 

 

Length of surface side 

rL 

 

33.8 mm 

 

 

Asperity areal density 

 

16025 mm
-2

 Asperity Radius of 

curvature 

 

0.006297mm 

    

Table 3.6: Lubricants Properties and Parameters [162]  

Oil Viscosity (Pa.S) 

 

 

𝑎𝑜  

(mPa.S) 

 

 

 

 𝑇1  𝐶0   

 

 

 

 𝑇2  𝐶0   

  At 40
o
C      At 100

o
C 

SAE-30 0.08571 0.00969 0.06735 987.24 96.84 

SAE-10 0.03187 0.00517 0.06782 880.29 103.08 

SAE_50 0.18909 0.01630 0.06510 1078.25 95.22 

 

http://en.wikipedia.org/wiki/Arithmetic_average
http://en.wikipedia.org/wiki/Absolute_value
http://en.wikipedia.org/wiki/Root_mean_square
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CHAPTER - 4 

PISTON SKIRTS LUBRICATION MODELS 
 

HYDRODYNAMIC PRESSURE GENERATION.   

4.1. The following assumptions are made to apply the principle of the hydrodynamic pressure 

generation in the lubrication of the piston skirts and the 1
st
 compression ring: 

1. The surface of the piston skirts is covered with the lubricant and moves with a 

 certain velocity. 

2. The surface is cam-ground and inclined at a certain angle to the liner surface. 

3. The piston moves along the primary axis and drags the lubricant along it into the 

converging wedge to allow the generation of the hydrodynamic pressure field. 

4. At the beginning of the wedge created by the movement of the piston the pressure 

increases to restrict the entry flow. At the exit of the wedge the pressure decreases 

which boosts the exit flow of the lubricant. 

5. The pressure gradient causes the lubricant velocity profile to bend inward at the 

entry of the converging wedge. At the exit it causes the profile to bend outwards. 

ISOTHERMAL NEWTONIAN SMOOTH SURFACE STEADY-STATE PISTON 

LUBRICATION MODELS 

 

4.2. Assumptions.  The following assumptions are made as applicable to the isothermal 

steady-state piston skirts lubrication models in the initial engine start up conditions: 

 1. The body forces are neglected. 

 2. The lubricant behaves as a Newtonian fluid. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant viscosity is constant in the hydrodynamic regime. 
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 6. The interacting piston and the liner surfaces are smooth such that the surface friction, 

   roughness and waviness effects are neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. The un-steady squeeze effects are neglected. 

 10. Thermal effects are neglected. 

 11. The density of the lubricant is constant.  

4.3. Smooth Surface Hydrodynamic Lubrication Model. In the hydrodynamic lubrication

   

model the contact geometry profile or the thickness of the film between the skirts and the liner is 

the steady-state radial clearance C and the un-steady eccentric displacements of the interacting 

skirts. Mathematically, it is [173]:  

  = 𝐶 + 𝑒𝑡   𝑡 cos 𝜃 +   𝑒𝑏   𝑡  −  𝑒𝑡   𝑡  
𝑦

𝐿
cos 𝜃                               (4.1) 

  where    𝜃 ≈ 𝑥/𝑅
 

The steady-state Reynolds equation is solved numerically to calculate the pressures and forces 

[180]: 
 

 
𝜕

𝜕𝑥
 3 𝜕𝑝

𝜕𝑥
 + 

𝜕

𝜕𝑦
 3 𝜕𝑝

𝜕𝑦
 = 6𝜂𝑈

𝜕

𝜕𝑦
                              (4.2) 

The boundary conditions are [173]: 

 
 𝜕𝑝

𝜕𝑥 𝜃=0   
=

𝜕𝑝

𝜕𝑥𝜃=𝜋   
= 0 

 𝑝 =  0   𝑤𝑒𝑛 𝜃1 ≤  𝜃 ≤  𝜃2 

 𝑝 (𝜃, 0)  =  𝑝 (𝜃, 𝐿)  =  0                    (4.3) 

The normal component of the hydrodynamic force is calculated by integrating hydrodynamic 

pressure in the film. The required pressure distribution is obtained from the solution of the  

Reynolds equation [173]:    

  𝐹𝐻 = 𝑅  𝑝 𝜃, 𝑦 𝑐𝑜𝑠𝜃 𝑑𝜃𝑑𝑦                                   (4.4) 
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where,     p  = Hydrodynamic pressure 

The shear stress produced on the surface of the skirts is determined as [180]: 

𝜏 =  
𝜂𝑈


+  



2

𝑑𝑝

𝑑𝑦
                       (4.5) 

The hydrodynamic friction force is determined as [173]: 

𝐹𝐹𝐻 = 𝑅  𝜏(𝜃, 𝑦)𝑑𝜃𝑑𝑦                             (4.6) 

𝐹𝐹𝐻 = 𝑅   
ηU

h
+

h

2

dp

dy
 𝑑𝜃𝑑𝑦                 (4.7) 

 

4.4. Smooth Surface Skirts EHL Model. By considering the bulk elastic deformation, 

the lubricant film thickness equation takes the following form [81]:   

 𝑒𝑙 =  +  𝑓 𝜃, 𝑦 +  𝜐                              (4.8) 

where f(θ ,y ) defines the skirts surface profile due to the manufacturing imperfections and is 

neglected. The differential surface displacement is [81]: 

 

 𝑑𝜐 =
1

𝜋𝐸′

𝑝(𝑥 ,𝑦)𝑑𝑦𝑑𝑦

ŕ
        

               (4.9) 

 where    ŕ =   𝑥 − 𝑥0 2 +  𝑦 − 𝑦0 2                                                (4.10) 

      

 
1

𝐸′
=

1

2
 
 1−𝜈1

2 

𝐸1
 +  

 1−𝜈2
2 

𝐸2
                    (4.11)

  

At a specific point (xo, yo)  the elastic deformation is [30]: 

  

𝜐 𝑥0, 𝑦0 =
1

𝜋𝐸 ′
 

𝑝(𝑥 ,𝑦)𝑑𝑥𝑑𝑦

ŕ𝐴
                           (4.12) 

In the EHL regime the hydrodynamic pressures rise tremendously. The rising EHD pressures affect 

the viscosity significantly, which rises exponentially with the high pressures. In the initial engine 

start up the EHD pressures are expected to remain in the low range. The pressure dependence of the 

viscosity is defined in terms of the empirical Barus equation. Mathematically, it is defined as [81, 

85, 180]: 

𝜂 = 𝜂0𝑒𝛼𝑝                                                                                                                                    (4.13) 

where 𝜂0 = Ambient viscosity;  𝛼 = Pressure-viscosity coefficient;  

𝜂 = Pressure-dependent viscosity 
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ISOTHERMAL NEWTONIAN STEADY-STATE ROUGH PISTON SKIRTS 

LUBRICATION MODELS 

 

4.5. Assumptions.  The following assumptions are made as applicable to the isothermal 

steady-state rough piston skirts lubrication models in the initial engine start up conditions: 

 1. The body forces are neglected. 

 2. The lubricant behaves as a Newtonian fluid. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant viscosity is constant in the hydrodynamic regime. 

 6. The interacting piston and the liner surfaces are rough but the waviness effects are 

   neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. The un-steady squeeze effects are neglected. 

 10. Thermal effects are neglected. 

 11. The density of the lubricant is constant.  

ROUGH SURFACE HYDRODYNAMIC LUBRICATION MODEL 

4.6. The amplitudes of the rough asperities of the interacting surfaces of the skirts and the liner 

are considered initially. When these factors are considered, the total thickness of the film is given 

by [167]: 

𝑇 =  −  
𝜍

 2𝜋
                  (4.14)

 

where   𝜍 =  (𝜍1
2 + 𝜍2

2)
                                                          (4.15) 

 σ1 = Surface roughness of the Skirts = 1.515 μ m [168]
 

 σ2 = Surface roughness of the Liner = 1.715 μ m [168]  

4.7.     Film Thickness Parameter.  A surface roughness correction factor for the minimum 

film thickness is defined as a function of the ratio of minimum film thickness to composite surface 



53 
 

roughness and is known as dimensionless film thickness parameter, denoted by Λ . The 

mathematical expression is 

Λ =
𝑚𝑖𝑛

𝜍
                 (4.16) 

4.8.   Peklenik Number. A surface parameter called the Peklenik number Υ  is introduced to 

describe the directional properties of roughness as advocated by Patir and Cheng [167]. Υ represents 

the proportion between the x and y correlation lengths and may be understood as the length-to-

width ratio of the representative asperity. Mathematically, 

Υ =
ʎ𝑥

ʎ𝑦
                      (4.17)   

where ʎ𝑥  = Correlation length in the x- direction   

          ʎ𝑦  = Correlation length in the y- direction 

4.9. Generation of Rough Surface. The random roughness amplitudes are assumed to 

have a Gaussian distribution of heights. The probability theory is applied to generate the random 

rough surfaces of the skirts and the liner. The statistical functions like the height distribution 

function (hdf), variance for the root-mean-square height, skewness and kurtosis are considered as 

important parameters. The auto correlation function (acf) is made the basis to investigate the 

properties of the generated surfaces in the lateral direction. The acf explains the correlation of the 

generated surface with the versions of the surface, which have translational shifts. In that case the 

correlation length is the distance between the two features of similar nature [201]. The acf gives the 

value of the correlation length for the required parameters. The approach suggested by Garcia and 

Stoll is adopted to model and simulate the random surfaces[201]. In this method the correlation is 

achieved by using the Gaussian filter. In the programming code, the discrete Fast Fourier Transform 

(FFT) algorithm is used to determine the desired solution [201]. For the random surface generation 

apart from taking the roughness heights for the skirts and the liner as the inputs, the following are 

also used: 

   Number of points along the x and y axes = 100  

 Length of the surface side, rL  = 33.8mm   
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4.10.  Correction Factors. The correction factors are introduced when the characteristics of a 

surface defining the roughness aspects affect the geometry of the film and the lubricant properties. 

 4.10.1. Pressure Flow Factors. The pressure flow factors are the correction factors for the mean 

         pressure flow in the rough piston skirts. These factors make a comparison between the 

         mean pressure flow in the rough piston skirts to that of the smooth skirts with the    

         identical geometric dimensions. 

       4.10.2. Shear Flow Factors. The shear flow factor is dependent on the film thickness and the        

  roughness parameters. Unlike the case of the pressure flow factor in the x-direction the    

 shear flow factors depend on the random roughness amplitudes of the skirts and the  

 liner surfaces considered from their mean levels. Hence, the shear flow factor is a 

 function of the film thickness parameter, the roughness or the standard deviation of the 

 two surfaces and the Peklenik numbers of both of them [168].   

 

4.11.   Calculation of Average Shear Stress.   When the roughness effects are considered then the 

average shear stress factors ∅𝑓∅𝑓𝑠  𝑎𝑛𝑑 ∅𝑓𝑝  must be incorporated in the relationship to calculate the  

average shear stress. By considering the shear flow factors the shear stress produced on the rough 

surface of the skirts is modified. Mathematically, the average shear stress that acts on the rough 

surface of the skirts is defined as [173]: 

𝜏𝑎𝑣 =  
𝜂𝑈


  ∅𝑓 + ∅𝑓𝑠 +  ∅𝑓𝑝



2

𝜕𝑝

𝜕𝑦
                (4.18) 

 where the factors Ø𝑓 , Ø𝑓𝑠  𝑎𝑛𝑑 Ø𝑓𝑝   are taken as the average shear stress factors, such that: 

Ø𝑓  = Correction factor for the mean flow component of the shear stress. It is generated by averaging      

the sliding velocity component of the shear stress. It is given by [168]: 

∅𝑓 = 𝐸  
1

𝑇
                   (4.19) 

where E = Expectation (Averaging) operator 
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In the case of the skirts and the liner when roughness is considered only, it becomes [173]: 

∅𝑓 =


2𝑎
𝑙𝑛  

+𝜍

−𝜍
                     (4.20) 

Ø𝑓𝑠  = Correction term in the mean shear stress expression. It is introduced to cater for the combined 

effects of sliding and the surface roughness on shear stress. It is a positive function of the 

film thickness parameter and the Peklenik number of the skirts surface. When considering the 

roughness only, it is expressed as [173]: 

∅𝑓𝑠 =  
3

2
 


𝜍
 𝑙𝑛  

+𝜍

−𝜍
 − 2                 (4.21) 

Ø𝑓𝑝  = Correction factor for the mean pressure flow component of the shear stress. It has a 

relationship with the ratio h/σ as it increases with it. For the smooth skirts surface this factor 

becomes one. It implies that for a rough surface its values must be less than one. If the number of 

the contact points increase it implies that its value decreases. It is higher for the longitudinally 

oriented surfaces and has low values for the transversely oriented surfaces. When waviness is 

neglected, then it becomes [173]: 

∅𝑓𝑝 = 1 −  
𝜍


 

2

                  (4.22)  

4.12.  Calculation of Hydrodynamic Friction Force and Moment.   To calculate the total 

hydrodynamic friction force and its moment about the piston-pin, the average shear stress is 

integrated over the area of the skirts. Mathematically, it is [173]:  

𝐹𝐹𝐻 = 𝑅  𝜏𝑎𝑣 (𝜃, 𝑦)𝑑𝜃𝑑𝑦                (4.23)  

𝑀𝐹𝐻 = 𝑅  𝜏𝑎𝑣  𝜃, 𝑦 (𝑅𝑐𝑜𝑠𝜃 − 𝐶𝑝)𝑑𝜃𝑑𝑦               (4.24)       

4.13.  The Average Reynolds Equation and Calculation of Pressures.    The pressure and shear 

flow factors are introduced to get the average Reynolds equation for the rough piston skirts in 2-D 

as suggested by Patir and Cheng [167]. If the interacting skirts and the liner surfaces have the 

different root mean square (r.m.s.) roughness, then the 2-D Reynolds equation is [167, 173]: 

𝜕

𝜕𝑥
  3∅𝑥

𝜕𝑝 

𝜕𝑥
 +  

𝜕

𝜕𝑦
  3∅𝑦

𝜕𝑝 

𝜕𝑦
 = 6𝑈𝜂  

𝜕 

𝜕𝑦
+  𝜍

𝜕∅𝑠

𝜕𝑦
              (4.25) 

where 𝑝  = Hydrodynamic pressure generated over the rough surface of the skirts 

            = Thickness of hydrodynamic film between the rough skirts and the liner  
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If the film thickness parameter h/ς approaches infinity for the smooth surfaces as ς approaches 

zero, The equation (4.24) becomes the Reynolds equation for the smooth surfaces, provided the 

pressure flow factors ∅𝑥 , ∅𝑦  approach unity [167]. 

If the surface of the skirts has the same roughness as that of the liner then the effect of the shear 

flow factor may not be considered. In that case the shear flow factor will become zero  [167]. For 

the same roughness the modified average Reynolds equation is [168]: 

𝜕

𝜕𝑥
  3∅𝑥

𝜕𝑝 

𝜕𝑥
 +  

𝜕

𝜕𝑦
  3∅𝑦

𝜕𝑝 

𝜕𝑦
 = 6𝑈𝜂  

𝜕 

𝜕𝑦
              (4.26)  

4.14.  Lubricant Flow through the Rough Surfaces.       In terms of the pressure flow factors 

and the shear flow factor the volume flow of a lubricant per unit width is defined as [167, 168]: 

𝑞𝑥   =  −∅𝑥
3

12𝜇

𝜕𝑝 

𝜕𝑥
+  

𝑈1+𝑈2

2
𝑇
   +

𝑈1−𝑈2

2
 𝜍∅𝑠              (4.27) 

𝑞𝑦   =  −∅𝑦
3

12𝜇

𝜕𝑝 

𝜕𝑦
                 (4.28) 

where ∅s = Shear flow factor. It is a function of the roughness and film thickness parameters. 

The flow factors are the function of the dimensionless film thickness parameter and the Peklenik 

number. In that case they are defined as [170]: 

Ø𝑥 = 1 +   
3 Υ−2 

 Υ+1 
  

ς

h
 

2

   

 

Ø𝑥 Λ, Υ = 1 +   
3 Υ−2 

 Υ+1 
  Λ −2                (4.29) 

Ø𝑦 =  Ø𝑥   1/Υ  

Ø𝑦 Λ, Υ =  Ø𝑥   Λ, 1/Υ                (4.30) 

Ø𝑠 =  
𝜍1

2

𝜍2
Ø𝑠  

h

ς
, Υ1 −  

𝜍2
2

𝜍2
Ø𝑠  

h

ς
, Υ2   

Ø𝑠 Λ, Υ1, Υ2 =  
𝜍1

2

𝜍2
Ø𝑠 Λ, Υ1 −  

𝜍2
2

𝜍2
Ø𝑠 Λ, Υ2             (4.31) 

where  Ø𝑠  
h

ς
, Υ =   

3

 Υ+1 
 

ς

h
      

   Ø𝑠 Λ, Υ =   
3

 Υ+1 
 Υ −1                (4.32) 
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ROUGH SURFACE SKIRTS EHL MODEL    

4.15.    In the EHL of the piston skirts the asperities establish a solid contact with each other as a 

fraction of a micron thin film exhibits a solid-like behavior. Under the effect of the tremendous 

loads to carry the behavior of the opposing elastically deforming asperities, the distribution of their 

heights and the nature of their contact become important considerations in the EHL regime. In this 

context the different statistical approaches have been used by many researchers. In our case the 

approach suggested by Greenwood and Tripp is adopted. The average contact pressure Pc is 

determined as [175]:         

 

𝑃𝑐 =  
16 2

15
 𝜋 𝐷𝑠𝑢𝑚 𝜂𝜍 2𝐸′𝐹5/2(  

𝜍

𝜂
 )                                                             (4.33) 

The area of contact Ac is calculated as [175]:   

Ac = π2( Dsum ης 2AF2)                            (4.34) 

where Dsum  = Number of asperities per unit contact area 

           η = Radius of curvature of an asperity 

           ς = Standard deviation of the combined surface roughness 

           E′ = Equivalent Young‘s Modulus. 

The dimensionless film thickness parameter exists between 3.5-4.0 in the EHL regime, that is, 

4 >=  
h

ς
 >= 3.5, Then 𝐹5/2 in equation (4.32) and 𝐹2  in (4.33) are given by [173, 175]:  

𝐹5/2 = 1.12 × 10−4(4 −  


𝜍
 )1.9447                          (4.35) 

𝐹2 = 8.8123 × 10−5(4 −  


𝜍
 )2.15                  (4.36) 

When the opposing asperities interact in the EHL regime the contact force under the action of the 

asperity contact pressure must be determined. The contact force Fc is the product of the asperity 

contact pressure and the area of contact. Due to the action of this force a moment Mc is generated 

[173].The application of the contact force causes the force of contact friction Ffc to arise from that 

interaction. It produces a moment Mfc about the piston-pin. Mathematically, these forces and 

moments are expressed as [175]:  

𝐹𝑐 =  𝑃𝑐  ×  𝐴𝑐                       (4.37)  
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𝑀𝑐 =   𝑃𝑐 ×  𝐴𝑐  𝑎 − 𝑦                  (4.38) 

𝐹𝑓𝑐 =
− 𝑈 

𝑈
𝐹𝑐 × 𝜇𝑓                          (4.39) 

Mfc = - (R cos ө-Cp) x Ffc                               (4.40) 

 

ISOTHERMAL NON-NEWTONIAN STEADY-STATE PISTON LUBRICATION MODELS 

4.16. Assumptions. The following assumptions are made as applicable to the isothermal steady-

state non-Newtonian viscoelastic piston skirts lubrication models in the initial engine start up 

conditions: 

 1. The body forces are neglected. 

 2. The shear-thinning effects are neglected. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant viscosity is constant in the hydrodynamic regime. 

 6. The interacting piston and the liner surfaces are smooth such that the surface friction, 

   roughness and waviness effects are neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. The un-steady squeeze effects are neglected. 

 10. Thermal effects are neglected.  

 11.  The density of the lubricant is constant. 

ISOTHERMAL VISCOELASTIC PISTON LUBRICATION MODEL 

4.17. The non-Newtonian lubricant behavior is modeled by solving the upper convected Maxwell 

constitutive equation. A Maxwell model is the simplest combination of the spring and dashpot in 

which the spring is put in series with the dashpot, as shown in figure 4.1. The Maxwell model 

represents a lubricant as it relaxes completely to zero stress and undergoes creep indefinitely.  
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Fig 4.1: The Upper-Convected Maxwell (UCM) Model 

A regular perturbation method is developed by using the characteristic lubricant relaxation times in 

an order of magnitude analysis to solve the continuity, momentum and constitutive equations for 

the incompressible non-Newtonian fluid flow. The constant density, a small fluid relaxation time 

and viscosity are incorporated in the non-Newtonian model. The total shear stress of a viscoelastic 

lubricant is given as [136]:

 

 𝜂
𝑑𝑈

𝑑𝑧
=  𝜏 + 

𝜂

𝐺
 
𝑑𝜏

𝑑𝑡
=  𝜏 +  𝜆 

𝑑𝜏

𝑑𝑡
                     (4.41) 

where η  = Constant lubricant viscosity  

G  = Elastic modulus   

η/G = λ is the characteristic relaxation time of the polymeric additive containing engine lubricant 

and is taken as constant.  

4.18. Mass and Momentum Balance. For the incompressible non-Newtonian lubricant flow 

under the steady-state conditions, the continuity equations is [138 ]: 

∇ . 𝐯 =   𝟎                     (4.42) 

where v = (u, v) = Lubricant Velocity Vector 

The momentum or the Navier-Stokes equation is defined as [139]:  

𝜌  
𝜕𝐯

𝜕𝑡
+  𝐯 .  ∇ 𝐯 =  − ∇𝑝 + ∇ . 𝝉                     (4.43) 

where  𝜌 = Density of the Lubricant 

          𝝉 = Extra-Stress Tensor 

4.19. The Constitutive Equation.  The constitutive equation is given by [139]: 
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 𝜆 𝝉
∇ +  𝝉 =   −2𝜂𝐝 =  −𝜂 ∇ 𝐯 +  ∇ 𝐯 𝑇                   (4.44) 

where  𝝉
∇ = Upper-Convected Derivative;  

           d = Rate of Deformation Tensor; 𝐝 =  
1

2
 ∇ 𝐯 +  ∇ 𝐯 𝑇  

           𝜂 = Lubricant Viscosity 

 𝝉
∇ =  

𝜕𝝉

𝜕𝑡
+  𝐯 . ∇ 𝝉 −   ∇ 𝐯  . 𝝉 −  𝝉 .  ∇ 𝐯 𝑇                     (4.45) 

For the steady-state conditions, equations (4.42) and (4.43) in component form are [138]: 

𝜕𝑢

𝜕𝑥
+

𝜕𝑣

𝜕𝑦
 = 0                               (4.46) 

𝜕𝜏𝑥𝑥

𝜕𝑥
+ 

𝜕𝜏𝑥𝑦

𝜕𝑦
+ 

𝜕𝑝

𝜕𝑥
= 0                        (4.47) 

𝜕𝜏𝑥𝑦

𝜕𝑥
+ 

𝜕𝜏𝑦𝑦

𝜕𝑦
+ 

𝜕𝑝

𝜕𝑦
= 0                        (4.48) 

For the steady lubricant flow, the constitutive equation (4.44) in component form reduces to [139]: 

𝜏𝑥𝑥 + 𝜆  𝑢
𝜕𝜏𝑥𝑥

𝜕𝑥
+  𝑣

𝜕𝜏𝑥𝑥

𝜕𝑦
−  2

𝜕𝑢

𝜕𝑦
𝜏𝑥𝑦 −  2

𝜕𝑢

𝜕𝑥
𝜏𝑥𝑥   =  −2𝜂

𝜕𝑢

𝜕𝑥
                      (4.49) 

𝜏𝑥𝑦 + 𝜆  𝑢
𝜕𝜏𝑥𝑦

𝜕𝑥
+  𝑣

𝜕𝜏𝑥𝑦

𝜕𝑦
−

𝜕𝑢

𝜕𝑦
𝜏𝑦𝑦 −

𝜕𝑣

𝜕𝑥
𝜏𝑥𝑥 = −𝜂  

𝜕𝑢

𝜕𝑦
 +

𝜕𝑣

𝜕𝑥
                   (4.50) 

𝜏𝑦𝑦 +  𝜆   𝑢
𝜕𝜏𝑦𝑦

𝜕𝑥
+  𝑣

𝜕𝜏𝑦𝑦

𝜕𝑦
−  2

𝜕𝑣

𝜕𝑦
𝜏𝑦𝑦 −  2

𝜕𝑣

𝜕𝑥
𝜏𝑥𝑦  =  −2𝜂

𝜕𝑣

𝜕𝑦
                   (4.51) 

For the viscoelastic lubricants, the characteristic relaxation times are expected to be  small but vary 

within an appreciable range. If the lubrication process time is of the same order then strong time-

dependent effects are expected. In that case the relaxation time is not the only factor that determines 

the lubricant behavior.  

If T is the characteristic time of the lubricant flow process, then the ratio λ/T  is called the Deborah 

Number, denoted by De. For a Newtonian lubricant 

 De = 0  

whereas for a Hookean elastic solid the Deborah Number is infinity.  
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In  view of the existence of the same order in our viscoelastic model the Deborah Number De is 

introduced in place of the characteristic relaxation time in equations (4.48), (4.49) and (4.50), 

respectively. The boundary conditions for the non-Newtonian viscoelastic oil flow and lubrication 

between the skirts and the cylinder liner will be the same as applicable for the steady-state 

Newtonian lubricant-based lubrication model. In the non-dimensional form (to be shown in the 

following chapter) a regular perturbation expansion is introduced subject to the stated boundary 

conditions. An asymptotic solution in the form of a double perturbation expansion in the powers of 

𝜖 and De. The correction term 𝜖 in the non-dimensionless form is the square of the ratio between the 

film thickness and the total height of the piston skirts. The total non-Newtonian differential pressure 

𝑝𝑁 is calculated as :  

 
𝜕𝑝𝑁

𝜕𝑦
=   

𝜕𝑝 (ℓ)

𝜕𝑦
+

𝜕𝑝 (Є)

𝜕𝑦
+

𝜕𝑝 (𝐷𝑒 )

𝜕𝑦
                               (4.52) 

4.20. Calculation of Non-Newtonian Hydrodynamic Pressure.  The total differential 

pressure determined from equation (4.51) is considered in the Reynolds equation and solved 

numerically to determine the hydrodynamic pressures. The 2-D Reynolds equation is [16, 180]: 

 
𝜕

𝜕𝑥
 3 𝜕𝑝𝑁

𝜕𝑥
 +  

𝜕

𝜕𝑦
 3 𝜕𝑝𝑁

𝜕𝑦
 = 6𝜂𝑈

𝜕

𝜕𝑦
                 (4.53)       

Boundary conditions for the Reynolds equation are [173]: 

  
𝜕𝑝𝑁

𝜕𝑥 𝑥=0   
=     

𝜕𝑝𝑁

𝜕𝑥 𝑥=𝜋   
= 0    ;  

  𝑝𝑁  =  0   𝑤𝑒𝑛 𝜃1 ≤  𝜃 ≤  𝜃2 

 𝑝𝑁  (𝜃, 0)  =  𝑝𝑁  (𝜃, 𝐿)  = 0                          (4.54) 

NON-NEWTONIAN  ISOTHERMAL SKIRTS EHL MODEL   

4.21. The tremendously high hydrodynamic pressures deform the skirts and the liner surfaces 

elastically. The extent of the combined elastic surface displacements represents the thickness of the 

EHL film. When a viscoelastic lubricant is used and the bulk elastic displacement is considered, the 

equation for the EHL film takes the form as [81] : 

 𝑒𝑙 =  +  𝑓 𝜃, 𝑦 +  𝜐                (4.55) 
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where 𝑓 𝜃, 𝑦  represents the profile of the skirts generated due to the imperfect manufacturing 

practices and is ignored. By considering the material properties the surface displacement in the 

differential form is [81]:    

𝑑𝜐 =
1

𝜋𝐸′

𝑝𝑁 (𝑥 ,𝑦)𝑑𝑦𝑑𝑦

ŕ                 (4.56) 

where 

ŕ =   𝑥 − 𝑥0 2 +  𝑦 − 𝑦0 2                                                            (4.57)    

 
1

𝐸′
=

1

2
 
 1−𝜈1

2 

𝐸1
 +  

 1−𝜈2
2 

𝐸2
                                                                                       (4.58) 

At a particular point  𝑥0, 𝑦0  the elastic deformation is [30]: 

  

𝜐 𝑥0, 𝑦0 =
1

𝜋𝐸′
 

𝑝𝑁 (𝑥 ,𝑦)𝑑𝑥𝑑𝑦

ŕ𝐴
                                                                                  (4.59) 

 

NEWTONIAN ISOTHERMAL UN-STEADY PISTON LUBRICATION MODELS 

 

4.22.  Assumptions.  The following assumptions are made as applicable to the isothermal 

un-steady piston skirts lubrication models in the initial engine start up conditions: 

 1. The body forces are neglected. 

 2. The lubricant behaves as a Newtonian fluid. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant viscosity is constant in the hydrodynamic regime. 

 6. The interacting piston and the liner surfaces are smooth such that the surface friction, 

   roughness and waviness effects are neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. Thermal effects are neglected.  

 10. The density of the lubricant is constant. 
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UN-STEADY HYDRODYNAMIC SKIRTS LUBRICATION MODEL 

4.23. Transient Hydrodynamic Film. In the hydrodynamic lubrication model the contact 

geometry profile or the thickness of the film between the skirts and the liner is defined 

mathematically, as [16, 173]:  

  = 𝐶 +  𝑒𝑡   𝑡 cos 𝜃 +   𝑒𝑏   𝑡  −  𝑒𝑡   𝑡  
𝑦

𝐿
cos 𝜃                                      (4.60) 

In the un-steady model the thickness of the film becomes time-dependent due to the transient 

squeeze in the hydrodynamic action. The time-dependent hydrodynamic film thickness is [173]: 

𝜕

𝜕𝑡
= 𝑐𝑜𝑠𝜃  𝑒𝑡   1 −

𝑦

𝐿
 +  𝑒𝑏   

𝑦

𝐿
                   (4.61) 

4.24.  Calculation of Hydrodynamic Pressure. The un-steady 2-D Reynolds equation is solved 

numerically to calculate the hydrodynamic pressure 𝑝𝑈𝑁  and the hydrodynamic forces [173, 180]: 
 

 
𝜕

𝜕𝑥
 3 𝜕𝑝𝑈𝑁

𝜕𝑥
 + 

𝜕

𝜕𝑦
 3 𝜕𝑝𝑈𝑁

𝜕𝑦
 = 6𝜂𝑈

𝜕

𝜕𝑦
+  12𝜂

𝜕

𝜕𝑡
                          (4.62) 

The boundary conditions are [173]: 

 
 𝜕𝑝𝑈𝑁

𝜕𝑥 𝜃=0   
=

𝜕𝑝𝑈𝑁

𝜕𝑥 𝜃=𝜋   
= 0 

 𝑝𝑈𝑁  =  0   𝑤𝑒𝑛 𝜃1 ≤  𝜃 ≤  𝜃2 

 𝑝𝑈𝑁  (𝜃, 0)  =  𝑝𝑈𝑁  (𝜃, 𝐿)  =  0                 (4.63) 

The normal component of the hydrodynamic force is calculated by integrating hydrodynamic 

pressure in the film. The required pressure distribution is obtained from the solution of the  

Reynolds equation [16]:    

  𝐹𝐻 = 𝑅  𝑝𝑈𝑁(Ɵ, 𝑦)𝑐𝑜𝑠Ɵ𝑑Ɵ𝑑𝑦                                (4.64) 
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4.25. Un-Steady Shear Stress and Friction Force. The shear stress produced on the 

surface of the skirts is determined as [16]: 

𝜏𝑈𝑁 =  
𝜂𝑈


+ 



2

𝑑𝑝𝑈𝑁

𝑑𝑦
                (4.65) 

The hydrodynamic friction force is determined as [173]: 

𝐹𝐹𝐻 = 𝑅  𝜏𝑈𝑁(Ɵ, 𝑦)𝑑Ɵ𝑑𝑦                           (4.66) 

𝐹𝐹𝐻 = 𝑅   
ηU

h
+

h

2

dp UN

dy
 𝑑Ɵ𝑑𝑦               (4.67) 

ISOTHERMAL UN-STEADY PISTON SKIRTS EHL MODEL 

4.26. By considering the bulk elastic deformation, the contact geometry profile or the lubricant 

film thickness is defined as [81]:   

 𝑒𝑙 =  +  𝑓 𝜃, 𝑦 + 𝜐𝑢𝑛  𝜃, 𝑦, 𝑡                                  (4.68) 

where f(θ ,y ) defines the skirts surface profile due to the manufacturing imperfections and is 

neglected. υun represents the un-steady conditions. 

Considering the un-steady squeeze effects in the EHL regime, the time-dependent film thickness in 

the EHL regime is given by [173 ]: 

𝜕𝑒𝑙

𝜕𝑡
= 𝑐𝑜𝑠𝜃  𝑒𝑡   1 −

𝑦

𝐿
 + 𝑒𝑏   

𝑦

𝐿
  +  

𝜕𝜐𝑢𝑛

𝜕𝑡
               (4.69)

 

The differential surface displacement is [81]: 

 𝑑𝜐𝑢𝑛 =
1

𝜋𝐸′

𝑝𝑈𝑁 (𝑥 ,𝑦)𝑑𝑦𝑑𝑦

ŕ
       

              (4.70) 

 where    ŕ =   𝑥 − 𝑥0 2 +  𝑦 − 𝑦0 2                                                (4.71) 

      

 
1

𝐸′
=

1

2
 
 1−𝜈1

2 

𝐸1
 +  

 1−𝜈2
2 

𝐸2
                    (4.72)

  

At a specific point (xo, yo)  the elastic deformation is [30]: 

  

𝜐 𝑥0, 𝑦0 =
1

𝜋𝐸 ′
 

𝑝𝑈𝑁 (𝑥 ,𝑦)𝑑𝑥𝑑𝑦

ŕ𝐴
                          (4.73) 
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ADIABATIC NEWTONIAN SMOOTH SURFACE PISTON LUBRICATION MODELS 

 

4.27.  Assumptions.  The following assumptions are made as applicable to the isothermal 

steady-state piston skirts lubrication models in the initial engine start up conditions: 

 1. The body forces are neglected. 

 2. The lubricant behaves as a Newtonian fluid. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant density is constant. 

 6. The interacting piston and the liner surfaces are smooth such that the surface friction, 

   roughness and waviness effects are neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. The un-steady squeeze effects are neglected. 

ADIABATIC HEATING IN SKIRTS HYDRODYNAMIC MODEL 

4.28.  Energy Equation. In the hydrodynamic lubrication the heat produced due to viscous 

shearing of the lubricant flows adiabatically. The energy conservation principle is applied to the 

moving lubricant element such that [202]: 

 𝜌  
𝐷𝑒

𝐷𝑡
+ 𝑝

𝐷

𝐷𝑡
  1/𝜌  =

𝜕𝑞

𝜕𝑡
+ 𝜑 + ∇ k∇T −  ∇. 𝑞𝑟                                                     (4.74) 

where  𝑒 = Specific internal energy per unit mass;   𝑞 = Internal heat function;     𝑝  = Pressure 

            k  = Thermal conductivity of lubricant;        T = Temperature; 𝑡 = Time;   𝜌  = Density  

            𝜑 = Viscous dissipation term;                      𝑞𝑟   = Radiation heat flux vector 

The specific internal energy is defined in terms of the known lubricant properties. We consider 

entropy such that it becomes the function of temperature and pressure. By incorporating the specific 
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volume, the specific heat at constant pressure 𝐶𝑝   and the thermal expansion coefficient ε the left 

hand side of the equation (4.74) becomes [202]:  

𝜌  
𝐷𝑒

𝐷𝑡
+ 𝑝

𝐷

𝐷𝑡
  1/𝜌  = 𝜌𝐶𝑝

𝐷𝑇

𝐷𝑡
−  휀𝑇(

𝐷𝑝

𝐷𝑡
)                            (4.75) 

Hence, equation (4.74) becomes 

𝐶𝑝
𝐷𝑇

𝐷𝑡
−  휀𝑇  

𝐷𝑝

𝐷𝑡
 =  

𝜕𝑞

𝜕𝑡
+ 𝜑 + ∇ k∇T −  ∇. 𝑞𝑟                                     (4.76) 

It implies 

𝜌𝐶𝑝  
𝜕𝑇

𝜕𝑡
+ 𝑣. ∇T − 휀𝑇  

𝜕𝑝

𝜕𝑡
+  𝑣. ∇p =  

𝜕𝑞

𝜕𝑡
+ 𝜑 + ∇ k∇T −  ∇. 𝑞𝑟              (4.77) 

4.29. Simplification of Energy Equation.  Due to the geometry of the interacting surfaces and 

the flow dynamics of the lubricant equation (4.76) is simplified by taking the following logical 

assumptions: 

 1. The velocity component across the film is neglected. 

 2. The lubricant film is very thin as compared to the contacting width. 

 3. The heat generated by radiation is neglected. 

 4. No other heat source except viscous heating.  

Mathematically, 

 𝑣 = 0 

𝜕

𝜕𝑥
 𝑘

𝜕𝑇

𝜕𝑥
  ,

𝜕

𝜕𝑧
 𝑘

𝜕𝑇

𝜕𝑧
  ≪

𝜕

𝜕𝑦
 𝑘

𝜕𝑇

𝜕𝑦
     

𝑞𝑟  = 0 

휀𝑇  
𝜕𝑝

𝜕𝑡
+  𝑣. ∇p = 0   

𝜕𝑞

𝜕𝑡
= 0                  (4.78) 

After the simplifications, the energy equation becomes [203]:  

 𝜌𝐶𝑝  
𝜕𝑇

𝜕𝑡
+ 𝑢

𝜕𝑇

𝜕𝑥
 =  

𝜕

𝜕𝑦
 𝑘

𝜕𝑇

𝜕𝑦
  + 𝜑              (4.79) 

If thermal conductivity of the lubricant is constant, then 

 𝜌𝐶𝑝  
𝜕𝑇

𝜕𝑡
+ 𝑢

𝜕𝑇

𝜕𝑥
 =  𝑘  

𝜕2𝑇

𝜕𝑦 2  + 𝜑                (4.80) 
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𝜕𝑇

𝜕𝑡
+ 𝑢

𝜕𝑇

𝜕𝑥
 =

𝑘

𝜌𝐶𝑝
 

𝜕2𝑇

𝜕𝑦 2
  +

𝜑

𝜌𝐶𝑝
                (4.81) 

  
𝜕𝑇

𝜕𝑡
+ 𝑢

𝜕𝑇

𝜕𝑥
 = 𝛼  

𝜕2𝑇

𝜕𝑦 2
  +

𝜑

𝜌𝐶𝑝
               (4.82) 

where   𝛼 = Thermal diffusivity        

4.30.   Lubricant Film Temperature. The temperature changes in the film due to viscous 

heating are determined by solving the 2-D heat equation [203]: 

𝜌𝑓  𝐶𝑓(
𝜕𝑇

𝜕𝑡
+  𝑢

𝜕𝑇

𝜕𝑥
+ 𝑣

𝜕𝑇

𝜕𝑦
 ) =   𝐾  (

𝜕2𝑇

𝜕2𝑥
+

𝜕2𝑇

𝜕2𝑦
) + 𝜑               (4.83) 

where the viscous dissipation term is [203]: 

𝜂𝜑 =  𝜂   
𝜕𝑢

𝜕𝑦
+

𝜕𝑣

𝜕𝑥
 

2

+ 2   
𝜕𝑢

𝜕𝑥
 

2

+  
𝜕𝑣

𝜕𝑦
 

2

               (4.84)           

If the viscous dissipation term is related to the shear stress, then [203]: 

𝜂𝜑 =  𝜂  
𝜕𝑢

𝜕𝑦
+

𝜕𝑣

𝜕𝑥
 

2

                 (4.85)       

At constant viscosity the dissipation term is [203]: 

𝜑 =   
𝜕𝑢

𝜕𝑦
+

𝜕𝑣

𝜕𝑥
 

2

                   (4.86)                                            

Considering heat convection along x-direction and heat conduction along y-direction, the above 

energy equation can be written as [153]: 

  𝜌𝑓  𝐶𝑓(
𝜕𝑇

𝜕𝑡
+  𝑢

𝜕𝑇

𝜕𝑥
 )  =   𝐾  ( 

𝜕2𝑇

𝜕2𝑦
) + 𝜑               (4.87) 

4.31. Thermal Boundary Conditions. Thermal boundary conditions are as under [153]:         

𝑇 =  𝑇0 at the inflow on the inlet side  𝑥 = 0   

𝜕𝑇

𝜕𝑥
= 0  at  𝑥 = 75 𝑑𝑒𝑔𝑟𝑒𝑒 

𝑇 =  𝑇0 at  𝑦 = 0   

𝜕𝑇

𝜕𝑦
= 0  at   𝑦 = 0                 (4.88) 
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4.32.  Temperature Dependence of Viscosity. Vogel equation defines the viscosity-

temperature relationship to determine the temperature-dependent viscosity 𝜂𝑇  in the hydrodynamic 

lubrication regime as [162]: 

𝜂𝑇 = 𝑎𝑜  exp  
𝑇1

𝑇2  + 𝑇𝑚
                        (4.89)                                                                                 

where 𝑎𝑜  𝑎𝑛𝑑   
𝑇1

𝑇2
    are correlation parameters and 𝑇𝑚  is given by [162]:  

 𝑇𝑚 =  
1

 𝐵
   𝑇 𝑥, 𝑦 𝑑𝑥𝑑𝑦

𝐵

𝑜



𝑜
               (4.90)                                                                             

4.33. Calculation of Hydrodynamic Pressure. The 2-D Reynolds equation is solved to calculate 

the hydrodynamic pressure in case of adiabatic heating, that is 𝑝𝑎  by using the values of the 

temperature-dependent viscosity [16, 173]: 

𝜕

𝜕𝑥
 3 𝜕𝑝 𝑎

𝜕𝑥
 +  

𝜕

𝜕𝑦
 3 𝜕𝑝 𝑎

𝜕𝑦
 = 6𝜂𝑇𝑈

𝜕𝑎

𝜕𝑦
                               (4.91)  

where 𝑎  = Hydrodynamic film thickness in case of adiabatic heating. 

4.34. Pressure Boundary Conditions. The boundary conditions to solve the Reynolds 

equation in case of adiabatic heating are [16]:  

 𝜕𝑝 𝑎

𝜕𝑥 𝜃=0   
=     

𝜕𝑝 𝑎

𝜕𝑥 𝜃=𝜋   
= 0;                                            

 𝑝𝑎  =  0   𝑤𝑒𝑛 𝜃1 ≤  𝜃 ≤  𝜃2 

 𝑝𝑎  (𝜃, 0)  =  𝑝𝑎  (𝜃, 𝐿)  =  0               (4.92)         

4.35. Hydrodynamic Film Thickness. Considering the adiabatic heating the thickness of the 

lubricant film 𝑎  is [173]:  

𝑎 = 𝐶 +  𝑒𝑡   𝑡 cos 𝜃 +   𝑒𝑏   𝑡  −  𝑒𝑡   𝑡  
𝑦

𝐿
cos 𝜃                         (4.93) 

ADIABATIC HEATING IN SKIRTS EHL MODEL 

4.36.  Pressure and Temperature Dependent Viscosity.  In the EHL regime shear heating 

affects the pressure-dependent viscosity significantly. The temperatures rise higher due to the 

excessive loading and the corresponding shear. The rising temperatures reduce the pressure-

dependent viscosity, which affects the load-carrying capacity of the film. In view of its significance     
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Roelands in 1966 noted that at constant pressure the lubricant viscosity increases more or less 

exponentially with the reciprocal of absolute temperature. Similarly, at constant temperature the 

viscosity increases more or less exponentially with pressure. Such a relationship is suitable for the 

computational applications involving the moderate-temperature ranges like lubricant shear heating 

at the low engine start up speeds. It is more so when the extreme sensitivity of the viscosity does 

not allow an analytical description of the pressure and temperature dependent changes. He 

explained the dependence of viscosity on the temperature and pressure in the EHL regime by 

employing an empirical relationship. Mathematically, it is expressed as [180]: 

 η = 𝜂o exp   ln 𝜂o+9.67 

 

  
To – 138

Tm- 138
 

−S𝐨

 1 + 5.1x10−9p Z − 1              (4.94)  

where 𝑍  and 𝑆0 are constants, which characterize a specific lubricant. 

4.37. EHL Film Thickness. When shear heating takes place in the EHL regime the bulk 

elastic deformation is considered accordingly. The thickness of the film is expressed as [81]: 

 𝑒𝑙 = 𝑎 +  𝑓 𝜃, 𝑦 +  𝜐𝑎                         (4.95) 

where 𝑓 𝜃, 𝑦  defines the skirts surface profiles due to the manufacturing imperfections. The effects 

of these imperfections are neglected. The differential surface displacement is [81]:
 

𝑑𝜐𝑎 =
1

𝜋𝐸 ′

𝑝𝑎 (𝑥 ,𝑦)𝑑𝑦𝑑𝑦

ŕ
                (4.96) 

 

ŕ =   𝑥 − 𝑥0 2 +  𝑦 − 𝑦0 2               (4.97) 

 

1

𝐸′
=

1

2
 
 1−𝜈1

2 

𝐸1
 +  

 1−𝜈2
2 

𝐸2
                (4.98)  

 

At a specific point  𝑥0, 𝑦0   the elastic deformation is [30]: 

𝜐𝑎 𝑥0, 𝑦0 =
1

𝜋𝐸 ′
 

𝑝𝑎 (𝑥 ,𝑦)𝑑𝑥𝑑𝑦

ŕ𝐴
                (4.99)
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CHAPTER-5 

1
st
 COMPRESSION RING LUBRICATION MODELS 

 

ISOTHERMAL 1
st
 COMPRESSION RING LUBRICATION MODELS 

 

5.1.  Assumptions.  The following assumptions are made as applicable to the isothermal 

steady-state 1
st
 compression ring lubrication models in the initial engine start up conditions: 

 1. The body forces are neglected. 

 2. The lubricant behaves as a Newtonian fluid. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant viscosity is constant in the hydrodynamic regime. 

 6. The interacting ring and the liner are smooth such that the surface friction,   

   roughness and waviness effects are neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. The un-steady squeeze effects are neglected. 

 10. Thermal effects are neglected. 

 11. The density of the lubricant is constant. 

 12.  No relative motion between the ring and the piston.  

1
ST

COMPRESSION RING HYDRODYNAMIC LUBRICATION MODEL 

5.2. 1
st
 Compression Ring Dynamics. The mathematical relationships dealing with the 

secondary dynamics of the 1
st
 compression ring are defined. Since there is no relative motion 

between the ring and the piston hence, the ring has the same primary axial displacement, velocity 

and acceleration as that of the piston. For the constant crankshaft speed , the position 𝑌𝑅𝑔 , speed 

𝑈𝑅𝑔  and the acceleration 𝑌𝑅𝑔
  of the ring are [16]: 

𝑌𝑅𝑔 =    𝑙 + 𝑟 2 −   𝐶𝑝 
2
 

0.5

−   𝑙2 −  𝐵2 0.5 −  𝑟𝑐𝑜𝑠 𝛹                        (5.1) 
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𝑈𝑅𝑔 =  𝑌𝑅𝑔
 =  𝑟𝜔 sin 𝛹 +  𝑟𝜔𝐵 cos 𝛹  𝑙2 −  𝐵2 −0.5             (5.2)                

𝑌𝑅𝑔
 = 𝑟𝜔2𝑐𝑜𝑠𝛹 +   𝑟𝜔𝐵𝑐𝑜𝑠𝛹 2  𝑙2 − 𝐵2 −1.5 +    𝑟𝜔𝑐𝑜𝑠𝛹 2 − 𝑟𝜔2𝐵𝑠𝑖𝑛𝛹   𝑙2 −  𝐵2 −0.5  (5.3)     

where  𝐵 =  𝐶𝑝 +  𝑟 𝑠𝑖𝑛 𝛹                 (5.4)                                          

The piston and the ring assembly displace eccentrically in the transverse direction. The 

displacements or eccentricities are time-dependent and the second-order changes are anticipated. In 

view of this, the second-order secondary displacements of the piston and the ring in the transverse 

direction are calculated. The inertia of the piston assembly, the forces that act and the moments 

produced are considered in equilibrium conditions. These are incorporated in the form suggested by 

Zhu et al [16]: 

 
𝑎11 𝑎12

𝑎21 𝑎22
  

𝑒 𝑡
𝑒 𝑏

 =  
𝐹 + 𝐹𝑠 + 𝐹𝑓 𝑡𝑎𝑛 ∅

𝑀 + 𝑀𝑠 + 𝑀𝑓
                (5.5)                             

𝑎11  = 𝑚𝑝𝑖𝑠  1 −
𝑎

𝐿
 + 𝑚𝑝𝑖𝑠  1 −

𝑏

𝐿
               (5.5a) 

𝑎12 = 𝑚𝑝𝑖𝑠
𝑎

𝐿
+ 𝑚𝑝𝑖𝑠

𝑏

𝐿
                (5.5b)    

𝑎21 =
𝐼𝑝𝑖𝑠

𝐿
+ 𝑚𝑝𝑖𝑠  𝑎 − 𝑏  1 −

𝑏

𝐿
               (5.5c)     

𝑎22 = 𝑚𝑝𝑖𝑠  𝑎 − 𝑏 
𝑏

𝐿
−

𝐼𝑝𝑖𝑠

𝐿
               (5.5d) 

 

5.3. Film Thickness in Hydrodynamic Regime.     The 1
st
 compression ring gets displaced with 

the transverse eccentric piston displacements, as the relative motion of the ring inside the groove is 

ignored. The contact geometry as a function of the secondary piston displacements is [16]: 

 = 𝑒𝑡   𝑡 cos 𝜃 +   𝑒𝑏   𝑡  −  𝑒𝑡   𝑡  
𝑦

𝐿
cos 𝜃              (5.6)                       

Neglecting the tilt of the ring, the barrel shaped ring face can be defined as a set of polynomials, 

given by [20]: 

1 𝑦 =   

𝑆1 𝑦2 − 2𝑎1𝑦 + 𝑎1
2         0 ≤ 𝑦 ≤ 𝑎1

0                                               𝑎1 < 𝑦 <  𝑎2

𝑆2( 𝑦2 − 2𝑎1𝑦 + 𝑎2
2       𝑎2 ≤ 𝑦 ≤ 𝑏

               (5.7)

      

where, 𝑆1, 𝑆2 = 2.0 10 −6 ;  𝑎1 = Ring face geometric parameter = - 0.4 

𝑎2 = Ring face geometric parameter =  0.4; 𝑏  = Ring thickness in axial direction = 0.001 (m) 
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The contact geometry of the 1
st
 compression ring is the time dependent film thickness determined 

as a function of the gas pressure and the mean hydrodynamic pressure. It is given by [16]: 

0 𝑡 =  
 𝑝𝑀𝑅𝑔 −𝑝𝑔 𝑟𝑅𝑔

2

𝐸𝑅𝑔 𝑡𝑅𝑔
                 (5.8) 

where, 𝑝𝑔  = Internal gas pressure;  𝑝𝑀𝑅𝑔  = Mean hydrodynamic pressure of the ring 

             𝐸𝑅𝑔= Young‘s modulus of the ring (E = 113.79 GPa); 𝑟𝑅𝑔  = Radius of the ring 

            𝑡𝑅𝑔  = Ring radial thickness (0.0015 m) 

After considering the secondary displacements of the piston assembly, the resultant film  thickness 

of the 1
st
 compression ring is the sum of the time-dependent film, the barrel-face  profile of the ring 

and the radial clearance:  

𝑅𝑔 =  +  0 𝑡 +  1 𝑦 +  𝐶𝑅𝑔                     (5.9)  

where  𝐶𝑅𝑔  = Radial clearance of the ring with the liner   

        

5.4. Calculation of Hydrodynamic Pressure. The Reynolds equation is solved numerically to 

determine the hydrodynamic pressures 𝑝𝑅𝑔 , which develop between the ring and the liner. The 

Reynolds equation is [16]: 

 
𝜕

𝜕𝑥
 3 𝜕𝑝𝑅𝑔

𝜕𝑥
 +  

𝜕

𝜕𝑦
 3 𝜕𝑝𝑅𝑔

𝜕𝑦
 = 6𝜂𝑈

𝜕𝑅𝑔

𝜕𝑦
             (5.10)                                     

Boundary conditions for the Reynolds equation are [16]:.  

 
𝜕𝑝𝑅𝑔

𝜕𝑥 𝑥=0   
=     

𝜕𝑝𝑅𝑔

𝜕𝑥 𝑥=𝜋   
= 0    ;  

   𝑝𝑅𝑔  =  0   𝑤𝑒𝑛 𝜃1 ≤  𝜃 ≤  𝜃2 

   𝑝𝑅𝑔  (𝜃, 0)  =  𝑝 (𝜃, 𝐿)  = 0                (5.11)                                                             

5.5. Hydrodynamic Forces and Moments. The hydrodynamic force 𝐹𝐻𝑅𝑔  and the 

hydrodynamic friction force 𝐹𝐹𝐻𝑅𝑔  acting on the ring are calculated as[16]: 

𝐹𝐻𝑅𝑔 =  𝑅  𝑝𝑅𝑔 𝜃, 𝑦 𝑐𝑜𝑠𝜃 𝑑𝜃𝑑𝑦             (5.12) 

𝐹𝐹𝐻𝑅𝑔 = 𝑅  𝜏𝑅𝑔 𝜃, 𝑦 𝑑𝜃𝑑𝑦                                                                             (5.13)      

𝐹𝐹𝐻𝑅𝑔 =  −𝑅   𝜂
𝑈


−



2

𝑑𝑝𝑅𝑔

𝑑𝑦
 𝑑𝜃𝑑𝑦                          (5.14) 
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The moment 𝑀𝐻𝑅𝑔  generated due to the action of the hydrodynamic force and the moment 𝑀𝐹𝐻𝑅𝑔  

due to the hydrodynamic friction force are calculated as [16]: 

𝑀𝐻𝑅𝑔 =  𝑅  𝑝𝑅𝑔 𝜃, 𝑦 (𝑎 − 𝑦)𝑐𝑜𝑠𝜃 𝑑𝜃𝑑𝑦                             (5.15) 

𝑀𝐹𝐻𝑅𝑔 = 𝑅  𝜏 θ, 𝑦 (𝑅𝑐𝑜𝑠𝜃 − 𝐶𝑝)𝑑𝜃𝑑𝑦                                                   (5.16)      

𝑀𝐹𝐻𝑅𝑔 =  −𝑅   𝜂
𝑈


−



2

𝑑𝑝𝑅𝑔

𝑑𝑦
 (𝑅𝑐𝑜𝑠𝜃 − 𝐶𝑝) 𝑑𝜃𝑑𝑦                              (5.17) 

1
ST

COMPRESSION RING EHL MODEL 

5.6. Ring Film Thickness in EHL Regime. In   the    EHL   regime   the   bulk   elastic     

displacement is considered. The EHL film thickness is [81]: 

𝑒𝑙𝑅𝑔 = 𝑅𝑔 +  𝑓 𝜃, 𝑦 + 𝜐𝑅𝑔               (5.18) 

where 𝑓 𝜃, 𝑦  defines the profile due to the manufacturing imperfections and is ignored. The 

differential surface displacement is [81]: 

𝑑𝜐𝑅𝑔 =
1

𝜋𝐸′

𝑝𝑅𝑔 (𝑥 ,𝑦)𝑑𝑦𝑑𝑦

ŕ
                 (5.19)                                                   

where    ŕ =   𝑥 − 𝑥0 2 +  𝑦 − 𝑦0 2             (5.20)        

1

𝐸′
=

1

2
 
 1−𝜈1

2 

𝐸1
 +  

 1−𝜈2
2 

𝐸2
                (5.21)

 

The elastic displacement at a specific point is [81]:  

𝜐𝑅𝑔 𝑥0, 𝑦0 =
1

𝜋𝐸 ′
 

𝑝𝑅𝑔 (𝑥 ,𝑦)𝑑𝑥𝑑𝑦

ŕ𝐴
                  (5.22) 

 

The pressure dependence of the viscosity is defined in terms of the empirical Barus equation. 

Mathematically, it is defined as [31]: 

𝜂 = 𝜂0𝑒𝛼𝑝                                                                                                                                    (5.23) 

where 𝜂0 = Ambient viscosity;  𝛼 = Pressure-viscosity coefficient;  

𝜂 = Pressure-dependent viscosity 
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1
st
 COMPRESSION RING LUBRICATION WITH DISTORTED BORE MODELS 

 

5.7. Assumptions.  The following assumptions are made as applicable to the isothermal 

steady-state 1
st
 compression ring lubrication models in the initial engine start up conditions: 

 1. The body forces are neglected. 

 2. The lubricant behaves as a Newtonian fluid under the isothermal conditions. 

 3. Pressure is constant through the film. 

 4. There is no slip at the boundaries. 

 5. Lubricant viscosity is constant in the hydrodynamic regime. 

 6. The interacting ring and the liner are smooth such that the surface friction,   

   roughness and waviness effects are neglected. 

 7. The lubricant flow is laminar and turbulence effects are neglected. 

 8. The inertia effects are neglected. 

 9. The un-steady squeeze effects are neglected. 

 10. Thermal effects are neglected. 

 11. The density of the lubricant is constant.  

 12.  No relative motion between the ring and its groove. 

 13. Lubricant flooding with cavitation effects neglected. 

1
ST

COMPRESSION RING WITH DISTORTED BORE HYDRODYNAMIC MODEL  

5.8. Dynamics of 1
st
 Compression Ring with Distorted Bore. The distorted bore of the 

ring will not affect its displacement, velocity and acceleration appreciably. Hence, in this case the 

equations (5.1) - (5.5) are applicable to define the dynamics of the ring.  

 

5.9. Film Thickness in Hydrodynamic Regime. After considering the secondary 

displacements of the piston assembly, the resultant film thickness of the 1
st
 compression ring 𝑅𝑑𝑏  

is the sum of the time-dependent film 0 𝑡 , the barrel-face profile of the ring 1 𝑦 , the radial 

clearance 𝐶𝑅𝑔  and the film thickness in the circumferential direction 2 𝑥  due to the distorted 

bore. Mathematically, it is [30, 31]: 
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𝑅𝑑𝑏 =  +  0 𝑡 +  1 𝑦 +  𝐶𝑅𝑔 +  2 𝑥                 (5.24)  

5.10. Film Formation in the Circumferential Direction. A cylinder liner gets worn out 

due to the manufacturing errors, the head clamping force and the variable thermal loads during the 

normal engine operation. In this work a worn cylinder is considered such that its bore is assumed 

distorted elliptically to achieve a measurable degree of out-of-roundness, as shown in figure 5.1. 

The term ∆𝑐 represents the maximum distortion of the liner bore. In terms of ∆𝑐 the film thickness 

2 𝑥  in the circumferential direction is expressed as [31]: 

 2 𝑥 = 𝑅𝑅𝑔

 
 
 

 
 

1

 1− 1− 
𝑅𝑅𝑔

𝑅𝑅𝑔 +∆𝑐
 

2

 sin 𝜃

− 1

 
 
 

 
 

               (5.25) 

 

Fig 5.1: Circumferential Distortion of the Liner Bore 

where 𝑅𝑅𝑔  is the radius of the ring such that 𝜃 can be represented as follows: 

𝜃 =
𝑥

𝑅𝑅𝑔
 ;   0 < 𝑥 < 2𝜋𝑅                   (5.26) 

5.11. Calculation of Hydrodynamic Pressure. To calculate the normal force due to 

hydrodynamic pressure in the film between the ring and the distorted bore the hydrodynamic 

pressure distribution is required. When the distorted bore is considered the hydrodynamic pressure 

𝑝𝑅𝑑𝑏  is obtained by solving the Reynolds equation [30, 31]: 

 
𝜕

𝜕𝑥
 3 𝜕𝑝𝑅𝑑𝑏

𝜕𝑥
 + 

𝜕

𝜕𝑦
 3 𝜕𝑝 𝑅𝑑𝑏

𝜕𝑦
 = 6𝜂𝑈

𝜕𝑅𝑑𝑏

𝜕𝑦
               (5.27) 

After getting the required pressure distribution, the normal force representing the hydrodynamic 

load is calculated by integrating the pressures over the face area of the ring and expressed as [30]:  

𝑊𝑅𝑑𝑏 =    𝑝𝑅𝑑𝑏 (𝑥, 𝑦)𝑑𝑥 𝑑𝑦
𝑏

0

𝐿𝑅

0
                    (5.28) 

where 𝐿𝑅  is the circumferential length of the ring 
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5.12. Equilibrium Condition. The equilibrium condition must be satisfied when the distorted 

bore is considered.  In that case the net resultant hydrodynamic force 𝑊𝑅𝑑𝑏  and the gas pressure 

force 𝐹𝑔  should satisfy the following equation [31]: 

𝐹𝑔  –  𝑊𝑅𝑑𝑏  =  0                (5.29) 

The hydrodynamic friction or the viscous shear force is evaluated by integrating the shear stress 

over the ring face area as [30]:  

𝐹𝐹𝐻𝑅𝑑𝑏 = 𝑅𝑅𝑔  𝜏𝑅𝑔 𝑥, 𝑦 𝑑𝑥𝑑𝑦                                                                               (5.30)      

𝐹𝐹𝐻𝑅𝑑𝑏 =  −𝑅𝑅𝑔   𝜂
𝑈


−



2

𝑑𝑝𝑅𝑑𝑏

𝑑𝑦
 𝑑𝑥𝑑𝑦                                  (5.31) 

. 

5.13. Power Loss.      When a distorted bore is considered its effect on the overall power loss is 

evaluated. There is an instantaneous loss of power due to the hydrodynamic friction force. It is 

calculated by taking the product of the sliding velocity of the ring 𝑈𝑅𝑔  and the friction force 

𝐹𝐹𝐻𝑅𝑑𝑏 . Mathematically, it is expressed as [187]:  

𝑃𝑙𝑜𝑠𝑠 =  𝐹𝐹𝐻𝑅𝑑𝑏 𝑈𝑅𝑔                                                                                                                    (5.32) 

5.14. Calculation of Lubricant Flow Rate.    In case of the distorted bore the flow rate must 

be maintained at the inlet of the ring to ensure the maintenance of the desired film thickness. The 

flow rate 𝑞𝑥  of the lubricant passing the ring in the sliding direction is evaluated as [157, 187]: 

𝑞𝑥 |𝑥= 𝑥𝑡
=  

𝑈𝑅𝑔 𝑡

2
 −   

𝑡
3

12𝜂

𝜕𝑝𝑅𝑑𝑏

𝜕𝑥
 
𝑥= 𝑥𝑡

                                                                                       (5.33) 

where the subscript 𝑡 shows the trailing edge position of the ring. 

Hence the total flow rate 𝑄𝑅𝑔   of the lubricant passing through the length of the ring is calculated 

by integrating 𝑞𝑥  over the circumferential length of the ring as [5]: 

𝑄𝑅𝑔 =   𝑞𝑥𝑑𝑦
𝐿𝑅𝑔

0
                                                                                                                     (5.34) 

1
ST

COMPRESSION RING EHL MODEL WITH DISTORTED BORE 
 

5.15. EHL Film Thickness  The thickness of the film in the EHL regime is expressed as [30]:  

𝑒𝑙 𝑑𝑏 =  𝑅𝑑𝑏 + 𝜐𝑅𝑑𝑏  𝑥, 𝑦 +  𝑎  
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𝑎  = is the adjustable factor to iterate during computation for convergence at the  desired criteria. 

The differential deformation is determined and expressed as [30]:  

𝑑𝜐𝑅𝑑𝑏 =
1

𝜋𝐸′

𝑝𝑅𝑑𝑏 (𝑥 ,𝑦)𝑑𝑦𝑑𝑦

ŕ
                                                                                                          (5.35) 

where    ŕ =   𝑥 − 𝑥0 2 +  𝑦 − 𝑦0 2                     (5.36)        

1

𝐸′
=

1

2
 
 1−𝜈1

2 

𝐸1
 +  

 1−𝜈2
2 

𝐸2
                        (5.37)

 

The elastic displacement at a specific point is [81]:  

𝜐𝑅𝑑𝑏  𝑥0, 𝑦0 =
1

𝜋𝐸 ′
 

𝑝𝑅𝑔 (𝑥 ,𝑦)𝑑𝑥𝑑𝑦

ŕ𝐴
                          (5.38)      
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CHAPTER - 6 

NON-DIMENSIONALISATION, DISCRETIZATION AND COMPUTATION 

 
STEADY-STATE SMOOTH SKIRTS LUBRICATION 

6.1. Steady-State Reynolds Equation. The Reynolds equation is converted into the 

dimensionless form so that the dimensionless pressures are obtained from the numerical solution. 

The different variables used in the equation are made dimensionless and that include the thickness 

of the hydrodynamic film , the hydrodynamic pressure 𝑝, the entraining velocity 𝑈 and the 

dynamic viscosity 𝜂, respectively. In the dimensionless form these variables are expressed as [180]:  

∗ =  


𝑐
 ;  𝜃 =  

𝑥

𝑅
 ;  𝑦∗ =  

𝑦

𝐿
 ;  𝑝∗ =  

𝑝𝐶 2

6𝑈𝜂𝑅
 ;  𝜍∗ =

𝜍

𝑐
                           (6.1)    

In the steady-state conditions the dimensionless 2-D Reynolds equation is expressed as [180]:  

 
𝜕

𝜕𝑥∗   ∗3  
𝜕𝑝∗

𝜕𝑥∗ +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗  ∗3  
𝜕𝑝∗

𝜕𝑦∗ =  
𝜕∗

𝜕𝑦∗                               (6.2) 

 

6.2. Vogelpohl Parameter. The Vogelpohl parameter 𝑀𝑣 as suggested by Vogelpohl is 

introduced to improve the accuracy of the numerical solution of the Reynolds equation. It simplifies 

the differential operators of the Reynolds equation to facilitate computing. The introduction of this 

parameter does not complicate the boundary conditions in the Reynolds equation. It is expressed as 

[180 ]: 

𝑀𝑣 =  𝑝∗ ∗1.5                       (6.3) 

Substituting the Vogelpohl parameter into the non-dimensional Reynolds equation (6.3) yields the 

Vogelpohl equation [180 ]: 

𝜕2𝑀𝑣

𝜕𝑥∗2
+  

𝑅

𝐿
 

2 𝜕2𝑀𝑣

𝜕𝑦 ∗2
= 𝐹𝑣𝑀𝑣 + 𝐺𝑣                (6.4) 

where the parameters  Fv and Gv   are expressed as [180 ]:  

 

𝐹𝑣 =
0.75  

𝜕∗

𝜕𝑥∗ 
2

+  
𝑅

𝐿
 

2
 
𝜕∗

𝜕𝑦∗ 
2

  

∗2 +
1.5 

𝜕2∗

𝜕𝑥∗2 +  
𝑅

𝐿
 

2𝜕2∗

𝜕𝑦 ∗2   

∗  ; 𝐺𝑣 =
 
𝜕∗

𝜕𝑦∗ 

∗1.5                      (6.5) 
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6.3. Finite Difference Equivalent of the Reynolds Equation.    In the lubrication analysis of 

the piston skirts and the 1
st
 compression ring the Finite Difference Method (FDM) is used to 

calculate the hydrodynamic pressures numerically. It approximates a differential quantity by taking 

the difference between the function values at two or more adjacent nodes. In the Vogelpohl 

equation the finite difference approximation of the first order changes in 𝑀𝑣  in the x-direction is in 

terms of the i-node in the finite difference mesh. It is given as [180]:   

 
𝜕𝑀𝑣

𝜕𝑥 ∗
 =  

𝑀𝑣,𝑖+1−𝑀𝑣,𝑖−1

2𝛿𝑥∗
                     (6.6) 

The second differential in the Vogelpohl equation is found on similar lines, such that [180 ]: 

 
𝜕2𝑀𝑣

𝜕𝑥∗2  =  
 
𝜕𝑀𝑣
𝜕𝑥 ∗

 
𝑖+0.5

− 
𝜕𝑀𝑣
𝜕𝑥 ∗

 
𝑖−0.5

𝛿𝑥∗
                 (6.7) 

where: 

  
𝜕𝑀𝑣

𝜕𝑥 ∗
 

𝑖+0.5
≈  

𝑀𝑣,𝑖+1−𝑀𝑣,𝑖

𝛿𝑥 ∗
                  (6.8) 

 
𝜕𝑀𝑣

𝜕𝑥 ∗
 

𝑖−0.5
≈  

𝑀𝑣,𝑖−𝑀𝑣,𝑖−1

𝛿𝑥 ∗
                       (6.9) 

Putting equations (6.8) and (6.9) in equation (6.7), we get 

 
𝜕2𝑀𝑣

𝜕𝑥∗2  ≈
𝑀𝑣,𝑖+1+𝑀𝑣,𝑖−1−2𝑀𝑣,𝑖  

 𝛿𝑥 ∗ 2                 (6.10)  

In the y-direction the finite difference approximation of the first order changes in Mv are in terms of 

the j-node in the finite difference mesh. In the finite difference form:   

 
𝜕𝑀𝑣

𝜕𝑦 ∗
 =  

𝑀𝑣,𝑗+1−𝑀𝑣,𝑗−1

2𝛿𝑦∗
                   (6.11) 

The second differential in the Vogelpohl equation is found on similar lines, such that [180]: 

 
𝜕2𝑀𝑣

𝜕𝑦∗2  =  
 
𝜕𝑀𝑣
𝜕𝑦 ∗

 
𝑗+0.5

− 
𝜕𝑀𝑣
𝜕𝑦 ∗

 
𝑗−0.5

𝛿𝑦∗
               (6.12) 

where: 

  
𝜕𝑀𝑣

𝜕𝑦 ∗
 

𝑗 +0.5
≈  

𝑀𝑣,𝑗 +1−𝑀𝑣,𝑗

𝛿𝑦∗
                (6.13) 
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𝜕𝑀𝑣

𝜕𝑦 ∗
 

𝑖−0.5
≈  

𝑀𝑣,𝑗 −𝑀𝑣,𝑗−1

𝛿𝑦 ∗
                     (6.14) 

Putting equations (6.13) and (6.14) in equation (6.12), we get 

 
𝜕2𝑀𝑣

𝜕𝑦∗2  ≈
𝑀𝑣,𝑗 +1+𝑀𝑣,𝑗−1−2𝑀𝑣,𝑗  

 𝛿𝑦 ∗ 2                 (6.15)  

Equations (6.6) - (6.15) provide the finite difference equivalent of the first and the second-order 

variations of the Vogelpohl parameter in the two dimensions. The coefficients of the Vogelpohl 

parameter form the finite difference operators at the 𝑖 and 𝑗 nodes and their adjacent nodes 

respectively. These operators are conveniently used for the computation as no serious difficulties 

are created with the boundary conditions applicable to the solution domains of the piston skirts and 

the 1
st
 compression ring, separately. The solution domain of each represents the physical 

dimensions of the skirts and the ring. The finite difference operators are placed at the boundary of 

the respective solution domains and any imaginary nodes are not required to be added outside of the 

respective boundaries to avoid any further complications in the convergence of the solution.  

The expression for the Vogelpohl parameter in the discretized form is achieved by including the 

terms expressed in equation (6.5) with the finite difference operators. The new expression gives a 

complete equivalent of the Reynolds equation. After rearranging the same, we get [180]: 

𝑀𝑣,𝑖 ,𝑗 =
𝐶1 𝑀𝑣,𝑖+1,𝑗 +𝑀𝑣,𝑖−1,𝑗  + 

𝑅

𝐿
 

2
𝐶2 𝑀𝑣,𝑖 ,𝑗+1+ 𝑀𝑣,𝑖 ,𝑗−1 −𝐺𝑣𝑖 ,𝑗

2𝐶1+ 2𝐶2+ 𝐹𝑣𝑖 ,𝑗
                    (6.16)                  

where: 𝐶1 =  
1

 𝛿𝑥∗ 2  ;  𝐶2 =  
1

 𝛿𝑦∗ 2           

6.4. Solution Domain & Boundary Conditions.  In the solution domain the range of x is 

between 0-75 degrees angle for the combined length of both the skirt surfaces of the piston and 0-

360 degrees for the circular 1
st
 compression ring in the circumferential direction. The range of y in 

both the cases is from -0.5 to +0.5 if the mid-lines of the skirts surface and the ring are selected as a 

datum in each case. Figure 6.1 shows the domain of the piston skirts where symmetry can be 

exploited to cover either half of the skirt area, that is from y* = 0 to y* = 0.5, or the whole piston 

skirt area. We define the boundary conditions and the range of values required to be computed. In 

case of the piston skirts or the 1
st
 compression ring, the boundary conditions are such that p or Mv 

must be zero at the edges of the solution domain.  
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Fig 6.1: Computational Domain 

6.5. Non-Dimensional Friction Force. The friction force is calculated from the equation 

defining the shear stress. The shear stress is defined in terms of the dimensionless parameters, such 

that [180]: 

 ∗ =  


𝑐
 ; 𝑥 ∗ =  

𝑥

𝑅
 ; 𝑦 ∗ =  

𝑦

𝐿
;    𝑝 ∗ = 𝑝

𝑐2

6𝑈𝜂𝑅
;  𝜃 ≈  

𝑥

𝑅
            (6.17) 

Put equation (6.17) in (4.5) to get the shear stress in terms of non-dimensional parameters [180 ]: 

𝜏 =   
𝜂𝑈

𝑐

1

∗

𝑐∗

2

6𝑈𝜂𝑅

𝑐2

1

𝑅

𝑑𝑝∗

𝑑𝑦∗
 =   

𝑈𝜂

𝑐
  

1

∗
+  3 ∗  

𝑑𝑝∗

𝑑𝑦∗
  

                (6.18)           

Equation (6.17) shows that in the dimensionless form the hydrodynamic friction force is the product 

of the shear stress and the differential area integrated over the total surface area of the piston skirts. 

In non-dimensional terms [ 180]:  

1

𝑅𝐿
𝜏𝑑𝑥𝑑𝑦 =  𝜏𝑑𝑥 ∗ 𝑑𝑦 ∗                       (6.19)  

In terms of equation (6.19) the hydrodynamic friction force FFH is expressed as [16, 180]: 

𝐹𝐹𝐻 =  𝑅𝐿   𝜏𝑑𝑥 ∗ 𝑑𝑦 ∗
𝜃=75

0

1

0
               (6.20)  

Substituting equation (6.18) in (6.20), we get the equation for the hydrodynamic friction force in 

dimensionless form [180]: 
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𝐹𝐹𝐻 =  𝑅𝐿
𝑈𝜂

𝑐
  𝜏  

1

∗
+  3 ∗  

𝑑𝑝∗

𝑑𝑦∗
  𝑑𝑥 ∗ 𝑑𝑦 ∗

𝜃=75

0

1

0
            (6.21)     

6.6. Dimensionless Film Thickness. The expression for the non-dimensional film thickness 

 ∗ and its derivatives in terms of the axial coordinates are required in the computations. To convert 

the expression of the film thickness in equation (4.1) the following dimensionless terms are [173]: 

𝜃 ≈  
𝑥

𝑅
;  𝐸𝑡 =  

𝑒𝑡

𝐶
;   𝐸𝑏 =  

𝑒𝑡

𝐶
                       (6.22) 

Substitute equation (6.22) in (4.1) and after simplification we get [180]: 

 ∗ =  𝐸𝑡 𝑡 𝑐𝑜𝑠𝑥 ∗  + 𝐸𝑏 𝑡 −  𝐸𝑡 𝑡  𝑦 ∗ 𝑐𝑜𝑠𝑥 ∗ +1                  (6.23) 

𝑑∗

𝑑𝑥∗
=  −𝐸𝑡 𝑡 𝑠𝑖𝑛𝑥 ∗ − 𝐸𝑏 𝑡 −  𝐸𝑡 𝑡  𝑦 ∗ 𝑠𝑖𝑛𝑥 ∗                (6.24) 

𝑑2∗

𝑑𝑥2∗
=  −𝐸𝑡 𝑡 𝑐𝑜𝑠𝑥 ∗ − 𝐸𝑏 𝑡 −  𝐸𝑡 𝑡  𝑦 ∗ 𝑐𝑜𝑠𝑥 ∗                         (6.25) 

𝑑∗

𝑑𝑦∗
=   𝐸𝑏 𝑡 −  𝐸𝑡 𝑡  ∗ 𝑐𝑜𝑠𝑥 ∗                    (6.26) 

𝑑2∗

𝑑𝑦2∗
= 0                  (6.27) 

STEADY-STATE ROUGH SKIRTS LUBRICATION 

6.7. Reynolds Equation for Rough Surfaces. The two forms of the average steady-state 

Reynolds equation applicable to the rough surfaces are shown in equations (4.25) and (4.26), 

respectively. These are transformed into the non-dimensional forms by introducing the 

dimensionless variables given in equation (6.17). After the necessary substitution the forms 

representing the surfaces with the different rms roughness and those with the same rms roughness 

are given in the non-dimensional form as [173, 180]: 

𝜕

𝜕𝑥∗    ∗3∅𝑥  
𝜕𝑝 ∗

𝜕𝑥∗ +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗   ∗3∅𝑦  
𝜕𝑝 ∗

𝜕𝑦∗ =  
𝜕 ∗

𝜕𝑦∗ +  𝜍∗ 𝜕∅𝑠

𝜕𝑦∗            (6.28) 

𝜕

𝜕𝑥∗    ∗3∅𝑥  
𝜕𝑝 ∗

𝜕𝑥∗ +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗   ∗3∅𝑦  
𝜕𝑝 ∗

𝜕𝑦∗ =   
𝜕 ∗

𝜕𝑦∗              (6.29) 

6.8. Vogelpohl Parameter. To improve the accuracy of the numerical solution the 

Vogelpohl parameter defined by equation (6.3) is introduced in equation (6.28). It is designated as 
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𝑀𝑣𝑟  to represent the Vogelpohl pressure of the rough surfaces. After simplification we get the 

Vogelpohl equation as [180]: 

𝜕2𝑀𝑣𝑟

𝜕𝑥∗2
+  

𝑅

𝐿
 

2 𝜕2𝑀𝑣𝑟

𝜕𝑦 ∗2
+  

𝜕∅𝑥

𝜕𝑥∗
 1 ∅    

𝜕𝑀𝑣𝑟

𝜕𝑥∗
 +  

𝜕∅𝑦

𝜕𝑦∗
 1 ∅    

𝑅

𝐿
 

2

 
𝜕𝑀𝑣𝑟

𝜕𝑦∗
 = 𝐹𝑣𝑟𝑀𝑣𝑟  + 𝐺𝑣𝑟         (6.30) 

where 𝐹𝑣𝑟 , 𝐺𝑣𝑟  represent the rough surfaces [180]. 

𝐹𝑣𝑟 =
0.75  

𝜕∗

𝜕𝑥∗ 
2

+  
𝑅

𝐿
 

2
 
𝜕∗

𝜕𝑦∗ 
2

  

∗2 +
1.5 

𝜕2∗

𝜕𝑥∗2 +  
𝑅

𝐿
 

2𝜕2∗

𝜕𝑦 ∗2   

∗ +
1.5 

𝜕∗

𝜕𝑥∗ 
𝜕∅

𝜕𝑥∗ + 
𝑅

𝐿
 

2 𝜕∅

𝜕𝑦∗ 
𝜕∗

𝜕𝑦∗  

∗∅
;  

𝐺𝑣𝑟 =
 
𝜕∗

𝜕𝑦∗+ 𝜍∗𝜕∅𝑠
𝜕𝑦∗ 

∗1.5∅ 
                  (6.31) 

When the interacting surfaces of the skirts and the bore have the same rms roughness, then the shear 

flow factor may be neglected. The new 𝐺𝑣𝑟  term becomes [180] 

 𝐺𝑣𝑟 =
 
𝜕∗

𝜕𝑦∗ 

∗1.5∅ 
                          (6.31a)  

6.9. Finite Difference Equivalent of the Reynolds Equation.    In the lubrication analysis of 

rough piston skirts the Finite Difference Method (FDM) is used to calculate the hydrodynamic 

pressures numerically. It approximates a differential quantity by taking the difference between the 

function values at two or more adjacent nodes. In the Vogelpohl equation the finite difference 

approximation of the first order changes in 𝑀𝑣𝑟  in the x-direction is in terms of the i-node in the 

finite difference mesh. It is given as [180, 202] :   

 
𝜕𝑀𝑣𝑟

𝜕𝑥 ∗
 =  

𝑀𝑣𝑟 ,𝑖+1−𝑀𝑣𝑟 ,𝑖−1

2𝛿𝑥∗
                   (6.32) 

The second differential in the Vogelpohl equation is found on similar lines, such that [202]: 

 
𝜕2𝑀𝑣𝑟

𝜕𝑥∗2  =  
 
𝜕𝑀𝑣𝑟
𝜕𝑥 ∗

 
𝑖+0.5

− 
𝜕𝑀𝑣𝑟
𝜕𝑥 ∗

 
𝑖−0.5

𝛿𝑥∗
               (6.33) 

where: 

  
𝜕𝑀𝑣𝑟

𝜕𝑥 ∗
 

𝑖+0.5
≈  

𝑀𝑣𝑟 ,𝑖+1−𝑀𝑣𝑟 ,𝑖

𝛿𝑥 ∗
                (6.34) 

 
𝜕𝑀𝑣𝑟

𝜕𝑥 ∗
 

𝑖−0.5
≈  

𝑀𝑣𝑟 ,𝑖−𝑀𝑣𝑟 ,𝑖−1

𝛿𝑥 ∗
                    (6.35) 
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Putting equations (6.34) and (6.35) in equation (6.33), we get 

 
𝜕2𝑀𝑣𝑟

𝜕𝑥∗2  ≈
𝑀𝑣𝑟 ,𝑖+1+𝑀𝑣𝑟 ,𝑖−1−2𝑀𝑣𝑟 ,𝑖  

 𝛿𝑥∗ 2                (6.36)  

In the y-direction the finite difference approximation of the first order changes in 𝑀𝑣𝑟  are in terms 

of the j-node in the finite difference mesh. In the finite difference form [202]:   

 
𝜕𝑀𝑣𝑟

𝜕𝑦 ∗
 =  

𝑀𝑣𝑟 ,𝑗 +1−𝑀𝑣𝑟 ,𝑗−1

2𝛿𝑦∗
                   (6.37) 

The second differential in the Vogelpohl equation is found on similar lines, such that [202]: 

 
𝜕2𝑀𝑣𝑟

𝜕𝑦∗2  =  
 
𝜕𝑀𝑣𝑟
𝜕𝑦 ∗

 
𝑗+0.5

− 
𝜕𝑀𝑣𝑟
𝜕𝑦 ∗

 
𝑗−0.5

𝛿𝑦∗
               (6.38) 

where: 

  
𝜕𝑀𝑣𝑟

𝜕𝑦 ∗
 

𝑗 +0.5
≈  

𝑀𝑣𝑟 ,𝑗+1−𝑀𝑣𝑟 ,𝑗

𝛿𝑦∗
                (6.39) 

 
𝜕𝑀𝑣𝑟

𝜕𝑦 ∗
 

𝑖−0.5
≈  

𝑀𝑣𝑟 ,𝑗 −𝑀𝑣𝑟 ,𝑗−1

𝛿𝑦∗
                    (6.40) 

Putting equations (6.39) and (6.40) in equation (6.38), we get [180]: 

 
𝜕2𝑀𝑣𝑟

𝜕𝑦∗2  ≈
𝑀𝑣𝑟 ,𝑗 +1+𝑀𝑣𝑟 ,𝑗−1−2𝑀𝑣𝑟 ,𝑗  

 𝛿𝑦 ∗ 2                (6.41)  

Equations (6.32) - (6.41) provide the finite difference equivalent of the first and the second-order 

variations of the Vogelpohl parameter in the two dimensions. The coefficients of the Vogelpohl 

parameter form the finite difference operators at the 𝑖 and 𝑗 nodes and their adjacent nodes 

respectively. These operators are conveniently used for the computation as no serious difficulties 

are created with the boundary conditions applicable to the solution domains of the rough piston 

skirts. The solution domain represents the physical dimensions of the rough skirts. The finite 

difference operators are placed at the boundary of the respective solution domains and any 

imaginary nodes are not required to be added outside of the respective boundaries to avoid any 

further complications in the convergence of the solution.  
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The expression for the Vogelpohl parameter in the discretized form is achieved by including the 

terms expressed in equation (6.31) with the finite difference operators. The new expression gives a 

complete equivalent of the Reynolds equation. After rearranging the same, we get [180, 202]: 

𝑀𝑣𝑟 ,𝑖 ,𝑗 =

𝐶1 𝑀𝑣𝑟 ,𝑖+1,𝑗 +𝑀𝑣𝑟 ,𝑖−1,𝑗  + 
𝑅

𝐿
 

2
𝐶2 𝑀𝑣𝑟 ,𝑖 ,𝑗 +1+ 𝑀𝑣𝑟 ,𝑖 ,𝑗−1 +𝐶3 

𝜕∅∗

𝜕𝑥∗ 1 ∅∗    𝑀𝑣𝑟 ,𝑖+1,𝑗 +𝑀𝑣𝑟 ,𝑖−1,𝑗  +𝐶4 
𝜕∅∗

𝜕𝑦∗ 1 ∅∗    𝑀𝑣𝑟 ,𝑖+1,𝑗 +𝑀𝑣𝑟 ,𝑖−1,𝑗  −𝐺𝑣𝑟𝑖 ,𝑗

2𝐶1+ 2𝐶2+ 𝐹𝑣𝑟𝑖 ,𝑗
  (6.42)                  

where: 𝐶1 =  
1

 𝛿𝑥∗ 2  ;  𝐶2 =  
1

 𝛿𝑦∗ 2   ;  𝐶3 =
1

2𝛿𝑥∗
 ;  𝐶4 =

1

2𝛿𝑦∗
        

6.10. Non-Dimensional Friction Force.   The  friction  force  is  calculated  from  the  equation 

 defining  the  shear  stress. The  shear  stress  is  defined  in  terms of the dimensionless parameters, 

 given in equation (6.17). For the rough surfaces we introduce the pressure and shear flow factors in 

the dimensionless form of the expression for the shear stress in equation (6.18). The shear stress for 

the rough surfaces 𝜏𝑟  is given by [173, 180]: 

𝜏𝑟 =  
𝑈𝜂

𝑐
   

1

∗
  ∅𝑓 + ∅𝑓𝑠 +  3∅𝑓𝑝  ∗  

𝑑𝑝∗

𝑑𝑦∗
               (6.43) 

Substituting equation (6.43) in (6.20), we get the expression of the non-dimensional hydrodynamic 

friction force 𝐹𝐹𝐻𝑟  produced between the rough surfaces as[180]: 

𝐹𝐹𝐻𝑟 =  𝑅𝐿   𝜏𝑟𝑑𝑥 ∗ 𝑑𝑦 ∗
𝜃=75

0

1

0
               (6.44) 

VISCOELASTIC LUBRICATION MODEL 

6.11. Non-Dimensionalisation of the Model. For the incompressible 2-D steady 

dimensionless non-Newtonian lubricant flow, the non-dimensional terms are defined as [139]:   

𝑥∗ =
𝑥

𝑅
;  𝑦∗ =

𝑦

𝐿
;  𝑝∗ =

𝑝𝐶2

6𝑈𝜂𝑅
;  𝑢∗ =

𝑢

𝑈
 ; 𝑣∗ =

𝑣𝐿

𝑈
   

 
∗

=

𝐶

;  
𝑖𝑛

∗

=
𝑖𝑛

𝐶
 ;  𝑜𝑢𝑡

∗
=

𝑜𝑢𝑡

𝐶
 ;     Є =   


𝐿
 

2

 

 𝜏∗
𝑥𝑥 =

𝜏𝑥𝑥

𝜂𝑈𝐿
2;  𝜏∗

𝑥𝑦 =
𝜏𝑥𝑦

𝜂𝑈
 ;  𝜏∗

𝑦𝑦 =
𝜏𝑦𝑦  

𝜂𝑈
𝐿            (6.45) 
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6.12. Asymptotic Solution of the Upper Convected Maxwell Model. In the non-dimensional 

form, the governing continuity, momentum and constitutive equations, as the sum of viscous 

lubricant stress, stress De and the geometric parameter Є  term, are [139]  

𝜕𝑢∗

𝜕𝑥∗
+ 

𝜕𝑣∗

𝜕𝑦∗
= 0                (6.46) 

𝜕𝜏∗
𝑥𝑥

𝜕𝑥∗
+ 

𝜕𝜏∗
𝑥𝑦

𝜕𝑦∗
+ 

𝜕𝑝∗

𝜕𝑥∗
= 0               (6.47) 

Є  
𝜕𝜏∗

𝑥𝑦

𝜕𝑥∗
+ 

𝜕𝜏∗
𝑦𝑦

𝜕𝑦∗  + 
𝜕𝑝∗

𝜕𝑦 ∗
= 0              (6.48) 

𝜏∗
𝑥𝑥 +  𝐷𝑒  𝑢∗ 𝜕𝜏∗

𝑥𝑥

𝜕𝑥∗
+  𝑣∗ 𝜕𝜏∗

𝑥𝑥

𝜕𝑦∗
−  2

𝜕𝑢∗

𝜕𝑦∗
𝜏∗

𝑥𝑦 −  2
𝜕𝑢∗

𝜕𝑥 ∗
𝜏∗

𝑥𝑥   =  −2Є
𝜕𝑢∗

𝜕𝑥∗
               (6.49) 

𝜏∗
𝑥𝑦 + 𝐷𝑒  𝑢∗ 𝜕𝜏∗

𝑥𝑦

𝜕𝑥∗
+ 𝑣∗ 𝜕𝜏∗

𝑥𝑦

𝜕𝑦∗
−

𝜕𝑢

𝜕𝑦∗
𝜏∗

𝑦𝑦 −
𝜕𝑣

𝜕𝑥 ∗
𝜏∗

𝑥𝑥   = −  
𝜕𝑢∗

𝜕𝑦∗
 + Є

𝜕𝑣∗

𝜕𝑥 ∗        (6.50) 

𝜏∗
𝑦𝑦 +  𝐷𝑒  𝑢∗ 𝜕𝜏∗

𝑦𝑦

𝜕𝑥∗
+ 𝑣∗ 𝜕𝜏∗

𝑦𝑦

𝜕𝑦∗
−  2

𝜕𝑣∗

𝜕𝑦∗
𝜏∗

𝑦𝑦 −  2
𝜕𝑣∗

𝜕𝑥∗
𝜏∗

𝑥𝑦   =  −2
𝜕𝑣∗

𝜕𝑦 ∗
        (6.51) 

 

An asymptotic solution in the form of a double perturbation expansion in powers of Є  (correction 

term) and De (Deborah number), is assumed. The small corrections are introduced due to the effects 

of geometry and the Deborah number represents the viscoelastic property of the lubricant. The 

leading term in the conventional lubrication solution is denoted by ℓ while the two perturbation 

corrections are denoted by Є and De. The leading term of partial derivative of pressure is obtained 

from equation (6.2). An asymptotic solution of pressure is assumed in the form of a double 

perturbation expansion in powers of Є  and De [138, 139]: 

𝑢 = 𝑢[𝑙] +  Є𝑢[Є] +  𝐷𝑒𝑢[𝐷] +  𝑂 Є2 +  O 𝐷𝑒2 , 

𝑣 = 𝑣[𝑙] +  Є𝑣[Є] +  𝐷𝑒𝑣[𝐷] +  𝑂 Є2 +  O 𝐷𝑒2 , 

𝜏𝑥𝑥 = 𝜏𝑥𝑥
[𝑙] +  Є𝜏𝑥𝑥

[Є] +  𝐷𝑒𝜏𝑥𝑥
[𝐷] +  𝑂 Є2 +  O 𝐷𝑒2 , 

𝜏𝑦𝑦 = 𝜏𝑦𝑦
[𝑙] +  Є𝜏𝑦𝑦

[Є] +  𝐷𝑒𝜏𝑦𝑦
[𝐷] +  𝑂 Є2 +  O 𝐷𝑒2 , 

𝜏𝑥𝑦 = 𝜏𝑥𝑥
[𝑙] +  Є𝜏𝑥𝑦

[Є] +  𝐷𝑒𝜏𝑥𝑦
[𝐷] +  𝑂 Є2 +  O 𝐷𝑒2 , 
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𝑝 = 𝑝[𝑙] +  Є𝑝[Є] +  𝐷𝑒𝑝[𝐷] +  𝑂 Є2 +  O 𝐷𝑒2            (6.52) 

Equation (5.10) is substituted into equations (6.46) – (6.51)  under the defined boundary conditions 

to get the leading order equations [139].  

𝜕𝑢∗[𝑙]

𝜕𝑥∗
+ 

𝜕𝑣∗[𝑙]

𝜕𝑦∗
= 0                 (6.53) 

𝜏∗[𝑙]
𝑥𝑥 = 0 ;  𝜏∗[𝑙]

𝑦𝑦 =  −2
𝜕𝑣∗[𝑙]

𝜕𝑦∗
 ;  𝜏∗[𝑙]

𝑥𝑦 =  −
𝜕𝑢∗[𝑙]

𝜕𝑦∗
               (6.54) 

𝜕𝜏∗[𝑙]
𝑥𝑦

𝜕𝑦∗
+ 

𝜕𝑝∗

𝜕𝑥 ∗
= 0 ;  

𝜕𝑝∗[𝑙]

𝜕𝑦 ∗
= 0                 (6.55) 

Equations (6.53) - (6.55) are solved to get the expressions for the velocity components, as: 

𝑢[𝑙] =  
∗2

2
 
𝑑𝑝∗[𝑙]

𝑑𝑦∗
  

𝑦∗2

∗2
−

𝑦∗

∗ +  1 −  
𝑦∗

∗
               (6.56) 

𝑣[𝑙] =  
𝑑∗

𝑑𝑥∗
  2 − 3

∗
𝑚

∗    
𝑦∗3

∗3
−

𝑦∗2

∗2                (6.57) 

where 𝑚 =  
 ∗−2   𝑥  𝑑𝑥

1

0

 ∗−3   𝑥 𝑑𝑥
1

0

                 (6.58) 

The double perturbation expansion given in equation (6.52) is substituted in the equations (6.46) - 

(6.51). Then all order-Є  terms are collected to get the governing equations, as follows [138]: 

𝜕𝑢∗[Є ]

𝜕𝑥∗
+ 

𝜕𝑣∗[Є ]

𝜕𝑦∗
= 0                  (6.59)   

𝜏∗[Є]
𝑥𝑥 = −2

𝜕𝑢∗[𝑙]

𝜕𝑥∗
  ;   𝜏∗[Є ]

𝑥𝑦 +
𝜕𝑢∗[Є]

𝜕𝑦∗
 =  −

𝜕𝑣∗[𝑙]

𝜕𝑦∗
 ;  𝜏∗[𝑙]

𝑦𝑦 =  −2
𝜕𝑣∗[Є]

𝜕𝑦∗
            (6.60) 

𝜕𝜏∗[Є]
𝑥𝑥

𝜕𝑥∗
+

𝜕𝜏∗[Є]
𝑥𝑦

𝜕𝑦∗
+ 

𝜕𝑝∗[Є]

𝜕𝑥 ∗
= 0               (6.61)   

𝜕𝜏∗[𝑙]
𝑥𝑦

𝜕𝑥∗
+

𝜕𝜏∗[𝑙]
𝑦𝑦

𝜕𝑦∗
+ 

𝜕𝑝∗[𝑙]

𝜕𝑦∗
= 0               (6.62) 

The above equations are simplified by substituting 𝜏∗[𝑙]
𝑥𝑦 ,  𝜏∗[Є]

𝑦𝑦 , 𝜏
∗[𝑙]

𝑥𝑥  , 𝜏
∗[Є ]

𝑥𝑦  in equations 

(6.61) and (6.62). Hence,  
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𝜕𝑝∗[Є]

𝜕𝑦 ∗
=

𝜕2𝑢∗[Є]

𝜕𝑦∗2
+  2

𝜕2𝑢∗[𝑙]

𝜕𝑥∗2
+ 

𝜕2𝑣∗[𝑙]

𝜕𝑦∗2
               (6.63) 

𝜕𝑝∗[Є]

𝜕𝑥∗
=  

𝜕2𝑣∗[𝑙]

𝜕𝑦∗2
                 (6.64) 

Equations (6.56) and (6.57) are then substituted in the equations (6.63) and (6.64) to get the final 

form of the Є-order equations.  

To obtain the desired order-De equations, an approach similar to that adopted for the Є-order 

equations will be followed. Since the length of the piston skirts is quite large as compared to the 

film thickness hence, prior to the substitution we simplify the stress governing equations (6.49) and 

(6.50), by neglecting the ratio h/L. In that case the Є  terms in equations (6.49) and (6.50) are not 

considered. Then the perturbation expansion equation (6.52) is substituted in the equations (6.46) - 

(6.51) and the terms of the same order De are collected to get a new set of equations as [139]: 

𝜕𝑢∗[𝐷  ]

𝜕𝑥∗
+ 

𝜕𝑣∗[𝐷  ]

𝜕𝑦∗
= 0                  (6.65)   

𝜏∗[𝐷]
𝑥𝑥 = 2

𝜕𝑢∗[𝑙]

𝜕𝑦∗
𝜏∗[𝑙  ]

𝑥𝑦 =  −2  
𝜕𝑢∗[𝑙]

𝜕𝑦∗  
2

            (6.66) 

where  𝜏∗[𝑙 ]
𝑥𝑦 =  

𝜕𝑢∗[𝑙]

𝜕𝑦∗   is used to simplify equation (6.66) 

𝜏∗[𝐷 ]
𝑥𝑦 +

𝜕𝑢∗[𝐷]

𝜕𝑦∗
=  −𝑢∗[𝑙] 𝜕𝜏∗[𝑙]

𝑦𝑦

𝜕𝑥∗
− 𝑣∗[𝑙] 𝜕𝜏∗[𝑙]

𝑥𝑦

𝜕𝑦∗
+

𝜕𝑢∗[𝑙]

𝜕𝑦∗
𝜏∗[𝑙]

𝑦𝑦            (6.67) 

𝜏∗[𝐷 ]
𝑦𝑦 + 2

𝜕𝑣∗[𝐷]

𝜕𝑦∗
= −𝑢∗[𝑙] 𝜕𝜏∗[𝑙]

𝑥𝑦

𝜕𝑥∗
− 𝑣∗[𝑙] 𝜕𝜏∗[𝑙]

𝑦𝑦

𝜕𝑦∗
+ 2

𝜕𝑣∗[𝑙]

𝜕𝑦∗
𝜏∗[𝑙]

𝑦𝑦 + 2
𝜕𝑣∗[𝑙]

𝜕𝑥∗
𝜏∗[𝑙]

𝑥𝑦        (6.68) 

𝜕𝜏∗[𝐷]
𝑥𝑥

𝜕𝑥∗
+

𝜕𝜏∗[𝐷]
𝑥𝑦

𝜕𝑦∗
+ 

𝜕𝑝∗[𝐷]

𝜕𝑥∗
= 0               (6.69) 

𝜕𝑝∗[𝐷]

𝜕𝑦∗
= 0                       (6.70) 

Equation (6.70) shows that the viscoelastic pressure does not change with respect to y. It implies 

that 𝑝∗[𝐷]  is independent of y. 
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Put the values of 𝜏∗[𝐷]
𝑥𝑥  , 𝜏∗[𝐷 ]

𝑥𝑦  from equations (6.66) and (6.67) in equation (6.69) and 

rearrange it to get [138]: 

𝜕2𝑢∗[𝐷]

𝜕𝑦∗2 − 2
𝜕

𝜕𝑥∗  
𝜕𝑢∗[𝑙]

𝜕𝑦∗  
2

−  
𝜕

𝜕𝑦∗  𝑢∗[𝑙] 𝜕𝜏∗[𝑙  ]
𝑥𝑦

𝜕𝑥∗  −  
𝜕

𝜕𝑦∗  𝑣∗[𝑙] 𝜕𝜏∗[𝑙  ]
𝑥𝑦

𝜕𝑦∗  +
𝜕

𝜕𝑦∗  𝜏∗[𝑙]
𝑦𝑦

𝜕𝑢∗[𝑙]

𝜕𝑦∗  +
𝜕𝑝∗[𝐷]

𝜕𝑥∗ = 0     (6.71) 

Since 𝑝∗[𝐷]  is independent of y, hence, 
𝜕2𝑢∗ 𝐷 

𝜕𝑦∗2  is also independent of y. By integrating equation (6.71) 

twice with respect to y and applying the given boundary conditions, the general expression for the 

perturbation velocity is [139]: 

𝑢∗ 𝐷 =  
∗2

2
 
𝑑𝑝 ∗ 𝐷 

𝑑𝑥∗
  

𝑦∗2

∗2
−  

𝑦 ∗

∗  +  
1

∗
 
𝑑∗

𝑑𝑥∗
  1 − 3

∗
𝑚

∗    2 − 3
∗

𝑚

∗    
𝑦∗2

∗2
−  

𝑦∗

∗       (6.72) 

where           ∗
𝑚 =  

 ∗−21

0
(𝑦∗)𝑑𝑦∗

 ∗−31

0
(𝑦∗)𝑑𝑦∗

               (6.73) 

6.13. Pressures in the Viscoelastic Model. The asymptotic solution of the viscoelastic 

lubrication model is the sum of the conventional Newtonian lubrication solution, the small 

corrections from the effects of the geometric parameter Є and the viscoelastic property of the engine 

lubricant in the initial engine start up. In the case of the piston skirts lubrication model, the axes are 

such that the film thickness is along the x-axis and the direction of the sliding piston is along the y-

axis. In view of this, considering the film thicknesses 𝑖𝑛 , 𝑜𝑢𝑡  at the inlet and the outlet regions the 

general expressions associated with the perturbations expansion terms in the model are modified 

accordingly. The total differential pressure is [139]:  

 

𝜕𝑝

𝜕𝑦
=   

𝜕𝑝 (ℓ)

𝜕𝑦
+

𝜕𝑝 (Є)

𝜕𝑦
+

𝜕𝑝 (𝐷𝑒 )

𝜕𝑦
                (6.74) 

UN-STEADY ISOTHERMAL PISTON SKIRTS LUBRICATION 

6.14.  Non- Dimensional Reynolds Equation for Pure Squeeze Action. The Reynolds 

equation as applicable to the pure squeeze action is converted into the dimensionless form by using 

equation (6.1). The dimensionless pressures due to the pure squeeze are obtained from the 

numerical solution of the Reynolds equation [204]: 

𝜕

𝜕𝑥∗   ∗3  
𝜕𝑝∗

𝜕𝑥∗ +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗  ∗3  
𝜕𝑝∗

𝜕𝑦∗ =  2
𝜕∗

𝜕𝑡
             (6.75) 
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6.15. Vogelpohl Parameter. The Vogelpohl parameter 𝑀𝑣𝑠  is introduced to improve the 

accuracy of the numerical solution of the Reynolds equation applicable to the pure squeeze action. 

It is expressed as [180]: 

𝑀𝑣𝑠 =  𝑝∗ ∗1.5                            (6.76) 

Substituting the Vogelpohl parameter into the non-dimensional Reynolds equation (6.75) yields the 

Vogelpohl equation [180]: 

𝜕2𝑀𝑣𝑠

𝜕𝑥∗2
+  

𝑅

𝐿
 

2 𝜕2𝑀𝑣𝑠

𝜕𝑦 ∗2
= 𝐹𝑣𝑠𝑀𝑣𝑠 + 𝐺𝑣𝑠               (6.77) 

𝐹𝑣𝑠 , 𝐺𝑣𝑠  are expressed as :

  

 

𝐹𝑣𝑠 =
0.75  

𝜕∗

𝜕𝑥∗ 
2

+  
𝑅

𝐿
 

2
 
𝜕∗

𝜕𝑦∗ 
2

  

∗2 +
1.5 

𝜕2∗

𝜕𝑥∗2 +  
𝑅

𝐿
 

2𝜕2∗

𝜕𝑦 ∗2   

∗  ; 𝐺𝑣𝑠 =
 
𝜕∗

𝜕𝑡
 

∗1.5                    (6.78) 

6.16.  Non- Dimensional Un-Steady Reynolds Equation. The un-steady hydrodynamic 

action involves both wedging and squeeze actions simultaneously. The unsteady Reynolds equation 

in its non-dimensional form is expressed as [204]: 

𝜕

𝜕𝑥∗   ∗3  
𝜕𝑝∗

𝜕𝑥∗ +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗  ∗3  
𝜕𝑝∗

𝜕𝑦∗ =  
𝜕∗

𝜕𝑦∗ + 2
𝜕∗

𝜕𝑡
               (6.79) 

6.17. Vogelpohl Parameter. The Vogelpohl parameter 𝑀𝑣𝑢𝑛  is introduced to improve the 

accuracy of the numerical solution of the un-steady Reynolds equation. It is expressed as [180]: 

𝑀𝑣𝑢𝑛 =  𝑝∗ ∗1.5                           (6.80) 

Substituting the Vogelpohl parameter into the non-dimensional Reynolds equation (6.79) yields the 

Vogelpohl equation [180]: 

𝜕2𝑀𝑣𝑢𝑛

𝜕𝑥∗2 +  
𝑅

𝐿
 

2 𝜕2𝑀𝑣𝑢𝑛

𝜕𝑦 ∗2 = 𝐹𝑣𝑢𝑛 𝑀𝑣𝑢𝑛  + 𝐺𝑣𝑢𝑛              (6.81) 

𝐹𝑣𝑢𝑛 , 𝐺𝑣𝑢𝑛  are expressed as [180]:

  

 

𝐹𝑣𝑢𝑛 =
0.75  

𝜕∗

𝜕𝑥∗ 
2

+  
𝑅

𝐿
 

2
 
𝜕∗

𝜕𝑦∗ 
2

  

∗2 +
1.5 

𝜕2∗

𝜕𝑥∗2 +  
𝑅

𝐿
 

2𝜕2∗

𝜕𝑦 ∗2   

∗  ; 𝐺𝑣𝑢𝑛 =
 
𝜕∗

𝜕𝑦∗+ 
𝜕∗

𝜕𝑡
 

∗1.5                   (6.82) 
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6.18. Dimensionless Film Thickness. The expressions for the non-dimensional film 

thickness  ∗  and its derivatives in terms of the axial coordinates are the same as shown in the 

equations (6.23) - (6.27). In the un-steady case the derivative of the film thickness in terms of time 

is also required for the computation. The time derivative of the film thickness is [173, 180]: 

𝑑∗

𝑑𝑡
= 𝑐𝑜𝑠𝑥 ∗  𝐸𝑡 𝑡 −  𝐸𝑡 𝑡 𝑦 ∗ − 𝐸𝑏 𝑡 𝑦 ∗                  (6.83) 

ADIABATIC HEATING IN PISTON SKIRTS LUBRICATION 

6.19. Finite Difference Form of Heat Equation.   The Forward Time Central Space 

(FTCS) explicit finite differencing scheme is applied to get the numerical solution. Forward 

Differencing for the time-dependent temperature is [202, 205]: 

[𝑇𝒊,𝒋
𝑛+1 − 𝑇𝒊,𝒋

𝑛 ]/(∆𝑡)                  (6.84) 

Forward Differencing for convective term along x-direction is given by [205]:  

 [ 𝑇𝒊+1,𝑗
𝑛 − 𝑇𝑖 ,𝑗

𝑛 ]/(∆𝑥)                (6.85) 

Central Differencing for conduction term along y-direction is given by [205]: 

 [𝑇𝑖 ,𝑗 +1
𝑛 − 2𝑇𝑖 ,𝑗

𝑛 + 𝑇𝑖 ,𝑗
𝑛 ]/(∆y)2                (6.86)       

The finite difference form of the 2-D transient energy equation is given by [205]:  

[𝑇𝒊,𝒋
𝑛+1 − 𝑇𝒊,𝒋

𝑛  ]/∆t = α[(𝑇𝒊,𝒋+1
𝑛 − 2𝑇𝑖𝑗

𝑛 + 𝑇𝒊𝒋−1
𝑛 )/  ∆y 𝟐] − u/ρ𝐶𝑝[(𝑇𝒊+1,𝑗

𝑛 −𝑇𝒊𝑗
𝑛)/

                                   ∆x] + φ/ρ𝐶𝑝                            (6.87) 

𝑇𝒊𝒋
𝒏+𝟏 = 𝑇𝒊𝒋

𝒏 − u ∗ ∆t/ρ𝐶𝑝  [(𝑇𝒊+𝟏,𝒋 
𝒏 _ 𝑇𝑖𝑗

𝑛)/∆x] + α ∗ ∆t [(𝑇𝒊,𝒋+1
𝒏 − 2𝑇𝑖𝑗

𝑛 + 𝑇𝒊𝒋−𝟏
𝒏 )/

 ∆𝑦 𝟐] + ∆t ∗ φ/ρ𝐶𝑝                                 (6.88) 

6.20. Numerical Stability.  To maintain numerical stability forward time central space 

(FTCS) differencing explicit scheme is used. It approximates the partial differential equation by the 

first-order finite differencing in time and central differencing of second-order accuracy in space. 

The FTCS technique is of the order [(Δt), (Δx)
2
, (Δy)

2
]. The time step is controlled as per the 

restriction on the size of the time step, based on the criteria [205]: 

 
αΔt

 Δx 2
+

αΔt

 Δy 2
  ≤  

1

2
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1
st
 COMPRESSION RING LUBRICATION 

6.21. Reynolds Equation. The fundamental Reynolds equation is converted into the 

dimensionless form so that the dimensionless pressures are obtained from the numerical solution. 

The different variables used in the equation are made dimensionless by using equation (6.1). In the 

steady-state conditions the dimensionless Reynolds equation is expressed as [180]:  

 
𝜕

𝜕𝑥∗   ∗3  
𝜕𝑝𝑅𝑔

∗

𝜕𝑥∗  +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗  ∗3  
𝜕𝑝𝑅𝑔

∗

𝜕𝑦∗  =  
𝜕𝑅𝑔

∗

𝜕𝑦∗                             (6.89) 

 

6.22. Vogelpohl Parameter. The Vogelpohl parameter 𝑀𝑣𝑅𝑔  is introduced to improve the 

accuracy of the numerical solution of the Reynolds equation applicable to the ring. It simplifies the 

differential operators of the Reynolds equation to facilitate computing. It is expressed as [180]: 

𝑀𝑣𝑅𝑔 =  𝑝𝑅𝑔
∗ 𝑅𝑔

∗1.5
                    (6.90) 

Substituting the Vogelpohl parameter into the non-dimensional Reynolds equation (6.89) yields the 

Vogelpohl equation [180]: 

𝜕2𝑀𝑣𝑅𝑔

𝜕𝑥∗2 +  
𝑅

𝐿
 

2 𝜕2𝑀𝑣𝑅𝑔

𝜕𝑦 ∗2 = 𝐹𝑣𝑅𝑔𝑀𝑣𝑅𝑔  + 𝐺𝑣𝑅𝑔              (6.91) 

𝐹𝑣𝑅𝑔 , 𝐺𝑣𝑅𝑔  are the parameters for the 1
st
 compression ring. These parameters get transformed as the 

circumferential length of the ring is far greater than its thickness and the axis-symmetry prevails. 

Hence [180]:

 

𝐹𝑣𝑅𝑔 =
0.75   

𝑅

𝐿
 

2
 
𝜕∗

𝜕𝑦∗ 
2

  

∗2 +
1.5  

𝑅

𝐿
 

2𝜕2∗

𝜕𝑦 ∗2   

∗  ; 𝐺𝑣𝑅𝑔 =
 
𝜕∗

𝜕𝑦∗ 

∗1.5                             (6.92) 

6.23. Finite Difference Equivalent of the Reynolds Equation.    In the lubrication analysis of 

the 1
st
 compression ring the Finite Difference Method (FDM) is used to calculate the hydrodynamic 

pressures numerically. It approximates a differential quantity by taking the difference between the 

function values at two or more adjacent nodes. In the Vogelpohl equation the finite difference 

approximation of the first order changes in 𝑀𝑣  in the x-direction is in terms of the 𝑖 − 𝑛𝑜𝑑𝑒 in the 

finite difference mesh. It is given as [180, 205]:   

 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑥 ∗
 =  

𝑀𝑣𝑅𝑔 ,𝑖+1−𝑀𝑣𝑅𝑔 ,𝑖−1

2𝛿𝑥∗
                   (6.93) 

The second differential in the Vogelpohl equation is: 
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𝜕2𝑀𝑣𝑅𝑔

𝜕𝑥∗2  =  
 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑥 ∗
 
𝑖+0.5

− 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑥 ∗
 
𝑖−0.5

𝛿𝑥∗
               (6.94) 

where: 

  
𝜕𝑀𝑣𝑅𝑔

𝜕𝑥 ∗
 

𝑖+0.5
≈  

𝑀𝑣𝑅𝑔 ,𝑖+1−𝑀𝑣𝑅𝑔 ,𝑖

𝛿𝑥∗
               (6.95) 

 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑥 ∗
 

𝑖−0.5
≈  

𝑀𝑣𝑅𝑔 ,𝑖−𝑀𝑣𝑅𝑔 ,𝑖−1

𝛿𝑥∗
                    (6.96) 

Putting equations (6.95) and (6.96) in equation (6.94), we get 

 
𝜕2𝑀𝑣𝑅𝑔

𝜕𝑥∗2  ≈
𝑀𝑣𝑅𝑔 ,𝑖+1+𝑀𝑣𝑅𝑔 ,𝑖−1−2𝑀𝑣𝑅𝑔 ,𝑖  

 𝛿𝑥 ∗ 2                (6.97)  

In the y-direction the finite difference approximation of the first order changes in 𝑀𝑣𝑅𝑔  are in terms 

of the 𝑗 − 𝑛𝑜𝑑𝑒 in the mesh. In the finite difference form [180]:   

 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 =  

𝑀𝑣𝑅𝑔 ,𝑗 +1−𝑀𝑣𝑅𝑔 ,𝑗−1

2𝛿𝑦∗
                   (6.98) 

The second differential in the Vogelpohl equation is such that [180, 205]: 

 
𝜕2𝑀𝑣𝑅𝑔

𝜕𝑦∗2  =  
 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 
𝑗+0.5

− 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 
𝑗−0.5

𝛿𝑦∗
               (6.99) 

where: 

  
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 

𝑗 +0.5
≈  

𝑀𝑣𝑅𝑔 ,𝑗 +1−𝑀𝑣𝑅𝑔 ,𝑗

𝛿𝑦 ∗
             (6.100) 

 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 

𝑖−0.5
≈  

𝑀𝑣𝑅𝑔 ,𝑗−𝑀𝑣𝑅𝑔 ,𝑗−1

𝛿𝑦∗
                (6.101) 

Putting equations (6.100) and (6.101) in equation (6.99), we get 

 
𝜕2𝑀𝑣𝑅𝑔

𝜕𝑦∗2
 ≈

𝑀𝑣𝑅𝑔 ,𝑗+1+𝑀𝑣𝑅𝑔 ,𝑗−1−2𝑀𝑣𝑅𝑔 ,𝑗  

 𝛿𝑦 ∗ 2
             (6.102)  

Equations (6.93) - (6.102) provide the finite difference equivalent of the first and the second-order 

variations of the Vogelpohl parameter in the two dimensions. The coefficients of the Vogelpohl 

parameter form the finite difference operators at the 𝑖 and 𝑗 nodes and their adjacent nodes 

respectively. These operators are used conveniently for the computation as no serious difficulties 
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are created with the boundary conditions applicable to the solution domain of the 1
st
 compression 

ring. The solution domain represents the physical dimensions of the ring. The expression for the 

Vogelpohl parameter in the discretized form is achieved by including the terms expressed in 

equation (6.92) with the finite difference operators. The new expression gives a complete equivalent 

of the Reynolds equation. After rearranging the same, we get [180, 205]: 

𝑀𝑣𝑅𝑔 ,𝑖 ,𝑗 =
𝐶1 𝑀𝑣𝑅𝑔 ,𝑖+1,𝑗 +𝑀𝑣𝑅𝑔 ,𝑖−1,𝑗  + 

𝑅

𝐿
 

2
𝐶2 𝑀𝑣𝑅𝑔 ,𝑖 ,𝑗 +1+ 𝑀𝑣𝑅𝑔 ,𝑖 ,𝑗−1 −𝐺𝑣𝑅𝑔𝑖 ,𝑗

2𝐶1+ 2𝐶2+ 𝐹𝑣𝑅𝑔𝑖 ,𝑗
            (6.103)                  

where: 𝐶1 =  
1

 𝛿𝑥∗ 2  ;  𝐶2 =  
1

 𝛿𝑦∗ 2     

LUBRICATION OF 1
st
 COMPRESSION RING WITH DISTORTED BORE 

6.24. Reynolds Equation.  The Reynolds equation is converted into the dimensionless 

form so that the hydrodynamic pressures are obtained from the numerical solution. The pressures 

represent the hydrodynamic loads carried by the ring when acting against the distorted bore. The 

different variables used in the equation are made dimensionless by using equation (6.1). In the 

steady-state conditions the dimensionless Reynolds equation is expressed in terms of the pressure 

𝑝𝑅𝑑𝑏
∗and film thickness 𝑅𝑑𝑏

∗
as [180]:  

 
𝜕

𝜕𝑥∗   ∗3  
𝜕𝑝𝑅𝑑𝑏

∗

𝜕𝑥∗  +   
𝑅

𝐿
 

2

 
𝜕

𝜕𝑦∗  ∗3  
𝜕𝑝𝑅𝑑𝑏

∗

𝜕𝑦∗  =  
𝜕𝑅𝑑𝑏

∗

𝜕𝑦∗                          (6.104) 

6.25. Approach for Vogelpohl Parameter. The Vogelpohl parameter 𝑀𝑣𝑅𝑑𝑏  is introduced 

to improve the accuracy of the numerical solution of the Reynolds equation applicable to the ring 

acting in the distorted bore. The Vogelpohl pressure 𝑀𝑣𝑅𝑔  represents the pressure when there is no 

distortion in the cylinder bore. However, the pressure 𝑀𝑣𝑅𝑔  cannot be equal to 𝑀𝑣𝑅𝑑𝑏  since the 

distortion affects the pressure generation physically. Hence, 𝑀𝑣𝑅𝑑𝑏  could either be greater or 

smaller than 𝑀𝑣𝑅𝑔 . In this work an approach is adopted by defining the parameter 𝑀𝑣𝑅𝑑𝑏 , initially. 

It simplifies the differential operators of the Reynolds equation to facilitate computing. It is 

expressed as [180]: 

𝑀𝑣𝑅𝑑𝑏 =  𝑝𝑅𝑑𝑏
∗ 𝑅𝑑𝑏

∗1.5
                 (6.105) 

Substituting the Vogelpohl parameter into the non-dimensional Reynolds equation (6.104) yields the 

Vogelpohl equation [180]: 
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𝜕2𝑀𝑣𝑅𝑑𝑏

𝜕𝑥∗2
+  

𝑅

𝐿
 

2 𝜕2𝑀𝑣𝑅𝑑𝑏

𝜕𝑦 ∗2
= 𝐹𝑣𝑅𝑑𝑏 𝑀𝑣𝑅𝑑𝑏  + 𝐺𝑣𝑅𝑑𝑏           (6.106) 

𝐹𝑣𝑅𝑑𝑏 , 𝐺𝑣𝑅𝑑𝑏  are the parameters for the 1
st
 compression ring with the distorted bore. Hence [180]: 

𝐹𝑣𝑅𝑑𝑏 =
0.75  

𝜕𝑅𝑑𝑏
∗

𝜕𝑥∗  
2

  

∗2 +
1.5 

𝜕2𝑅𝑑𝑏
∗

𝜕𝑥∗2   

∗  ; 𝐺𝑣𝑅𝑑𝑏 = 0           (6.107) 

Since there is no bore distortion in the axial direction, hence 𝐹𝑣𝑅𝑔 , 𝐺𝑣𝑅𝑔  are used to calculate the 

pressures in the axial direction by considering the equation (6.92). It transforms the equation 

(6.106), which becomes [180, 202, 205]: 

 
𝜕2𝑀𝑣𝑅𝑑𝑏

𝜕𝑥∗2 +  
𝑅

𝐿
 

2 𝜕2𝑀𝑣𝑅𝑑𝑏

𝜕𝑦 ∗2 = 𝐹𝑣𝑅𝑔𝑀𝑣𝑅𝑔  + 𝐺𝑣𝑅𝑔 + 𝐹𝑣𝑅𝑑𝑏 𝑀𝑣𝑅𝑑𝑏  + 𝐺𝑣𝑅𝑑𝑏         (6.108)   

6.26. Finite Difference Equivalent of the Reynolds Equation.    In the lubrication analysis of 

the 1
st
 compression ring with the distorted bore the Finite Difference Method (FDM) is used to 

calculate the hydrodynamic pressures numerically. In the Vogelpohl equation the finite difference 

approximation of the first order changes in 𝑀𝑣𝑅𝑑𝑏  in the x-direction is in terms of the 𝑖 − 𝑛𝑜𝑑𝑒 in 

the finite difference mesh. It is given as [202, 205]:   

 
𝜕𝑀𝑣𝑅𝑑𝑏

𝜕𝑥 ∗
 =  

𝑀𝑣𝑅𝑑𝑏 ,𝑖+1−𝑀𝑣𝑅𝑑𝑏 ,𝑖−1

2𝛿𝑥∗
                (6.109) 

The second differential in the Vogelpohl equation is: 

 
𝜕2𝑀𝑣𝑅𝑑𝑏

𝜕𝑥∗2  =  
 
𝜕𝑀𝑣𝑅𝑑𝑏

𝜕𝑥 ∗
 
𝑖+0.5

− 
𝜕𝑀𝑣𝑅𝑑𝑏

𝜕𝑥 ∗
 
𝑖−0.5

𝛿𝑥 ∗
            (6.110) 

where: 

  
𝜕𝑀𝑣𝑅𝑑𝑏

𝜕𝑥 ∗
 

𝑖+0.5
≈  

𝑀𝑣𝑅𝑑𝑏 ,𝑖+1−𝑀𝑣𝑅𝑑𝑏 ,𝑖

𝛿𝑥∗
             (6.111) 

 
𝜕𝑀𝑣𝑅𝑑𝑏

𝜕𝑥 ∗
 

𝑖−0.5
≈  

𝑀𝑣𝑅𝑑𝑏 ,𝑖−𝑀𝑣𝑅𝑑𝑏 ,𝑖−1

𝛿𝑥∗
                  (6.112) 

Putting equations (6.111) and (6.112) in equation (6.110), we get [180, 205]: 

 
𝜕2𝑀𝑣𝑅𝑑𝑏

𝜕𝑥∗2  ≈
𝑀𝑣𝑅𝑑𝑏 ,𝑖+1+𝑀𝑣𝑅𝑑𝑏 ,𝑖−1−2𝑀𝑣𝑅𝑑𝑏 ,𝑖  

 𝛿𝑥∗ 2             (6.113)  

In the y-direction the finite difference approximation of the first order changes in 𝑀𝑣𝑅𝑔  are in terms 

of the 𝑗 − 𝑛𝑜𝑑𝑒 in the mesh. In the finite difference form:   
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𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 =  

𝑀𝑣𝑅𝑔 ,𝑗 +1−𝑀𝑣𝑅𝑔 ,𝑗−1

2𝛿𝑦∗
                       (6.114) 

The second differential in the Vogelpohl equation is such that [180, 205]: 

 
𝜕2𝑀𝑣𝑅𝑔

𝜕𝑦∗2  =  
 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 
𝑗+0.5

− 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 
𝑗−0.5

𝛿𝑦∗
                   (6.115) 

where: 

  
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 

𝑗 +0.5
≈  

𝑀𝑣𝑅𝑔 ,𝑗 +1−𝑀𝑣𝑅𝑔 ,𝑗

𝛿𝑦 ∗
             (6.116) 

 
𝜕𝑀𝑣𝑅𝑔

𝜕𝑦 ∗
 

𝑖−0.5
≈  

𝑀𝑣𝑅𝑔 ,𝑗−𝑀𝑣𝑅𝑔 ,𝑗−1

𝛿𝑦∗
                (6.117) 

Putting equations (6.116) and (6.117) in equation (6.115), we get 

 
𝜕2𝑀𝑣𝑅𝑔

𝜕𝑦∗2  ≈
𝑀𝑣𝑅𝑔 ,𝑗+1+𝑀𝑣𝑅𝑔 ,𝑗−1−2𝑀𝑣𝑅𝑔 ,𝑗  

 𝛿𝑦 ∗ 2                  (6.118)  

Equations (6.109) - (6.118) provide the finite difference equivalent of the first and the second-order 

variations of the Vogelpohl parameter in the two dimensions. The coefficients of the Vogelpohl 

parameter form the finite difference operators at the 𝑖 and 𝑗 nodes and their adjacent nodes 

respectively. These operators are used conveniently for the computation as no serious difficulties 

are created with the boundary conditions applicable to the solution domain of the 1
st
 compression 

ring. The solution domain represents the physical dimensions of the ring. The expression for the 

Vogelpohl parameter in the discretized form is achieved by including the terms expressed in the 

equations (6.92) and (6.107) with the finite difference operators. The new expression gives a 

complete equivalent of the Reynolds equation. After rearranging the same, we get [180]: 

𝑀𝑣𝑅𝑑𝑏 ,𝑖 ,𝑗 =
𝐶1 𝑀𝑣𝑅𝑑𝑏 ,𝑖+1,𝑗 +𝑀𝑣𝑅𝑑𝑏 ,𝑖−1,𝑗  + 

𝑅

𝐿
 

2
𝐶2 𝑀𝑣𝑅𝑔 ,𝑖 ,𝑗+1+ 𝑀𝑣𝑅𝑔 ,𝑖 ,𝑗−1 −𝐺𝑣𝑅𝑑𝑏𝑖 ,𝑗−𝐺𝑣𝑅𝑔𝑖 ,𝑗

2𝐶1+ 2𝐶2+ 𝐹𝑣𝑅𝑑𝑏𝑖 ,𝑗 + 𝐹𝑣𝑅𝑔𝑖 ,𝑗
           (6.119)                  

where: 𝐶1 =  
1

 𝛿𝑥∗ 2  ;  𝐶2 =  
1

 𝛿𝑦∗ 2     

 COMPUTATION OF EHL OF PISTON SKIRTS AND RING 

6.27.  The Inverse Solution of the Reynolds Equation.     The inverse solution is achieved by 

differentiating the Reynolds equation for an incompressible engine lubricant. By doing so we get 
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the two separate terms of the second order differential pressures. The difference of these pressures 

is equal to zero. Generally, for the lubricant films bounded by the continuous solids the two points 

are found on the near-Hertzian pressure curve. It is here that the pressure differences become zero. 

One point is located on the inlet sweep of pressure and the second one is found near the outlet. In an 

isoviscous regime they are the points of inflexion and in a piezoviscous regime, are the points of 

inflection in the respective curves of pressure. It becomes a prerequisite to satisfy this condition. 

When it is done then the equation representing the second order differentials of the Reynolds 

equation produces two solutions, when solved. One of them is that any change in the thickness of 

the film in the primary sliding direction of the piston is equal to zero. The second solution envisages 

the first differential change in the pressure term in the primary direction of sliding of the piston. 

This differential change must be equal to the product of the piston velocity and the viscosity of the 

lubricant. The equivalence is achieved when the product of the two terms is divided by the square 

of the thickness of the lubricant film. 

At the outlet of the curve of pressure the slope is negative. Hence, the solution shows that the 

thickness of the film does not change in the direction of sliding of the piston, which implies a point 

of minimum thickness of the lubricant film. The film of the lubricant converges at the inlet and here 

the thickness of the film changes. It implies that a change in its thickness is not equal to zero. On 

that occasion the pressure differential equals the product of the speed and viscosity divided by the 

square of the thickness. Thus for a known speed and viscosity the film thickness at a point can be 

obtained for a given curve of pressure, which is essentially transient in nature. It is here that the 

second order differential pressures are obtained whose difference is equal to zero. In case of the 

transient nature of the problem there could be multiple points and all these are designated as the 𝑎 

points, respectively. From the already discussed relationship between the pressure slope and the 

piston speed, oil viscosity and the lubricant film, the lubricant film thickness designated as 𝑎  at the 

respective points is found. The complete shape of the film corresponds to the given pressure curve. 

It is calculated from the integrated form of the Reynolds equation. When this relationship is 

substituted into the Reynolds equation the film thickness 𝑚  is determined. 𝑚  is one-fifty percent 

thicker than the film at an instantaneous point 𝑎 in the steady-state case and a number of the points 

in case of the transient nature of the problem. At the other points the film thickness is found by 

solving the cubic equation in terms of . It is obtained by rearranging the Reynolds equation. The 

resultant cubic equation is [81]: 
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𝐾3   +   −  1 = 0                (6.120) 

where: 

𝐾 =  
𝑚

2

12𝜂𝑢
 
𝑑𝑝

𝑑𝑦
 ;    =  



𝑚
              (6.121)    

At a random point on the inlet sweep of pressure at any instant up to the maximum pressure, 𝐾 is 

positive and equation (6.28) presents one negative and two positive roots. The positive roots 

coincide at the point 𝑎 . 𝐾  becomes negative between the maximum pressure and the outlet region. 

In this zone the cubic equation has only one real root and that is positive. The real root provides the 

required thickness of the lubricant film. A tricky aspect of the inverse solution is the location of the 

instantaneous points on the transient inlet side. The condition of the second order pressure 

differentials equal to zero must be met to find the location of the instantaneous points. Numerically 

it requires to find the zero of the second differences of many instantaneous pressures at each time 

step. It requires extensive iterative repetitions at each time step till the arrival at the desired values 

of the pressure differences. The computations involve the repeated smoothing of the values of 

pressure achieved in the previous repetitive cycle. They also involve the first differences of the 

values of pressure, which are used for the next iterative cycle. This process continues until the 

desirable pressures and their first differences facilitate the accurate location of an instantaneous 

point in each time step. 

6.28. Solution Involving Elastic Deformations. The calculations of the surface stresses and 

displacements within the geometry of the contact require some assumptions, which simplify the 

complex nature of the contact. These are [81, 146, 197]: 

  1. Uniform stresses and displacements along the length, except near the ends.  

  2. The plain strain condition is assumed for the contact surfaces.  

 3. A semi-infinite flat contact surface is assumed to calculate the initial stress and  

  deformation. 

 4. No role for the tangential elastic surface displacements is envisaged when the  

  interacting surfaces are separated by the lubricant  film.  

Considering the one dimensional normal surface displacement take a strip of pressure 𝑝, width 𝑑𝑠, 

on a line 𝑥 = 𝑠, 𝑦 = 0, then the deformation in the 𝑦 direction is given by [81]: 
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𝜐 =  −
𝑝𝑑𝑠

𝜋
 𝛼  𝑙𝑛  𝑥 − 𝑠 2 + 𝑦2 −

𝑦2

 𝑥−𝑠 2+𝑦2
 −

𝛽 𝑥−𝑠 2

 𝑥−𝑠 2+𝑦2
 

2
+  𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡        (6.122) 

The deformation due to the variable hydrodynamic pressure 𝑝(𝑠) between 𝑥 = 𝑠1, 𝑥 =  𝑠2  is found 

by integrating this expression at the surface where 𝑦 = 0: 

𝜐 =  −
𝛼

𝜋
  𝑝 𝑠 𝑙𝑛 𝑥 − 𝑠 2𝑑𝑠 + 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡

𝑠2

𝑠1
                                                                             (6.123)    

The elastic surface deformation under an arbitrary hydrodynamic pressure distribution cannot be 

determined by straightforward numerical integration. It is because at 𝑥 = 𝑠 the integrand goes to 

minus infinity. In this case the pressure is expressed as a function, which allows the formal 

integration. Hence, the deformation is continuous and finite in the load zone. In the general form, if 

a polynomial represents the pressure distribution such that [81, 146]: 

𝑝 = 𝑝0  𝐴𝑛𝑠𝑛
𝑛=0,1,2,…               (6.124) 

The integral can be evaluated. 

 𝑠𝑛 𝑙𝑛
𝑠2

𝑠1
 𝑥 − 𝑠 2𝑑𝑠 =  𝑓𝑛               (6.125)          

The integral expression of 𝑓𝑛  term is discretized as a continuous series. Discretization continues 

until the 𝑛𝑡  term of 𝑥. In that case the expression for the deformation is: 

𝜋𝜐

𝛼𝑝0
=  𝐴𝑛𝑓𝑛

𝑛=0,1,2,…                  (6.126) 

6.29. Elastic Deformation in 2-D.  Through simplification, the 2-D hydrodynamic 

pressure is taken as the average 𝑝𝑚  of the pressures at the corners of the mesh [30, 31]:   

𝑝𝑚 =  
1

4
 𝑝𝑖𝑗 + 𝑝𝑖+1𝑗 + 𝑝𝑖𝑗 +1 + 𝑝𝑖+1𝑗+1             (6.127) 

Hence, considering the mean area 𝐴𝑚 , the displacement is [ ]:   

𝜐 𝑥0 , 𝑦0 =  
1

𝜋𝐸 
 𝑝𝑚    

𝑑𝑥𝑑𝑦

𝑟𝐴𝑚

𝑁
𝑚=1              (6.128) 

The integral is calculated as: 

  
𝑑𝑥𝑑𝑦

𝑟𝐴𝑚
=    

𝑑𝑥𝑑𝑦

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑦𝑗 +1

𝑦𝑗

𝑥𝑖+1

𝑥𝑖
            (6.129) 
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But,   
𝑑𝑥𝑑𝑦

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑦𝑗+1

𝑦𝑗

𝑥𝑖+1

𝑥𝑖
=   𝑑𝑦  

𝑑𝑥

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑥𝑖+1

𝑥𝑖

𝑦𝑗+1

𝑦𝑗
         (6.130) 

We know that  

 
𝑑𝑥

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑥𝑖+1

𝑥𝑖
=   𝑙𝑛   𝑥 − 𝑥0 +   𝑥 − 𝑥0 2 +   𝑦 − 𝑦0 2    

𝑥𝑖+1

𝑥𝑖

       (6.140)  

 

 
𝑑𝑥

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑥𝑖+1

𝑥𝑖
= 𝑙𝑛  𝑥𝑖+1 −  𝑥0 +   𝑥𝑖+1 − 𝑥0 2 +  𝑦 − 𝑦0 2    −

                                                      𝑙𝑛  𝑥𝑖 −  𝑥0 +   𝑥𝑖 − 𝑥0 2 +   𝑦 − 𝑦0 2           (6.141)

  

Equation (6.39) is rewritten as: 

  
𝑑𝑥𝑑𝑦

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑦𝑗+1

𝑦𝑗

𝑥𝑖+1

𝑥𝑖
=   

 
𝑙𝑛   𝑥𝑖+1 − 𝑥0 +   𝑥𝑖+1 − 𝑥0 2 +   𝑦 − 𝑦0 2   −

𝑙𝑛  𝑥𝑖 −  𝑥0 +   𝑥𝑖 − 𝑥0 2 +   𝑦 − 𝑦0 2    𝑑𝑦
 𝑦𝑗+1

𝑦𝑗
  (6.142) 

Hence,  

  
𝑑𝑥𝑑𝑦

  𝑥−𝑥0 2+  𝑦−𝑦0 2  

𝑦𝑗 +1

𝑦𝑗

𝑥𝑖+1

𝑥𝑖
=

   𝑦 − 𝑦0 𝑙𝑛  𝑥𝑖+1 − 𝑥0 +

  𝑥𝑖+1 − 𝑥0 2 +  𝑦 − 𝑦0 2     −  
 𝑦−𝑦0 2𝑑𝑦

  𝑥𝑖+1−𝑥0 +  𝑥𝑖+1−𝑥0 2+  𝑦−𝑦0 2   
 

𝑦𝑗 +1

𝑦𝑗𝑦𝑗

𝑦𝑗 +1   𝑥𝑖+1 − 𝑥0 2 +   𝑦 − 𝑦0 2 −   𝑦 − 𝑦0 𝑙𝑛  𝑥𝑖 −

𝑥0 +   𝑥𝑖 − 𝑥0 2 +   𝑦 − 𝑦0 2   +   
 𝑦−𝑦0 2𝑑𝑦

 𝑥𝑖−𝑥0 +  𝑥𝑖−𝑥0 2+  𝑦−𝑦0 2  
 

𝑦𝑗 +1

𝑦𝑗𝑦𝑗

𝑦𝑗 +1   𝑥𝑖 − 𝑥0 2 +   𝑦 − 𝑦0 2                 (6.143)  

 

To simplify, define  

𝑓1  𝑥, 𝑥0, 𝑦, 𝑦0 =  𝑦 − 𝑦0 𝑙𝑛   𝑥 − 𝑥0 +   𝑥 − 𝑥0 2 +   𝑦 − 𝑦
0
 

2
          (6.144) 

and  

𝑓2  𝑥, 𝑥0, 𝑦, 𝑦0 =   
 𝑦−𝑦0 2𝑑𝑦

 𝑥−𝑥0 +  𝑥−𝑥0 2+  𝑦−𝑦0 
2

  

    𝑥 − 𝑥0 2 +   𝑦 − 𝑦
0
 

2
         (6.145) 

or 
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𝑓2  𝑥, 𝑥0, 𝑦, 𝑦0 =

  𝑥 − 𝑥0   
 𝑥−𝑥0 

2+ 𝑦−𝑦0 
2

 𝑥−𝑥0 
2

− 1 − 𝑙𝑛   
 𝑥−𝑥0 

2+ 𝑦−𝑦0 
2

 𝑥−𝑥0 
2

+  
 𝑥−𝑥0 

2+ 𝑦−𝑦0 
2

 𝑥−𝑥0 
2

− 1                 (6.146) 

In the dimensionless form, the displacement is given by 

𝑉 =  
𝜐

𝑅 
=  

𝛼𝑝0

𝜋𝑅 
  𝐴𝑛𝑓𝑛 +  𝐶𝑜𝑛𝑠𝑡𝑎𝑛𝑡𝑛=0,1,2,…               (6.147) 

NUMERICAL SOLUTION  

6.30. Approach for Numerical Solution.  To determine the numerical solution of the 

EHL problem of the piston skirts the three fundamental steps were taken. Each of these steps 

involves a numerical process to achieve the EHD results of the respective dimensionless models. 

These are the following [81, 146]: 

1. The Reynolds equation is integrated numerically to get the distribution of the 

hydrodynamic pressures for the already known geometry of the interacting surfaces. 

The surface geometry is a function of the secondary piston dynamics.  

2. The adoption of the inverse solution approach in respect of the Reynolds equation. It 

would yield the geometry, engendering a specified pressure distribution. 

3. The numerical calculations involving the elastic surface displacements. 

Since the hydrodynamic pressures are anticipated to be reasonably low in the long inlet sweep 

hence these pressures are calculated in the first step. When the high hydrodynamic pressures 

become reasonably high then the process at the step one is shifted to that at the second step. It is 

because the process at step one is no longer useful when considering the very small and large 

quantities of pressure and loads. The high hydrodynamic pressure region extends towards the outlet 

side such that the pressure differential becomes zero on the outlet at the maximum pressure. The 

rapidly convergent iterations involving the process two or the inverse solution approach covers the 

inlet side up to the significantly high pressures. The numerical process involving step three is 

designed to define the extent of the displacements of the interacting surfaces. However, the overall 

computation consists of a successive modification of the high pressure curve generated through the 

inverse solution approach to bring its numerical results into agreement with those of the process at 

step three. To bring the two processes into agreement an appropriate iterative numerical method is 
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used. The actual inverse solution of the un-steady 2-D Reynolds equation involves determining the 

suitable pressure profiles by fulfilling the pre-determined convergence criteria. The profiles are then 

used as inputs for generating the transient two dimensional film profiles. The numerical procedure 

consumes considerable time before the solution converges to the desired geometry profiles. 

6.31. Algorithm for Solution of Skirts Lubrication. There is a set of two second-order non-

linear ordinary differential equations, which constitutes an initial value problem to determine the 

secondary piston eccentricities. The two second-order equations imply the four first-order ordinary 

differential equations. Since these are ordinary differential equations, hence no boundary conditions 

are required. For the four first-order ordinary differential equations, four initial conditions are 

required to solve the problem. The Newton-Raphson technique is employed to find a solution of the 

problem. Using the initial values for the current time step, the present mean hydrodynamic film 

thickness is determined to calculate the shear stress factors. The 2-D Reynolds equation, the oil film 

thickness equation and the thermal energy equation are solved simultaneously using the finite 

difference method and Gauss Seidel iterative numerical scheme. The 2-D Reynolds equation is 

solved numerically and then all the nodal values of pressure are arranged in a matrix. All  node  

values  are  assigned an initial zero value and the finite difference form of the Reynolds equation is 

repeatedly applied until convergence is obtained. Then all the forces and moments  are calculated. 

The second-order eccentric displacements are computed and satisfied from the solution of the 

eccentric displacement rates or secondary velocities at the previous and the present time steps. If 

these are not satisfied then the present solution of the secondary velocities are adjusted using 

Runge-Kutta iterative scheme. When the satisfactory values of eccentric displacement rates are 

achieved, the piston position at the end of the current time step is obtained as [16, 173]: 

            𝑒𝑡 𝑡𝑖 + ∆𝑡 =  𝑒𝑡 𝑡𝑖 + ∆𝑡ė𝑡   𝑡𝑖 ; 

            𝑒𝑏 𝑡𝑖 + ∆𝑡 =  𝑒𝑏 𝑡𝑖 + ∆𝑡ė𝑏   𝑡𝑖     

A four stroke cycle of an engine means two 360 degree crankshaft revolutions which implies 4π = 

720 degree crank angle. Based on this, we define the convergence criteria of the periodic solution 

that is, the solution should satisfy [173]:  

       𝑒𝑡 𝑡 =  𝑒𝑡   𝑡 + 4π/ω ;     𝑒𝑏 𝑡 =  𝑒𝑏   𝑡 + 4π/ω  

𝑒 𝑡 𝑡 =  𝑒 𝑡   𝑡 + 4π/ω ;     𝑒 𝑏 𝑡 = 𝑒 𝑏   𝑡 + 4π/ω   
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The simulation of the second order non-linear differential equations shows transient rigid 

hydrodynamic lubrication of piston skirts at respective time steps or crank angles. The EHL 

solution comprises integration of the Reynolds equation for the already known geometry of the 

interacting surfaces. The inverse solution of the Reynolds equation yields the geometry to get 

specified pressure distribution. The elastic displacements are calculated in the temperature and 

pressure dependent piezoviscous EHL regime. The elastic deformations are incorporated to generate 

the modified film profiles due to the EHL pressures. 

6.32. Algorithm for Solution of Ring Lubrication. After incorporating the algorithm 

defining the secondary dynamics of the piston the initial value of the film thickness say, 0 is 

assumed and the hydrodynamic pressures are calculated accordingly. Then the hydrodynamic 

pressures are integrated over the area of the ring face to determine the hydrodynamic force 𝑊. If an 

equilibrium condition is satisfied, then the instantaneous friction force and flow rate are calculated. 

On the next increment of the crank angle the whole procedure is repeated for the updated crank 

angle. If equilibrium condition is not satisfied, then the value of the film thickness is updated as: 

0,   𝑎𝑝𝑝𝑟𝑜𝑥
(𝑘)

=  
𝐹𝑔

𝑊
 

𝛾

0,𝑜𝑙𝑑
(𝑘)

  (6.148) 

       

0,𝑛𝑒𝑤  
(𝑘)

= 0,𝑜𝑙𝑑
(𝑘)

+  𝜆1(0,𝑎𝑝𝑝𝑟𝑜𝑥
 𝑘 

−  0,𝑜𝑙𝑑
 𝑘 

)  (6.149) 

 

Where 𝛾 is an empirical coefficient, which ranges from 0.1 to 0.2, 𝜆1 is an under-relaxation factor 

equal to 0.15-0.5 and k denotes the crank angle position. If the difference between the gas pressure 

force and the hydrodynamic force is found to be ≤ 0.5% then the convergence criterion is satisfied. 

For the EHL of the ring the inverse solution approach is adopted in a manner similar to that already 

discussed in case of the piston skirts. While computing, the initial value of the film thickness is 

assumed and hydrodynamic pressures are calculated accordingly. The elastic deformation is 

calculated and added in the film thickness and the Reynolds equation is solved again. The net 

resultant hydrodynamic pressures are integrated over the area of the ring face to find out the net 

resultant load. On satisfying the equilibrium condition, the crank angle gets the next increment and 

the whole process is repeated for an updated angle. If equilibrium condition is not satisfied, then the 

value of the film thickness of the ring is updated accordingly.  
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CHAPTER - 7 

ISOTHERMAL STEADY-STATE NEWTONIAN PISTON LUBRICATION  

DISCUSSION ON SMOOTH SURFACE HYDRODYNAMIC AND EHL MODELS 

7.1. In view of the mandate of this research it is imperative to develop the numerical models of 

the hydrodynamic and EHL of the piston skirts under the ideal conditions. Initially, the steady-state 

isothermal conditions are assumed to develop the respective lubrication models. During the course 

of the study an extensive work is done but the limitations of space allows the discussion of the 

results of the some of the cases, only. Out of all the cases involving the parametric studies four 

cases will be discussed.. The four cases are: 

 a. Modeling piston skirts EHL at low initial engine start up speeds [207]. 

 b. Modeling piston skirts EHL at high initial engine start up speeds [208]. 

 c. Modeling idling speed piston skirts EHL at small piston-to-bore radial  

  clearances [206 ]. 

 d. Modeling initial speed piston skirts EHL at large piston-to-bore radial  

  clearances [209]. 

PISTON SKIRTS EHL AT THE LOW INITIAL ENGINE START UP SPEEDS  

7.2. A few initial cold engine start up cycles are crucial for the life of an engine in terms of 

friction and wear. An efficient cooling system, a small radial clearance between the piston and liner, 

and the flooding of a Newtonian high-viscosity grade lubricant are considered for the 

hydrodynamic and EHL models. The thermal and surface roughness effects are neglected.  Figure 

7.1 shows the eccentric displacements of the top and the bottom sides of the piston skirts in the 

transverse direction. In the dimensionless form the respective eccentricity profiles are designated as 

Et  and Eb. The profiles of the secondary displacement rates or velocities of the top and bottom of 

the skirts in the dimensionless form are shown as Et dot and Eb dot in figure 7.2.  The basic 

lubrication model is developed at 600 rpm engine start up speed. A combined width of 75 degree 

angle is considered to represent the two skirts of equal lengths. The thickness profiles of the 

maximum and minimum hydrodynamic films are plotted against the 720-degree crank rotation 

cycle. The cycle starts at zero degree of piston position at the top dead center (TDC) prior to the 

induction stroke. The piston completes the induction stroke at 180 degree crank angle when 
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reaching at the bottom dead center (BDC). The compression stroke is from 181-360 degree of 

piston travel from BDC (bottom dead center) to TDC (top dead center). The expansion and exhaust 

strokes are from 361-540 and 541-720 degrees, respectively. At 720 degree angle the piston 

completes the 4-stroke cycle. The hydrodynamic pressures develop over the surface of the skirts 

during the 4-stroke cycle. In the basic EHL model the piston eccentricity and the secondary velocity 

profile curves are plotted against the 720-degree cycle. The pressures rise tremendously in the EHL 

regime due to which the thickness of the hydrodynamic film decreases significantly.  

 

7.3. Eccentricities and Secondary Velocities. The graphs of the dimensionless eccentricity 

profiles show the three lines placed horizontally. The two lines are at 1.0 and -1.0 and represent the 

non-thrust and the thrust sides of the liner wall, respectively. If the Et  or the Eb curve touches either 

the non-thrust side at 1.0 or the thrust side at -1.0 then a physical contact between the piston skirts 

and the liner will get established to cause adhesive wear. The line at zero in the centre shows that 

the  piston is concentric with the liner axis. In the hydrodynamic lubrication regime, the top surface 

contacts the thrust side of the liner in the expansion stroke and remains in contact till the 

completion of the cycle at the end of the exhaust stroke. In the EHL regime, viscosity becomes 

pressure-dependent and the interacting surfaces of the skirts and the liner deform elastically. It 

reduces the chances of a direct physical contact and subsequent wear. The  secondary velocities of 

the skirts decrease in the EHL regime as compared to the case in the hydrodynamic regime. It 

prevents a physical contact in the EHL regime.  

 

7.4. Film Thickness and Pressure. The profiles of the maximum and minimum films in 

the hydrodynamic regime and those before and after the elastic displacements in the EHL regime 

are shown in the sub-figure 7.3(a). In the EHL regime the hydrodynamic pressures rise very high, as 

shown in the sub-figure 7.3(b). In the hydrodynamic regime the maximum film increases 

appreciably during the 4-stroke cycle. On the application of the external loads the thickness of the 

film decreases due to the side leakage and squeeze out effects. The resultant is the significantly 

reduced minimum film thickness available to carry the hydrodynamic loads. The gradual increment 

and reduction in the thickness of the film is attributed to the secondary eccentric piston 

displacements. In  the EHL regime, the extremely high  pressures let the film to become very thin 

prior to the elastic deformation of surfaces. In the figure the profile of a very thin film after the 
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application of very high pressures is shown as hpmax. The EHL film profile shows a slightly thick 

film due to the additional space created by the deformation of the interacting surfaces of the piston 

skirts and the liner. The additional space is readily occupied by the lubricant under the assumption 

of the lubricant flooding. During the compression and exhaust strokes the instantaneous spikes are 

caused by the momentary variations in the pressures and eccentricities of skirts surface. In the 

hydrodynamic lubrication regime the very low hydrodynamic pressures in the induction stroke 

increase to higher values in the compression and expansion strokes. It happens due to the 

accumulative effects of the combustion gas force and the piston eccentricities. The high pressures 

affect the lubricant viscosity and change the regime from isoviscous to the piezoviscous EHL. The 

tremendously high pressures reduce the thickness of the minimum hydrodynamic film from a few 

microns to a fraction of a micron.  The maximum pressures deform the interacting skirts and liner 

surfaces elastically in the EHL regime. In the basic model the rising dimensionless EHL pressures 

are plotted over the skirts surface and shown in the sub-figure 7.3(b). The maximum pressures are 

around 16% close to the mid region of the surface from a relatively low values of less than 4%. 

Such pressures remain in the range of low EHL pressures.        

7.5. Comparison of Eccentricities and Velocities. In figures 7.4 and 7.5, the profiles of 

the dimensionless eccentricities and secondary velocities at 500 and 700rpm are shown. These are 

compared with the similar profiles in the basic hydrodynamic and EHL models. In the 

hydrodynamic regime, there is a distant possibility of a physical contact between the surfaces  at 

500 rpm. At 700 rpm, the chances of such a contact increase slightly during the expansion stroke. 

At 600 rpm the surfaces are in physical contact during the expansion and exhaust strokes. In the 

EHL regime, a physical contact is established between the surfaces at 500 rpm speed. It is barely 

avoided at 700 rpm. However, no such contact is witnessed at 600 rpm speed. Such variations in the 

eccentricity profiles are due to the changes in the magnitude of the eccentric displacement 

rates/velocities. In the hydrodynamic regime at 600  rpm, the high velocities squeeze out the 

lubricant to invite a physical contact between the skirts and the liner. The relatively low eccentricity 

rates at 500 and 700 rpm speeds imply a reduction in the amount of energy transfer between the 

skirts and the liner. In the EHL regime the  opposite is true as the low secondary velocities at 600 

rpm do not allow any physical contact between the interacting surfaces.                  
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7.6. Comparison of Film Thickness and Pressure. The film profiles in the hydrodynamic 

and EHL regimes and the rising EHL pressures at 500 and 700 rpm speeds are shown in figure 7.6. 

There are minor variations in the thickness of the hydrodynamic film at the three different speeds. 

There are a few significant fluctuations in the first half of the expansion and exhaust strokes. In the 

EHL regime the thickness of hpmax and EHL Film differ in the compression and expansion strokes. 

These differences are attributed to the eccentricities and the  gas  force effects. The amplitude  of  

the  rising EHD pressures varies with the start up speed. The maximum  pressures  remain  within  

the range of 14% at 500 rpm but rise further to around 20% at 700 rpm. 

7.7. Conclusions. Following conclusions can be drawn from this study: 

 7.7.1. In a few initial start up cycles engine wear cannot be avoided just by using a high- 

  viscosity grade engine lubricant.  

 7.7.2. The optimization of a low engine start up speed is crucial to minimize wear.  

 7.7.3. The 500 rpm may be an appropriate  speed in the hydrodynamic lubrication regime.  

 7.7.4. In the EHL regime, 600 rpm may be the optimum start up speed.  

 
(a)          (b) 

Fig 7.1. Eccentricities in (a) Hydrodynamic (b) EHL 

 
 (a)        (b) 

Fig 7.2. Eccentric velocities in (a) Hydrodynamic (b) EHL regime 
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(a)       (b) 

Fig 7.3. (a)Film thickness profiles (b) EHL pressure field. 

 
(a)    (b)     (c)       (d) 

Fig 7.4. Hydrodynamic Eccentricities at rpm (a) 500 (b) 700. Velocities at rpm (c) 500 (d) 700 

 
  (a)    (b)          (c)             (d) 

Fig 7.5. EHL Eccentricities at rpm (a)500 (b)700.  EHL Velocities at rpm (c) 500 (d) 700 

 
(a)            (b)             (c)        (d) 

Fig 7.6. Film Profiles at (a) 500 rpm (b) 700 rpm. EHL pressures rise at (c) 500 rpm (d) 700 rpm 
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PISTON SKIRTS EHL AT THE HIGH INITIAL ENGINE START UP SPEEDS 

7.8. The secondary oscillations of the piston are more pronounced at a high-speed initial engine 

start up as compared to that at the low speeds. In the previous case we have seen that the secondary 

piston displacements clearly affect the lubrication of the piston skirts. The speed range of an initial 

start up of an engine varies from a very low 500 rpm to as high as 2000 rpm. The high start up 

speeds must be optimized to reduce the adverse effects of the secondary oscillations and minimize 

the engine start up wear. This study develops the basic Newtonian piston skirts hydrodynamic and 

EHL models at a speed of 1500 rpm and a radial clearance of 10 microns. To optimize the high 

engine start up speed, an in-depth analysis is made by extending the basic model to 1600, 1700, 

1800, 1900 and 2000 rpm speeds. The simulation  results are compared and analyzed to determine 

the high speed effects on the secondary piston displacements, velocities, film thickness profiles and 

pressures in the hydrodynamic and EHL regimes. A fairly thick viscosity-grade engine lubricant of 

0.08571 Pa.s is considered in the basic hydrodynamic and EHL models. The hydrodynamic and 

EHL models are extended to the higher values of 1600, 1700, 1800, 1900 and 2000 rpm crank 

rotation speeds.  The simulation results are compared with those of the basic model and analyzed 

for the high start up speed optimization.  

7.9. Eccentricities and Velocities in Hydrodynamic Regime. Combustion occurs 

when the piston is near  the  TDC  and  going   towards  the  BDC  in the power  stroke. The thrust 

due to combustion  is transferred over the piston. Resultantly, the piston exerts more pressure on 

one side of the cylinder than the other as it reciprocates to rotate the crankshaft. It happens because  

the connecting rod is at the greatest angle pushing towards one side of the cylinder liner. That side 

is the right side when viewing the engine from the flywheel end with the crankshaft rotating 

counterclockwise. The right side is the thrust side and the side opposite to the thrust side on the 

liner wall is the non-thrust side. Figure 7.7 shows the  Et  and Eb profile curves in the  

hydrodynamic lubrication model at all  the  six  stated  speeds. In   all   the  cases,  the eccentric  

displacement profiles of the piston are studied with respect to the three horizontal lines, as  

discussed  before. A  similarity in the respective profiles is the concentric piston displacements in 

the first half of the induction stroke. During the induction and compression strokes, the piston skirts 

get displaced eccentrically towards the non-thrust side. Near the end of the compression stroke the 

eccentricity curves start shifting towards the thrust side. Combustion speeds up the directional shift 

of the eccentricities towards the thrust side. The bias of the displacement curves is towards the 
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thrust side in the expansion and exhaust strokes. When comparing the different amplitudes of the Et 

curve towards the non-thrust side at all the stated speeds, the minimum and the maximum values 

are  found at 1500 rpm and 1700 rpm, respectively. A directional shift in the displacements due to 

combustion brings the Et curve very close to the thrust line in the expansion stroke. However, the 

possibility of a physical contact between the top surface of the skirts and the liner is almost ruled 

out at 1500 rpm. A physical contact cannot be avoided 1700  rpm  and 1900 rpm. It happens due to 

the excess transfer of energy from the liner to the skirts, as  shown in the profiles in figure 6.8. The 

profile curves in the positive quadrant show the transfer of energy from the skirts to the liner, where 

as the curves in the negative quadrant indicate the energy transfer from the liner to the skirt 

surfaces, respectively. The secondary velocities increase slightly in the second half of the induction 

stroke. Such changes displace the skirts eccentrically and increase the thickness of the 

hydrodynamic film. In the compression stroke the secondary velocities vary significantly in the 

positive quadrant to allow the eccentricities and the variations in the thickness of the hydrodynamic 

film. In the beginning  of  the  expansion  stroke,  combustion  shifts  the secondary velocities to the 

negative quadrant, correspondingly. The amplitude of the Ėb curve affects the piston eccentricities  

and the hydrodynamic film  considerably. At 1500 and 2000 rpm speeds  the  Ėb curve does not 

displace beyond -4 as compared to the other four speeds. The change is truly significant as it shows 

an additional energy transfer from  the  liner  to  the  skirt surfaces. The energy transfers  bring the 

interacting surfaces closer to contact each other physically. 

7.10. Hydrodynamic Pressures.    Figure 7.9 shows a few hydrodynamic pressure fields  

at 1500  rpm  speed, representing the buildup of pressures over  the surface of piston skirts. From 

the mid-induction stroke to the mid-compression stroke, the eccentric  displacements  of  the  piston   

increase the thickness of the hydrodynamic film substantially. The piston compresses the  air-fuel 

mixture in the compression stroke, which increases the amplitude of the gas pressure force sharply. 

The net effect is the generation of moderately high pressures with steep gradients and a significantly 

thick film, as shown in figure 7.9(b). These developments generate very high and intense pressures 

with steeper gradients at the end of the compression stroke, as shown  in  figure  7.9(c). Combustion  

intensifies  the already very high hydrodynamic pressures. The effects of the gas force due to 

combustion subside as the piston travels towards the BDC in the expansion stroke. The subsiding 

gas force, a sharply decreasing film thickness and the momentary concentricities of the skirt 

surfaces shift the bias of the pressures from the top to the bottom surface of the skirts. It happens 
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when the piston reaches at the mid-expansion stroke, as shown in figure 7.9(d). After the mid-stroke 

the moderate intensity pressures change into the low intensity pressures. In the exhaust stroke, very 

low intensity hydrodynamic pressures are generated in the absence of any significant gas force 

effect. Figures 7.10,  7.11 and  7.12 show the pressure fields at 1700, 1800 and 2000 rpm speeds. At 

all the six speeds the fields show the buildup of low intensity pressures at the mid-induction stroke. 

The intensities and amplitudes of peak pressures vary slightly at each speed at the mid-compression 

stroke. Increasing the start up speed to 2000 rpm intensifies the pressures and enhance the steepness 

of the gradients. The  significant  changes in the amplitudes of pressures at the stated speeds  are  

noticed  at  the  end  of  the  compression and in the beginning of the expansion stroke. The 

amplitudes of the peak pressures rise further and shift to the right  side when  the speed increases 

from 1500 to 2000 rpm. The maximum pressures  are generated at 1700 and 1900 rpm speeds. Such 

high pressures and a  physical  contact  between  the  skirts and the liner in the expansion stroke 

invite adhesive  wear. The  bias  of pressures shifts to the bottom surface of the skirts at the mid-

expansion stroke at all the stated speeds. Increasing the start up  speed  changes  the pressure 

intensities slightly and affects the gradients of low pressures in the exhaust stroke. 

                         

7.11.  Fluid Flow and Film Thickness. The   continuity   of   the  lubricant flow is ensured  

through  oil  flooding  and   by   maintaining   the  flow rate in the initial engine start up conditions. 

The transient  lubricant films progress as a function of 720 degree crank rotation  cycle. In the first 

half of the induction stroke a very thin hydrodynamic film is formed. In the compression stroke the 

thin hydrodynamic film gets thicker, which allows an additional flow of the lubricant between the 

skirts and the liner surfaces. Such flows cater for the fluid entrainment due to wedging during 

sliding and ensure continuity of flow despite the piston eccentricities. Figure 7.13 shows the 

hydrodynamic and EHL film thickness profiles at the stated speeds. Each sub-figure shows the 

maximum and the minimum film thickness profiles in the hydrodynamic regime, as discussed 

earlier. These are denoted by Max. Hyd. Film and Min. Hyd. Film, respectively. In the EHL regime, 

hpmax represents the film thickness at the maximum EHL pressures prior to the elastic displacements 

and the  EHL Film, the film thickness after the EHL pressures deform the interacting surfaces, 

elastically. The Max. Hyd. Film and Min. Hyd. Film profile curves are similar generally but differ in 

their amplitudes. On the application of load the Max. Hyd. Film gets reduced to 40% of its original 

value to carry the hydrodynamic loads. The magnitudes of the film thickness vary with the piston 
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eccentricities in the 4-stroke cycle. In the second half of the expansion stroke  an   instantaneous   

reduction in the hydrodynamic film thickness is attributed to the corresponding negligible 

secondary velocities of the skirts. In  the EHL regime the Min. Hyd. Film gets reduced to a fraction 

of a micron. At 1500  rpm, the  high pressures in the compression and expansion strokes deform the 

surfaces, elastically. It  creates  an  additional  space, which  is  readily occupied by the lubricant. 

Resultantly, the film thickness increases as shown by the EHL Film profile. A comparison of  the  

hydrodynamic and  EHL film  thickness profiles at the stated speeds show some noticeable  

differences. The  maximum  values  of  Min. Hyd. Film and the average film thickness  in  the  

hydrodynamic  regime  are  obtained  at 1500 rpm speed, whereas the minimum values are achieved 

at 1900 rpm. In the EHL regime, the comparatively improved film profiles are obtained at 1700 rpm 

speed. It implies that the maximum elastic deformation takes place at 1700 rpm speed.     

 

7.12.  Eccentricities and Velocities in EHL Regime. Figure 7.14 shows the Et and Eb profile 

curves in  the EHL regime at all the six stated speeds. The Et and Eb profile curves look similar, 

generally but vary with the engine start up speed. At each speed the  Et  and  Eb  profile  curves   in   

the   EHL regime differ from those in the hydrodynamic regime. In the EHL regime the piston skirts 

displace eccentrically towards the non-thrust side in the induction in the hydrodynamic regime and 

compression strokes. When comparing the different amplitudes of the Et curve towards the non-

thrust side at all the stated  speeds, the minimum and the maximum values are found at 1500 rpm 

and 1900 rpm, respectively. Before the piston completes the compression stroke the eccentricities 

start shifting towards the thrust side of the liner. Combustion generates an additional thrust in the 

first half of the expansion stroke, which brings the Et curve very close to almost touch  the thrust 

side at 1700 and 2000 rpm speeds. At 1900 rpm a physical contact gets established between the 

skirts top and the liner surfaces. A comparison with the Et curve at same speeds in the 

hydrodynamic regime shows that the eccentric displacement of the top surface is the same at 1500 

and 1900 rpm speeds. At 1600 and 1800 rpm speeds the top surface displaces with reduced  

eccentricity to minimize the possibility of a physical contact in the EHL regime as compared to that 

in the hydrodynamic regime. However, the chances   of a physical contact between the interacting 

surfaces increase considerably at 2000 rpm in the EHL regime. At 1700 rpm the concentricity 

improves slightly to let the top   surface   barely   avoid  a physical contact with the liner. It implies 

that in the EHL regime,  a physical contact and wear of the skirts and the liner surfaces in the 
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expansion and exhaust strokes could be avoided at 1500 and 1600 rpm start up speeds. Figure 7.15 

shows the Ėt (Et dot) and Ėb (Eb dot) curves  at  the  stated  speeds, which have  some clear 

differences. The profiles vary from those in the hydrodynamic regime. Initially zero secondary 

velocities in the first half of the induction stroke increase slightly in  the second half and facilitate 

the skirts to displace eccentrically. In the compression stroke the secondary velocities vary 

significantly in the positive quadrant, which indicates the energy transfer from the skirts to the liner 

surface. In the beginning of the expansion  stroke, combustion generates a tremendous thrust, 

which increases the piston eccentricities and  secondary velocities. The secondary velocities in the 

negative quadrant implies the energy transfer from the liner to the skirt surfaces. The negative sign 

implies that the net difference   remains   positive. The  relatively large amplitude of the Ėb curve 

affects the piston eccentricities and hydrodynamic film thickness, considerably. At 1500, 1600 and 

800 rpm speeds the Ėb curve does not go beyond -4 in the exhaust stroke as compared to  the other 

three speeds. The effects can be noticed in the piston eccentricity profiles due to  which  there is a 

minimum possibility of contact and wear, as shown in sub-figures 7.15(a), (b) and (c). In the 

hydrodynamic regime it happens at 1500 and 2000 rpm. The large  magnitude of the secondary  

velocities at 1700 and 2000 rpm speeds enhance the eccentricities to nearly establish a physical 

contact between the interacting surfaces.  

 

7.13.  Pressure Rise in EHL Regime.     In the EHL regime the hydrodynamic pressures rise 

swiftly to very high values. Increasing the engine start up speed to very high values alter the 

magnitudes of very high pressures. The amplitudes of the rising pressures are significant as these 

affect the lubricant viscosity substantially. The high EHL pressures make the viscosity pressure-

dependent and bring a manifold increase in its magnitude. The rising  EHL pressures affect the film 

thickness by deforming the interacting surfaces elastically. In figure 7.16,  the  pressure fields show 

the amplitudes of the sharply  rising  EHL  pressures  at  the stated speeds. The datum lines of the 

rising pressures at the respective speeds are the peak pressures in the rigid hydrodynamic regime. 

The percentage values  highlight   the   net   increments   in   the pressures, which ultimately deform 

the interacting surfaces, elastically. In  all the six stated cases, the pressures rise very high and attain 

the maximum values either at or close to the mid surface of the skirts. At 1500 rpm the moderate 

intensity EHL pressures build up and rise over the skirts surface. The maximum values of the rising 

dimensionless pressures approach 75%, which increase to around 130% at 200 rpm. In case of 
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lubricant starvation these speeds and pressures could  be very damaging for the skirts and the liner 

surfaces. The high amplitudes of EHL pressures affect the piston eccentricities and wear the 

interacting surfaces in case of a physical contact as happens at 1900 rpm start up speed. 

7.14.  Conclusions. The analysis of the study draws some useful conclusions, which are:  

 7.14.1. In the hydrodynamic regime 1700 and 1900 rpm are not recommended as  the high 

   start up speeds as a physical contact cannot be avoided. 

 7.14.2. The 1600 and 1800 rpm speeds may also be avoided as a physical contact is barely 

   avoided at these speeds.  

 7.14.3. The pressures  and minimum film favor 1500 rpm as the recommended speed. 

 7.14.4. In the EHL regime, the EHL pressures  rise  very high at all the high engine start up 

   speeds. It could damage the skirts and the liner under partial lubrication conditions.  

 7.14.5. The final analysis suggests 1500 and 1600 rpm as the appropriate high start up  

   speeds in the EHL regime.  

     (a)      (b)         (c)                 (d)    (e)     (f)  

Fig.7.7. Eccentricities in Hydrodynamic Regime at rpm (a) 1500 (b) 1600 (c) 1700 (d) 1800 (e) 1900 (f) 2000  

 
   (a)     (b)      (c)                (d)           (e)    (f)  

Fig.7.8. Secondary Velocities in Hydrodynamic Regime at rpm (a) 1500 (b) 1600 (c) 1700 (d) 1800 (e) 1900 (f) 2000 

  
       (a)           (b)                  (c)                                 (d) 

Fig.7.9. Hydrodynamic pressure fields at 1500 rpm speed at degree (a) 90 (b) 270 (c) 360 (d) 450  
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      (a)     (b)                    (c)                                      (d) 

Fig.7.10. Hydrodynamic pressure fields at 1700 rpm speed at degrees (a) 90 (b) 270 (c) 360 (d) 450  

   
           (a)     (b)                   (c)                                   (d)  

Fig.7.11. Hydrodynamic pressure fields at 1800 rpm speed at degree (a) 90 (b) 270 (c) 360 (d) 450  

   
          (a)                            (b)          (c)                                     (d)  

Fig.7.12. Hydrodynamic pressure fields at 2000 rpm speed at degree (a) 90 (b) 270 (c) 360 (d) 450     

 
(a)                                       (b)        (c) 

 
(d)                (e)         (f) 

Fig 7.13. Film thickness profiles at (a) 1500 rpm. (b) 1600 rpm. (c) 1700 rpm (d) 1800 rpm (e) 1900 rpm (f) 2000 rpm 
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    (a)           (b)           (c)            (d)    (e)          (f)  

Fig.7.14. Dimensionless Eccentricities in EHL Regime at rpm (a) 1500 (b)1600 (c)1700 (d) 1800 (e) 1900 (f) 2000  

 
   (a)      (b)          (c)             (d)   (e)     (f)  

Fig.7.15. Dimensionless Velocities in EHL Regime at rpm (a) 1500 (b) 1600 (c) 1700 (d) 1800 (e) 1900 (f) 2000  

 
   (a)             (b)         (c)                 (d)               (e)               (f) 

Fig.7.16. Pressures rise in EHL regime at rpm (a) 1500  (b)1600 (c) 1700 (d) 1800 (e) 1900 (f) 2000  

 

 

IDLING SPEED PISTON SKIRTS EHL AT SMALL RADIAL CLEARANCES 

7.15. In an IC engine, the small secondary oscillations of the piston in the absence of EHL affect 

its lubrication adversely and invite a physical contact and wear of the surfaces when an engine idles 

at a low speed. The piston-to-bore radial clearance changes as the idling continues. The non-

optimized piston-to-bore radial clearance during an engine idling provides some extra space to 

facilitate the secondary oscillations of the piston. Such displacements counter the cushioning effect 

provided by the viscous effect of an engine lubricant. Hence, a preferably high viscosity-grade 

engine lubricant and an appropriate piston-to-bore radial clearance at an optimum idling engine 

speed may facilitate EHL film formation and reduce the engine start up wear. In the basic numerical 

model, a high-viscosity grade lubricant of 0.08571 Pa.s ambient viscosity and the radial clearance 

of 10 microns are considered. The hydrodynamic and EHL models are extended to 20, 30 and 40 

microns radial clearance, respectively.  
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7.16. Eccentricities and Velocities. Figure 7.17 shows the dimensionless eccentricities Et 

& Eb of the top and bottom  surfaces of the piston skirts as a function of 720 degree crank rotation 

cycle. The four sub-figures i.e., 7.17(a), (b), (c) and (d) show the Et & Eb profiles curves at the radial 

clearances of 10, 20, 30 and 40 microns, respectively. At 10 microns clearance, the piston 

commences its journey concentrically in the induction stroke but gets displaced twice eccentrically 

towards the non-thrust side during the stroke. In the compression stroke the cumulative effects of 

the hydrodynamic action, hydrodynamic pressures, a thick film and the gas force push the piston 

towards the zero line. In the beginning of the expansion stroke combustion increases the already 

high magnitude of the gas pressure force, which displaces the piston towards the major thrust side. 

However, any physical contact does not get established during the remaining part of the expansion 

stroke. In the exhaust stroke, a very small magnitude of the gas pressure force and very low 

hydrodynamic pressures fail to cause any eccentric or a concentric displacement of the piston. 

Increasing the radial clearance to 20 microns alters the eccentricity curves at certain piston positions 

during its travel in the 4-stroke cycle. There is a significant change in the amplitude of the curve in 

the second half of the expansion stroke, when it comes very close to almost touch the major thrust 

line. At 30 microns clearance, there are some  improvements in the concentric piston displacements. 

At 40 microns clearance, the piston skirts get displaced with an improved concentricity in the 

expansion and exhaust strokes. However, the Et curve shifts a little further towards the minor thrust 

line at the end of the induction stroke. These variations are explained by the corresponding 

secondary velocity profiles, as shown in figure 7.18. In all the four stated radial clearance cases, the 

skirts top surface is displaced with a high velocity as compared to the bottom surface. The 

maximum velocities of the skirts surface are at the end of the compression and exhaust strokes. 

Despite the general similarities in the trends the amplitudes of the velocities vary with the radial 

clearance. Such variations alter the piston eccentricities, the thickness of the hydrodynamic film and 

the buildup of pressures. The maximum velocities at 10 microns clearance increase at 20 microns 

but then decrease slightly at 30 microns clearance, which explains the improved concentric 

displacements in the expansion and exhaust strokes. In the EHL regime, the piston eccentricity 

profile curves exhibit some significant differences, as shown in figure 7.19. At 10 microns 

clearance, there is a reduction in the secondary displacements of the top surface in the first half of 

the compression stroke as compared to the case in the hydrodynamic regime. However, the skirts 

top surface almost comes in physical contact with the liner in the expansion and exhaust strokes in 



121 
 

sharp contrast to the case in the rigid hydrodynamic regime. At 20 microns, the magnitudes of the 

eccentric displacements do not change in the EHL regime whereas, the eccentricities increase in the 

compression, expansion and exhaust strokes at 30 microns clearance. Resultantly, the top surface 

goes very close to the liner increasing the possibility of a physical contact between them. At 40 

microns the significant improvements in the concentric piston displacements shift the skirts top 

surface away from the liner surface. Such a shift takes place in the compression, expansion and 

exhaust strokes. In the EHL regime the hydrodynamic film thickness decreases from a few microns 

to a fraction of a micron, which affects the piston eccentricities and secondary velocities. The 

secondary velocities at the stated radial clearances increase in the EHL regime.  

7.17. Film Thickness. Figure 7.20 shows the respective film thickness profiles in the 

hydrodynamic and EHL regimes, in a similar manner as shown before. The maximum and 

minimum hydrodynamic film thickness profiles are different at all the four radial clearances. 

Despite the differences, there are some similarities in the profiles, also. The film thickness increases 

with the eccentricities in all the four cases. Initially, a very thin film is established due to the 

concentric piston motion in the first half of the induction stroke. The increasing amplitudes of the 

eccentricities increase the difference in the thickness of the maximum and minimum films. At the 

end of the compression stroke the peak thickness of the hydrodynamic films is achieved. At the 

same time the difference in the thickness of the maximum and minimum films  becomes maximum, 

also in all the cases. By increasing the radial clearance from 10 microns to 40 microns a thicker 

minimum film is achieved in a proportional manner. It implies that an extra radial clearance is 

beneficial in the hydrodynamic lubrication regime. In the EHL regime, the situation is different. 

The EHL film thickness remains very small at the four stated radial clearances. The EHL film 

thickness profiles vary with the radial clearance. At 10 microns clearance, the EHL film rises 

instantaneously to a few microns in the compression stroke. It does not rise at 20 and 30 microns 

clearances. At 30 microns clearance, an instantaneous spike of a fairly large amplitude is noticed, 

which does not occur at the other stated radial clearances.  

           

7.18. Hydrodynamic Pressure Rise in EHL Regime. The pressures in the hydrodynamic 

regime build up gradually at varying intensities. Initially, they are biased towards the skirts top and 

later, towards the bottom surfaces. The different radial clearances bring some minor changes in the 

hydrodynamic pressure fields as the positive pressures shift from the top to the bottom surface at 
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the end of the compression stroke. The maximum positive pressures vary and their intensities 

increase with the reduced radial clearance. However, such changes do not occur abruptly. The 

moderate pressures buildup gradually to come close to the high values in the hydrodynamic regime. 

A buildup of very high pressures transforms the regime to an EHL regime. It brings some 

fundamental changes in the lubricant characteristics and viscosity. A sharp rise in the pressures 

increases the lubricant viscosity manifold. It causes the elastic deformation of the interacting skirts 

and the liner surfaces and creates an additional space to enhance the film thickness. The sharply 

rising hydrodynamic pressures in the EHL regime are shown in figure 7.21. When comparing the 

results, the dimensionless pressures rise very high at 10 microns  clearance. By increasing the  

clearance, the maximum pressures drop slightly. Hence, the maximum reduction occurs at 40 

microns clearance.  

7.19.  Conclusions. The findings of the simulation results bring some revealing conclusions: 

 7.19.1.  A large radial clearance affects the eccentricities and modifies the hydrodynamic  

     pressure and film thickness. 

 7.19.2.  In the hydrodynamic regime, a physical contact between the skirts and the liner is 

   conveniently avoided at 10 and 40 microns clearances.  

 7.19.3.  At 40 microns the minimum hydrodynamic film is thicker than that at 10 microns. 

   Hence, 40 microns is the preferred optimum clearance in the hydrodynamic regime. 

 7.19.4.  In the EHL regime, a physical contact could be avoided at 30 microns clearance. 

 7.19.5.  The maximum EHD pressures do not rise very high at 30 microns, relatively. 

 7.19.6. The 30 microns may be the optimum clearance in the EHL regime at an idling speed. 

 
    (a)     (b)      (c)     (d) 

Fig.7.17. Piston Eccentricities in Hydrodynamic Regime at microns (a) 10 (b) 20 (c) 30 (d) 40  
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  (a)        (b)    (c)   (d)  

Fig. 7.18. Secondary Velocities in Hydrodynamic Regime at microns (a) 10 (b) 20 (c) 30 (d) 40  

 
     (a)       (b)      (c)   (d)     

Fig. 7.19. Piston Eccentricities in EHL Regime at microns (a) 10 (b) 20 (c) 30 (d) 40  

   (a)   (b)         (c)       (d)    

Fig. 7.20. Film Profiles in Hydrodynamic and EHL at  microns (a) 10  (b) 20 (c) 30 (d) 40. 

 
       (a)    (b)   (c)   (d)   

Fig. 7.21. Dimensionless Pressure Rise in EHL Regime at microns (a) 10  (b) 20  (c) 30 (d) 40. 
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INITIAL SPEED PISTON SKIRTS EHL AT LARGE RADIAL CLEARANCES 

7.20. A few low speed engine start up cycles may invite adhesive wear of the skirts and the liner 

at a large piston-to-bore radial clearance. At a large radial clearance the relatively large secondary 

oscillations of the piston may affect the flow and the lubrication of the skirts in the initial engine 

start up. The lubrication models are developed at the three different large piston-to-bore radial 

clearances i.e., at 50, 75 and 100 microns, respectively. Normally, a low-speed cold engine starts up 

occurs at a large radial clearance, which may be any of the stated values. It is important to study the 

lubrication of the skirts at these clearances and analyze their effects on preventing the wear of the 

interacting surfaces or otherwise, during the initial engine start up.  

 

7.21. Eccentricities and Secondary Velocities. Figures 7.22 and 7.23 shows the profiles of the 

secondary eccentricities and in the hydrodynamic and EHL regimes. The pattern of the profile 

curves of the piston eccentricities at the three stated clearances shows that the piston displaces 

towards the non-thrust side during the induction and the compression stokes. However, the skirts 

surfaces displace eccentrically towards the thrust side in the expansion and the exhaust strokes. The 

Newtonian behaviour of the lubricant at a low engine start up speed is displayed in terms of the 

amplitudes of the Et and the Eb curves in the hydrodynamic and the EHL regimes. Under the 

tremendous loads generated due to combustion and the very high hydrodynamic pressures, the 

Newtonian characteristics of the lubricant affect the piston  eccentricities due to which the Et and 

the Eb profile curves in the EHL regime differ from those at the same radial clearance in the 

hydrodynamic regime. A comparison of the profile curves in the hydrodynamic and EHL regimes 

provides some interesting information. At 50 microns clearance the maximum amplitude of the 

eccentricity curve of the top surface in the compression and the second half of the expansion strokes 

in the hydrodynamic lubrication regime decreases in the EHL regime. However, at 75 microns 

clearance it does not change significantly with the change in the lubrication regime. At 100 microns 

clearance the behaviour of the Et curve is almost opposite to that at 50 microns clearance. It implies 

that by increasing the radial clearance the chances of a physical contact between the skirts and the 

liner decrease in the rigid hydrodynamic regime. It is not the case in the EHL regime. By increasing 

the radial clearance in the EHL regime the chances of a physical contact increase correspondingly 

and wear of the opposing surfaces in relative motion may take place. Under the partially starved 

conditions a larger radial clearance may invite severe wear in the EHL regime. The amplitudes of 
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the secondary velocity profile curves affect the piston eccentricities for a possible contact between 

the interacting surfaces. In the positive quadrant, the top surface of the skirts attains the maximum 

velocity when combustion occurs. The maximum energy transfer from the liner takes place in the 

exhaust stroke. At 50 microns clearance the amount of energy transfer from and to the skirts causes 

the corresponding eccentric displacements of the piston skirts. Such trends are evident at the 75 and 

100 microns clearances also. In the expansion and exhaust strokes in the EHL regime, the relatively 

large amplitudes of the secondary velocities at 100 microns clearance enhance the eccentricities of 

the skirts considerably, which brings the interacting surfaces closer for a possible physical contact. 

 

 7.22. Hydrodynamic Pressures. In the hydrodynamic regime the amplitudes and intensities of 

pressures vary with the applied load during the 4-strokes of the piston. To observe and analyze the 

trend of the build up and its effects on the eccentric displacements and film thickness, a few 3-D 

pressure profiles are plotted at the three stated radial clearances as shown in figure 7.24. At 50 

microns clearance the low pressures build up gradually such that the positive pressures are biased 

towards the top surface of the skirts. In the compression stroke the pressures rise significantly. 

There is a sudden build up of the high-intensity pressures as shown by the steep gradients as the 

piston completes the compression stroke. However, the bias of the positive pressures remains 

towards the top surface of the skirts. Being very close to the liner surface the top surface may 

experience a physical contact under the partially flooded or the starved conditions. A comparison 

with the case at 75 microns clearance shows that the bias of high intensity pressures shift to the 

bottom surface of the liner. Since the bottom surface of the piston skirts remains away from the 

liner surface during the 4-stroke cycle hence, it may carry the loads without experiencing a physical 

contact with the liner. At 100 microns clearance the magnitudes of the pressures vary from the other 

two cases as the bias of pressures is towards the top surface of the skirts. Such variations in the 

magnitude and the intensities of pressures at the stated radial clearances affect the piston 

eccentricities and the hydrodynamic films. 

         

7.23. Film Thickness. Figure 7.25 shows the respective film thickness profiles in the 

hydrodynamic and EHL regimes. At all the three stated radial clearances the hydrodynamic film 

thickness profiles have similar shapes but their amplitudes differ significantly. In all the three cases 

the film is quite thin in the induction stroke but gets thick with each piston eccentricity until the 

peak values are obtained at the end of the compression stroke. When combustion occurs at 372 
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degree crank angle the thickness of the film reduces swiftly. At each radial clearance the maximum 

film thickness gets reduced to around 40% of its original value before it becomes the minimum film 

thickness. It happens because of the large radial clearance, the piston eccentricities at the low start 

up speed and the build up of the hydrodynamic pressures. The hydrodynamic pressures rise 

exceptionally high and resultantly, the interacting surfaces of the skirts and the liner deform 

elastically. In all the three cases the hydrodynamic film thickness decreases to the small values but 

the film thickness profiles differ from each other. In the EHL regime the thickness of the average 

film does not increase beyond a certain percentage of that of the minimum hydrodynamic film. 

However, the additional gap due to the large clearance invites occasional instantaneous spikes of 

low intensity. The occasional spikes at the large radial clearances imply a substantial reduction in 

the film thickness but the surfaces do not deform much at the large radial clearances.       

 

7.24. EHL Pressures Rise. At each stated radial clearance the maximum pressure that rises 

over the surface and displaces it elastically is shown in figure 7.26. The maximum amplitudes of the 

rising pressures vary significantly at the three stated cases. Increasing the radial clearance may 

decrease the amplitudes of the rising pressures but this relationship is complex and essentially non-

linear. It is evident when a 50% increase in the radial clearance from 50 to 75 microns causes a 

reduction in the maximum amplitude of pressure by around ten times. A further increment in the 

radial clearance to 100 microns does not cause any substantial reduction in the amplitudes of the 

rising pressures. The location of the maximum pressure rise does not change with the clearance.  

7.25. Conclusions.  The conclusions on the effects of the large radial clearances are:  

 7.25.1. At 50 microns clearance there are minimum chances of wear in the EHL regime.  

 7.25.2. In the hydrodynamic regime, a physical contact may be avoided at 100 microns.  

 7.25.3. If partial flooding or starvation do not prevail then 75 microns may be considered.   

 
     (a)           (b)          (c)         (d)  (e)     (f) 

Fig 7.22. Hydrodynamic Eccentricities at (a) 50 microns (b) 75 microns (c) 100 microns. EHL 

Eccentricities at (a) 50 microns (b) 75 microns (c) 100 microns 
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 (a)           (b)          (c)         (d)  (e)     (f) 

Fig 7.23. Hydrodynamic Secondary Velocities at (a) 50 microns (b) 75 microns (c) 100 microns. 

EHL Secondary Velocities at (a) 50 microns (b) 75 microns (c) 100 microns 

 

       (a)   (b)                  (c)    (d)           (e)            (f) 

Fig 7.24. Pressure at 50 microns at angle in degree (a) 90 (b) 360. Pressure at 75 microns at angle in 

degree (c) 90 (d) 360. Pressure at 100  microns at angle in degree (e) 90 (f) 360. 

 

        (a)     (b)         (c)  

Fig 7.25. Hydrodynamic and EHL Film Profiles at (a) 50 microns (b) 75 microns (c) 100 microns  

 

  (a)                         (b)    (c) 

Fig 7.26. EHD Pressures Rise at (a) 50 microns (b) 75 microns (c) 100 microns  
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DISCUSSION ON ROUGH SURFACE HYDRODYNAMIC AND EHL MODELS 

7.26. After developing the hydrodynamic and EHL models of the piston skirts under the ideal 

conditions it is imperative to introduce the realistic aspects one-by-one separately. In this context 

the assumption of the smooth surfaces of the piston skirts and the liner is removed and the steady-

state isothermal skirts lubrication models are developed based on the rough surfaces. During the 

course of the study an extensive work was done but the limitations of space allows the discussion of 

the results of the some of the cases, separately. Out of all the cases involving the parametric studies 

four cases will be discussed. The four cases are: 

 a. Effects of surface roughness factor on the hydrodynamic lubrication of piston skirts  

  in the initial engine start up [210]. 

 b. Effects of pressure flow factors on piston skirts EHL at low engine start up speeds[211]. 

 c. Effects of shear flow factors on piston skirts EHL at low engine start up speeds [212]. 

 d. Effects of rough piston skirts EHL on different viscosity-grade oils in engine start up  

  [213]. 

ROUGHNESS FACTOR IN PISTON SKIRTS HYDRODYNAMIC LUBRICATION  

7.27. The rough surfaces of the piston skirts and the cylinder liner are vulnerable to the physical 

contact in the absence of a fully developed lubricant film of sufficient thickness and the secondary 

translations of the piston. The cumulative effect of the secondary piston motion and the amplitudes 

of the rough asperities of the surfaces alters the contact geometry and improve the thickness of the 

lubricant film. The roughness factor helps in building up the pressures between the two interacting 

surfaces. The load carrying capacity and the frictional forces increase considerably when the 

surface roughness is taken into account. When the mean separation of the sliding surfaces is small 

as compared to the roughness amplitudes, the roughness effects become significant. It happens 

when the surfaces come close to each other. The rough surface amplitudes influence the film 

thickness and the load-carrying capacity of the lubricant. To study the influence of the surface 

roughness factor, the inputs include the 10 microns radial clearance, an ambient viscosity of 0.1891 

Pa.s. of a high-viscosity grade lubricant and the two low initial engine start up speeds of 500 and 

600 rpm, respectively. The simulation results show the profiles of the secondary piston 

eccentricities, secondary velocities, the maximum and minimum hydrodynamic film thicknesses, 

the friction coefficient and the hydrodynamic pressures generated over the surface of the skirts.  
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7.28. Eccentricities and Secondary Velocities. Figure 7.27 shows the eccentricities of the top 

and the bottom surface of the skirts at 500 and 600 rpm speeds. The sub-figures show generally 

similar Et and the Eb profiles, however there are significant differences at the two stated speeds.. At 

600 rpm there is a reduction in the amplitude of the maximum eccentricities in the compression and  

expansion strokes. It implies that the amplitudes of the rough surface asperities of the skirts and the 

liner facilitate towards avoiding a possible contact and wear as the very low start up speed is 

increased slightly. Such a finding is in sharp contrast to the case where the roughness effects are 

neglected in the hydrodynamic lubrication regime due to which the skirts establish a physical 

contact with the liner surface in the expansion stroke. Figure 7.27 also shows the dimensionless 

secondary velocities at 500 and 600 rpm speeds. The secondary velocities of the top and the bottom 

surfaces have similar profiles at both the speeds except for a few minor differences in the 

magnitudes. Such differences indicate the different amounts of energy transfer between the skirts 

and the liner surfaces at each speed. The secondary velocities attain the maximum values in the 

expansion stroke as the maximum amount of  energy is transferred after combustion. At 500 rpm 

slightly some extra energy is transferred after combustion than at 600 rpm speed. This extra energy 

is utilized in bringing the top surface of the skirts slightly closer to the thrust side of the liner. The 

maximum transfer of energy from the liner to the skirts is almost the same, resulting in the similar 

eccentricity profiles in the exhaust stroke. 

7.29. Film Thickness. Figure 7.28 shows the maximum and the minimum film thickness 

profiles as the function of 720 degree crank cycle. The  profiles show that the film thickness 

increases with the piston eccentricities in the induction and the compression strokes. The peak 

values are obtained prior to combustion. A sudden reduction in the thickness occurs in the 

expansion stroke but it increases again in the exhaust stroke. Except for a few minor variations the 

film thickness does not change with the change in the low engine start up speed.  

7.30. Coefficient of Friction. Figure 7.29 shows the friction coefficient profiles at 500 and 

600 rpm speeds. A comparison of the profiles shows that the energy loss increases quite 

significantly in the induction stroke. The energy loss is contained slightly during the second half of 

the expansion and during the exhaust strokes. It implies that the induction and the compression 

strokes of the piston contribute towards the maximum loss of energy and power at the very low 

engine start up speeds. 
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  7.31. Hydrodynamic Pressures.  Hydrodynamic pressures are generated due to the Poiseulle 

flow and the wedging action between the piston skirts and the liner surfaces. The 3-D dimensionless 

pressure fields are generated over the rough surface of the skirts and shown at some of the critical 

piston positions. Figures 7.30 and 7.31 show the pressure fields at the mid and the end-strokes of 

the piston at 500 and 600 rpm, respectively. A comparison in the induction stroke shows the 

buildup of the low intensity pressures over the bottom surface of the skirts. It is in sharp contrast to 

the case when the surface roughness effects were neglected in the previous studies. The influence of 

the rough surface asperities causes the hydrodynamic pressures to build up over the bottom half 

with peak pressures rising over the bottom surface of the skirts. In the compression stroke the gentle 

slopes are transformed into the steep gradients with the sharply rising pressures over the surface of 

the bottom half of the skirts. It implies that the smaller amplitudes of the eccentricities of the 

bottom surface minimize the possibility of a physical contact between the skirts and the liner. At 

500 rpm the bias of pressures remains towards the bottom surface in the first half of the expansion 

stroke. At 600 rpm the bias shifts over to the top surface of the skirts. It implies that the top surface 

carries the tremendous load after combustion and its close proximity with the liner surface increases 

the chances of a possible contact and wear. In the second half of the expansion stroke and the first 

half of the exhaust stroke the intensities of the pressures subside but they remain biased towards the 

top surface at both the speeds. 

7.32. Conclusions. The study of the degree of influence exerted by the surface roughness factor 

on the hydrodynamic lubrication of the skirts brings following conclusions:  

 7.32.1.     At   500   rpm,  a  physical   contact   may  be  avoided  in   the   compression  and

      expansion strokes.   

 7.32.2.     At 600 rpm, a reduction in the eccentricities minimizes the chances of wear.

 7.32.3.     The surface roughness is beneficial to avoid a physical contact and wear.  

 7.32.4.     The  pressures buildup  indicates  the  chances of a physical  contact in the  

       expansion stroke  at 600 rpm under the starvation conditions.  

 7.32.5.      The 600 rpm speed may be recommended under the  oil flooding conditions. 

 7.32.6.      The 500 rpm speed is recommended in the partially starved lubrication.  
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        (a)    (b)      (a)          (b) 

Fig 7.27. Eccentricities at (a) 500 rpm (b) 600 rpm. Secondary velocities at (a) 500 rpm (b) 600 rpm 

 

           (a)         (b) 

Fig 7.28.  Hydrodynamic film thickness at (a) 500 rpm (b) 600 rpm 

 

     (a)                   (b) 

Fig 7.29. Coefficient of Friction Vs Crank Angle at (a) 500 rpm (b) 600 rpm 

  
               (a)    (b)     (c)      (d) 

 
              (e)              (f)   (g)       (h)  

Fig 7.30. Pressures at 500 rpm at degree (a) 90 (b) 180 (c) 270 (d) 360 (e) 450 (f)540 (g)630 (h) 720  
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          (a)          (b)             (c)          (d) 

 

               (e)          (f)      (g)      (h)   

Fig 7.31. Pressure at 600 rpm at degree  (a) 90 (b) 180 (c) 270 (d) 360 (e)450 (f)540 (g) 630 (h) 720  

 
PRESSURE FLOW FACTORS IN PISTON SKIRTS EHL AT LOW START UP SPEEDS 

7.33. The tribology of the piston skirts involves the hydrodynamic friction, surface topography, 

asperity contacts, lubricant rheology and EHL. To reduce the engine start up wear the surface 

roughness of the skirts and the liner cannot be neglected. The parameters describing the surface 

roughness may be introduced through the flow factors to modify the average Reynolds equation. In 

view of this, an effort is made to study the effects of the pressure flow factors as applicable to the 

initial engine start up conditions. The rough piston skirts lubrication models are developed at the 

two low speeds of 600 and 500 rpm and a high-viscosity grade engine lubricant (0.1891 Pa.s)  is 

used. The pressure flow factors incorporated in the Reynolds equation represent the skirts and the 

liner surfaces of  an identical roughness. The simulation results highlight the effects of the pressure 

flow factors on the film thickness, viscous friction and the load-carrying capacity of the lubricant in 

the hydrodynamic and EHL regimes. The influence of the pressure flow factors on the secondary 

piston eccentricities and displacement rates are also shown.     

7.34.  Eccentricities and Secondary Velocities. At 600 rpm  the dimensionless eccentricities Et 

and Eb and the secondary velocities Et dot and Eb dot are shown in figure 7.32. The secondary 

displacements are influenced by the maximum cyclic speed of the piston at the mid-induction stroke 

and a change in its sliding direction at the end of the induction stroke. The magnitudes of the 

secondary velocities and the film thickness increase correspondingly. In the second half of the 

compression stroke the high magnitude of the gas force affects the secondary eccentric 
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displacements. The cumulative effects of the gas force, viscous friction and the rising film thickness 

change the direction of the displacement vector. The concentricity of the piston improves by the 

time it reaches near the top dead center at the end of the compression stroke. Combustion occurs at 

372 degree crank angle and generates a very high thrust. It pushes the top surface towards the thrust 

side as the Et curve gets closer to the lower line. The effects of the generated thrust due to 

combustion subside in the second half of the expansion stroke as the volume of the burnt charge 

expands. Resultantly, the magnitude of the gas force gets reduced to reasonably low values. The 

fully opened exhaust valves and the exiting burnt out gases do not create any loading effect and 

hence, the piston does not displace further, either eccentrically or concentrically. The rough 

surfaces based on the pressure flow factors influence the piston eccentricities in the EHL regime 

positively as compared to the hydrodynamic regime. A comparison of the eccentricity profiles in 

both the regimes shows that a physical contact and wear during the expansion stroke may 

conveniently be avoided in the EHL regime. The results may be compared with the case of ignoring 

the roughness effects in the piston skirts hydrodynamic and EHL modeling. The transfer of energy 

influences the piston eccentricities and hydrodynamic film thickness. It facilitates or otherwise, a 

physical contact between the skirts and the liner surfaces. The maximum amount of energy transfer 

from the skirts takes place just after combustion in the expansion stroke. This energy is absorbed by 

the liner surface, which returns it back to the skirts in the exhaust stroke. A comparison of the 

secondary velocity profiles in the hydrodynamic and EHL regimes at 600 rpm shows some 

noticeable reduction in the amount of energy transferred. It implies that the pressure flow factors 

contribute towards altering the amount of energy transfer with the regime change at a low engine 

start up speed. Resultantly, a solid-to-solid contact is avoided in the EHL regime.  

7.35.  Film Thickness. The sub-figures 7.33(a), (b) and (c) show the film profiles in the 

hydrodynamic and EHL regimes at 600 rpm. The amplitude of the gas force and the secondary 

velocities cause a sharp increase in the film thickness. The effects of combustion reduce the film 

thickness considerably in the expansion stroke. In the exhaust stroke the film thickness increases 

again due to the negligible effects of the gas force. The effects of pressure flow factors reduce the 

peak maximum film thickness to around 40% of its original value. The interacting surfaces deform 

relatively appreciably on the application of loads. Despite such a reduction the average EHL Film is 

sufficiently thick to carry the excessive hydrodynamic loads conveniently at 600 rpm start up speed.  
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7.36.  Viscous Friction.   Friction resists the flow of a lubricant and increases the effort 

required to shear, increasing the energy loss. The sub-figure 7.33(d) shows the friction coefficient 

profile at 600 rpm speed. It indicates the influence of the roughness factors on the friction 

coefficient, which increases in each stroke but remains within a narrow range of 0.45-0.9. It implies 

that the surface flow factors adjust the friction coefficient to within a reasonable range and a 

reduction in the loss of energy. 

7.37. Hydrodynamic and EHL Pressures.   Figure 7.34 shows the hydrodynamic 

pressures at the seven important piston positions and the profile of the rising pressures in the EHL 

regime. The magnitudes and the intensities of pressures vary with each degree of the piston travel in 

the cycle. The low pressures in the induction stroke rise moderately high with steep slopes in the 

compression stroke. It happens due to the eccentricities and the high magnitude of the gas force. 

Combustion generates exceptionally high pressures, which subside to moderate values at the end of 

the expansion stroke. During the exhaust stroke the fully open exhaust valves render the gas force 

ineffective and the magnitudes of the hydrodynamic pressures drop to fairly low values. Initially the 

positive pressures build up over the bottom half surface of the skirts in the induction and 

compression strokes. In the expansion and exhaust strokes the bias of pressures shift over to the top 

half surface. It happens in contrast with the case of the smooth skirts surface assumption where the 

bias shifts over from the top to the bottom surface. It signifies the effects of the pressure flow 

factors related to the rough surfaces. At 600 rpm, the bias of pressures shifts from the bottom to the 

top surface after the completion of the compression stroke when the magnitude of the gas force is 

very high. At 360 degree angle the piston position is exposed to maximum compression pressure 

due to the minimum clearance volume. The surface roughness effects shift the bias of pressures 

again from over the top to the bottom surface  in the second half of the exhaust stroke of the piston. 

During the 4-stroke cycle the hydrodynamic pressures rise very  high and deform the interacting 

surfaces elastically. The maximum amplitude of the rising pressures shifts towards the right side of 

the surface. The model shows the generation of low EHL pressures such that the maximum pressure 

rise is around 15% near the mid-surface of the skirts.  

7.38. Low-Speed Piston Skirts Lubrication. The low-speed hydrodynamic and EHL models 

of rough piston skirts are developed at 500 rpm.  At this speed a very lean air-fuel mixture burns to 

stabilize the high magnitude secondary engine displacements at the relatively low load conditions. 

The engine shuts off below this speed because of the insufficient amount of energy available to 
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overcome the static and kinetic friction. The low-speed rough skirts lubrication models encompass 

the profiles of secondary eccentricities of the piston to show if the interacting surfaces establish a 

physical contact during the cycle.   

7.39.  Eccentricities and Secondary Velocities. At 500 rpm the eccentricities and the secondary 

velocities are shown in figure 7.35. The rough surfaces based on the pressure flow factors influence 

the piston eccentricities in the EHL regime positively as compared to the hydrodynamic regime. A 

comparison of the eccentricity profiles shows that a physical contact and wear during the expansion 

stroke is difficult to be avoided in the EHL regime. It implies that at 500 rpm the piston skirts are 

vulnerable to wear as compared to the case at 600 rpm. A comparison of the secondary velocity 

profiles shows that there are no visible variations in the amount of energy transferred. It implies that 

the pressure flow factors based roughness does not alter the amount of energy transferred with the 

regime change at 500 rpm engine start up speed. Hence, a solid-to-solid contact may not be avoided 

in the EHL regime. 

7.40. Hydrodynamic and EHL Films. The sub-figures 7.36(a), (b) and (c) show the film 

profiles in the hydrodynamic and EHL regimes at 500 rpm. The effects of surface roughness due to 

the pressure flow factors cause a reduction in the peak film thickness to around 45% of its original 

value. The interacting surfaces deform relatively appreciably on the application of loads. Despite 

such a reduction the average EHL Film is sufficiently thick to carry the excessive hydrodynamic 

loads conveniently at 500 rpm speed. 

7.41.  Viscous Friction. The sub-figure 7.36(d) shows the profile curve of the friction 

coefficient at 500 rpm speed. It indicates the influence of the roughness factors on the friction 

coefficient, which increases in each stroke but remains within the range of 0.5-0.95. It implies that 

the surface flow factors adjust the friction coefficient to within a reasonable range with low energy 

loss at a very low engine start up speed. 

7.42. Hydrodynamic and EHL Pressures. Figure 7.37 shows the profiles of the 

hydrodynamic pressure and the rising EHD pressures at 500 rpm speed. In the induction and 

compression strokes the pressures build up over the bottom half surface of the skirts. In the 

expansion and exhaust strokes the bias of pressures shift over to the top half surface. At 500 rpm, 

the bias of pressures shifts from the bottom to the top surface after the  compression stroke at very 

high amplitude of the gas force. At 360 degree angle the piston position is exposed to the maximum 

compression pressure. The surface roughness effects shift the bias of pressures again from over the 
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top to the bottom surface  in the second half of the exhaust stroke of the piston. The rising pressures 

shift further towards the right side of the surface. The model shows the generation of low EHL 

pressures as the maximum pressure rise is around 15%. 

7.43. Conclusions. From the study of the effects of pressure flow factors the conclusions are: 

 7.43.1.  At 600 rpm the eccentricities decrease in the EHL regime to minimize the possibility of 

          a physical contact and wear of the interacting surfaces. 

 7.43.2.   At 500 rpm the chances of a physical contact may not be ruled out in the EHL regime. 

  7.43.3.  The pressure flow factors increases the average EHL film, which implies an improved 

          load-carrying capacity of the film in the EHL regime.  

 7.43.4.  The coefficient of friction increases with the speed, which increases the energy losses 

          when a high-viscosity grade lubricant is used over the rough surfaces.  

 7.43.5.   The 600 rpm speed may be preferred over 500 rpm under the stated conditions.  

          However, it will be at the expense of an additional energy loss.     

  

                          (a)                  (b)       (c)         (d) 
Fig. 7.32. At 600 rpm: Eccentricities in regime (a) Hydrodynamic (b) EHL Velocities in regime (c) 

      Hydrodynamic (d)  EHL  

 
             (a)             (b)            (c)         (d) 

Fig. 7.33.At 600 rpm: Film Thickness (a) In Hydrodynamic regime (b) At maximum pressure (c) In 

     EHL regime. (d) Coefficient of Fiction 
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  (a)             (b)                  (c)                        (d)                  

 
      (e)                    (f)            (g)                               (h) 
Fig. 7.34. Pressures at 600 rpm at angle in degree  (a) 90 (b) 270 (c) 360 (d) 450 (e) 540 (f) 630 (g) 

       720 (h) EHL Pressure Rise 

 
                (a)         (b)     (a)   (b) 

Fig. 7.35. At 500 rpm: Eccentricities in regime (a) Hydrodynamic (b) EHL. Velocities in regime (a)   

      Hydrodynamic (b) EHL  

 
  (a)             (b)            (c)         (d) 

Fig. 7.36.At 500 rpm: Film Thickness (a) In Hydrodynamic regime (b) At maximum pressure (c) In 

     EHL regime. (d) Coefficient of Fiction 
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                   (a)       (b)                         (c)                     (d)    

 
  (e)                        (f)            (g)                               (h) 
Fig. 7.37. Pressures at 600 rpm at crank angle in degree  (a) 90 (b) 270 (c) 360 (d) 450 (e) 540 (f) 

       630 (g) 720 (h) EHL Pressure Rise 

SHEAR FLOW FACTOR IN PISTON EHL AT LOW INITIAL ENGINE START UP SPEED  

7.44. In the initial engine start up the uneven distribution of the asperity heights and the variations 

in the intensities allow the surfaces to offer maximum resistance due to adhesion. The unpredictable 

nature of the pattern and the non-linearities involved in defining the wavelengths and the  surface 

amplitudes make it difficult to assess the extent of damage accurately. The damage is caused by the 

plastic flow of the material of the skirts and the liner surfaces. The plastic flow of the material could 

be prevented if an EHL film gets fully established to cover the voids after peeping through the 

elastically deforming asperities. The elastic displacement of the asperities is attributed to the 

tremendous amount of pressures generated under the hydrodynamic action. The generation of these 

pressures implies the load-carrying capacity of the engine lubricant in the EHL regime. The 

influence of the rough interacting surfaces affecting the generation of the hydrodynamic and EHL 

pressures must be assessed. In view of this, it is imperative to model the lubrication phenomena 

numerically by incorporating the roughness aspects accordingly. In this context the average 

Reynolds equation is modified by introducing the pressure and the shear flow factors. The actual 

flow between the rough surfaces is equated to an averaged flow between the nominally smooth 

surfaces, while the parameters describing the roughness are included in the Reynolds equation 
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through the flow factors. In view of the significance of the flow factors and the amount of work 

done in the past our numerical model introduces the pressure and the shear flow factors in the 

Reynolds equation. The pressures obtained are the modified hydrodynamic pressures after 

incorporating the shear flow factor. The hydrodynamic and EHL models of the piston skirts at a low 

initial engine start up speed of 600 rpm are developed after incorporating the pressure flow and the 

shear flow factors. The incorporation of the shear flow factor represents the different root mean 

square roughness values of the piston skirts and the cylinder liner surfaces.  

7.45. Piston Eccentricities and Secondary Velocities. Figure 7.38 shows the eccentricities and 

the secondary velocity profiles of the top and the bottom surface, as stated before. The profile 

curves show that the piston displaces the maximum either eccentrically or concentrically during the 

expansion stroke. It happens because of combustion, which occurs in the beginning of the 

expansion stroke. In both the lubrication regimes the eccentric displacements are biased towards the 

non-thrust side during the induction and the compression strokes and towards the thrust side in the 

expansion and the exhaust stroke. A comparison of the eccentricity profiles in the hydrodynamic 

and EHL regimes shows that a physical contact between the top surface of the skirts cannot be 

avoided in the second half of the expansion and in the exhaust stroke in the rigid hydrodynamic 

regime. However, such a contact is barely avoided in the EHL regime. It implies that when the 

shear flow roughness factor  of the interacting surfaces of the piston skirts and the cylinder liner is 

incorporated in the stated lubrication models then the eccentricities of the piston invite wear in the 

hydrodynamic regime under the stated conditions. In the hydrodynamic regime an extra amount of 

energy transfer from the liner to the skirts surface brings  the top surface of the skirts so close to the 

liner that a physical contact gets established in the expansion and the exhaust strokes and wear takes 

place. In the EHL regime a relatively reduced amount of energy transfer allows the top surface to 

barely avoid a physical contact with the liner in the expansion and exhaust strokes. Hence, by 

introducing the shear flow factor the hydrodynamic pressures fail to keep the opposing surfaces 

away from each other and wear takes place.       

 

7.46. Hydrodynamic Pressures. Figure 7.39 shows the hydrodynamic pressure fields at the 

mid and the end-of-stroke positions of the piston in the 4-stroke cycle. In the mid-induction stroke 

the high-intensity positive pressures build up over the bottom half of the skirts surface. The low 

intensity positive pressures tend to build up over the top surface but these subside as the piston 
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completes the induction stroke. In the first half of the compression stroke the gradually rising 

pressures build up over the skirts bottom surface in sharp contrast to the case of the smooth surface 

when the shear flow factor is not considered. However, as the piston reaches at the end of the 

compression stroke the positive pressures start building up over the top half of the skirts surface. It 

is after combustion in the beginning of the expansion stroke that the bias of the positive pressures 

shift towards the top half of the skirts surface completely. At that instant the top surface of the 

piston skirts comes very close to the liner due to the eccentric displacements and this trend 

continues till the completion of the expansion stroke. It is in the expansion stroke that a physical 

contact between the skirts and the liner surfaces gets established and if the bias of the positive 

pressures is also towards the top surface then a severe wear may be anticipated under the partially 

starved conditions. In the exhaust stroke the bias of the positive pressures shifts again to over the 

bottom surface. By that time the exhaust valves are open and the low intensity positive pressures 

fail to influence the contact surface of the skirts and hence a relatively mild wear is expected under 

the stated conditions.  

7.47. Film Thickness. The sub-figures 7.40(a), (b) and (c) show the hydrodynamic and EHL 

film profiles, respectively. When the shear flow factor is introduced in the skirts lubrication model 

the minimum film thickness gets reduced and it maximum value does not go beyond 5 microns, as 

shown in the sub-figure 7.40(a). The piston eccentricities in the induction and the compression 

strokes allow the hydrodynamic film to rise substantially despite the cyclic nature of the piston 

velocities inside the combustion chamber. The hydrodynamic pressures rise substantially high and 

affect the rough asperity peaks of the interacting surfaces. A point is reached where the maximum 

pressures start deforming the surface asperities elastically. It increases the film thickness in the 

EHL regime. The film thickness at the maximum pressures increases above one micron during the 

compression stroke but falls as the hydrodynamic loads increase prior to combustion in the 

beginning of the expansion stroke. After the elastic deformation of the interacting surfaces the EHL 

film increases substantially. The real effect of the surface roughness in terms of the shear flow 

factor is evident in the EHL film thickness profile. The thickness of the lubricant film significant 

because the rough asperities displace proportionally. The EHL film increases from a fraction of a 

micron to a few microns for most of the part of the crank rotation cycle.  
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7.48. EHL Pressure Rise. The hydrodynamic pressures rise to exceptionally high values and 

deform the skirts and the liner surfaces elastically. The sub-figure 7.40(d) shows the maximum rise 

of the pressures over the surface of the skirts, which causes the elastic surface displacements. The 

consideration of the shear flow factor is significant in the context of the maximum rise of the EHL 

pressures. The maximum amplitude of the rising pressures does not go beyond the range of low 

EHL pressures. However, even the low EHL pressures deform the rough asperities to an extent that 

the EHL film thickness improves considerably. 

7.49. Coefficient of Friction. The sub-figure 7.40(e) shows the profile of the coefficient of 

friction against the 720 degree crank rotation cycle. In the beginning of the induction stroke the 

static friction is fairly high. However the friction coefficient rises gradually as the piston travels in 

the 4-stroke cycle. The enhancement of the friction coefficient with the piston travel implies a 

corresponding loss of energy which could otherwise be used to do useful work. The friction 

coefficient increases substantially after the combustion process in the expansion stroke, implying a 

corresponding energy loss and a reduction in the mechanical efficiency of the system.  

7.50.  Conclusions.   By considering the flow factors, the following conclusions are drawn: 

 7.50.1. In hydrodynamic regime a physical contact cannot be avoided.  

 7.50.2. The elastic surfaces deformation generates a sufficiently thick film in EHL regime.  

 7.50.3. The flow factors contribute towards avoiding a physical contact in the EHL regime.  

 7.50.4. Despite the role of  the contact avoidance factors the possibility of adhesive wear  

   cannot be ruled out completely under the stated conditions.  

 
        (a)    (b)        (c)           (d) 

Fig 7.38. Eccentricities in (a) Hydrodynamic (b) EHL. Velocities in (c) Hydrodynamic (d) EHL  
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       (a)          (b)         (c)      (d) 

 
        (e)         (f)          (g)    (h)  

Fig.7.39. Hydrodynamic pressure fields at 600 rpm at crank angle (a) 90 deg (b) 180 deg (c) 270 

deg (d) 360 deg (e) 450 deg (f) 540 deg (g) 630 deg (h) 720 deg 

 
   (a)             (b)  (c)     (d)     (e) 

Fig 7.40.  (a) Hydrodynamic Film Thickness Profiles (b) Film Thickness at Maximum Pressures (c) 

      EHL Film (d) Pressure Rise in EHL Regime (e) Coefficient of Friction at 600 rpm  

 

ROUGHNESS EFFECTS ON PISTON EHL FOR DIFFERENT VISCOSITY-GRADE OILS 

7.51. In this work the interacting surfaces of the skirts and the liner are considered isotropic with 

the different roughness amplitudes. The pressure and shear flow factors are introduced in the 

average Reynolds equation at 600 rpm. The basic numerical models of the hydrodynamic and EHL 

of the piston skirts use a fairly viscous (FV) lubricant of 0.08571 Pa.s viscosity.  Then the basic 

lubrication models are extended to the low and high-viscosity lubricants. The simulation results are 

compared with the basic lubrication models and analyzed.  
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BASIC PISTON LUBRICATION MODELS  

7.52. In the basic lubrication models the behavior of a fairly-viscous Newtonian engine lubricant 

is considered at 20 microns piston-to-bore radial clearance. The behavior of the rough interacting  

surfaces towards establishing the film thickness profiles and generating the pressures in the 

hydrodynamic and EHL regimes is analyzed.  

7.53. Eccentricities and Secondary Velocities. Figure 7.41 shows the secondary eccentricities 

and velocities of the piston in the hydrodynamic and EHL regimes, in a manner as discussed earlier. 

In the hydrodynamic regime, the piston moves concentrically up to the mid-induction stroke, then 

decelerates and gets displaced eccentrically towards the non-thrust side of the liner. The piston 

compresses the air-fuel mixture in the compression stroke. It reduces the air-fuel charge to a 

fraction of its original volume confined in the clearance space. A substantial amount of energy in 

from the combustion thrust causes an eccentric transverse piston displacement from the non-thrust 

to the thrust side of the liner in the expansion stroke. The burnt out gases are pushed out from the 

combustion chamber as there is no further energy transfer to the piston during the exhaust stroke. 

The Et curve displaces much more than the Eb curve. It is understandable as the top surface of the 

skirt is closer to the piston crown and receives more energy from the gas force than the bottom 

surface. In the hydrodynamic regime the maximum displacement of the top surface takes place in 

the expansion stroke as the skirts come close to the thrust side of the liner. When the load increases 

the hydrodynamic pressures rise correspondingly. Under the influence of the very high 

hydrodynamic pressures the elastic deformation of the surfaces introduces the additional lubricant 

inside the interaction zone. Under such conditions in the EHL regime the profile curves show that a 

fairly viscous lubricant prevents a physical contact between the interacting surfaces till the 

completion of the cycle. In both the lubrication regimes the velocity profiles are shown in the 

positive and negative quadrants. The high amplitudes of the velocity profiles in the negative 

quadrant has a direct link with the piston eccentricities. The relationship is attributed to the fact that 

an extra energy transfer from the liner brings the interacting surfaces closer for a possible physical 

contact and wear.  

  

7.54. Hydrodynamic and EHL Films. Figure 7.42 shows the combined as well as the 

separate film thickness profiles in the hydrodynamic and EHL regimes. In the first half of the 

induction stroke a thin film carries the loads. The transverse eccentricities of the piston in the latter 
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half of the induction and in the compression strokes produce thicker hydrodynamic films. The 

combustion thrust produces a significant transverse displacement of the piston towards the thrust 

side of the liner. The thrust vector reduces the thickness of the film appreciably, which gets 

minimized before the piston reaches the end of its stroke. The expansion of the combustion charge 

loses its impetus in the second half of the expansion stroke. Meanwhile the exhaust valves become 

fully open in the beginning of the exhaust stroke. It allows the film to start getting thick again 

during the exhaust stroke. The low hydrodynamic pressures during the induction and the exhaust 

strokes rise sharply in the compression and exhaust strokes. During the 4-stroke cycle the average 

reduction in the hydrodynamic film thickness is around three times. Resultantly, the minimum 

thickness is nearly one-third of that of the maximum film. The hydrodynamic pressures rise 

remarkably high and deform the interacting surfaces elastically. In the process the thickness of the 

film gets reduced many times. The lubricant  flooding in the vicinity allows the fill up of the newly 

created elastic space, which increases the thickness of the film. The net difference in the thickness 

of the two films represents the elastic surface displacements. In the EHL regime the viscosity of the 

lubricant becomes pressure-dependent and rises exponentially with the pressures. During the 

compression and expansion stokes a few instantaneous film thickness spikes occur due to the 

reciprocal instantaneous pressure variations.  

7.55. Hydrodynamic and EHL Pressures. Figure 7.43 shows the pressures at some of the 

piston positions in the 720 degrees cycle. In the induction stroke the low intensity pressures build 

up gradually over the isotropic rough skirts surface. The bias of the positive pressures is towards the 

bottom surface. The pressures rise slightly as the piston displaces eccentrically in the second half of 

the induction stroke. In the compression stroke the gas pressure force rises and the low pressures 

intensify with steep slopes. The piston decelerates after crossing the mid-point of the compression 

stroke. The shear and pressure flow factors start influencing the hydrodynamic pressures build up in 

the second half of the compression stroke. The high-intensity pressures build up rapidly with steep 

slopes. Meanwhile, the bias of the positive pressures shift from the bottom to the top surface of the 

skirts before the piston completes the compression stroke. The isotropic rough surfaces of the skirts 

and the liner contribute towards bringing this significant change. The surface roughness effects do 

not allow the high intensity pressures to shift their bias again during the expansion stroke despite 

the thrust produced by combustion. It is a very significant development as during this period the 

piston carries the maximum loads and the top surface of the skirts traverses the maximum between 



145 
 

the non-thrust and the thrust sides of the liner. Despite the tremendous thrust of combustion the 

very high hydrodynamic pressures build up sharply but remain uniformly distributed over the top 

half of the rough surface of the skirts. The external loads subside and the gas pressure force loses its 

impetus at the beginning of the exhaust stroke. In the exhaust stroke the hydrodynamic pressures 

fall gradually to low values. However, the rough isotropic surfaces affect the flow of the lubricant. 

The surface roughness contributes towards shifting the bias of the pressures again towards the 

bottom surface before the piston completes the exhaust stroke. In the EHL regime the sharply rising 

pressures attain values much higher than those of the peak pressures in the hydrodynamic regime. 

In the dimensionless form the pressures rising over the surface of the skirts are shown in the sub-

figure 7.43(g). The results show that the pressures rise very high and attain maximum amplitudes 

which are 14% higher than the peak pressures in the hydrodynamic regime.  

 

7.56. Friction Loss. The sub-figure 7.43(h) shows the profile of the coefficient of friction 

plotted against the 4-stroke cycle. The profile shows that the energy loss increases with each stroke. 

The occasional instantaneous drop and rise occurs at close to the end of each stroke at the minimum 

cyclic velocity of the piston. The profile indicates that the roughness effects contribute towards 

increasing the friction and the energy loss when a fairly viscous lubricant is used.   

 

LOW AND HIGH-VISCOSITY GRADE LUBRICANT MODELS 

7.57. The simulation results of the basic lubrication models are compared with the lubrication 

models using the low and high-viscosity grade lubricants of ambient viscosities 0.03187 and 0.1891 

Pa.s, separately. The comparisons are made to analyze the effects of the rough isotropic surfaces on 

the piston lubrication when the different viscosity-grade oils are used in the initial engine start up. 

The low-and high-viscosity grade lubricants are designated as Oil A and Oil B, respectively.  

7.58. Eccentricities and Velocities. Figure 7.44 shows the eccentricities in the 

hydrodynamic and EHL regimes for Oils A & B, separately. The eccentricities show generally 

similar profiles but there are noticeable differences. In case of the lubrication models involving Oil 

A the lubricant fails to prevent a physical contact between the rough surfaces in the expansion and 

the exhaust strokes. It happens in both the hydrodynamic and EHL regimes. The secondary velocity 

profiles show that there is a significant energy transfer from the liner to the skirts during the 

expansion and the exhaust strokes. The excess energy transfer causes the interacting surfaces to 



146 
 

come closer and contact each other after combustion in the expansion stroke. When Oil B is 

considered, there is a slight reduction in the eccentricities of the top and the bottom surface towards 

the non-thrust side of the liner in the compression stroke. A similar situation is observed towards 

the thrust side in the expansion and the exhaust strokes. It implies that the use of Oil B improves the 

piston concentricities in the compression and the expansion strokes, reducing the chances of a 

physical contact between the surfaces as compared to the case of Oil A. The secondary velocities 

show a corresponding reduction in the amount of energy transfer between the interacting surfaces. It 

results in avoiding a physical contact between the surfaces.         

     

7.59. Film Thickness. Figure 7.45 shows the profiles of the hydrodynamic and EHL film 

thicknesses for the Oils A and B, respectively. These profiles are compared with each other as well 

as with those generated by using the fairly viscous lubricant. In the hydrodynamic regime the peak 

values of the maximum and minimum film thicknesses differ slightly for the Oils A and B. A few 

instantaneous spikes are generated during the expansion stroke when the engine lubricant is 

changed from Oil A to B. In case of a sharp reduction in the film thickness after combustion, the use 

of Oil B allows a slightly improved thickness of the film as compared to the other two cases. In the 

EHL regime the hydrodynamic film gets reduced to comparable proportions in all the three cases. 

The EHL film thickness profiles of Oils A and B show that a few instantaneous spikes of large 

amplitude are generated, which do not die down by using a high-viscosity grade lubricant. 

However, the amplitudes of the instantaneous spikes differ in all the three cases. The average EHL 

film thickness increases slightly when the FV lubricant is replaced by either Oil A or B.  

 

7.60. Hydrodynamic and EHL Pressures. For the Oils A and B figures 7.46 and 7.47 show 

the hydrodynamic pressure fields at the end of the induction and the compression strokes and at the 

mid-expansion and the end of exhaust strokes, respectively. At the end of the induction stroke the 

low intensity pressures with the gentle slopes build up gradually for the Oils A and B. In both the 

cases  the bias of positive pressures is towards bottom surface of the skirts but the amplitudes vary 

slightly. At the end of the compression stroke the high-intensity pressures remain biased towards 

the bottom surface in both Oils A and B. However, there are noticeable differences in the 

amplitudes. The bias of very high positive pressures shifts to the top surface of the skirts after 

combustion but the amplitudes vary significantly in the three stated cases by the time the piston 

reaches at the mid-expansion stroke. Before the piston reaches at the end of the exhaust stroke the 
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bias of the insignificant low pressures shifts again to the bottom surface but without any clear 

differences in the amplitudes. In the EHL regime the sub-figures 7.48 (a) and (b) show the pressures 

rising for the Oils A and B, respectively. A comparison of the pressures shows that the location of 

the maximum pressures rising over the rough surface does not change with the viscosity. However, 

the amplitudes vary significantly. When Oil A is used the maximum rise is less than 8% as 

compared to around 20% in case of using Oil B. It affects the magnitudes of the elastic surface 

displacements and the EHL film thickness profiles.              

     

7.61. Friction Loss.      The sub-figures 7.48(c) and (d) show the profiles of the coefficient of 

friction for Oils A and B, respectively. The respective profiles represent the amount of the energy 

loss that is incurred when lubricating the rough skirts and the liner surfaces. The profiles do not 

change substantially but frictional losses increase with the viscosity. It implies that energy losses 

can be reduced by using a low-viscosity grade lubricant. 

7.62. Conclusions. The conclusions of the study are: 

 7.62.1. In the hydrodynamic regime the film thickness does not vary significantly by  

   changing the viscosity-grade of the lubricant.  

 7.62.2. The amplitudes of the hydrodynamic pressures vary with the viscosity-grade during 

   the compression and the expansion strokes.  

 7.62.3. In the hydrodynamic and EHL regimes the low-viscosity grade oil fails to prevent 

   wear of the surfaces.  

 7.62.4. The kinetic friction increases with the viscosity of the lubricant. Hence the use of a 

   high-viscosity grade lubricant implies extra energy losses.  

 7.62.5. A physical contact and wear can conveniently be avoided if a fairly viscous lubricant 

   is used to lubricate the rough surfaces.  

 

  (a)         (b)             (c)   (d) 

Fig 7.41. Fairly Viscous (FV) Oil Eccentricities in (a) Hydrodynamic (b) EHL; Velocities in (c)  

    Hydrodynamic (d) EHL 
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  (a)                         (b)                         (c)                 (d) 

Fig 7.42. For Fairly viscous (FV) Oil, Profiles of (a) Films (b) Hydrodynamic Films (c) Film at    

   Maximum Pressure (d) EHL Film  

 

  (a)     (b)    (c)         (d) 

 

         (e)            (f)              (g)        (h) 

Fig 7.43. FV Oil Pressures at crank angle at (a) 90 deg (b) 270 deg (c) 360 deg (d) 540 deg (e) 630 

deg (f) 720 deg  (g) EHL Pressure Rise  (h) Friction Coefficient   
 

 

  (a)    (b)           (c)         (d) 

Fig 7.44. Hydrodynamic Eccentricities (a) Oil A (b) Oil B; EHL Eccentricities (c) Oil A (d) Oil B 



149 
 

 

  (a)   (b)         (c)           (d)  

Fig 7.45. Hydrodynamic Films (a) Oil A (b) Oil B; EHL Film (c) Oil A (d) Oil B 

 

          (a)          (b)   (c)       (d) 

Fig 7.46. Hydrodynamic Pressure of Oil A at Degree (a)180 (b) 360 (c) 450 (d)  720 

 

           (a)         (b)              (c)     (d) 

Fig 7.47.  Hydrodynamic Pressure of Oil B at Degree (a) 180 (b) 360 (c) 450  (d) 720 

 
     (a)               (b)        (c)            (d) 

Fig 7.48. EHL Pressure Rise (a) Oil A (b) Oil B; Friction Coefficient (c) Oil A (d) Oil B 
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CHAPTER-8 

ISOTHERMAL STEADY-STATE NON-NEWTONIAN PISTON LUBRICATION  

DISCUSSION ON VISCOELASTIC HYDRODYNAMIC AND EHL MODELS 

8.1. The discussion on the Newtonian lubricant behavior in the context of the piston skirts 

hydrodynamic and EHL models has brought some useful conclusions. In reality a lubricant exhibits 

the non-Newtonian behavior for most of the time of its use during the running of an IC engine. The 

numerical models of the hydrodynamic and EHL of the piston skirts are developed in view of the 

mandate of this research work and the non-Newtonian lubricant behavior. The review of the past 

research has shown that the viscoelastic non-Newtonian lubricant behavior produces a beneficial 

effect. Hence, the simulation results of the viscoelastic models and the associated parametric studies 

are discussed under the steady-state isothermal conditions. During the course of the study an 

extensive work was done and the discussion is based on the results of some of the important cases, 

separately. Out of all the cases involving the parametric studies seven cases are discussed. The 

seven studies are: 

 1.     Non-Newtonian hydrodynamic lubrication of piston skirts in initial engine 

         start up [214 ]. 

 2.     Low-viscosity Newtonian and non-Newtonian piston skirts EHL at a low start up  

         speed [215 ] 

 3.     Optimization of Low initial start up speeds in non-Newtonian piston skirts EHL [216 ]. 

 4.    Non-Newtonian piston skirts EHL at two different radial clearances and lubricants [217]   

 5.    Analysis of non-Newtonian effects at small radial clearances in piston skirts EHL [ 218]  

 6.     Analysis of non-Newtonian effects at low start up speeds in piston skirts EHL. 

 7.     Non-Newtonian piston skirts EHL at low warm-up speeds in initial engine  

        start up [219].    

 

NON-NEWTONIAN EFFECTS IN HYDRODYNAMIC LUBRICATION OF SKIRTS 

8.2. The multi-grade engine lubricants show viscoelastic non-Newtonian behavior due to the 

presence of the polymer additives. When compared with the Newtonian fluids, kinetic energy 

dissipation and power due to shear stress at the wall decrease in the Maxwell model. The initial 

engine start up is a critical operating condition when a lubricant must be mobile enough to assist 
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‗cold starting‘ and yet viscous enough to prevent wear. This study covers the viscoelastic aspects of 

a non-Newtonian lubricant in the initial engine start up at 600 rpm. A multigrade, viscoelastic, non-

Newtonian engine lubricant is modeled as an upper convected Maxwell fluid in the simulated 

engine start up conditions. This model calculates the piston eccentricities, their effect on modified 

hydrodynamic pressures, lubricant properties, piston contact geometry and shape of lubricant film.  

 

8.3. Piston Eccentricities.       The sub-figure 8.1(a) shows the dimensionless eccentricities Et 

and Eb of the piston skirts in the rigid hydrodynamic lubrication regime. It can be seen that the Et  

curve goes close to the lower line during the piston expansion stroke but it does not touch the line. 

The Et and the Eb profile curves do not touch either the upper or the lower line in the complete 720 

degree crank rotation cycle, It implies that there is no solid-to-solid contact between the surfaces. 

When comparing these with the eccentricities in the case of a Newtonian lubricant then a visible 

reduction in the magnitude of the secondary piston displacements is noticed due to the viscoelastic 

behavior of the lubricant.   

8.4. Effects on Film Thickness.    The maximum & minimum lubricant thickness profiles of 

the film established between the opposing surfaces of the piston skirts and cylinder wall are shown 

in the sub-figure 8.1. The film is negligibly thin in the intake stroke, which makes this duration of 

the piston travel quite critical. The piston displaces eccentrically towards the minor thrust side 

during the induction stroke. In the compression stroke, the oil film starts getting thicker and attains 

its vertex near the end of the stroke. It means that a thicker film contributes towards reducing the 

piston eccentricities. Hence, there are less chances of a solid-to-solid contact between the skirts and 

the liner surfaces.  In  the  expansion  stroke, the gas pressure force attains the maximum  amplitude 

due  to combustion at 372 degree crank rotation angle. There is a corresponding sudden drop in the 

thickness of the maximum and minimum hydrodynamic films. The lubricant films become 

appreciably thin by the time the piston reaches at the end of the expansion stroke. It implies that till 

then the full impact of the gas force in the form of energy transfer due to combustion materializes. 

In the exhaust stroke the film starts getting thick again due to the absence of any external loading.  

8.5. Effects of Viscoelasticity on Pressure. After incorporating the viscoelastic effects in 

the model the simulation results show that the hydrodynamic pressures remain uniformly 

distributed through the entire crank rotation cycle. It indicates that the model shows the properly 
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aligned piston skirts, maintaining the desirable clearances throughout the cycle. In our analysis we 

generated the pressure fields at every 90
o
 of crank rotation to study the changes in the pressure 

profiles. In the intake stroke, the peak hydrodynamic pressure values are closer to the piston skirt 

top surface showing the gentle slope of instantaneous pressure fields. At 180
o
 crank angle, the 

positive hydrodynamic pressures rise from the mid-point to the top surface of the skirts. The slopes 

become steep and the peak pressures shift away from the centre point of the skirt top surface and 

towards the right side, as shown in the sub-figure 8.2(b). In the compression stroke, the peak 

hydrodynamic pressures are generated initially at the skirts top surface but later shift towards the 

bottom surface showing the reduced gentleness of the slopes. At the mid-compression stroke, the 

pressures rise from the mid-point to the top surface. However, the slopes remain steep and peak 

pressures are found at the mid of the centre and right corner of the top surface of the skirts. At the 

end of the compression stroke there is a clear shift the positive pressures shift towards the bottom 

surface. The slopes are steep but the peak pressures are close to the centre point of the bottom 

surface, as shown in the sub-figure 8.2(d). In the expansion stroke, the peak pressures are generated 

over the bottom half of the surface during the stroke showing the steep slopes. After the mid-

expansion stroke, the pressures start rising gently. The peak pressures shift from the centre point to 

the right of the bottom surface. In the exhaust stroke, the low-intensity peak pressures build up over 

the bottom surface throughout the stroke. The significant shift of the high pressures building up 

over the bottom surface and the simultaneous increase in the eccentricities happen as a result of the 

tremendous thrust of combustion. The viscoelastic non-Newtonian lubricant assists in reducing the 

eccentricities to minimize the chances of a physical contact between the skirts and the liner surfaces 

8.6. Conclusions. The calculations of the study are:  

  8.6.1. The incorporation of viscoelastic effects alters the hydrodynamic pressure profiles. 

 8.6.2. There  is a  clear reduction of the eccentricities in the hydrodynamic regime. 

 8.6.3. A reduction in the eccentricities reduce the chances of wear in the engine start up. 

 8.6.4. The viscoelastic pressure increases significantly to decrease the film thickness.  
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            (a)       (b)      (c) 

Fig 8.1. (a) Skirts Eccentricities (b) Secondary Velocities (c) Hydrodynamic Film Thickness 

 
(a)      (b)                (c)    (d)         (e)          (f) 

Fig 8.2. Pressure Fields at Crank Angle in Degrees (a) 90 (b) 180 (c) 270 (d) 360 (e) 450 (f) 540 

 

LOW-VISCOSITY NEWTONIAN & NON-NEWTONIAN SKIRTS EHL AT LOW SPEED  

8.7. The Newtonian and the non-Newtonian viscoelastic lubricant behavior is studied at a low 

initial engine start up speed. The aim is to determine if a physical contact and wear may be avoided 

if a small piston-to-bore radial clearance and a low-viscosity grade engine lubricant are considered.  

 

8.8. Piston Eccentricities. The sub-figures 8.3(a) and (b) show the eccentricity profiles of 

the top and the bottom surface of the skirts for the Newtonian and the non-Newtonian oils, 

respectively. In each sub-figure, the eccentricity profiles are studied with respect to the  three 

horizontal lines, as discussed before. A solid-to-solid contact and wear of the skirts and liner occur 

if Et or Eb curve touches either the upper line at 1.0 or the lower line at -1.0. In the compression 

stroke the eccentricities decrease considerably towards the non-thrust side when a non-Newtonian 

lubricant is used. In the sub-figure 8.3(a), the Et curve almost touches the thrust side in the 

expansion stroke and remains there till the completion of the exhaust stroke at 720 degree crank 

angle. It implies that there is a strong possibility of adhesive wear when a Newtonian lubricant is 

used. The beneficial effects of viscoelasticity are visible at a small radial clearance as the 

eccentricities decrease visibly. These improved concentricities imply a reduced possibility of 

contact and adhesive wear under the stated conditions.  
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8.9. Hydrodynamic Film Thickness.     The maximum and minimum film thickness profiles as 

a function of 720 degree cycle are shown separately for the Newtonian and the non-Newtonian 

lubricants in the sub-figures 8.3(c) and (d). In the Newtonian lubricant model the maximum film 

thickness increases significantly. Its reduction to the minimum thickness is important as the 

minimum film actually carries the hydrodynamic loads. In the viscoelastic  model, the maximum 

thickness of the film does not increase much due to the elastic effects in the compression and 

expansion strokes. However, the application of the combustion thrust reduces its thickness 

marginally, as shown in the sub-figure 8.3(d). The viscoelastic effects are beneficial due to which a 

marginal reduction in the thickness maintains the sufficiently thick minimum film at a small radial 

clearance. It contributes towards minimizing the possibility of wear of the interacting surfaces.         

8.10. Hydrodynamic Pressures. In the non-Newtonian model, the hydrodynamic pressure are 

plotted over the surface of the piston skirts and shown at the piston positions where there are visible 

changes in the magnitude, slopes and intensities. In the induction stroke, the positive pressures are 

biased towards the skirts top surface as shown in the plots for the piston positions at 60, 120 and 

180 degree crank angles. The effect of concentric piston displacements is visible at 60 degree 

position. The effects of the eccentricities of the piston towards the non-thrust side become visible at 

120 and 180 degree crank angles. The peak pressures shift to the right and the gentle slopes of the 

rising pressures become steep as the piston completes the induction stroke. In the compression 

stroke the hydrodynamic pressures intensify, the magnitudes increase and the slopes get steeper. 

There is a directional shift in the transverse displacements of the piston skirts from the non-thrust  

to the thrust side of the liner after the compression stroke. The magnitude of the gas pressure force 

increases swiftly due to the compression of the air-fuel mixture prior to combustion. At 240 degree 

angle, the cyclic speed of the piston increases as it travels towards the mid-point of the compression 

stroke. The pressures start rising sharply as shown by the gradients and the peak pressures shift 

further to the right. At 300 degree angle the slopes become steeper than before and the pressures 

intensify further as the piston slows down after attaining the maximum cyclic speed at 270 degree 

angle. By the time the piston reaches the end of the compression stroke, the high amplitude of the 

gas force, an appreciably thick film and the eccentricities shift the bias of the positive pressures 

from the top to the bottom surface as shown in the sub-figure 8.4(f). There is no further appreciable 

change in the bias of pressures during the expansion and the exhaust strokes.             
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8.11. EHL Film and Pressures. In the EHL regime, the excessive pressures reduce the 

thickness of the film from around 2 microns to a fraction of a micron as shown in the sub-figure 

8.4(g). The thickness decreases to a minimum value which is maintained till the piston reaches the 

mid-point of the compression stroke. The very high compression pressures and the effects of 

combustion displace the surfaces elastically and create an additional space. Resultantly, the film 

starts getting relatively thick in the compression and expansion strokes. In the exhaust stroke, the 

EHD pressures have similar magnitude as in the induction stroke, generating similar EHL film 

profiles. The sub-figure 8.4(h) shows the dimensionless EHD pressure rise over the surface of the 

skirts. At close to the mid-surface, the EHD pressure rise is in excess of 80%. The EHD pressure 

profile indicates an initial rise of 20%, which gets enhanced to around 50% before the apex is 

reached.  

8.12. Conclusions. Under the stated conditions and a small radial clearance, the conclusions are: 

 8.12.1. The viscoelastic behavior of the lubricant does not allow any significant reduction in 

   the hydrodynamic film thickness, enabling it to sustain the high loads. 

 8.12.2. The  shifting of pressures to the bottom surface in the expansion stroke minimizes 

   the possibility of a physical contact and wear in the hydrodynamic regime.  

 8.12.3. The very high EHD pressures allow an EHL film of very small thickness. There is a 

   remote   possibility of  a  physical   contact  between  the  skirts  and  the liner  if  a 

   viscoelastic lubricant is used in the initial engine start up at a low start up speed. 

 
  (a)      (b)         (c)          (d)   

Fig 8.3. Eccentricities (a) Newtonian (b) Non-Newtonian; Films (c) Newtonian (d) Non-Newtonian.    
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           (a)       (b)           (c)   (d) 

 
      (e)        (f)        (g)    (h) 

 Fig 8.4. Pressure at degree (a)60 (b)120 (c)180 (d)240 (e)300 (f)360 (g)EHL Film (h)EHL Pressure    

        

OPTIMIZATION OF LOW START UP SPEEDS IN NON-NEWTONIAN SKIRTS EHL 
 

8.13. The benefits of the increasing use of multigrade non-Newtonian engine oils include the 

reduced oscillations, improved lubricant flow, better detergency and minimized piston skirts wear at 

the optimum speeds. The low initial engine start up speeds must ensure the non-Newtonian 

lubricant flow between the piston skirts and liner surfaces. At the optimum engine speed the 

viscosity of the lubricant should prevent wear and its mobility should facilitate the smooth start up 

under the ambient temperature conditions. This study develops a basic viscoelastic non-Newtonian 

piston skirts hydrodynamic and EHL fluid flow model at the initial engine start up speed of 600 

rpm. To perform an in-depth analysis of the viscoelastic effects on the EHL of piston skirts at the 

different speeds, a very low start up speed of 500 rpm and the two relatively moderate speeds of 

700 rpm and 800 rpm are considered. The basic non-Newtonian model is developed at the piston-

to-bore radial clearance of 10 microns. The results combine the width of the two skirts of equal 

length, to show the transverse eccentricities, the hydrodynamic and EHL film thickness profiles, 

hydrodynamic pressure fields and the rising pressure fields in the EHL regime. The simulation 

results at 500, 700 and 800 rpm are compared with those of our basic model and analyzed for the 

speed optimization.  
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8.14. Piston Eccentricities.  Figure 8.4 shows the dimensionless piston eccentricities Et 

and Eb of the basic model and its comparison with the eccentricities at the three stated engine start 

up speeds. In each sub-figure, the eccentricity profiles are studied with respect to three horizontal 

lines as stated before. The initially concentric piston motion in the induction stroke, the lateral 

eccentric displacements biased towards the non-thrust side during the induction and compression 

strokes and the directional eccentric shift towards the thrust side of the liner near the end of the 

compression stroke make up the similarities. In the basic model at 600 rpm, the instantaneous 

directional shift in the eccentric displacement of the piston skirts top surface during the 

compression and expansion strokes bring it very close to the lower line where it remains till the end 

of the exhaust stroke at 720 degree. As compared to this, the piston eccentricities decrease 

considerably during the expansion and the exhaust strokes at 800 rpm speed.  

8.15.  Hydrodynamic Film.    The maximum and minimum hydrodynamic film profiles of the 

basic model are shown in the sub-figure 8.6(a). The hydrodynamic film is very thin in the first half 

of the induction stroke due to the concentric piston motion. In the second half of the induction and 

during the compression strokes the thickness increases due to the increased flow. The flow rate 

increases to cater for the fluid entrainment due to the wedging action and ensure the non-violation 

of the continuity principle. The directional eccentric shift of the piston towards the thrust side and 

the action of the combustion gas force in the expansion stroke reduce the thickness of the minimum 

film to a small value. The corresponding flow rate is adjusted accordingly as the minimum film 

carries the load. By the time the piston crosses the mid-stroke region the amplitude of the 

combustion gas force decreases. The continuity of flow allows an excess flow to enhance the 

thickness of the film. It causes a  corresponding increase in the thickness of the film especially 

during the exhaust stroke. At the end of each stroke, the minimum cyclic speed of the piston at the 

respective dead centers varies the magnitudes of the maximum and the minimum film thickness. 

Such a variation is compensated by the corresponding flow rate to maintain the continuity and 

prevent starvation. At 700 rpm, instantaneous variation in the film thickness is seen at around 400 

degree crank angle followed by an occasional spike at the end of expansion stroke. Increasing the 

engine speed improves the volumetric flow. Hence, an instantaneous reduction in the thickness in 

the expansion stroke diminish altogether at 800 rpm.  
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8.16. Hydrodynamic Pressures. The pressure profiles in the basic model at the selected piston 

positions in the induction and compression stroke are discussed and then compared with the other 

cases. In the induction stroke the hydrodynamic pressures at 60 and 180 degrees of the piston 

position are shown in figures 8.7 and 8.8, respectively. Initially, the piston motion is concentric and 

the parabolic profile contributes towards the generation of the low intensity pressures. The film is 

very thin as the lubricant flows past the interacting surfaces under the oil flooded conditions. The 

low intensity pressures are generated on the right side of the bottom surface which shift from the 

right of the top to the bottom surface. At 500 rpm the general trend of pressures generation is 

similar but the side slope shifts slightly in on the right of skirts top surface. The uniformly 

distributed and gently rising pressures are biased towards the top surface and shift slightly towards 

the right side at 700 rpm. At 800 rpm the pressure profiles are generally the same as at 700 rpm. At 

this speed the pressures rise further and the slopes become steep. The peak pressures shift towards 

the right side of the top surface. It implies that during the concentric piston motion increasing the 

engine speed improves the hydrodynamic pressure generation. In the compression stroke the piston 

compresses the air-fuel mixture and the magnitude of gas pressure force increases tremendously. 

The thickness of the film increases sharply to make up for the fluid loss due to the increasing 

eccentricities. The effects of all these developments on the pressure profiles at 240 degree and 300 

degree are shown in the figures 8.9 and 8.10, respectively. At 240 degree angle, the piston has 

travelled the one-third distance in the compression stroke. In the basic model the profiles show 

some minor shifts in the slopes and the intensities of pressure. At 500 rpm the side slopes of the 

fairly intense pressures shift slightly and the steepness of the gradients decreases slightly. At the 

same time the amplitude of pressures generated over the bottom surface is considerably reduced 

with a simultaneous reduction in the steepness and intensities. At 700 and 800 rpm there are small 

variations in the steepness of slopes and the intensities as compared to the basic model. At 300 

degree angle, the piston completes the two-thirds of the stroke and is decelerating. It is the point 

from which the piston commences its secondary transverse eccentric motion in the opposite 

direction after it remained closer to the non-thrust side for some time. From this point onwards the 

gas force rises near exponentially as the piston compresses the charge. The film thickness is close to 

its maximum value after which it decreases very fast. The simultaneous occurrence of such changes 

shifts the pressures to the bottom surface. With this major shift the pressure profiles change which 

build up sharply with steeper slopes. This fundamental shift is also seen at 800 rpm as compared to 
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the other two speeds. The pressure fields at 700 rpm show the sharply rising pressures with steeper 

slopes and the minor variations in their intensities. At 500 and 700 rpm speeds the pressures shift to 

act over the bottom surface at the end of the compression stroke. Combustion speeds up the 

eccentric displacements of the piston, reduces the film thickness and does not allow the pressures to 

shift over the top surface again during the expansion and exhaust strokes.       

 

8.17. EHL Film. The rising high hydrodynamic pressures deform the surfaces elastically and 

reduce the thickness of the film from a few microns to the fraction of a micron in the piezoviscous 

EHL regime. The EHL film profiles at the stated speeds are shown in figure 8.11. In the basic model 

the pressures rise to the maximum values and reduce the film thickness from around 1.6 micron to 

0.15 micron in the 90 degrees travel of the piston in the induction stroke. After that reduction, the 

film thickness fails to increase substantially till the completion of compression stroke and then a 

slight gradual increase is noticed in the expansion stroke. In the exhaust stroke the film thickness 

rises again to 0.25 micron at 570 degree crank angle and then drops down. After this there is no 

significant change in the film thickness till piston completes its travel in the exhaust stroke. A 

comparison of EHL film profiles at all the stated speeds shows some noticeable variations in the 

thickness. At 500 rpm, in the beginning of expansion stroke the EHL film fails to rise and except a 

small fluctuation, its thickness remains the same till the time piston moves closer to the mid-stroke 

region. In that region the film thickness varies between 0.1 and 0.7 micron. At 700 rpm the EHL 

film profiles are generally similar to those of the basic model except some minor differences in the 

thickness at the different piston positions. In the compression stroke the film thickness reduces to 

0.125 micron before it increases again to 0.2 micron at the end of the compression stroke. In the 

exhaust stroke the film thickness reduces further to 0.15 micron. At  800  rpm  the thickness of the  

film decreases further. The initial reduction causes the film to become 0.1 micron thick only. It 

remains the same till the piston completes the compression stroke and begins its journey in the 

expansion stroke. An instantaneous spike at around 385 degree angle increases the film thickness to 

0.25 micron. Then there are a few noticeable changes in the film profile during the expansion stroke 

In the exhaust stroke the thickness of the EHL film does not change except some minor fluctuations 

till the piston completes the 4-stroke cycle. 

8.18.  EHD Pressures Rise.       The interacting surfaces deforms elastically due to the exponential 

rise in the hydrodynamic pressures, which affects the viscosity, thickness and the extent of the 
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elastic surface displacements. The profiles of the rising pressures at all the stated speeds are shown 

in figure 8.12. The simulation results of the basic model are compared with the EHD pressures 

rising at the three other stated speeds. The comparison shows that at 500 rpm the pattern of EHD 

pressures rise is almost similar but the magnitude varies as the maximum rise is 45%. At 700 rpm 

the pattern and magnitude of the EHD pressures differ from the basic model. Initially the pressures 

rise to around 20% and then by 50%. It is followed by the maximum increase of 60%. At 800 rpm, 

the initial pressures increase is up to 30% which rises to 40% subsequently. The maximum 

amplitude of the rising EHD pressures is 70%. It implies that the EHD pressures do not rise high at 

the very low speed and their amplitude and pattern change by increasing the initial start up speed. 

8.19. Conclusions. Based on the study, the following conclusions are drawn:  

 8.19.1. At 800 rpm a maximum reduction in eccentricities minimizes the chances of wear.  

  8.19.2. At 600 rpm the chances of a contact and wear are maximum.  

 8.19.3. The thickness of the hydrodynamic film improves considerably at 800 rpm speed. 

 8.19.4. The near uniformly distributed hydrodynamic pressures are generated at 700 rpm.  

 8.19.5. In EHL the average film thickness is maximum at 600 rpm but minimum at 800 rpm. 

 8.19.6. The amplitudes of EHD pressures are directly proportional to the engine speed.  

 8.19.7. A compromise between 700  and 800 rpm is suggested to optimize start up speed.  

          (a)    (b)     (c)        (d) 

Fig 8.5. Piston Skirts Eccentricities (a) At 600 rpm (b) At 500 rpm. (c) At 700 rpm. (d) At 800 rpm  

 
  (a)                                     (b)          (c)       (d) 

Fig 8.6. Hydrodynamic Film Profiles at (a) 600 rpm (b) 500 rpm. (c) 700 rpm (d) 800 rpm  
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(a)           (b)          (c)                                        (d) 

Fig.8.7. Hydrodynamic Pressures at 60 degree angle at rpm (a) 600 (b) 500 (c) 700 (d) 800  

  
(a)                                    (b)     (c)                                   (d) 

Fig 8.8. Hydrodynamic Pressure Fields at 180 degree angle at rpm (a) 600 (b) 500 (c) 700 (d) 800. 

   
     (a)          (b)    (c)     (d)  
Fig 8.9. Hydrodynamic Pressure Fields at 240 degree angle at rpm (a) 600 (b) 500 (c) 700 (d) 800   

                      
      (a)          (b)                    (c)                                     (d) 

Fig 8.10. Hydrodynamic Pressure Fields at 300 degree angle at rpm (a) 600 (b) 500 (c) 700 (d) 800  

 
(a)                  (b)                    (c)                                    (d) 

Fig 8.11. EHL Film Thickness Profiles at rpm (a) 600 (b) 500 (c) 700 (d)  800 rpm. 
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(a)                                       (b)         (c)                                    (d) 

Fig 8.12. EHL Pressures Rise at (a) 600 rpm. (b) 500 rpm. (c) 700 rpm. (d)  800 rpm. 
 

Non-Newtonian Piston EHL at Two Different Radial Clearances and Lubricants  

 

8.20. The critical challenges at the time of a low speed engine start up are absence of 

elastohydrodynamic lubrication (EHL) of piston skirts, the larger than desirable piton-to-bore radial 

clearance and an inappropriate viscosity-grade lubricant. These factors resist an easy engine starting 

and do not prevent wear of the interacting surfaces. This study models the non-Newtonian 

viscoelastic piston skirts EHL at 600rpm engine start up speed by using a low-viscosity grade Oil A 

of an ambient viscosity of 0.03187 Pa.s at 30 microns radial clearance. In the second case a fairly-

viscous grade Oil B of an ambient viscosity of 0.08571 Pa.s is used at 40 microns clearance. In both 

the cases the thermal and surface roughness effects are neglected. 

8.21. Discussion on Results. In figure 8.13 the dimensionless skirts top and bottom 

eccentricity curves Et and Eb for oils A and B are plotted between the three horizontal lines, as 

stated earlier. The Et and Eb curves show the generally similar patterns. The initially concentric 

piston motion in the induction stroke is followed by the transverse eccentricities towards the non-

thrust side during the second half of the induction and in the compression strokes. The major shift 

from the non-thrust to the thrust side occurs in the first half of the expansion stroke. The real 

differences in the eccentric displacements are seen when the Et curve for oil A shows some 

significant improvements in the expansion and the exhaust strokes. The Et curve drifts away from 

the touching line as compared to the same in the case of oil B. The corresponding hydrodynamic 

pressures get affected by the piston eccentricities. The variations in the amplitudes show that the 

low pressures are generated over the 75 degree wide surface of the skirts with gentle slopes during 

the intake stroke. The pressures build up gradually in the compression stroke. The pressures rise 

very high due to combustion with steeper slopes but then settle down to low values finally in the 

exhaust stroke. When the hydrodynamic pressures rise very high beyond a certain value then the 

interacting skirts and the liner surfaces deform elastically. The elastic surface displacements change 
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the lubrication regime from rigid hydrodynamic to EHL. The thickness of the film gets reduced 

significantly from 1.25 and 1.7 microns for the oils A and B, respectively in the hydrodynamic to a 

fraction of a micron in the EHL regime. The sub-figures 8.13(c) and (d) show the film thickness 

profile curves in the EHL regime as applicable to the oils A and B, respectively. The film profiles 

shows less than 0.2 micron thickness for oil A and less than 0.4 micron thickness for oil B during  

the 720 degree crank rotation cycle. In figure 8.14, the rising EHD pressures show the different 

intensities of the rising pressures. For oil A, after the buildup of very high intensity pressures a 

maximum value of around 25% is achieved. When it is compared with the pressure values using the 

fairly-viscous oil the maximum rise is around 40%. It implies that when a comparatively high 

viscosity-grade lubricant is used at a slightly large radial clearance then the possibility of a physical 

contact gets reduced. However, the film thickness decreases and the pressures rise higher than the 

case of a low-viscosity grade lubricant.    

8.22.  Conclusions. The following conclusions are drawn: 

 8.22.1. There are some chances of a physical contact of the surfaces when oil A is used. 

 8.22.2. When the oil B is used the eccentricities get reduced significantly. 

  8.22.3. Despite a sharp reduction in the thickness to a fraction of micron, it remains in the 

   EHL regime for both oils A and B due to the beneficial effects of viscoelasticity.  

 8.22.4. For the oil B, the EHL film is relatively thicker.    

 

         (a)   (b)     (c)         (d) 

Fig 8.13. Eccentricities (a) Oil A (b) Oil B. EHL Film Profiles (c) Oil A (d) Oil B 

 
(a)    (b) 

Fig.8.14 EHD pressure (a) Oil A (b) Oil B 
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VISCOELASTIC EFFECTS ON SKIRTS EHL AT SMALL RADIAL CLEARANCES 

8.23. This study develops the hydrodynamic and EHL model in which the viscoelastic 

characteristics of a non-Newtonian engine lubricant are incorporated. A low-viscosity grade engine 

oil, 600 rpm and 10 microns radial clearance are some of the inputs of the basic numerical model. 

Two other numerical models are developed and simulated to generate the results. A radial clearance 

of 5 microns is considered in the first case, whereas 20 microns is used in the second lubrication 

model. These radial clearances represent the hot and the mild engine operating conditions, 

respectively. The simulation results of all the three models are compared and analyzed to study the 

effects of viscoelasticity at the different radial clearances in the initial engine start up. The three 

Newtonian piston skirts hydrodynamic and EHL models are developed at the radial clearances of 5, 

10 and 20 microns, respectively. The simulation results are compared with those of the 

corresponding viscoelastic models to ascertain the beneficial effects of viscoelasticity and optimize 

the piston-to-bore radial clearance in a few initial engine start up cycles.   

8.24. Piston Eccentricities.  In the sub-figure 8.15(a) the Et and Eb profile curves represent 

the eccentricities of the top and the bottom skirt surfaces of the piston. The piston eccentricity 

curves do not show a physical contact between the skirts and the liner surfaces during the 720 

degree cycle. In the induction stroke, the piston travels concentrically and attains the maximum 

cyclic speed at the mid-stroke. After the mid-stroke, it decelerates and the film thickness increases 

with the piston getting displaced towards the non-thrust side eccentrically. The piston accelerates up 

to the mid-compression stroke as it compresses the air-fuel charge. In the second half of the 

compression stroke, the piston and the liner surfaces become concentric for a small instant of time. 

However, the rising gas pressure force displaces the piston eccentrically towards the thrust side of 

the liner. The magnitude of the gas force continues to rise, which increases the piston eccentricities 

well beyond the compression stroke. Combustion occurs at 372 degree crank angle and resultantly 

the amplitude of the gas force rises to exceptionally high values. An exceptionally high amplitude 

of the gas force increases the eccentricities of the piston correspondingly. Resultantly, the piston 

skirts come very close to the lower line. 

8.25. Hydrodynamic Film.     The maximum and the minimum film thickness profiles are shown 

in the sub-figure 8.15(b). The viscoelastic behavior of a non-Newtonian lubricant prevents a 
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substantial reduction in the maximum film thickness as compared to the characteristics of a 

Newtonian lubricant. The film thickness increases due to the eccentricities of the skirts before the 

piston completes the induction stroke. The secondary eccentricities contribute towards enhancing 

the film thickness. In the expansion stroke, the thrust generated by the combustion process and the 

sharply rising amplitude of the gas force tend to reduce the thickness of the film drastically. The 

moving piston experiences the thrust of combustion but the viscoelastic characteristics of the 

lubricant prevent a drastic reduction in the film thickness. There is a relatively small difference 

between the thicknesses of the maximum and the minimum films. It highlights the beneficial effect 

of viscoelasticity on the load carrying capacity of the lubricant. The effects of the gas force subside 

as the piston covers the two-third distance in the expansion stroke. The residual effects of the gas 

force and a low cyclic piston speed near the end of the expansion stroke stabilize the eccentric 

displacements of the skirts. In the exhaust stroke the hydrodynamic pressures drop to low values in 

the absence of any external loading and due to the fully open exhaust valves. The secondary piston 

displacements are biased towards the thrust side and allow a thicker hydrodynamic film. 

8.26. Hydrodynamic Pressure Fields. A few of the 3-D pressure profiles are plotted at 

some of the critical piston positions to analyze the intensities and the gradients. In the induction 

stroke, the low intensity positive pressures build up gradually and are biased towards the top surface 

of the skirts. The sub-figure 8.15(c) shows the gentle slopes, which indicate the gradually rising 

pressures. After the mid-induction stroke the transverse eccentricities of the skirts create the 

hydrodynamic wedge, which increases the flow rate and the film thickness. These displacements 

facilitate the buildup of the moderately high pressures. The sub-figure 8.15(d) shows the sharply 

rising pressures with steep slopes. In the first half of the compression stroke, the eccentricities of 

the piston skirts generate the fairly high pressures, as shown in the sub-figure 8.15(e). The effects of 

the moving piston inertia on the transverse side, the viscoelastic characteristics and the directional 

change in the eccentricities towards the thrust side shift the bias of pressures towards the bottom 

surface. The high amplitude of the gas force facilitates the buildup of the intense hydrodynamic 

pressures over the bottom surface. The relatively small eccentricities of the bottom of the skirts 

minimize the possibility of its physical contact with the liner surface. In the beginning of the 

expansion stroke, the combustion thrust increases the magnitude of the gas force tremendously. The 

resulting transfer of energy speeds up the rise of the hydrodynamic pressures to exceptionally high 

values. The high pressures remain biased towards the bottom surface in the first half of the 
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expansion stroke. In the exhaust stroke, the generation of very low intensity positive pressures is 

attributed to the fully open exhaust valves and the absence of any significant external loading. 

8.27. EHL Pressure and Film Thickness. The amplitude of the rising pressures in the EHL 

regime are shown in the sub-figure 8.15(g). The profiles of the viscoelastic lubricant film thickness 

at the maximum pressures and after the deformation of the surfaces are shown in the sub-figure 

8.15(h). In the beginning, the moderately high pressures rise over the surface and reduce the film 

thickness, substantially. The viscoelastic lubricant prevents an instantaneous reduction of the film 

thickness to a small value. The pressures rise to higher values and deform the surfaces elastically. 

During the compression and expansion strokes, the film thickness increases gradually. It highlights 

the elasticity or mobility of the lubricant to facilitate the elastic displacements and the piston 

motion. During the expansion stroke, an instantaneous film spike is generated as the pressures rise 

and drop suddenly. The changing amplitude of gas force, the piston eccentricities and the cyclic 

speed of the piston cause such pressure fluctuations. In the exhaust stroke, the negligible variation 

in the film thickness implies the viscoelastic effect under the stated conditions. 

 

VISCOELASTIC EFFECTS AT DIFFERENT RADIAL CLEARANCES 

8.28. To analyze the viscoelastic effects, the 5 and 20 microns radial clearances are considered 

and modeled. The simulation results are compared with those of the basic model. 

 

8.29. Eccentricities.    A comparison of the eccentricity profile curves in the sub-figures 8.15(a), 

8.16(a) and 8.17(a) shows some significant differences. At 5 microns clearance, the smaller 

eccentricities in the induction stroke advocate a very small gap between the interacting surfaces at 

low load conditions. Near the end of the compression stroke, the comparatively small amplitudes of 

the Et and Eb curves at 20 microns clearance imply the suitability of a slightly large clearance. Such 

a clearance minimizes the chances of a physical contact while the temperature and the pressures rise 

rapidly in the compression stroke. In the expansion stroke combustion does not affect the piston 

eccentricities as substantially at 10 microns clearance as in the other two cases. It supports the 

suitability of 10 microns clearance at the crucial instant of combustion in the expansion stroke. A 

comparison at 180 and 270 degree piston positions shows that the Et curve has a lower amplitude at 

20 microns clearance as compared to the other clearances. At 5 microns clearance the piston 
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displaces less eccentrically at the different positions in the expansion and exhaust strokes as 

compared to the other two cases.  

 

8.30. Hydrodynamic Films. The film thickness profiles at the stated clearances are shown 

in the sub-figures 8.15(b), 8.16(b) and 8.17(b), respectively. The magnitude of the minimum film 

thickness increases with the radial clearance, almost proportionally. It implies that a relatively large 

clearance is beneficial to carry the hydrodynamic loads. In the second half of the induction stroke 

the shape of the film thickness profiles varies slightly with the radial clearance. Such a variation is 

attributed to the different amplitudes of the piston eccentricities at each radial clearance. In the first 

half of the compression stroke, there are instantaneous fluctuations in the minimum film thickness 

at 5 and 10 microns clearances. At 20 microns clearance the absence of such a fluctuation implies 

that a relatively thick film damps the undesirable instantaneous instabilities at relatively low 

hydrodynamic pressures. A spike in the second half of the expansion stroke at 20 microns shows 

that the film thickness increases instantly as the combustion loads tend to subside at a relatively 

large radial clearance. At 5 microns clearance a very thin minimum film is observed on two 

occasions. A similar observation is made on one occasion only at 10 and 20 microns clearances. It 

implies that during the 4-stroke cycle the possibility of an instantaneous physical contact increases 

at a very small radial clearance of 5 microns.  

 

8.31. Hydrodynamic Pressures.  The buildup of pressures over the surface of the skirts at some 

of the piston positions are shown in the sub-figures 8.15(c-f), 8.16(c-f) and 8.17(c-f), respectively. 

At 5 microns clearance, the bias of the low-intensity pressures is towards the top surface where as  

at 20 microns, the low-intensity pressures are generated over the top and bottom surfaces. It implies 

that a relatively large radial clearance causes an uneven distribution of low-intensity positive 

pressures. It affects the hydrodynamic loads and the load-carrying capacity of the lubricant. In the 

sub-figure 8.17(d), the peak pressures act near the center of the top surface whereas, they shift to 

the right side in the sub-figure 8.16(d). It means that at the low loading conditions the peak 

hydrodynamic pressures change their position if the radial clearance increases. At 20 microns, the 

comparatively non-uniform distribution of positive pressures in the compression stroke is attributed 

to a relatively large radial clearance, a low viscosity-grade lubricant and the piston eccentricities. 

The non-uniform distribution increases the mis-alignment of the piston in the compression stroke.  
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8.32. EHL Pressures. The sub-figures 8.15(g), 8.16(g) and 8.17(g) show the rising EHL 

pressures at the three stated radial clearances. A comparison of the maximum amplitudes of the 

rising pressures shows that they decrease significantly when the clearance is increased from 5 to 20 

microns. It implies that the piston-to-bore radial clearance is inversely proportional to the maximum 

rise of the EHL pressures, when a viscoelastic lubricant is used at a low engine start up speed. It 

helps to optimize the radial clearance by linking it with the rising EHL pressures.  

 

 8.33. EHL Film Profiles. The EHL film thickness profiles at the stated clearances are shown in 

the sub-figures 8.15(h), 8.16(h) and 8.17(h), respectively. A comparison of the profiles shows that a 

reduction in the radial clearance from 10 to 5 microns thickens the average film by almost four 

times. However at 20 microns the average film thickness increases by three times. It establishes a 

direct relationship between the EHL film thickness and the radial clearance. It is understandable in 

view of the inverse proportionality that exists between the EHL pressures and the radial clearance. 

In the expansion stroke, an instantaneous spike of very small amplitude at 5 microns clearance 

changes into a relatively large spike at 20 microns clearance. It means that by increasing the radial 

clearance, the EHL pressures drop instantaneously at very high loads. In case of oil starvation, it 

may lead to the film rupture.  

  

 Analysis of Newtonian and Viscoelastic Lubricant Behavior  

8.34. The simulation results of a Newtonian lubricant based piston skirts hydrodynamic and EHL 

models at the three stated clearances. are compared with those of the non-Newtonian models to 

analyze the effects of the viscoelastic lubricant behavior.   

 

8.35. Eccentricities and Velocities.   The eccentricity profile curves at the three stated clearances 

are shown in the sub-figures 8.18(a), 8.19(a) and 8.20(a), respectively. When comparing the 

Newtonian and non-Newtonian models, a viscoelastic lubricant prevents a closer interaction 

between the top surface of the skirts and the liner when the pressures buildup rapidly in the 

compression stroke. At 5 microns clearance, the Et curve in the Newtonian model almost touches 

the Lower Line in the expansion and the exhaust strokes. The use of the viscoelastic lubricant 

prevents such a possibility effectively. At 20 microns the Newtonian lubricant fails to prevent a 

physical contact in the expansion stroke whereas a viscoelastic lubricant does not allow such a 

contact, highlighting its effectiveness in preventing wear at a relatively large radial clearance. The 
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reason for the relatively large eccentricities in the Newtonian model is explained by the secondary 

velocity profiles as shown in the sub-figures 8.18(b), 8.19(b) and 8.20(b), respectively.  

8.36. Hydrodynamic Pressures. The pressure fields at the stated clearances and some of the 

piston positions are shown in the sub-figures 8.18(c-f), 8.19(c-f) and 8.20(c-f), respectively. In the 

induction stroke, the pressures buildup gradually with gentle slopes at 20 microns clearance. A 

reduction in  the radial clearance to 5 microns enhances the buildup of low intensity pressures with 

relatively steep slopes. In case of the viscoelastic model, a reduction in the radial clearance does not 

affect the buildup of the hydrodynamic pressures. It means the near uniform load carrying capacity 

of the viscoelastic lubricant film at the stated radial clearances. In the compression stroke, the 

eccentricities and a very high amplitude of the gas force increase the pressures significantly. In the 

Newtonian model, a reduction in the clearance intensifies the pressures to even higher values with 

steeper slopes. However, the bias of positive pressures remains towards the top surface till the 

completion of the compression stroke. In the viscoelastic model the pressures intensify but remain 

within the comparable range despite a reduction in the clearance to 5 microns. In the second half of 

the compression stroke in the viscoelastic model, the bias of the positive pressures shifts from the 

top to the bottom surface. It is beneficial as the bottom surface sustains the maximum loading in the 

second half of the compression stroke and the first half of the expansion stroke but remains away 

from the thrust side of the liner. It does not happen in the Newtonian lubricant model where the top 

surface sustains the maximum loading. The pressures drop to fairly low values at the end of the 

expansion stroke, affecting the load-carrying capacity of the Newtonian lubricant film. In the 

viscoelastic model the pressures remain moderate in the expansion stroke. In the exhaust stroke, the 

low pressures are slightly higher than those in the Newtonian model.    

8.37. Hydrodynamic and EHL Films.  The Newtonian hydrodynamic and EHL film 

thickness curves at the stated speeds are shown in the sub-figures 8.18(g), 8.19(g) and 8.20(g), 

respectively. When loaded under the high loads, the maximum film thickness reduces to one-third 

of its value to become the minimum thickness. In the viscoelastic model there is a relatively small 

reduction in the maximum thickness before it becomes the minimum film thickness, as shown in the 

sub-figures 8.15(b), 8.16(b) and 8.17(b), respectively. It implies that a Newtonian lubricant may not 

withstand the severe cyclic loading as compared to a viscoelastic non-Newtonian lubricant. In the 

EHL regime, the minimum hydrodynamic film thickness drops sharply to a fraction of a micron in 
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the beginning of the induction stroke. In the viscoelastic model, the film thickness drops after a 

noticeable delay. In the exhaust stroke, the EHL film is negligibly thin in the Newtonian model.  In 

actual conditions, it the film may breakdown inviting wear. 

8.38. EHL Pressures. In the Newtonian models, the sub-figures 8.18(h), 8.19(h) and 8.20(h) 

show the rising pressures in the EHL regime. At 5 microns clearance, the pressures rise very high  

but drop slightly at 10 microns. The pressures do not rise significantly at 20 microns and the 

maximum amplitudes remain relatively very low. The maximum pressures rise is nearly the same in 

the viscoelastic and Newtonian models at 5 microns. However, there is a significant reduction in the 

maximum values at 10 microns clearance. At 20 microns the amplitudes drop further transforming 

them into low pressures than those in the Newtonian model. It implies that a viscoelastic lubricant 

does not allow the EHL pressures to rise very high during the normal or the partially warmed up 

engine operating conditions. It highlights the fact that the magnitude of EHL pressures is inversely 

proportional to the radial clearance.  

 

8.39.  Conclusions. Some important conclusions are drawn from the study and analysis:  

 8.39.1. Viscoelasticity minimizes the chances of a contact and wear at small clearances.

 8.39.2. A Newtonian lubricant allows a substantial reduction in the hydrodynamic film.

 8.39.3. Viscoelasticity enhances the load capacity by maintaining a thick hydrodynamic film

 8.39.4. In  the  EHL  regime, a  viscoelastic  lubricant  is more effective than a Newtonian 

  lubricant in carrying the loads as the film thickness does not drop instantly to a very 

  small value.  

 8.39.5. For   the  non-Newtonian  lubricant,  increasing  the  radial clearance improves the 

  film  thickness  and    enhances    the  load carrying  capacity  of  the  film   in  the 

  hydrodynamic regime.  

 8.39.6. The  fairly  low  EHL  pressures at 20 microns clearance in the viscoelastic model 

  imply the possibility of an early regime change as compared to the other cases.   

 8.39.7. Considering  the  beneficial  effects of viscoelastic behavior of the non-Newtonian 

  lubricant, 10 microns seems to be the optimum piston-to-bore radial clearance in a 

  few initial engine start up cycles and under the stated conditions.  
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(a) Skirts Eccentricities (b)Hydrodynamic Films (c)Pressure at 60 Degree (d)Pressure at 180 Degree   

 

(e)Pressure at 240 Degree (f)Pressure at 300 Degree (g)EHL Pressure Rise  (h) EHL Film Thickness  

Fig 8.15.  Basic Viscoelastic Lubrication Model at 10 Microns Radial Clearance          

  
(a) Skirts Eccentricities (b)Hydrodynamic Films (c)Pressure at 60 Degree (d)Pressure at 180 Degree   

 
(e)Pressure at 240 Degree (f)Pressure at 300 Degree (g)EHL Pressure Rise (h) EHL Film Thickness 
Fig 8.16.  Viscoelastic Lubrication Model at 5 Microns Radial Clearance  

  
(a) Skirts Eccentricities (b)Hydrodynamic Films (c)Pressure at 60 Degree (d)Pressure at 180 Degree 

 
(e)Pressure at 240 Degree (f)Pressure at 300 Degree (g)EHL Pressure Rise  (h) EHL Film Thickness  

Fig 8.17. Viscoelastic Lubrication Model at 20 Microns Radial Clearance  
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(a)Skirts Eccentricities(b)Secondary Velocities (c)Pressure at 180 Degree (d)Pressure at 360 Degree   

 
(e)Pressure at 450 Degree(f)Pressure at 540 Degree(g)Film Thickness Profiles(h)EHL Pressure Rise 

Fig 8.18.  Newtonian Lubrication Model at 5 Microns Radial Clearance  

 
(a)Skirts Eccentricities(b)Secondary Velocities (c)Pressure at 180 Degree (d)Pressure at 360 Degree   

 
(e)Pressure at 450 Degree(f)Pressure at 540 Degree(g)Film Thickness Profiles(h)EHL Pressure Rise 

Fig 8.19. Newtonian Lubrication Model at 10 Microns Radial Clearance  

  
(a)Skirts Eccentricities(b)Secondary Velocities (c)Pressure at 180 Degree (d)Pressure at 360 Degree   

 
(e)Pressure at 450 Degree(f)Pressure at 540 Degree(g)Film Thickness Profiles(h)EHL Pressure Rise 

Fig 8.20. Newtonian Lubrication Model at 20 Microns Radial Clearance  
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NEWTONIAN AND VISCOELASTIC EFFECTS IN SKIRTS EHL AT LOW SPEEDS  

 

8.40. The basic Newtonian lubrication models are developed at 500 rpm to highlight the 

important aspects related to the development of the hydrodynamic and EHL films of a high-

viscosity grade engine lubricant. To model the non-Newtonian engine lubricant behavior at the 

same speed the effects of viscoelasticity on the characteristics of piston skirts lubrication are 

determined. Then the respective models are extended to the five different low initial engine start up 

speeds. The Newtonian and the viscoelastic effects are analyzed at all the five speeds and compared 

with those of the basic models. The simulation results are compared and analyzed to optimize the 

low start up speed under the stated conditions.  

 

BASIC PISTON LUBRICATION MODELS 

8.41. At 500 rpm an engine barely runs a few start up cycles prior to attaining the equilibrium 

conditions. At 500 rpm the model development is intended to ascertain if viscoelasticity contributes 

towards reducing the transverse eccentric displacements and enhance the hydrodynamic pressures 

to allow the film to carry the loads effectively. After developing the basic lubrication models the 

work is extended to the five different low engine start up speeds. The analysis of the results finds 

out the effects of a Newtonian lubricant and that of viscoelasticity on the eccentricities, secondary 

velocities, hydrodynamic pressures, lubricant film thicknesses, elastic surface displacements and 

the load-carrying capacity of the lubricant. 

8.42. Newtonian Lubricant and Secondary Motion. The sub-figures 8.21(a) and (b) show 

the eccentricities of the piston skirts in the hydrodynamic and EHL regimes at 500 rpm. A 

comparison of the respective profile curves in the hydrodynamic and EHL regimes show only 

minor differences in the magnitudes of the eccentricities. The Eb curve does not show any 

significant changes in the entire duration of the 720 degree cycle when the regime changes to EHL. 

However, there is a slight reduction in the amplitude of Et curve during the induction and the 

compression strokes. It implies that the high-viscosity grade Newtonian lubricant is mostly 

ineffective in influencing or controlling the piston eccentricities in the hydrodynamic and EHL 

regimes at 500 rpm speed. The secondary velocity profiles in the hydrodynamic and EHL regimes 

do not show any significant changes at 500 rpm speed. It implies that the Newtonian lubricant 

characteristics do not alter the amount of energy transfer with the change in the lubrication regime 
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at 500 rpm engine speed. However, a solid-to-solid contact is barely avoided in both the lubrication 

regimes due to such energy transfers.  

8.43. Newtonian Pressures and Films. The effectiveness of a lubricant is seen by the 

sufficiently high pressures and thick film to carry the hydrodynamic loads and separate the 

interacting surfaces completely. The sub-figure 8.97 shows the pressure fields at four important 

piston positions in the 720 degree cycle. The magnitudes and the intensities vary with each degree 

of the piston travel in the cycle. The very low pressures in the induction stroke build up gradually to 

moderately high values in the compression stroke. Combustion occurs to generate exceptionally 

high pressures in the first half of the expansion stroke. These pressures subside to moderate values 

at the end of the expansion stroke due to a noticeable reduction in the magnitude of the gas force. 

During the exhaust stroke the burnt out gases exit through the fully open exhaust valves. The 

magnitudes of hydrodynamic pressures drop to reasonably low values. Initially the positive 

pressures build up over the top half surface of the skirts in the induction and compression strokes. 

In the expansion and exhaust strokes the pressures shift over to the bottom half surface. At 500 rpm 

speed, the bias of pressures shifts from the top to the bottom surface before the piston completes the 

compression stroke. Despite very high loads the bottom surface has small eccentric displacements 

and hence, it avoids a physical contact with the liner. The film thickness in the hydrodynamic 

lubrication regime is anticipated to change with the eccentricities and pressures at 500 rpm. In the 

hydrodynamic regime, the initially thin films get thicker in the first half of the induction stroke with 

the increasing eccentricities, secondary velocities and hydrodynamic pressures. In the compression 

stroke the thickness of the film increases sharply with the rising amplitudes of the gas force, 

secondary velocities and eccentricities. In the expansion stroke the effects of combustion and the 

eccentricities make the film thin considerably. In the exhaust stroke the negligible effects of the gas 

force increase the thickness of the film again. The maximum film gets reduced to around 40% of its 

original value during the compression and the expansion strokes. In the EHL regime very high 

pressures make the hydrodynamic film very thin prior to the elastic surface deformation. The sub-

figure 8.21(h) shows the rising EHD pressures to cause such displacements. In the EHL regime the 

interacting surfaces do not deform appreciably on the application of the loads. Resultantly, the EHL 

Film is not sufficiently thick to carry the excessive hydrodynamic loads conveniently at 500 rpm.  
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8.44. Viscoelastic Lubricant and Secondary Motion. In the basic viscoelastic lubrication 

model the effectiveness of the viscoelastic lubricant is evaluated in the context of the piston 

eccentricities and the secondary velocities. In the sub-figures 8.22(a) and (b) the eccentricity curves 

are shown in the hydrodynamic and EHL regimes. The eccentricity curves show almost similar 

trends as those in the case of a Newtonian lubricant. However, the amplitudes differ slightly in the 

induction and the compression strokes. It implies that the use of a high-viscosity grade viscoelastic 

lubricant does not improve the piston concentricities at 500 rpm speed. A comparison of the 

amplitudes in the hydrodynamic and EHL regimes shows that the eccentricities increase slightly in 

the induction stroke. Such increments enhance the pressures, attributed to the viscoelastic lubricant 

behavior in the EHL regime. There is no appreciable change in the eccentricity profiles in the 

compression and expansion strokes. A physical contact is barely avoided similar to the case of a 

Newtonian lubricant. In the EHL regime the maximum secondary velocity decreases slightly in the 

positive quadrant, when a viscoelastic lubricant is used. It indicates that the viscoelastic 

characteristics aid in reducing the amount of energy transfer from the skirts to the liner surface. The 

effects are visible in the eccentricity profiles in the induction and compression strokes.   

8.45. Viscoelastic Pressures and Films. In the non-Newtonian model, the viscoelastic 

characteristics of the oil alter the pattern of the buildup of pressures as compared to the case in the 

Newtonian model. The pressure fields at the piston positions in the mid-induction and end 

compression strokes are shown in the sub-figures 8.22(f) and (g). At 500 rpm the low pressures in 

the induction stroke buildup partly over the top and the bottom half surfaces in the induction stroke. 

It implies that a viscoelastic lubricant facilitates a relatively even distribution of pressures over the 

surface, which in turn assist in reducing the eccentricities towards the non-thrust side in the 

hydrodynamic regime. The pressure fields in the compression stroke show some minor variations in 

the gradients and intensities as compared to the Newtonian model. Despite very high pressures at 

the end of the compression stroke, the bias of positive pressures remain over the top half surface of 

the skirts. It implies that a non-Newtonian lubricant prevents the shifting of the bias of pressures at 

500 rpm. Resultantly, the top surface of the skirts sustains the very high hydrodynamic loads in the 

second half of the compression and the first half of the expansion strokes. In the basic 

hydrodynamic model the pressures affect the film thicknesses, which improve considerably. 

However, the shape of the profiles is generally similar to those of the Newtonian model. A 

comparison of the film thickness profiles in the sub-figure 8.22(c) with those in the sub-figure 
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8.21(c) shows that the peak value of the maximum film improves by around three times. Similarly, 

the peak thickness of the minimum film gets better by around 1.5 times when a non-Newtonian 

lubricant is used. However, the average percentage reduction in the thickness exceeds that in the 

Newtonian model. It implies that viscoelasticity does influence the lubricant behavior even at a very 

low engine start up speed and generates beneficial effects by enhancing the pressures and 

improving the film thickness. The enhanced hydrodynamic pressures improve the load-carrying 

capacity of the lubricant film. In the EHL regime the viscoelastic behavior of the lubricant 

facilitates towards improving the film profiles. On the application of the extensive hydrodynamic 

loads, the viscoelastic characteristics of the lubricant prevent a sudden reduction in the film 

thickness contrary to the case of a Newtonian lubricant. The sub-figure 8.22(g) shows the pressures 

rising over the surface at 500 rpm. The amplitudes and the location of maximum pressures differ in 

the Newtonian and non-Newtonian cases. The Newtonian lubricant model shows the maximum 

pressure rise at around 14% near the mid-surface of the skirts. The comparatively moderate 

pressures generated in the non-Newtonian model have a maximum rise of around 27% at close to 

the left edge of the surface. It implies that the amplitudes of the pressures rise due to the 

viscoelastic characteristics of the non-Newtonian lubricant. Resultantly, the deformation of the 

surfaces increases as compared to the elastic displacements in the Newtonian model.  

LUBRICATION MODELS AT DIFFERENT LOW START UP SPEEDS 

8.46. The parametric studies are conducted on the hydrodynamic and EHL models, developed 

separately at each of the stated five low engine start up speeds. The rationale behind the selection of 

each low start up speed is that the engine passes through all these sub-phases of the initial start up. 

It happens for many seconds prior to the engine warm up phase at relatively high crankshaft speeds 

after the start up. The skirts and the liner surfaces remain vulnerable to adhesive wear at all these 

stated speeds in the initial seconds of an engine start up.  

8.47. Newtonian Secondary Motion at Low Speeds. The eccentricities change with the 

speed in the hydrodynamic and EHL regimes when it is increased from 500 to 1000 rpm. The 

figures 8.23 and 8.24 show the eccentricity curves at four out of the five stated start up speeds in the 

hydrodynamic and EHL regimes. The eccentricity profile curves at 900 rpm are almost similar to 

the curves at 800 rpm. The amplitudes of the eccentricity curves vary at the critical piston positions 

at all the stated speeds in the 4-stroke cycle. At 700 rpm, the top surface has a maximum 
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displacement towards the non-thrust side in the compression stroke. In the expansion stroke it is 

displaced the maximum at 500 rpm and comes closer enough to the lower line to barely avoid a 

physical contact with the liner. Increasing the engine start up speed improves the concentricities of 

the top surface at 800 and 900 rpm speeds. A further increase in the speed to 1000 rpm enhances the 

eccentricities due to the additional amounts of energy transfer. The varying amounts of energy 

transferred between the surfaces at the different speeds affect the piston eccentricities directly. In 

the expansion and exhaust strokes, the relatively low amplitudes of the secondary velocities at 900 

and 1000 rpm speeds reduce the eccentricities of the skirts considerably. A reduction in the 

eccentricities minimizes the possibility of a physical contact and wear of the surfaces. In the EHL 

regime, the extent of the elastic deformation of the interacting surfaces due to the high pressures 

and the thickness of the fairly thin films vary with the speed. Like the case in the hydrodynamic 

regime the significant eccentric displacements occur in the compression and expansion strokes but 

their amplitudes vary with the speed in the EHL regime. The magnitudes of the eccentricities at 

each speed also differ from those at the same speed in the hydrodynamic regime. In the EHL regime 

the Et curve displaces the maximum towards the non-thrust side at 500 rpm speed. Despite this, the 

piston and the liner surfaces manage to avoid a physical contact in the compression stroke. At 600 

rpm, a physical contact in the second half of the expansion stroke invites adhesive wear. Such a 

contact nearly gets established at 700 rpm but is conveniently avoided at 800 and 900 rpm speeds. 

However, there is a physical contact and wear at 1000 rpm speed, which is attributed to the 

improved volumetric efficiency, a relatively rich air-fuel mixture and the increasing amounts of 

energy transfer. It implies that a Newtonian high-viscosity grade lubricant cannot provide 

protection against adhesive wear at most of the stated speeds in the EHL regime. At 500 and 700 

rpm speeds, a physical contact could be possible if the roughness effects were considered. The 

establishment of a physical contact or otherwise, between the interacting surfaces at low start up 

speeds depends upon the type and the amount of external loading at all the stated speeds. Such 

energy transfers affect the film thicknesses and the generation of pressures in the EHL regime. By 

increasing the speeds the loads accumulate and resultantly a physical contact is established partially 

or completely, depending upon the amount of energy transferred.  

8.48. Newtonian Pressures and Films at Low Speeds.      The sub-figures 8.25(a) and (b) show 

the pressure fields at two of the stated speeds at the end of the compression stroke. In all the cases 

except at 500 rpm speed, the bias of the positive pressures is towards the top half surface of the 
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skirts. It implies that the top surface sustains the very high loads just before and after combustion. 

The top surface of the skirts comes very close to the liner in the beginning of the expansion stroke. 

Despite being so close to the liner, it sustains very high hydrodynamic loads in the first half of the 

expansion stroke. The sub-figures 8.25(c-f) show the extent of the rising pressures at some of the 

stated speeds in the EHL regime. The low-intensity pressure spikes are generated near the bottom 

surface of the skirts. The relatively low peak pressures at 500 rpm increase with the speed. The 

maximum rise in the pressures is around 14% at 500 rpm speed as compared to 24% and 32% at 

800 and 1000 rpm speeds, respectively. The relatively low EHL pressures produce proportionately 

small elastic displacements of the interacting surfaces, which generate the thin EHL films. It 

implies that a Newtonian lubricant influences the magnitudes of pressures in the EHL regime 

differently at the different start up speeds. The film thickness profiles in the hydrodynamic and 

EHL regimes are generated at all the five stated speeds. Out of these, the two cases at 600 and 1000 

rpm speeds are shown in the sub-figures 8.26(a) and (b). The film thickness profiles at the other 

speeds are similar generally except a few instantaneous fluctuations in their amplitudes. At 600 

rpm, the effects of loading, leakages and squeeze out are more pronounced as compared to the other 

start up speeds. It means a thin minimum film with a reduced load-carrying capacity. Increasing the 

speed improves the film thicknesses but enhances the number of instantaneous spikes, attributed to 

the transient momentary instabilities. In the sub-figure 8.26(a) the very thin EHL films are shown 

and there is a very small difference in the thickness of the two film profiles. It implies that at 600 

rpm the relatively low EHL pressures do not deform the interacting surfaces significantly. The sub-

figure 8.26(b) shows the relatively improved profiles due to the moderately high EHL pressures. 

8.49.  Viscoelasticity and Secondary Motion at Low Speeds.    Figure 8.28 shows the piston 

eccentricities in the hydrodynamic regime at four out of the five stated speeds. The eccentricities of 

the top surface decrease towards the non-thrust side when the speed is increased from 500 to 900 

rpm. Such improvements are not observed in the Newtonian models at the same speeds. It implies 

that with an increase in the speed the viscoelastic characteristics reduce the possibility of a physical 

contact between the surfaces towards the non-thrust side. Similarly, there is a significant reduction 

in the amplitude of the eccentricities towards the thrust side at 900 rpm. Such lubricant behavior is 

not exhibited at the same speed in the Newtonian model. In the EHL regime the accumulated loads, 

very high pressures, the elastic surface displacements and the glass-like transition effect introduce 

complexities in the context of the non-Newtonian behavior of the lubricant. Figure 8.29 shows the 
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eccentricity profiles in the EHL regime at the four speeds. The profiles generated at 600 rpm are 

similar to those shown at 700 rpm speed. Despite the generally similar shapes of the eccentricity 

profile curves the amplitudes differ at each speed when compared with the Newtonian model. 

Unlike the Newtonian lubricant models, the eccentricities get reduced by increasing the engine 

speed in the second half of the induction stroke. In the EHL regime the film thickness decreases 

sharply. Resultantly, the skirts come closer to the liner in the compression and expansion strokes. In 

the Newtonian models the surfaces come closer and contact each other in the expansion stroke at 

600, 900 and 1000 rpm speeds. The viscoelastic behavior of the non-Newtonian lubricant prevents 

such a contact at these speeds. A physical contact and wear are avoided because the viscoelastic 

lubricant prevents extra energy transfers between the interacting surfaces. The beneficial effects of 

viscoelasticity are more pronounced at 800 rpm when the eccentricities get reduced considerably in 

the expansion and exhaust strokes.  

8.50. Viscoelastic Effects on Films and Pressures at Low Speeds.     In the basic lubrication 

models we observe that viscoelasticity improves the overall thickness of the hydrodynamic films. 

However after the application of loads and leakages the percentage reduction in the average film 

thickness exceeds that of the Newtonian model. To undertake a comprehensive assessment of these 

observations the viscoelastic model is extended to the five stated speeds. The sub-figures 8.26(c) 

and (d) show the hydrodynamic film thickness profiles at 600 and 1000 rpm speeds, respectively. 

By increasing the start up speed the peak values also increase slightly. In the Newtonian models the 

hydrodynamic films are fairly thin as compared to those established in the non-Newtonian models. 

It implies that the load-carrying capacities of the films are fairly low when a Newtonian lubricant is 

used at all the stated speeds. On the other hand a viscoelastic lubricant improves the film 

thicknesses considerably in the hydrodynamic regime. A comparison of the profiles gives two 

important observations. Firstly, the respective film thicknesses improve significantly with the speed. 

It is not exactly the case when a Newtonian lubricant is used at the low speeds. Secondly, at 1000 

rpm, the peak values of the maximum and the minimum films improve by around 3.5 times and two 

times, respectively as compared to when a Newtonian oil is used. It highlights the beneficial effects 

of viscoelasticity on the hydrodynamic lubrication at the stated start up conditions. Figure 8.27 

shows the film thickness profiles in the EHL regime. The non-Newtonian lubricant behavior 

contributes towards improving the film thickness in the EHL regime. When compared with the film 

thicknesses in the Newtonian EHL models the EHL Film improves considerably. One of the 
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peculiar aspects of viscoelasticity is the sharply rising EHL pressures, which cause a noticeable 

surface deformation. Another aspect is the improved film thickness at the low speeds. The third 

aspect is the corresponding increase in the film thickness as the speed increases from 500 rpm to 

1000 rpm. A Newtonian lubricant fails to exhibit such characteristics in the EHL regime. At 500 

rpm the average film thickness is less than 0.5 microns, which gets improved to around 0.8 microns 

at 1000 rpm. An instantaneous spike of low amplitude is generated at the end of the expansion 

stroke at 500 rpm. The generation of such a spike is due to the instantaneous release of the load and 

the reduction in the pressures as the exhaust valves start opening prior to the completion of the 

expansion stroke. Similar spikes of low amplitudes are generated at 900 and 1000 rpm speeds. 

These spikes do not affect the film thicknesses substantially. The viscoelastic lubricant 

characteristics enhance the hydrodynamic pressures as is noticed in the basic lubrication model at 

500 rpm speed. The sub-figures 8.30(a) and (b) shows the pressure fields at the mid-induction 

stroke at 700 and 900 rpm speeds. At 700 rpm the positive pressures buildup gradually over the top 

half surface. The peak pressures act over the mid-top surface with gentle slopes. At 600 and 800 

rpm speeds the trend of the buildup of  pressures is similar to that at 700 rpm. It implies that the 

piston skirts top surfaces carry the initial hydrodynamic loads at very low speeds due to the 

viscoelastic lubricant behavior. Such a trend is not witnessed in the Newtonian lubricant models. 

The large magnitudes of the gas force at the end of the compression stroke and the first half of the 

expansion stroke affect the hydrodynamic pressures. The sub-figures 8.30(c) and (d) show the 

buildup of high pressures at the end of the compression stroke at the two speeds. The non-

Newtonian lubricant behavior assists in shifting the very high positive pressures from the top 

surface of the skirts to the bottom surface. It happens at 600, 700 and 800 rpm speeds when the 

piston is completing the compression stroke. It does not happen at any speed in the Newtonian 

model where the top surface, being closer to the liner, carries the full hydrodynamic loads at the 

beginning of the expansion stroke. It increases the chances of wear if the lubricant starvation 

conditions exist. The sub-figures 8.30(e) and (f) show the pressure fields at the mid-expansion 

stroke at 900 and 1000 rpm speeds. The bias of positive pressures shift over the bottom surface at 

1000 rpm before the piston reaches at the mid-point of the expansion stroke. It happens only at 500 

rpm speed in the Newtonian lubricant model. In the EHL regime the rise of the pressures is 

substantial in the basic model, which is attributed to the viscoelastic effects. The rising amplitudes 

of the pressures in the EHL regime are studied at all the stated speeds. Figure 8.31 shows the 
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pressures rising over the surface of the skirts in the EHL regime at the given speeds. In the 

Newtonian and non-Newtonian models the pressures act near the mid-surface and near the bottom 

surface, respectively. In both the cases the rising amplitudes of EHL pressures vary with the start up 

speeds. The viscoelastic lubricant behavior increases the peak values of pressures. The relatively 

low EHL pressures at 500 rpm rise to moderately high pressures at 1000 rpm. However, the 

maximum amplitudes in the Newtonian EHL model remain fairly low, as compared to the relatively 

high non-Newtonian EHL pressures. When compared with the relatively thin films in the 

Newtonian models, the rising pressures generate fairly thick EHL films when the viscoelastic 

lubricant characteristics are incorporated in the non-Newtonian model.  

8.51. Conclusions. The analysis of the simulation results leads to the following conclusions: 

 8.51.1. At 500 rpm viscoelasticity does not reduce the piston eccentricities. However,  it  

   increases the film thickness and the load-carrying capacity of the film.  

 8.51.2. Minimum chances of wear in the Newtonian hydrodynamic lubrication at 900 rpm

 8.51.3. In  the  Newtonian  EHL model, 800 rpm speed is suitable to avoid wear. 

  8.51.4. When a Newtonian lubricant is used, 600 and 1000 rpm speeds should be avoided.

 8.51.5. Minimum chances of wear in non-Newtonian hydrodynamic lubrication at 700 rpm

 8.51.6. In the non-Newtonian EHL 800 rpm may be a reasonable  initial start up speed.   

 8.51.7. 800 rpm is an optimum initial engine start up speed in the EHL regime.  

 8.51.8. Viscoelasticity is beneficial as it reduces the eccentricities and improves the films.  

 (a)  Hydrodynamic   (b) EHL         (c) Hydrodynamic & EHL      (d) 90 degree 

     
 (e) 180 degree  (f) 270 degree   (g) 360 degree     (h) 

Fig 8.21. Newtonian at 500 rpm; (a) (b) Eccentricities. (c) Film Profiles. (d)(e)(f)(g) Hydrodynamic

  Pressures (h) EHD Pressure Rise 
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(a)  Hydrodynamic  (b) EHL      (c)  Hydrodynamic         (d) EHL 

 
(e)        (f)     (g) 

Fig 8.22. Non-Newtonian Model at 500 rpm; (a) (b) Eccentricities. (c) (d) Film Profiles. 

Hydrodynamic Pressure at angle in degree (e) 90 (f) 360 (g) EHD Pressure Rise 

 
(a)             (b)             (c)         (d) 

Fig.8.23. Newtonian Hydrodynamic Eccentricities at rpm (a) 600 (b) 700 (c) 800 (d) 1000 

(a)      (b)     (c)              (d) 

Fig 8.24. Newtonian Eccentricities in EHL regime at rpm (a) 600 (b) 700 (c) 800 (d) 1000 

 
 (a)     (b)                    (c)     (d)            (e)           (f) 

Fig. 8.25. Newtonian  Hydrodynamic Pressures at 360 degree at rpm (a) 900 (b) 1000. EHD 

Pressure Rise at rpm (c) 600 (d) 700  (e) 800 (f) 1000  
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   (a)        (b)       (c)          (d)   

Fig 8.26. Newtonian Hydrodynamic and EHL Films at rpm (a) 600 (b) 1000. Non-Newtonian 

Hydrodynamic Films at rpm (c) 600 (d) 1000  

 
  (a)      (b)         (c)          (d) 

Fig 8.27. Non-Newtonian EHL Film Profiles at rpm (a) 700 (b) 800 (c) 900 (d) 1000 

 
(a)                    (b)          (c)          (d) 

Fig 8.28.  Non-Newtonian Hydrodynamic Eccentricities at rpm (a) 600 (b) 700 (c) 900 (d) 1000 

(a)    (b)          (c)         (d) 

Fig.8.29.  Non-Newtonian Eccentricities in EHL regime at rpm (a) 700 (b) 800 (c) 900 (d) 1000 

 
 (a)   (b)        (c)        (d)    (e)            (f) 

Fig 8.30. Non-Newtonian Pressures 90 degree at rpm(a)700(b)900.360 degree at rpm(c)700 (d)900  

               450 degree angle at rpm (e) 900  (f) 1000  
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         (a)   (b)         (c)        (d) 

Fig. 8.31.  Non-Newtonian  pressure rise in EHL regime at rpm (a) 600 (b) 700 (c) 800 (d) 1000 

 VISCOELASTIC EFFECTS ON PISTON SKIRTS EHL AT LOW WARM UP SPEEDS 

8.52. A few 4-stroke engine cycles in the initial start up of an engine encompass the warm up 

phase at the slightly high speeds. The secondary oscillations of the piston are generated during these 

cycles. The oscillatory displacements affect the flow of oil and the lubrication of the interacting 

surfaces, considerably. This study develops the viscoelastic non-Newtonian lubricants based piston 

skirts hydrodynamic and EHL models at the low warm up speeds in the initial engine start up. The 

lubrication models are developed at the three engine start up speeds i.e., 1100, 1200 and 1300 rpm, 

respectively. Normally, an engine warms up for a minute or so after its initial start up at these stated 

speeds. It is imperative to study the lubricant behaviour at these speeds and analyze its effects on 

the lubrication of the piston skirts during the initial engine start up at the stated conditions.  

8.53. Eccentricities and Velocities.   Figure 8.32 shows the profiles of the secondary 

displacements of the skirts in the hydrodynamic and EHL regimes. The profiles at the three stated 

speeds show that the piston displaces towards the non-thrust side during the induction and the 

compression stokes. However, the top and the bottom sides of the skirts get displaced towards the 

thrust side of the liner in the expansion and the exhaust strokes. The viscoelastic behaviour of the 

lubricant is observed in terms of the amplitudes of the Et and the Eb curves at each speed in the 

hydrodynamic and EHL regimes. A comparison of the profiles shows that the maximum amplitude 

of the top surface decreases towards the non-thrust side in the compression stroke in the EHL 

regime as compared to that in the hydrodynamic regime. However, a slight increment in the 

displacement brings the surface closer to the thrust side of the liner during the second half of the 

expansion stroke in the EHL regime. It increases the chances of a physical contact between the 

surfaces, especially under the partially starved conditions. There is a maximum reduction of the  

eccentricities at 1300 rpm speed, implying remote chances of a physical contact between the 

interacting surfaces. In the EHL regime the viscoelastic lubricant behaves differently under the 
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tremendous load of combustion and high hydrodynamic pressures,. The viscoelastic characteristics 

affect the eccentricities and resultantly, the profile curves differ from those at the same speed in the 

hydrodynamic regime. In the EHL regime the piston experiences the maximum eccentric 

displacements towards the non-thrust side at 1200 rpm and towards the thrust side, at 1300 rpm.  

8.54. Hydrodynamic Film.      The film thickness profiles at 1100, 1200 and 1300 rpm speeds are 

shown in the sub-figure 8.33(a), (b) and (c), respectively. At all the three stated speeds the film 

thickness profiles are similar but their amplitudes differ significantly. It is especially true at 1200 

rpm speed. At all the three speeds the very thin films in the induction stroke increase with each 

eccentric piston displacement until very thick ones are obtained at the end of the compression 

stroke. The film gets considerably thin when combustion occurs at 372 degree crank angle in the 

expansion stroke. At 1100 and 1300 rpm speeds the maximum film gets thinner by more than fifty 

percent of its original value. It does not happen at 1200 rpm speed. It happens because of the 

reduction in the eccentricities at this speed as compared to the other two cases.                

8.55. Hydrodynamic Pressures. Hydrodynamic pressures are generated over the surface of the 

skirts but their amplitudes and intensities vary at each degree of the crank rotation cycle. To 

understand their build up, a few out of the profiles are plotted as shown in figures 8.34 and 8.35, 

respectively. At 1100 rpm the pressures are shown at the mid and the end induction and the 

compression strokes, apart from the piston position at the mid-expansion stroke. The very low 

pressures building up gently at the mid-induction stroke rise slightly at the end-stroke. In the 

compression stroke the pressures rise substantially high with the magnitude of the gas pressure 

force. The fairly intense pressures build-up sharply as indicated by the steep gradients. The peak 

pressures shift from the centre of the top surface to the right side. The top surface of the skirts is 

very close to the thrust side of the liner in the beginning of the expansion stroke but the bias of 

pressures remains towards that side. When the piston reaches at the mid-expansion stroke the bias 

shifts over  the bottom surface of the skirts. At 1200 and 1300 rpm speeds the pressures build-up ss 

shown at the end of the induction and the compression strokes as well as in the mid-expansion 

stroke. In both the cases the bias of the positive pressures shifts over the bottom of the skirts near 

the mid-expansion stroke. However, the peak pressures are different in the induction and the 

compression strokes. At 1200 rpm the positive pressures have slightly steep slopes and the bias of 

shifts to the right and then to the left of the centre-point of the top surface of the skirts. Such 
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variations in the magnitude and the direction at 1200 rpm have more influence on the eccentricities 

and the thickness of the film than at 1300 rpm speed.         

8.56. EHL Films. The hydrodynamic pressures rise exceptionally high and resultantly, the 

interacting surfaces of the piston skirts and the liner deform elastically. The sub-figures 8.33(d), (e) 

and (f) show the film profiles at the three stated low warm up speeds. In all the three cases the 

thickness of the hydrodynamic film decreases to become very thin. However, the shapes of the film 

profiles differ from each other despite each having the average amplitude of less than one micron. It 

shows a substantial reduction in the thickness of the film.  

8.57. EHL Pressures.     The pressures rise very high to cause the elastic deformation of the 

skirts and the liner. The maximum increase in the pressures over the surface is shown in figure 8.36. 

The amplitudes of the rising pressures vary slightly at the three stated speeds. The location of the 

surface under the maximum rise of the pressure also varies at each speed. However, there is a 

noticeable increase in the EHL pressure rise at 1300 rpm speed. It implies that a viscoelastic 

lubricant contributes towards maintaining a uniform pressure.   

8.58. Conclusions. The findings of the study lead to the following conclusions: 

 8.58.1. At 1300 rpm there are minimum chances of wear in the hydrodynamic regime. 

 8.58.2. In the EHL regime, 1200 rpm seems suitable to avoid a physical contact and wear.  

 8.58.3. For a non-Newtonian lubricant based piston skirts EHL, 1200 rpm is recommended 

  to be an appropriate engine warm up speed in the hydrodynamic and EHL  regimes. 

  

 
 (a)       (b)        (c)   (d)    (e)     (f)  

 Fig 8.32. Hydrodynamic Eccentricities at rpm (a) 1100 (b) 1200 (c) 1300. EHL Eccentricities at   

    rpm (d) 1100 (e) 1200 (f) 1300  
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 (a)       (b)        (c)       (d)           (e)  (f) 

Fig 8.33. Hydrodynamic Film Profiles at rpm (a) 1100 (b) 1200 (c) 1300. EHL Film Profiles at   

    rpm (d) 1100 (e) 1200 (f) 1300  

   

  (a)            (b)           (c)                 (d)               (e)           

Fig 8.34. Hydrodynamic Pressures at 1100 rpm in degrees (a) 90 (b) 180 (c) 270 (d) 360 (e) 450  

  

  (a)    (b)        (c)             (d)   (e)          (f) 

Fig 8.35. Hydrodynamic Pressures: At 180 degree at rpm (a)1200 (b)1300. At 360 degree at rpm (c) 

        1200 (d)1300. At 450 degree at rpm (e)1200 (f)1300. 

 

   (a)            (b)           (c)  

Fig 8.36. EHL Pressure Rise at (a) 1100 rpm (b) 1200 rpm (c) 1300rpm. 
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CHAPTER - 9 

 TRANSIENT PISTON SKIRTS LUBRICATION 

 
9.1. The discussion based on the steady-state isothermal conditions in the context of the piston 

skirts hydrodynamic and EHL models has brought some useful conclusions. In reality an initial 

engine start up phase is a transient phase of an IC engine operation. It takes a few seconds and even 

minutes before an engine achieves the steady-state conditions. The numerical models of the 

hydrodynamic and EHL of the piston skirts are developed in view of the mandate of this research 

work and the un-steady-state conditions. The review of the past research has shown that the un-

steady conditions produce results which at times, differ clearly and invite a review of the 

conclusions drawn on the basis of the steady-state conditions. Hence, the simulation results of the 

Newtonian lubrication models and some of the parametric studies are discussed under the un-steady 

/ transient isothermal conditions. During the course of the study an extensive work was done but the 

discussion will cover the very significant results of some of the cases. The simulation results of 

three pertinent and significant studies will be discussed and these are: 

 a.    Un-steady piston skirts EHL at Small and Large Clearances in initial engine  

        start up [220]. 

 b.    Steady and un-steady high-viscosity piston skirts EHL in initial engine start-up [222]. 

 c.   Lubricant optimization due to Un-steady skirts EHL in initial engine start up [221].  

  

UNSTEADY PISTON SKIRTS EHL AT SMALL AND LARGE RADIAL CLEARANCES  
 

9.2. The initial engine start up process is essentially transient in nature. Despite assuming oil 

flooding the engine start up wear cannot be avoided due to the initial transients and in the absence 

of a fully established EHL film between the skirts and the liner. A low speed initial engine start up 

allows a physical contact between the skirts and the liner that causes wear of the interacting 

surfaces. Initially the size of a large radial clearance is a small fraction of a millimeter at the time of 

the cold engine start up. However, it gets reduced to a few microns as an engine attains the normal 

operating conditions after a few minutes of start up. The secondary transients of the piston squeeze 

the lubricant film as the skirts come closer to the liner in a few initial engine start up cycles. The 

squeeze action represents the unsteady time-dependent lubrication of the piston skirts as the 
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lubricant flows between the interacting surfaces in relative motion. In the initial engine start up the 

hydrodynamic action becomes a function of the steady wedging and an unsteady squeeze action 

between the surfaces. In the hydrodynamic lubrication of the skirts an engine oil should assist in an 

easy cold engine start up. The viscosity of the lubricant ought to cushion the secondary 

eccentricities and prevent the engine start up wear. The effects of some extra space created by the 

large piston-to-bore radial clearance should be analyzed by modeling the unsteady piston skirts 

lubrication numerically at a low engine start up speed. The simulation results should be compared 

with those of a small radial clearance representing the normal engine operation. In the numerical 

models a fairly-viscous lubricant (0.08571 Pa.s) and the isothermal conditions are assumed with 10 

and 100 microns as the small and the large radial clearances, respectively. The simulation results of 

the hydrodynamic and EHL models at a large and a small clearance are compared to analyze their 

effects on the secondary eccentricities, displacement rates, the film thickness and pressures.  

 

9.3. Piston Eccentricities and Velocities.   Figure 9.1 shows the eccentricities of the piston 

skirts in the hydrodynamic and EHL regimes, respectively. For a constant crank speed the piston 

translates between the TDC and the BDC at the cyclic speed. At 10 microns clearance, the piston 

starts sliding concentrically. At the end of the induction stroke at BDC, the sliding direction of the 

piston changes and it compresses the inducted air-fuel charge in the compression stroke. The 

directional shift increases the film thickness of the lubricant and displaces the skirts eccentrically 

further towards the top line. In the compression stroke, the intake and the exhaust valves are closed. 

The piston compresses the air-fuel mixture, which increases the amplitude of the gas pressure force, 

significantly. The hydrodynamic pressures intensify with steeper gradients and resultantly the film 

gets thicker. The eccentrically placed piston skirts shift towards the middle line. An instantaneous 

concentricity is achieved before the piston goes past the middle line. A fully compressed air-fuel 

mixture and a very high magnitude of the gas force at the end of the compression stroke do not let 

the piston to displace eccentrically. Combustion produces a substantial thrust to displace the piston 

and the top surface goes very close to the bottom line. The impetus of the combustion thrust 

subsides after the piston goes past the mid-expansion stroke. The exhaust valves open before the 

end of the expansion stroke. The hydrodynamic pressures drop and the effect of the gas force 

subsides significantly. The absence of any external force does not let the skirts to displace further 

till the end of the exhaust stroke. At the radial clearance of 10 microns there is no physical contact 
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between the skirts and the liner surfaces in the hydrodynamic lubrication regime. However the 

extensive loading enhances the hydrodynamic pressures. Under the combined squeeze and wedging 

action the pressures deform the interacting surfaces elastically in the EHL regime. The loading fails 

to prevent a solid-to-solid contact between the surfaces. At 100 microns clearance the physical 

contact at the thrust side cannot be avoided in the hydrodynamic and EHL regimes. Figure 9.2 

shows the profiles of the secondary velocities in the positive and the negative quadrants, 

respectively. A comparison of the respective profiles at 10 and 100 microns clearance shows that 

the amplitudes of the velocity curves affect the secondary eccentricities. In the hydrodynamic 

regime the amplitudes are visibly smaller in the negative quadrant at 10 microns than those at 100 

microns. Resultantly, the physical contact between the skirts and the liner is avoided conveniently.  

 

9.4. Hydrodynamic Pressures. The hydrodynamic pressures at some of the significant piston 

positions at 10 and 10 microns are shown in figures 9.3 and 9.4, respectively. In both the cases the 

positive pressures are biased towards the top surface during the entire duration of the 720 degree 

crank rotation cycle. This trend is in contrast with the case of the steady-state hydrodynamic 

lubrication when the bias of pressures shifts towards the bottom surface in the expansion stroke. At 

10 microns clearance the low pressures buildup gradually with gentle slopes at the mid-induction 

stroke. At the end of the compression stroke the high peak pressures shift to the right and the 

intense pressures rise swiftly with steep gradients. Under the influence of the time-dependent 

squeeze effect the parabolic shape of the pressure fields is transformed into the sharply rising 

pressures with pointed peaks in the expansion and the exhaust strokes. A comparison of the 

hydrodynamic pressures at the stated clearances shows that the squeeze effects are more 

pronounced at 10 microns than at 100 microns. In both the cases the slopes of the rising pressures 

are gentle during the induction stroke. However the pressure intensities and the gradients start 

changing during the compression stroke. At the end of the compression stroke the gradients vary 

such that the slopes are steeper at 10 microns clearance. The squeeze effects are visibly pronounced 

after combustion and the magnitudes of the rising pressures are higher at 10 microns than at 100 

microns clearance. The steeper slopes represent the high-intensity pressures that buildup during the 

expansion and the exhaust strokes at 10 microns clearance. It shows that by reducing the piston-to-

bore radial clearance the hydrodynamic pressures intensify and buildup sharply.  
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9.5. Hydrodynamic and EHL Films. Figure 9.5 shows the maximum and the minimum 

hydrodynamic and EHL film profiles at the stated clearances. The hydrodynamic film thickness 

profiles are generally similar in both the cases but the magnitudes vary significantly. The general 

similarity is the dominating effect of squeeze action as a function of time as compared to the steady 

state side leakage effect due to the wedging action. Despite a large radial clearance at 100 microns 

the minimum film thickness does not rise significantly under the effect of dynamic squeeze loads. 

The hydrodynamic films get thicker with an eccentric piston displacement in the induction and the 

compression strokes in both the cases. In the compression stroke combustion reduces the film 

thicknesses drastically. In the EHL regime the combined wedging and squeeze effects increase the 

hydrodynamic loading, which deform the surfaces after attaining the maximum values. At 10 

microns the thickness of the EHL film does not increase substantially unlike the case at 100 

microns. It implies that despite the combined hydrodynamic and squeeze effects a large radial 

clearance does not permit a substantial reduction in the thickness. If the pressures in the EHL 

regime are not sufficiently high then the glass-like transition will not occur and the lubricant will 

remain in the rigid hydrodynamic regime. The lubricant film in the rigid regime may rupture with 

the application of a sudden load, causing wear.   

 

9.6. EHD Pressures.     Figure 8.6 shows the maximum pressures rise, which produces the 

elastic surface displacements in the EHL regime. At 10 microns the pressures rise higher than at 

100 microns clearance. It implies that the large radial clearance affects the amplitudes of the rising 

pressures. Moreover, the bias of the maximum pressures shifts from the center to the mid-point of 

the bottom side at 100 microns clearance. The low intensity pressures rising over the bottom shift 

their bias to somewhere close to the top surface of the skirts. It happens when the radial clearance is 

increased from a small value to a fairly large one.             

9.7. Conclusions. The analysis of the results bring the following conclusions:: 

 9.7.1. The time-dependent squeeze effects influence the hydrodynamic pressure generation. 

 9.7.2. A large radial clearance affects the EHL film and cannot prevent engine wear.  

 9.7.3. A small clearance may prevent wear in the hydrodynamic regime. 

 9.7.4. Hydrodynamic loads increase at a small clearance, hence starvation must be avoided. 

 9.7.5. The load-carrying capacity of lubricant is adversely affected at a large clearance. 
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 9.7.6. In  view of the findings the small radial clearance may be preferred over the large  

  radial clearance under the stated conditions  

 
  (a)    (b)      (c)         (d) 

Fig 9.1. Hydrodynamic Eccentricities microns(a)10(b)100. EHL Eccentricities microns(c)10(d)100  

 
  (a)   (b)    (c)   (d) 

Fig 9.2. Hydrodynamic Velocities at microns (a)10 (b)100. EHL Velocities at microns (c)10 (d)100  

   
     (a)              (b)                (c)                 (d)  

Fig 9.3. Hydrodynamic Pressure at 10 microns at angle in degree (a) 90 (b) 360 (c) 540 (d) 630  

 
        (a)          (b)     (c)   (d)  

Fig 9.4. Hydrodynamic Pressure at 100 microns at angle in degree (a) 90 (b) 360 (c) 540 (d) 630 

 
       (a)     (b)         (c)     (d) 

Fig 9.5.Films at 10microns(a)Hydrodynamic(b)EHL. Films at 100microns(c)Hydrodynamic(d)EHL  
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(a)       (b) 

Fig 9.6. Dimensionless EHL Pressure Rise at (a) 10 microns (b) 100 microns 

STEADY AND UNSTEADY HIGH VISCOSITY SKIRTS EHL IN INITIAL START UP 

 

9.8. A high-viscosity grade lubricant is considered to model the steady and unsteady piston skirts 

hydrodynamic and EHL numerically at a low engine start up speed of 600 rpm. The simulation 

results of the steady and un-steady hydrodynamic and EHL models are compared for analysis. In 

the steady-state lubrication models the secondary piston displacements are coupled with the steady-

state wedging and the resultant hydrodynamic pressure profiles are studied in the stated lubrication 

regimes. In the un-steady-state lubrication models the time-dependence of the film thickness is 

coupled with the secondary piston displacement rates.  

  

9.9. Eccentricities and Velocities.      The eccentricities and secondary velocities of the piston 

skirts in the hydrodynamic and the EHL regimes are shown in figure 9.7. The sub-figures 9.7 (a) 

and (b) are similar generally and show the three horizontal lines, as stated earlier. In the 

hydrodynamic regime, the piston is concentric with the liner as it travels up to the mid-position of 

the induction stroke. It gets displaced eccentrically towards the non-thrust side of the liner. At the 

end of the induction stroke it changes its direction of motion and commences its journey in the 

compression stroke. The piston gets displaced further towards the non-thrust side eccentrically. In 

The highly compressed charge at the end of the compression stroke is ready for combustion in the 

beginning of the expansion stroke. Combustion brings a tremendous amount of energy transfer. The 

energy transferred to the piston crown causes the piston to displace eccentrically all the way from 

close to the non-thrust side to the thrust side of the liner. The thrust generated due to combustion 

subsides as the piston moves past the mid-expansion stroke. The Et curve touches the thrust side in 

the expansion stroke. The contact remains till the end of the exhaust stroke at 720 degree crank 

angle. It implies the possibility of adhesive wear. In the EHL regime, the hydrodynamic pressures 

rise very high. The lubricant viscosity rises exponentially with the rising hydrodynamic pressures. 

The piezoviscous effects and surface deformations reduce the chances of adhesive wear, as shown 
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in the sub-figure 9.7(b). The piston eccentricity rate or secondary velocity profiles are generated  to 

study the transfer of energy between the skirts and the liner surfaces. The sub-figures 9.7 (c) and (d) 

show the secondary velocity profiles of the piston skirts. The higher amplitudes of the velocity 

profiles in the negative quadrant and in the hydrodynamic regime imply more energy transfer from 

the cylinder to the skirts surface. In practical terms, it enhances the probability of the physical 

contact and wear of the surfaces. The generation of  extraordinarily high hydrodynamic pressures in 

the EHL regime enhance the load-carrying capacity of the lubricant film. These pressures prevent 

the surfaces to interact with each other under the flooding conditions.     

 

9.10. Film Thickness.  The sub-figure 9.9(a) shows the film thickness profiles in the 

hydrodynamic and EHL regimes. The hydrodynamic films are quite thin in the first half of the 

induction stroke. However, the eccentricities in the second half of the induction and in the 

compression strokes allow the films to get thicker till they achieve the maximum thickness at the 

end of the compression stroke. The noticeable effect of combustion is the sharp reduction in the 

hydrodynamic film thickness. The steady-state conditions allow a maximum reduction in the 

thickness and the resultant film is around one-third of the maximum film thickness. However, after 

the reduction the minimum film carries the hydrodynamic loads. The film profiles in the 

hydrodynamic regime are of particular interest during the compression and exhaust strokes. The 

eccentricities of the skirts enhance the wedging action to cause a corresponding increase in the film 

thickness. The very low hydrodynamic pressures in the induction stroke increase rapidly to attain 

higher values in the compression and expansion strokes. In the EHL regime, the hydrodynamic 

pressures rise substantially high to cause a considerable reduction in the film thickness. The EHL 

film profiles are shown in the sub-figure 9.9(a).  There is a slight difference in the magnitude of the 

two film profiles, which shows the extent of the elastic surface displacements. The viscosity of the 

lubricant, which remains unaffected in the hydrodynamic regime becomes pressure-dependent and 

rises exponentially with the pressures in the EHL regime. The instantaneous spikes in the 

piezoviscous EHL regime are attributed to the sudden drop and rise of the pressures for very short 

intervals in the beginning of the compression and the second half of the expansion strokes.  

 

9.11. Hydrodynamic and EHL Pressures. In the steady-state conditions the pressures are 

generated primarily by the wedging action. In the induction stroke the pressures are of low intensity 

where as in the compression stroke they start rising and intensify as the piston compresses the air-
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fuel mixture. Combustion generates a very high intensity thrust, which intensifies the pressures to 

very high proportions. Figure 9.8 shows the pressures at some of the critical piston positions in the 

hydrodynamic regime. The simulation results show the low-intensity pressures develop in the 

induction stroke, fairly high pressures with steep slopes in the compression stroke and the 

excessively high pressures with steeper slopes in the first half of the expansion stroke. The positive 

pressures remain biased towards the top surface of the skirts till the piston starts decelerating in the 

second half of the expansion stroke. The bias of the positive pressures shift to the bottom surface in 

the second half of the expansion stroke. By that time a physical contact gets established between the 

top surface and the liner. In the EHL regime the rising pressures are plotted over the surface of the 

skirts and shown in the sub-figure 9.9(b). The maximum rise is near the mid-skirts surface and is 

16% more than the peak hydrodynamic pressures generated in the rigid hydrodynamic regime.  

 

DISCUSSION ON UN-STEADY PISTON LUBRICATION  

9.12. The squeeze action squeezes out the excess lubricant and the left over amount trapped 

between the interacting surfaces does not permit a physical contact. The thickness of the film 

changes with time which should be monitored at each time-step to evaluate the squeeze effects.  

               

9.13. Eccentricities and Velocities.   When the squeeze action is considered, the eccentricities in 

the hydrodynamic and EHL regimes are plotted in figure 9.10. The profiles in the hydrodynamic 

regime show that the squeeze action generates a beneficial effect in preventing a physical contact 

between the interacting surfaces. The action is more pronounced when the piston is at or near the 

respective dead centers. In the hydrodynamic regime merely the wedging action does not stop the 

piston to come closer to the non-thrust side in the compression stroke. The tremendous thrust 

produced by combustion facilitates a physical contact, if the squeeze action is absent during the 

expansion stroke. In the EHL regime the wedging action produces high pressures under the steady-

state conditions that do not allow the interacting surfaces to establish a physical contact with each 

other. However, under the un-steady state conditions the thin lubricant film gets squeezed out when 

the interacting skirts and the liner surfaces are experiencing the very high loading. Under these 

conditions the film is expected to get thinner. When the eccentricity profile curves for the steady 

and the un-steady cases are compared in the EHL regime the visible effect of the squeeze action in 

the expansion and the exhaust strokes causes the interacting surfaces to come closer enough to 

almost touch each other. In that case wear cannot be prevented effectively.                  
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9.14. Film Thickness. In the un-steady conditions the lubricant film should be thick enough 

to carry the hydrodynamic loads conveniently and effectively under the variable engine operating 

conditions. The sub-figures 9.12(a) and (b) show the un-steady film profiles in the hydrodynamic 

and the EHL regimes separately. In the hydrodynamic regime the maximum and the minimum film 

thickness profiles are generally similar to those in the steady-state conditions. However, there are 

differences in terms of the magnitudes and the instantaneous variations in the shape of the 

respective films. The profiles in the hydrodynamic regime show that the squeeze action affects the 

film thickness in the expansion stroke. During the expansion stroke the relatively steep gradients 

and the instantaneous spikes at the end of the stroke as compared to that in the steady-state case are 

due to the squeeze action. A reduction in the thickness is extended till the end of the expansion 

stroke due to the thrust of combustion and the squeeze effect. In the EHL regime the film gets 

thinner at the maximum pressure and after the elastic surface displacements. There is an 

instantaneous spike of low intensity during the expansion stroke. A comparison with the steady-

state case shows a considerable reduction in the amplitude and duration of the spike. 

     

9.15. Hydrodynamic and EHL Pressures.    The pattern, magnitude, shape and the bias of the 

pressures vary considerably when the squeeze effects are introduced in the hydrodynamic 

lubrication model. The results at the different piston positions are shown in figure 9.11. A 

comparison of the results does not show any visible differences during the induction and the 

compression strokes. The squeeze effects become visible after combustion occurs in the beginning 

of the expansion stroke. The pressures rise very sharply with very high intensities and steeper 

gradients after combustion. Moreover, the bias of the peak pressures shift closer to the right edge of 

the top surface of the skirts. The piston starts decelerating after crossing the mid-stroke location of 

the liner due to which the effects of wedging action start subsiding. Resultantly there is a gradual 

reduction in the amplitudes of the generated pressures as the piston slides towards the bottom dead-

center. In the case of the steady-state model the effects are visible in the form of the relatively 

gradual build up of pressures with gentle slopes. A very noticeable change is the shift in the bias of 

pressures towards the bottom surface of the skirts before the piston completes the expansion stroke. 

When the squeeze action is introduced the pressure intensities do not subside and instead, the 

gradients become steep. The bias of the pressures does not shift towards the bottom surface of the 

skirts. The net result is the sharp build up of the fairly intense pressures. In the expansion and 
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exhaust strokes the peak pressures intensify under the squeeze action. The hydrodynamic action 

under squeeze prevents a physical contact during the expansion and the exhaust strokes.           

         

9.16. Conclusions.      The simulation results are compared and analyzed. The conclusions are: 

 9.16.1. In the hydrodynamic regime squeeze prevents a physical contact and wear.  

 9.16.2. In  the  steady-state shift in the bias of  pressures caters for the starvation conditions.   

 9.16.3. The squeeze effects maintain the high-intensity hydrodynamic pressures. 

 9.16.4. In  the EHL regime the un-steady conditions fail to prevent a physical contact.

 9.16.5. The un-steady EHL pressures do not rise as high as the case of the steady model.  

 
     (a)            (b)                                    (c)       (d) 

Fig 9.7. Steady Eccentricities (a) Hydrodynamic (b) EHL. velocities in (c) Hydrodynamic (d) EHL  

 
 (a)       (b)         (c)                   (d)             (e)              (f)    

Fig 9.8. Steady Pressures at degree (a) 180 (b) 270 (c) 360 (d) 450 (e) 540 (f) 630  

 
(a)     (b) 

Fig 9.9. (a) Steady-State Hydrodynamic and EHL Films. (b) Steady-State EHL Pressure Rise   
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  (a)       (b)          (c)     (d) 

Fig 9.10. Un-Steady Eccentricities (a)Hydrodynamic (b)EHL. Velocities (c)Hydrodynamic (d) EHL 

 
 (a)      (b)           (c)          (d)         (e)        (f) 

Fig 9.11. Un-Steady Pressures at degree (a) 180 (b) 270 (c) 360 (d) 450 (e) 540 (f) 630  

 
         (a)        (b)    (c) 

Fig 9.12. Un-Steady Film Thickness (a) Hydrodynamic (b) EHL. (c) Un-steady EHL Pressure Rise  

LUBRICANT OPTIMIZATION DUE TO SQUEEZE EFFECTS IN PISTON SKIRTS EHL 

9.17. The characteristics of the three different viscosity-grade engine lubricants are incorporated 

in the numerical models developed at 600 rpm and 10 microns clearance. The aim is to study their 

influence on the piston eccentricities and the hydrodynamic and EHL pressures. A comparative 

analysis optimizes the proper viscosity-grade lubricant.  

Basic Un-Steady Lubrication Models.  

9.18. A low-viscosity grade (0.03187 Pa.s) engine oil, designated as Oil A, is used in the basic 

transient skirts hydrodynamic and EHL models. Then two more transient lubrication models are 
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developed separately for a fairly viscous and a high-viscosity grade lubricant. The former has an 

ambient viscosity of 0.08571 Pa.s and is designated as Oil B. The viscosity of the latter oil is 0.1891 

Pa.s and is designated as Oil C. A comparative analysis of the simulation results optimizes the use 

of the proper viscosity-grade lubricant in the transient engine start up conditions.  

9.19.  Eccentricities and Velocities.    The sub-figures 9.13(a) and (d) show the eccentricity 

profiles in the hydrodynamic and EHL regimes, respectively. Initially the piston moves 

concentrically in the induction stroke, then a sudden deceleration just after the mid-stroke displaces 

it towards the non-thrust side. The piston displaces eccentrically towards the liner for the second 

time at the end of the induction stroke. Combustion displaces the piston from the non-thrust to the 

thrust side. The rheological behavior of Oil A does not permit an instant contact during the 

expansion stroke. In the beginning of the exhaust stroke the accelerating piston displaces further 

eccentrically to establish a physical contact with the liner on the thrust side. In all the four piston 

strokes the cumulative effect of the hydrodynamic wedging and squeeze actions contribute towards 

the piston eccentricities. Some noticeable observations are made when the eccentricity profiles in 

the hydrodynamic and EHL regimes are compared with each other. The influence of the squeeze 

action is marginal in the induction stroke but its effect increases gradually in the compression, 

expansion and exhaust strokes. In the hydrodynamic regime the lubricant squeezes out to bring the 

skirts and the liner closer in the compression and expansion strokes. The lubricant does not sustain 

the dominating squeeze thrust and the interacting surfaces establish a physical contact with each 

other in the beginning of the exhaust stroke. In the EHL regime the squeeze action strengthens the 

amorphous solid-like behavior of the lubricant. The piston eccentricities decrease in the 

compression, expansion and the exhaust strokes. Resultantly, a physical contact between the skirts 

and the liner is avoided and wear is prevented, as shown in the sub-figure 9.13(d). The profiles of 

the secondary velocities in the hydrodynamic and EHL regimes are shown in the sub-figures 

9.14(a) and (d), respectively. A review reveals that a slightly more amount of energy is transferred 

from and to the surface of the skirts in the hydrodynamic regime as compared to the case in the 

EHL regime. It explains the reason behind the establishment of a physical contact between the 

opposing surfaces in the hydrodynamic regime. 

9.20. Hydrodynamic and EHL Films.    The sub-figures 9.15(a) and (d) show the film profiles 

in the hydrodynamic and EHL regimes as a function of the 4-stroke cycle. When Oil A is used the 
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profiles show that the thin hydrodynamic film gets thick with the secondary eccentricities. A very 

thin film in the first half of the induction stroke becomes very thick at the end of the compression 

stroke. The tremendous thrust of combustion reduces it to a nominally thin film but it rises again in 

the exhaust stroke due to the squeeze effect. In the EHL regime the hydrodynamic pressures rise 

very high and deform the surfaces elastically. In the EHL regime the thickness increases as the 

space created by the surface deformation is readily occupied by the lubricant under the flooding 

conditions. The mean thickness of the film decreases considerably in the EHL regime. However, 

when the transient squeeze effects are incorporated then the film becomes thicker  instantaneously 

on two occasions. The first is in the compression stroke and the other is in the second half of the 

expansion stroke. 

9.21. Hydrodynamic and EHD Pressures.   The hydrodynamic pressures develop over the 

surface of the skirts but the profiles and amplitudes change with the rotation of the crankshaft in the 

4-stroke cycle. In the compression and the expansion strokes the loads increase and the squeeze 

effects become pronounced correspondingly. Figure 9.16 shows the pressures at the six piston 

positions in the hydrodynamic regime. At the end of the compression stroke the uniformly 

distributed pressures build up sharply with steep slopes and are biased towards the top surface. The 

thrust provided by combustion has a significant squeeze component, which affects the 3-D profiles 

of the parabolic shaped hydrodynamic pressures. The bias of peak pressures shifts gradually 

towards the right side as they become skewed in the expansion stroke. The skewness increases 

significantly by the time the piston completes the expansion stroke. It is an indication of the 

increasing influence of the squeeze effect during the expansion stroke. In the EHL regime the 

percentage of pressures rising beyond the hydrodynamic maximum pressures regime are 

graphically plotted and shown in sub-figure 8.19(a).The maximum rise is around 7%. 

DIFFERENT LUBRICANTS BASED UN-STEADY MODELS.  

9.22. The un-steady hydrodynamic and EHL models are developed separately by using the two 

stated viscosity grade lubricants. The simulation results are compared with those of the basic 

lubrication models. 

9.23. Eccentricities and Velocities.     The hydrodynamic and EHL eccentricities and secondary 

velocity profiles in respect of Oils B and C are shown in figures 9.13 and 9.14, respectively. The 
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piston gets displaced eccentrically in a manner generally similar to the case of the basic model. 

Despite the general similarities in the profiles the viscosity of the lubricants affect the eccentricities. 

By increasing the ambient viscosity the transverse displacements of the piston decrease. When Oil 

B is used the profiles change a bit but a physical contact in the exhaust stroke cannot be avoided. 

However, the use of a high-viscosity grade oil reduces the eccentricities towards the non-thrust and 

the thrust sides of the liner. Resultantly a physical contact is almost avoided to prevent the engine 

start up wear. The amplitudes of the secondary velocities decrease which implies a corresponding 

reduction in the amount of energy transferred between the skirts and the liner. In the EHL regime 

the eccentricity profiles change slightly. A physical contact cannot be avoided due to the 

dominating effects of the squeeze action. The use of a high-viscosity grade oil prevents a physical 

contact  and wear of the surfaces. The secondary velocity profiles highlight the amount of energy 

transfer between the interacting surfaces to bring the skirts and the liner closer. 

   

9.24. Hydrodynamic and EHL Films. In the hydrodynamic regime the maximum and the 

minimum films develop as the crank rotates in the 4-stroke cycle. When the Oils B and C are used 

the profiles that develop are similar to those in case of the basic lubrication model, as shown in 

figure 9.15. However, the amplitudes of the peak values differ in each case. By improving the 

viscosity-grade of the lubricant the thickness improves slightly. The more noticeable changes are 

observed in the EHL regime. In the basic EHL model the instantaneous spikes generated during the 

compression and the expansion strokes are the reaction of the squeeze and wedging actions. By 

improving the viscosity-grade of the lubricant the amplitudes vary and the spikes shift their 

locations. The time-interval or the duration of the spikes in terms of the degrees of crank rotation 

decreases also. An important implication of the spikes generation in the EHL regime is the sudden 

drop in the pressures at the crucial piston positions. It may adversely affect the load-carrying 

capacity of the lubricant on the particular occasions and invite wear. A longer duration of the spike 

implies an increasing probability of a dramatic reduction in the load-carrying ability of the 

lubricant. Hence, by increasing the viscosity the amplitudes rise but the duration decreases visibly. 

  

9.25. Hydrodynamic and EHD Pressures. To compare and analyze the effects of viscosity 

on the hydrodynamic pressures the hydrodynamic pressure profiles are plotted and shown in figures 

9.17 and 9.18, respectively. A comparison of the results with the basic model shows that the 

amplitudes of the low-intensity pressures do not vary significantly in the induction stroke when the 
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squeeze effects are negligible. The changes in the intensities and gradients become obvious in the 

compression stroke in the initial engine start up. A comparison of pressures at the end of the stroke 

shows that the amplitudes vary, the pressures intensify, the bias shifts slightly and the slopes 

become steeper when the Oil A in the basic model is replaced by either Oil B or C. In the expansion 

stroke the sudden thrust of combustion when translated into the squeeze action introduces skewness 

in the pressure fields as is the case of the basic model. A comparison of the 3-D pressures at the 

mid-expansion stroke shows that the effects of squeeze on pressures get altered by changing the 

viscosity. By improving the viscosity grade of the lubricant the pressures intensify, rise further and 

their skewness increases. At the end of the expansion stroke no appreciable change in the pressure 

profiles is observed except a slight increment in the amplitudes when the Oil B is used in place of 

Oil A. A noticeable change in terms of the bias and intensities is observed when a high-viscosity 

grade Oil C is introduced. The trend continues in the exhaust stroke as the relatively low-intensity 

pressures become more biased towards the right side of the top surface when Oil A is replaced by 

either Oil B or C. In the EHL regime the rising pressures displace the surfaces elastically. In the 

hydrodynamic regime changing the viscosity grade increases the amplitudes and intensities of 

pressures. It implies that the threshold of the maximum pressures are anticipated to increase. Hence, 

the threshold of the maximum rise of pressures increases correspondingly. Figure 9.19 shows the 

EHD pressures rising for the two stated cases. Out of all the three cases the maximum rise of 

around 14 % is noticed when the Oil C is used as a lubricant.                      

9.26. Conclusions.   Based on the findings, the following conclusions are made: 

 9.27.1. A low-viscosity or a fairly viscous lubricant cannot prevent wear in the   

   hydrodynamic regime 

 9.27.2. Squeeze action improves the film thickness in the hydrodynamic regime. 

 9.27.3. A  high-viscosity lubricant cushions the energy transfer due to un-steady squeeze. 

 9.27.4. The skewed pressure profiles due to squeeze may cause unnecessary oscillations.

 9.27.5. A  fairly viscous lubricant fails to prevent wear in the EHL regime. 

 9.27.6. A high-viscosity grade Oil C may be an appropriate lubricant in both the regimes. 
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  (a)      (b)       (c)           (d)        (e)         (f) 

Fig 9.13.Hydrodynamic Eccentricities Oil (a)A (b)B (c)C EHL Eccentricities of Oil (d)A (e)B (f)C. 

 
     (a)        (b)         (c)   (d)  (e)   (f) 

Fig 9.14. Hydrodynamic Velocities of Oil (a)A (b)B (c)C EHL Velocities of Oil (d)A (e)B (f)C. 

 
  (a)       (b)           (c)  

 
  (d)          (e)             (f) 

Fig 9.15. Hydrodynamic Film Profiles Oil (a)A (b)B (c)C EHL Film Profiles of Oil (d)A (e)B (f) C 
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 (a)      (b)    (c)           (d)         (e)            (f) 

Fig 9.16. Oil A Hydrodynamic Pressure angle in Degree (a)180 (b)270 (c)360 (d)450 (e)540 (f) 630 

 
 (a)     (b)     (c)       (d)          (e)            (f) 

Fig 9.17. Oil B Hydrodynamic Pressure angle in Degree (a)180 (b)270 (c)360 (d)450 (e)540 (f) 630 

 
 (a)  (b)  (c)      (d)        (e)        (f) 

Fig 9.18. Oil C Hydrodynamic Pressure angle in Degree (a)180 (b)270 (c)360 (d)450 (e)540 (f) 630 

 

 
  (a)       (b)           (c)  

Fig 9.19. EHL Pressure Rise for (a) Oil A (b) Oil B (c) Oil C 
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CHAPTER - 10 

 VISCOUS SHEAR HEATING IN PISTON LUBRICATION  

 

 

10.1. In the previous chapters the discussion was focused initially on the steady-state isothermal 

conditions using a Newtonian lubricant. Then the non-Newtonian characteristics were introduced in 

the steady-state isothermal lubrication models. Then the transient squeeze effects were incorporated 

in the Newtonian isothermal lubrication models. In a few initial cycles of a cold engine start up the 

heat produced by the adiabatic viscous shearing affects the viscosity of the lubricant in the 

hydrodynamic and EHL regimes. A reduction in the viscosity affects the load-carrying capacity of 

the lubricant adversely. It takes some time before an engine achieves the normal operating 

conditions after the initial start up. Hence, considering the adiabatic shear heating the numerical 

models of the hydrodynamic and EHL of the piston skirts are developed. After incorporating the 

shear heating effects the simulation results and some of the parametric studies are discussed in 

detail. During the course of the study an extensive work was done but the limitations of space 

allows the discussion on some of the cases only, as published. These cases are: 

 a.    Shear heating effects on hydrodynamic piston skirts lubrication in initial engine  

        start up [223]. 

 b.    Shear heating effects on piston skirts EHL at idling speeds in initial engine  

        start up [224]. 

 c.     Shear heating effects on piston skirts EHL at a high initial engine start up speed [227]. 

 d.    Low-Viscosity shear heating in piston skirts EHL at low initial engine start up  

        speeds [225]. 

 e.    Shear heating of different viscosity oils in piston skirts EHL in initial engine  

  start up [226].  

 

SHEAR HEATING IN HYDRODYNAMIC LUBRICATION OF SKIRTS  

10.2. The important factors affecting friction and piston lubrication characteristics are lubricant 

shear heating, the lubricant film, its viscosity, the nature of contact and the engine operating 

conditions. At the time of an initial engine start up the temperature increases due to shear heating. It 

reduces the viscosity and the thickness of the film, which affect the load carrying capacity of the 
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lubricant adversely. The viscosity degradation due to the temperature variations may ultimately 

result in an engine failure. This study develops a numerical piston skirts lubrication model in the 

initial engine start up by using the 2-D transient thermal energy equation. In the thermo-

hydrodynamic lubrication of the skirts the effects of viscous heating on the lubricant viscosity and 

film thickness are analyzed at 600 rpm speed 10 microns radial clearance.  

10.3. Piston Eccentricities. The sub-figure 10.1(a) shows the piston eccentricity profiles, 

plotted in a similar manner as discussed earlier. It can be seen that the Eb  curve remains well away 

from both the upper and the lower lines during the 4-stroke cycle. In contrast, the amplitude of the 

Et curve varies significantly. Just after combustion in the expansion stroke there is a significant 

phase shift such that the top surface of the skirt goes very close to the thrust side of the liner wall. 

Despite getting so close, it still does not touch the liner wall. It means that by neglecting the friction 

effects of an ultra fine surface an actual physical contact can still be avoided. This finding is very 

significant as shear heating affects the viscosity of the lubricant adversely. It reduces the film 

thickness and the load-carrying capability of the oil. Despite all this, the possibility of adhesive 

wear between piston skirt and cylinder liner cannot be ruled out under the stated conditions. 

 

10.4. Hydrodynamic Films.  The maximum and minimum thicknesses of the lubricant film are 

determined and shown in the sub-figure 10.1(b). The intake stroke shows the films of negligible 

thickness. In the compression stroke the oil films get thicker and attain the maximum values when 

the piston reaches close to the end of the compression stroke. It means that by improving the 

thickness of the hydrodynamic films we reduce the piston eccentricities and the chances of any 

solid-to-solid contact to take place. At the commencement of the expansion stroke, the combustion 

process generates an exponentially high thrust delivered to the piston crown. The sudden thrust of 

the combustion gas force adversely affects the thickness of the film between the skirts and the liner.  

10.5. Temperature Variations. The adiabatic heat generation and flow raises the ambient 

temperature at the inlet boundary. The ambient temperature at the inlet boundary is 40
0
C or 313K. 

The sub-figure 10.1(c) shows an instantaneous temperature rise from the ambient value and 

indicates the variations at each node of the finite difference mesh. The graphical results show the 

temperatures rise to attain the values around 316K initially. Then they rise further and their 

distribution across the lubricant film is attributed to the heat flux. eat flux produces the temperature 
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variations inside the contact zone. The temperatures vary between 315K and 319K. These 

temperature variation are quite significant in the initial engine start up conditions. The temperature 

rise due to shear heating by a few degrees is undesirable as it affects the lubricant viscosity 

adversely. The rising temperatures decrease the viscosity thereby reducing the  thickness of the oil 

film as compared to the case when the shear heating effects are neglected. Resultantly, the load 

carrying capacity of the resultant thin film decreases considerably. The impact of the reduced load 

carrying capacity of the lubricant film is seen in terms of the increasing piston eccentricities and the 

probability of adhesive wear of piston skirts. The sub-figure 10.1(d) shows the 3-D field showing 

the temperatures rising over the surface area of the skirts. The temperature profiles show that the 

surface zones adjacent to the left corners of the skirts top and bottom experiences the minimum 

temperature variations. The zone from the mid surface to the three quarters from the left side 

experiences the significant temperature changes. Hence, these portions of the skirts are vulnerable 

to a possible contact with the liner as the load carrying capacity of the lubricant decreases.  

10.6. Hydrodynamic Pressure Fields. Figure 10.2 shows the pressure profiles at the piston 

positions in the mid and end of each stroke in the 720 degree cycle. In the intake stroke the low 

hydrodynamic pressures start building up gradually such that the peak pressures develop near the 

top surface. The slope rises gently and the peak pressures are found at the centre point of the top 

surface. In the compression stroke, the piston pushes the air-fuel mixture upwards resulting in a 

swift reduction in the volume. The pressures rise very sharply generating steeper slopes. The peak 

pressures shift from the centre to the right side of the top surface. By the time the piston completes 

the compression stroke the pressures shift over to the bottom surface of the skirts. The slopes are 

steep but the peak pressures are very high and act closer to the center point of bottom surface. In the 

expansion stroke the positive pressures develop over the bottom surface. The 3-D profiles show the 

steep gradients of the sharply rising pressures. This change is attributed to the directional shift of 

the eccentricities, an exponential increase in the amplitude of the gas force and the swept volume. 

At the mid-expansion stroke the pressures rise from the mid-point to the bottom surface but the 

slopes become gentle and the peak pressures develop close to the center-point of the bottom 

surface. At the end of the expansion stroke, the pressures are relatively low and the gentle slopes 

represent a gradual build up. However, the peak pressures shift slightly to come close to the right 

side of the bottom surface. In the exhaust stroke the low-intensity pressures are generated over the 

bottom surface. The profiles show the gentle slopes and the gradually decreasing pressures.  
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10.7. Conclusions. The findings of the study lead to the following conclusions: 

 10.7.1. Despite  the  inherent limitations of the finite difference method, the shear heating 

  effects  may be modeled in the initial engine start up conditions.  

 10.7.2. Shear heating affects the eccentricities and hydrodynamic pressures adversely.

 10.7.3. Shear heating reduces the thickness of the minimum hydrodynamic film and affect 

  the load-carrying capacity adversely.  

 
  (a)   (b)      (c)        (d)  

Fig 10.1. (a) Skirts Eccentricities (b) Film Profiles (c) Temperature Rise (d) 3-D Temperature Field 

 
          (a)     (b)     (c)         (d) 

  
       (e)     (f)     (g)         (h) 

Fig 10.2. Pressure at Angle in Degrees (a) 90 (b) 180 (c) 270 (d)360 (e) 450 (f) 540 (g) 630 (h) 720 

 

EFFECTS OF SHEAR HEATING ON PISTON SKIRTS EHL AT IDLING SPEEDS  

 

10.8. The engine starts up at a very low speed and then idles at 800 – 900 rpm before it is ready to 

operate under the normal conditions. The idling speed becomes significant as it takes over soon 

after a lower speed initial engine start up. The viscous shear heating reduces the lubricant viscosity 

and affects its load carrying capacity. To realistically assess the lubricant characteristics in friction 

and lubrication analysis, it is imperative to incorporate the effects of shear rate, oil temperature 

variations and pressure. This study considers a high-viscosity grade lubricant and the two engine 

idling speeds to develop a numerical piston skirts EHL model. The results show the eccentric 
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displacements of the piston skirts in the hydrodynamic and EHL regimes at both the speeds to find 

out the possibility or otherwise of a solid-to-solid contact between the skirts and liner surfaces. The 

results show the temperature and viscosity variations due to shear heating in the two regimes. The 

effects of these variations are shown on the hydrodynamic and EHL films and pressures.  

10.9. Piston Eccentricities.  Figure 10.3 shows the eccentricity profiles in the 

hydrodynamic and EHL regimes, respectively. In the induction stroke the initial concentric piston 

displacement is followed by an eccentric shift to the non-thrust side. The piston commences its 

journey in the compression stroke and gets displaced eccentrically for the second time. The piston 

compresses the air-fuel charge which increases the amplitude of the gas force. The amplitude of the 

gas force shifts the eccentricities towards the thrust side. The absence of any significant force or 

load in the second half of the expansion stroke and in the exhaust stroke does not change the 

amplitude and the direction of the eccentricities. There are some significant differences in the 

respective magnitudes in both the lubrication regimes. In the hydrodynamic regime, there is a 

significant viscosity drop due to which the load carrying capacity of the film gets affected badly. It 

increases the eccentricities of the top and the bottom surfaces for a possible solid-to-solid contact. A 

comparison of the eccentricity profiles in the sub-figure 10.3 (a) with 10.3(b) shows that at 800 rpm 

the Et and Eb curves displace slightly less eccentrically towards the non-thrust line in the 

compression stroke. However, during the expansion stroke the Et curve shifts swiftly towards the 

thrust side and touches the lower line at around 480 degree crank angle, establishing a solid-to-solid 

contact between the top surface and the liner. At 900 rpm the Et curve goes very close to the lower 

line but does not touch it till the end of the cycle. It implies that wear in the hydrodynamic regime 

could be avoided at 900 rpm initial start up speed. In the EHL regime the resultant viscosity 

increases appreciably due to the very high hydrodynamic pressures, despite the thermo-viscous 

effects due to shear heating. It improves the degree of the piston concentricities, as evident in the 

results in sub-figure 10.3(d). At 800 rpm a physical contact between the skirts and liner surfaces is 

barely avoided in the expansion and exhaust strokes in the EHL regime. Moreover, the amplitude of 

the Et curve gets reduced considerably towards the non-thrust side during the compression stroke. It 

means that the change of lubrication regime produces a pronounced effect in reducing the 

eccentricities at 800 rpm. In case of 900 rpm speed, the Et curve gets closer to the upper line in the 

compression stroke. It increases the chances of a possible contact between the interacting surfaces. 

On the other hand, the Et curve displaces much less than before during the expansion stroke. It 
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means that although the piston is vulnerable to the combustion thrust in the EHL regime, it could 

still avoid a possible physical contact with the liner conveniently during the expansion and exhaust 

strokes. 

10.10. Temperature Rise in Hydrodynamic Regime. In the hydrodynamic regime the 

temperature increases due to the viscous shear heating. It causes a significant reduction in the 

viscosity and ultimately the load carrying capacity of the lubricant. The temperature variations from 

the ambient temperature are shown in figure 10.4. At 800 rpm the temperature increases from 313 K 

to 316.25 K as the piston reaches at the mid-induction stroke. The decelerating piston from the mid-

point to the end of the stroke allows the temperature of the lubricant to drop to a value slightly more 

than 316 K. In the compression stroke a similar rise and fall of the temperature is noticed but the 

gentle ascending and descending gradients are due to the eccentricities. In the expansion stroke the 

slopes become convex as there are minor temperature variations. A somewhat similar trend is 

observed in the exhaust stroke. At 900 rpm, the temperature profile follows a similar trend generally 

as that at 800 rpm but with the varying amplitudes. The initial temperature rise in the induction 

stroke is 317.6 K as compared to 316.25 K in the earlier case. In the compression, expansion and 

exhaust strokes there are no significant changes in the oil temperature except a few minor 

variations. The temperature varies in close vicinity of 317.5 K till the completion of the 4-stroke 

cycle. The 3-D oil temperature fields over the skirts surface show that the pattern of the temperature 

rise over the surface is similar at 800 and 900 rpm speeds but the amplitudes and intensities vary in 

both the cases. The similarities include the bias of the fields towards the bottom surface, the 

temperatures intensify from the left to the right side and almost the same locations of the maximum 

temperature. However, at 800 rpm temperature increases slightly at near the left side adjacent to the 

boundary, whereas it is not the case at 900 rpm. At 900 rpm the temperatures intensify at the 

midway between the left side and the place of the maximum temperature. Similarly, the temperature 

cones in the middle surface of the skirts are of quite low intensity at 800 rpm as compared to the 

fairly high intensities at 900 rpm.            

 

10.11. Temperature Rise in EHL Regime.  In the EHL regime the hydrodynamic pressures 

increase so high that the interacting skirts and liner surfaces deform elastically. The thickness of the 

film decreases significantly and the temperature rises appreciably more than the case in the 

hydrodynamic regime. The temperature profiles for the two idling speeds are shown in figure 10.5. 



214 
 

When compared with the temperatures in the hydrodynamic regime the trend and the range of the 

variations differ in the EHL regime. At 800 rpm speed the piston takes some time to reach at the 

mid-induction stroke. In the meantime the lubricant temperature rises from 313 K to 335 K. The 

piston slows down during its travel towards BDC due to which the viscous shearing decreases and 

the temperature drops down to around 333 K. In the first half of the compression stroke the 

temperature rises again to 335 K due to the accelerating piston. The rising gas force and a reduction 

in the piston eccentricities cause a gradual but continuous drop in the temperature till it settles down 

at 326 K when the piston is at around 590 degree angle in the exhaust stroke. At 900 rpm, initially 

the temperature rises to touch 350 K in the induction stroke but later subsides to 347 K as the piston 

completes the its induction stroke. In the compression stroke the temperature varies between 346 K 

and 348 K. In the expansion and exhaust strokes such temperature variations remain within one 

degree of 347 K. The temperature rises quite high at 900 rpm as compared to that at 800 rpm speed. 

The 3-D temperature fields show that unlike the general similarities of the pattern in the 

hydrodynamic regime, the trend and the intensities differ significantly in the EHL regime. A 

noticeable difference between the temperature fields in the two regimes is the shift in the bias of the 

field to the center of the surface of the skirts. At 800 rpm the low-intensity temperatures  rise over 

the surface. These change into the reasonably high-intensity temperatures in the range of 330 K at 

the zones on the left and the right of the central portion of the surface. The high intensities at 335 K 

are seen on the right side of the skirts surface. It implies the likely adverse effects on the load 

carrying capacity of the lubricant during its flow through that region. This portion of the surface is 

also vulnerable to any impact loading. At 900 rpm the temperature field exhibits a different trend 

and intensities. A major portion of the surface is exposed to the high-intensity temperatures and 

vulnerable to the likely low-load carrying capacity of the lubricant. Initially, the low-intensity 

temperatures have a nearly uniform distribution over the skirts surface. They intensify into a high 

range of around 350 K. Such high intensities are detrimental to an effective EHD lubrication than 

those at 800 rpm speed.  

10.12. Viscosity in Hydrodynamic Regime.     Viscous shear heating affects the viscosity of the 

lubricant directly, reducing it to low values. A reduction in the viscosity decreases the load carrying 

capacity of the oil. The viscosity profiles in the sub-figures 10.6(a) and (b) show the effect of 

temperature rise on viscosity as a function of the crank rotation angle at the two stated speeds. At 

800 rpm there is a significant temperature increase as the piston undertakes its journey in the 
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induction stroke and travels close to the mid-stroke region. It results in a corresponding significant 

drop in the lubricant viscosity from 0.1891 Pa.s to around 0.085 Pa.s. By the time the piston 

completes the induction stroke the viscosity rises again by a small amount to 0.092 Pa.s due to the 

corresponding drop in the temperature. Thereafter, some minor viscosity variations are noticed in 

the compression, expansion and the exhaust strokes. It is attributed to the corresponding changes in 

the temperature profile in the hydrodynamic regime. At 900 rpm the viscosity profile generally 

follows a similar trend as that at 800 rpm but the viscosity reduction is more than in the other case. 

In the first half of the induction stroke the viscosity drops to a minimum value of 0.042 Pa.s from 

the ambient value, then, it rises to 0.058 Pa.s as piston completes the induction stroke. In the 

compression and expansion strokes the viscosity drops and rises between 0.045 and 0.055 Pa.s with 

the increasing and decreasing cyclic speeds of the piston. There is a slight but insignificant viscosity 

variation from the previous values in the exhaust stroke, which is linked to the piston eccentric 

motion and minimum effect of gas pressure effect. 

10.13. Viscosity in EHL Regime. In the EHL regime the viscosity is affected by the 

temperature and hydrodynamic pressure simultaneously. It is in contrast to the case in the 

hydrodynamic regime where a strong viscosity-temperature relation dominates in the absence of 

very high pressures. Shear heating increases the temperature and reduces the lubricant viscosity but 

the extremely high pressures minimize the film thickness and increase the viscosity manifold. It 

results in a lubricant viscosity which is still high by at least an order of magnitude or two to carry 

the load effectively under the stated conditions. The viscosity profiles at the two stated speeds are 

shown in the sub-figure 10.6(c) and (d). At 800 rpm the resultant viscosity rises to 0.7 Pa.s from the 

ambient value and then drops to 0.62 Pa.s in the induction stroke. In the compression stroke it rises 

to 0.68 Pa.s with the increasing piston speed in the first half of the stroke and then drops to 0.64 

Pa.s as the piston completes the compression stroke. The viscosity rises and drops with the 

increasing and decreasing cyclic speed of piston due to the simultaneous generation of excessive 

and then slightly reduced EHD pressures linked to the cyclic piston motion. A change in the 

viscosity is noticed in the expansion stroke when after rising to a value of 0.685 Pa.s at 490 degree 

angle it drops to 0.654 Pa.s at the end of the expansion stroke. In the exhaust stroke the viscosity 

rises and falls between 0.71 Pa.s and 0.63 Pa.s. At 900 rpm the viscosity does not rise as high as at 

800 rpm because the temperature rises very high at this speed in the EHL regime. Moreover, the 

viscosity drops to a very low value at 900 rpm in the hydrodynamic regime. At this speed it rises to 
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a maximum value of 0.5 Pa.s in the induction stroke. It attains a second high value of 0.48 Pa.s at 

around 280 degree angle in the compression stroke. There is a gradual drop in the viscosity during 

the expansion stroke and in the exhaust stroke until it has a minimum value of 0.28 Pa.s at 690 

degree crank rotation angle and then it rises to attain 0.38 Pa.s value as the piston completes the 

exhaust stroke at 720 degree crank angle.   

10.14. Hydrodynamic Films. The hydrodynamic film profiles are plotted at the two stated 

speeds and shown in the sub-figures 10.7(a) and (b), respectively. A comparison of the profiles 

show some noticeable similarities and differences. In both the cases the film is very thin in the first 

half of the induction stroke due to the concentric piston displacement. The eccentricities of the 

piston in the induction stroke increase the film thickness sharply. The film gets thicker in the 

compression stroke and achieve the maximum thickness. The high amplitude of the gas force and a 

directional shift in the eccentric displacements decrease the film thickness. The combustion loads 

reduce the thickness to a very low value in the second half of the expansion stroke. The film gets 

thick again in the exhaust stroke due to the absence of any significant external loading. At 800 rpm 

the gradients differ from those at 900 rpm speed. At 800 rpm in the beginning of compression 

stroke there is an instantaneous spike of minor amplitude but the same is absent at 900 rpm speed. 

The peak film thickness values slightly differ such that the thickness is more at 900 rpm speed. In 

the expansion stroke, at 400 degree angle a momentary rise and fall in the film thickness is seen at 

900 rpm speed, which does not happen at 800 rpm. A very low value of the film thickness observed 

at 510 degree crank angle is more at 800 rpm than the value at 900 rpm. A thicker film after 510 

degree angle in the expansion stroke has different slopes at both the speeds till the completion of the 

stroke.   

10.15. EHL Film. The EHL film profile is shown separately at the two stated speeds in the sub-

figures 10.7(c) and (d). It indicates a reduction in the thickness from a few microns in the 

hydrodynamic regime to barely a fraction of a micron in the EHL regime. At 800 rpm the film is 

negligibly thin in the entire duration of the induction stroke of the piston. An occasional rise of 

insignificant magnitude is noticed in the mid-induction stroke region. In the compression stroke the 

EHL film rises to a fraction of a micron when the piston is at its mid-stroke. During the expansion 

stroke the film starts getting thick appreciably and maintains a thickness of more than 0.5 micron in 

the second half of the expansion stroke. In the exhaust stroke the film gets thick rapidly with the 
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cyclic speed of the piston and attains a maximum value of 2.8 microns at the mid-exhaust stroke of 

the piston. It drops down to 0.5 micron as the piston approaches the end of the exhaust stroke. At 

900 rpm in the induction stroke the film is initially very thin but its thickness increases gradually to 

a fraction of a micron at the end of the stroke. In the compression and expansion strokes the thin 

EHL film gets thick gradually and consistently. It nearly becomes one micron thick in the first half 

of the exhaust stroke.  

10.16. Hydrodynamic Pressure. In the hydrodynamic regime the buildup of pressures is 

important as the film may become considerably thin in case of an excessive shear heating. Such an 

eventuality may cause wear in the initial engine start up. Figure 10.8 shows the pressures at the end 

of the induction and compression strokes at the two stated speeds. In the beginning of the induction 

stroke the negligible effect of the gas force and the concentric piston displacement generate very 

low positive pressures. The piston eccentricities allow the buildup of the pressures. The gentle 

convex slopes start getting steep and the low-intensity pressures are replaced by the fairly-intense 

ones. The peak pressures start rising and their bias shift from the central region to the right side of 

the top surface. By the time the piston completes its induction stroke the cumulative effects of the 

stated factors transform the low pressures into the fairly high ones with steep gradients. The stated 

factors are the piston eccentricities, the thickening hydrodynamic film, the intense shear heating, the 

rising temperature of the lubricant and a reduction in its viscosity. Resultantly, the peak pressures 

shift to the right side of the skirts top surface as shown in the sub-figures 10.8(a) and (b). In the 

compression stroke the effects of the increasing amplitude of the gas force and the directional shift 

of the eccentricities change the way pressures buildup. The most noticeable change is the shifting of 

the positive pressures from the top to the bottom surface as shown in the sub-figures 10.8(c) and 

(d). Due to combustion in the expansion stroke the sharply rising gas force keeps the bias of the 

positive pressures towards the bottom surface during the remaining cycle. At 800 rpm the pressure 

fields show the steep gradients, the near-concave side slopes and the intense-pressures. The bias of 

pressure shifts close to the mid-point between the centre and the right side-edge of the surface of the 

top skirts. At 900 rpm a generally similar pressure field develops but there are minor differences in 

terms of the bias of pressure, the intensities and the side slopes. At this speed the pressures are of 

relatively high magnitude as compared to that at 800 rpm. In the compression stroke, initially the 

positive pressures at 900 rpm shift to act over the bottom surface and then those at 800 rpm follow. 

At the end of the compression stroke at 800 rpm speed the pressures are relatively low with slightly 
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gentle slopes as compared to when the engine speed is 900 rpm. In the expansion and exhaust 

strokes, the bias of the pressures remains over the bottom surface at both the stated speeds. 

 

10.17. EHD Pressure Rise. In the EHL regime the pressures rise tremendously, affect the 

thickness of the EHL film and improve the viscosity profiles. The improved viscosities reduce the 

chances of surface wear in the initial engine start up. The profiles of the rising EHD pressures are 

shown in figure 10.9. At 800 rpm the EHD pressures rise nearly 900% as compared to that at 900 

rpm when it exceeds 1200%. The pattern of the pressures build up is generally similar in both the 

cases but the intensities vary. The rise of the pressures between 100% and 300% in the low range is 

almost the same but the significant changes are seen in the middle range of 400% and 800%. 

Beyond this range at 900 rpm speed the EHD pressure rises very high to reach beyond 1200%. 

10.18. Conclusions. The findings from the simulation results provide some useful conclusions. 

 10.18.1. At  900  rpm a physical contact and wear may conveniently be avoided.  

 10.18.2. The viscosity reduction at 900 rpm in the hydrodynamic regime affects the 

   load-carrying capacity of the lubricant. 

 10.18.3. In  the  EHL  regime the lubricant degradation may increase with the speed.  

 10.18.4. The thickness of the hydrodynamic and  EHL  films improves with the speed. 

 10.18.5. The excessively high pressures may damage the surface if starvation occurs

 10.18.6. To minimize the start up wear 900 rpm may be preferred over 800 rpm speed.  

 
   (a)                    (b)         (c)    (d) 

Fig10.3.Hydrodynamic Eccentricities at rpm(a)800 (b)900. EHL Eccentricities at rpm(c)800 (d)900 
 

 
 

 

 

 

 

 
  (a)        (b)     (c)        (d)  

Fig 10.4. Hydrodynamic Temperatures at rpm (a)800(b)900 Temperature Field at rpm (c)800 

(d)900  
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        (a)              (b)               (c)     (d)       

Fig 10.5. EHL Temperatures at rpm (a) 800 (b) 900. Fields in EHL regime at rpm (c) 800 (d) 900.  

 
 (a)      (b)                (c)        (d)               

Fig 10.6. Hydrodynamic Viscosity at rpm (a) 800 (b) 900. EHL Viscosity at rpm (c) 800 (d) 900. 

  
  (a)           (b)          (c)            (d)  

Fig 10.7. Hydrodynamic Film at rpm (a) 800 (b) 900. EHL Film at rpm (c) 800 (d) 900.  

 
(a)    (b)        (c)          (d) 

Fig 10.8. Pressure at 180 deg. at rpm (a) 800 (b) 900. Pressure at 360 deg. at rpm (c) 800 (d) 900.  

   
    (a)        (b) 

   Fig 10.9. EHD Pressure Rise at rpm (a) 800  (b) 900  
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SHEAR HEATING EFFECTS AT HIGH START UP SPEED PISTON SKIRTS EHL  

 

10.19. For a few initial cycles the high start up speed may seem to be necessary for an early engine 

warm up. However, the shear heating of a high-viscosity grade lubricant may dominate in the cold 

engine start up for a few cycles. The lubricant temperature may rise to decrease the viscosity. It may 

then reduce the load carrying capacity of the originally high-viscosity grade oil and lead to an 

engine start up wear. This study models the Newtonian 2-D piston skirts hydrodynamic and EHL by 

using the 2-D heat equation. The adiabatic conduction and convective heat transfer are incorporated 

in the heat equation. A viscosity of 0.1891 Pa.s at 313 K temperature and 1600 rpm are considered.  

10.20. Discussion On Results. 10.20. In the hydrodynamic regime the piston experiences the 

relatively large transverse displacements. The ambient viscosity of the lubricant drops significantly 

due to shear heating. The energy transfer from the skirts is reciprocated by the same transfer from 

the liner surface. There is an excess amount of energy transferred during the expansion and the 

exhaust strokes of the piston. The excess energy transfer is attributed to the sharp reduction in the 

viscosity of the lubricant. After shear heating the low viscosity of the lubricant does not provide the 

necessary cushioning effect to absorb the excess energy transferred. Resultantly, the interacting 

surfaces of the skirts and the liner establish a physical contact, inviting adhesive wear. In the EHL 

regime, a physical contact is barely avoided when pressures increase tremendously and deform the 

surfaces elastically. It happens despite the rising temperatures due to shear heating. The effect of the 

high pressures is so high that the oil viscosity increases many orders of magnitude from that in the 

hydrodynamic regime. The sub-figure 9.10(a) shows the hydrodynamic film profiles in the 720 

degree cycle. The hydrodynamic film profiles at a speed of 1600 rpm and the piston-to-bore radial 

clearance of 10 microns may be compared with those at the different low start up speeds at the same 

clearance, as discussed earlier. A comparison shows that due to the increased shear heating the 

maximum and the minimum films decrease slightly by increasing the initial engine start up speed. 

After attaining the apex, the fairly thick films become very thin in the power stroke due to the thrust 

produced by combustion. In the EHL regime, the thickness of the film decreases from a few 

microns to a fraction of a micron, as shown by the EHL film profile in the sub-figure 10.10(b). 

Shear heating affects the oil viscosity at the high start up speeds significantly. In the hydrodynamic 

regime, it drops to lower values during the compression and the power strokes, as shown by the 

viscosity profile in the sub-figure 10.10(c). In the EHL regime, the pressure-dependent viscosity 
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increases by four times of that at the ambient conditions. It compensates for the viscosity drop due 

to the thermal effects in the hydrodynamic regime. The viscosity increases from 0.0003 Pa.s to 

around 0.8 Pa.s, as shown in the sub-figure 10.10(d). The high temperatures are anticipated due to 

the excessive shearing at the high initial start up speed. In the sub-figure 10.11(a), the temperature 

field shows the rising temperatures in the hydrodynamic regime. The 3-D profile shows a maximum 

temperature of 319 K, biased towards the middle and the right side of the surface. In the EHL 

regime, the temperatures in the field shift towards the top surface of the skirts and attain the 

maximum values close to 355 K. The bias shifts to the right and the left sides. A rise of 355 K is 

due to the shear heating as the viscosity increases.  

10.21. Conclusions.  10.21. In view of the analysis and the findings made, the conclusions 

are the following: 

 10.21.1. Shear heating adversely affects the efforts to minimize the engine start up wear.  

 10.21.2. The high start up speed is detrimental to the efforts for wear prevention. 

  10.21.3. A  high-viscosity grade  lubricant  and  its  few  microns  thick  film  cannot  

   compensate for the large viscosity reductions in the hydrodynamic regime.  

 10.21.4. The thermo-viscous effects restrict a large increment in the viscosity to produce a  

   very thin film. It may not prevent a contact between the surfaces. 

 
       (a)      (b)         (c)            (d) 

Fig 10.10. Film Profiles (a) Hydrodynamic (b) EHL. Viscosity (c) Hydrodynamic (d) EHL   

 
 (a)      (b) 

Fig 10.11. (a) Hydrodynamic Temperature Field (b) EHD Temperature Field 
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SHEAR HEATING EFFECTS ON PISTON SKIRTS EHL AT LOW START UP SPEEDS 

 

10.22. At the time of an initial cold engine start up, the lubricant viscosity and the surface of its 

flow passages are at the ambient temperature. In a few initial cold engine start up cycles, shear 

heating is anticipated to be the major contributor towards increasing the lubricant temperature. 

Viscous heating transforms the hydrodynamic and EHL regimes to become thermohydrodynamic 

(THD) and thermoelastohydrodynamic lubrication (TEHL) regimes. This study considers 500, 600 

and 700 rpm low initial engine start up speeds, a low-viscosity grade lubricant of 0.03187 Pa.s. 

viscosity and a 10 microns piston-to-bore radial clearance. The influence of shear heating on the 

film thickness and viscosity in the low initial engine start up speeds is investigated.  

 

10.23. Piston Eccentricities.        Figure 10.12 shows the eccentricities in the hydrodynamic and 

EHL regimes. The thermo and piezo-viscous effects influence the magnitudes of the eccentricities 

in the hydrodynamic and EHL regimes. The cyclic piston motion, the changes in the direction of 

sliding and a varying magnitude of the gas force have a cumulative effect on the magnitude of the 

eccentricities at each engine start up speed. In the hydrodynamic regime, the Et curve at 500 rpm 

speed shows the likely possibility of a physical contact between the skirts and the liner in the 

expansion and exhaust strokes. At 600 rpm, a slightly reduced magnitude of the Et curve lowers the 

chances of a possible physical contact in the expansion and exhaust strokes. Increasing the start up 

speed to 700 rpm delays such a possibility by around 100 degrees of crank rotation, as shown in the 

sub-figure 10.12(c). In the EHL regime, there is a visible reduction in the piston eccentric 

displacements due to the piezo-viscous effect. Increasing the engine speed reduces the eccentricities 

towards the thrust side. It  happens as a  result of  viscous shearing of a low viscosity lubricant at a 

relatively high engine speed in the low speed range.  A comparison of the eccentricities in the sub-

figure 10.12(g) at the different piston positions shows the primary contribution of combustion gas 

force in shifting the bias of the secondary displacements towards the thrust side. The gas force 

causes a maximum eccentric displacement of the top surface at the peak cyclic speed in the mid-

expansion stroke.  

10.24. Hydrodynamic Films at Low Speeds. The film profiles at the three different engine 

speeds are shown in the sub-figures 10.13(a), (b) and (c) respectively. In the first half of the 

induction stroke, the film thickness at 500 rpm is slightly more than that at the other two speeds. It 
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is due to the reduced viscous heating and a corresponding small viscosity drop at the low speed. An 

eccentric displacement of the piston at the mid-induction stroke brings a gradual increase in the film 

thickness. The hydrodynamic film thickness rises sharply due to the second eccentric piston 

displacement at the end of the induction stroke. The film thickness attains the maximum value at 

around 340 degree crank angle in the second half of the compression stroke. The directional shift in 

the eccentricities due to combustion reduces the film thickness considerably. The cyclic piston 

speed, shear heating and the gas pressure force bring the film thickness to a minimum value in the 

second half of the expansion stroke. At 500 rpm, a very thin film in the second half of the expansion 

stroke improves as the speed increases to 700 rpm. The continuity of flow and conservation of mass 

require an additional flow of the lubricant by increasing the engine speed.  

10.25. Hydrodynamic Pressures at Low Speeds.     The hydrodynamic pressure fields at some of 

the piston positions are shown in the sub-figures 10.13(d), (e), (f), (g), (h) and (i). At the mid-

induction stroke the pressure fields show a gradual positive shift to the right at 600 rpm. A speed 

increase to 700rpm shifts the peak pressure to the left of the centre of the skirts top surface. Such 

changes are attributed to the film thickness, lubricant flow and inertia effects, which are functions 

of the engine start up speed. In the mid-compression stroke, the pressure fields show a tremendous 

increase in the hydrodynamic pressure. By enhancing the speed from 500 to 600 rpm the pressures 

increase over the right side of the top surface. From 600 to 700rpm, the changes in the gradients and 

intensities shift the peak pressure to the left side. A relatively large eccentric displacement of the 

top surface increases the film thickness and intensifies the pressures. Increasing the speed to 700 

rpm changes the pressure gradients in the first half of the expansion stroke. Shear heating, lubricant 

flow rate, film thickness and the eccentricities change the pressure gradients. In the expansion 

stroke, combustion force brings fundamental changes to affect the piston dynamics and lubrication. 

A shift in the eccentric displacements towards the thrust side affects the film thickness drastically. 

Resultantly, the bias of the pressures shifts from the top to the bottom surface. At 500 and 700 rpm 

speeds, the bias shifts to the bottom surface before the mid-expansion stroke. At 600 rpm, the bias 

of pressures shifts towards the top surface after the mid-expansion stroke. It is attributed to the 

different magnitude of the eccentricities at this speed.  

10.26. Viscosity in Hydrodynamic Regime. The viscosity profiles at the three stated speeds 

are shown in the sub-figures 10.14(a), (b) and (c) respectively. In the initial engine start up, the 
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magnitude of hydrodynamic pressure is not large enough to compensate for the viscosity reduction 

of a low viscosity lubricant due to shear heating. In the induction stroke at 500 rpm, viscosity 

initially drops and then rises, increasing the film thickness. The eccentricities and shear heating 

result in an abrupt viscosity drop in the compression stroke. Near the end of the compression stroke, 

the viscosity rises again. It is due to an improved concentric displacement of the decelerating piston 

and the reduced viscous shearing. The effects of combustion force dominate in the power and 

exhaust strokes. Increasing the speed from 500 to 700 rpm delays the drop in the viscosity, which 

shifts from the induction to the compression stroke. The engine speed affects the viscosity in the 

hydrodynamic regime due to which there are viscosity variations in the expansion and exhaust 

strokes. At 500 and 600 rpm speeds, the minor viscosity fluctuations are in the induction stroke. At 

700 rpm, the viscosity profile varies due to viscous shearing and the different eccentricities. A 

comparison of the viscosities at the different piston positions is shown in the sub-figure 10.14(g). 

Increasing the engine speed in the induction stroke does not affect the viscosity significantly. 

However, at the mid-compression stroke a pronounced effect of shear heating on viscosity is seen at 

600 rpm speed. At 700 rpm viscosity increases slightly from its initial value in the intake and 

compression strokes. It drops in the expansion stroke, significantly. A comparison of the minimum 

viscosities shows a very low viscosity at the mid-expansion stroke at 600 rpm. It corresponds to the 

minimum load carrying capability of the film at a critical piston position in the expansion stroke.  

10.27. EHL Viscosity at Low Speeds. In the EHL regime, a complex relationship between 

viscosity, temperature and pressure governs the changes in the lubricant viscosity. The viscosity 

profiles at the three start-up speeds in the EHL regime are generally similar, as shown in the sub-

figures 10.14(d), (e) and (f). A maximum value of viscosity in the induction stroke is followed by a 

sinusoidal form of viscosity profile. Such a viscosity profile corresponds to the cyclic piston motion 

and the eccentricities in the EHL regime. At 500 and 600 rpm speeds, the pattern of viscosity 

profiles is generally similar but the magnitudes are different. At 700 rpm, the piston inertia, 

eccentricities and viscous shearing generate a slightly different profile than at the other two speeds.  

10.28. Temperature in Hydrodynamic Regime.      The sub-figures 10.15(a), (b) and (c) show 

the film temperature profiles at the stated engine speeds. Shear heating raises the temperature of the 

lubricant in all the three speeds. In the compression stroke, the temperature increases to a maximum 

value at 600 rpm. It affects the viscosity and load-carrying capacity of the lubricant adversely in the 
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hydrodynamic regime.  At 500 rpm, the lubricant temperature rises in the beginning of the 

induction stroke. An early temperature rise causes a corresponding reduction in the viscosity, 

affecting the load carrying capacity of the lubricant. In the compression and expansion strokes, the 

lubricant temperature does not vary significantly except for some minor fluctuations. It happens due 

to a visible drop in the viscosity of the lubricant. The viscosity drop reduces viscous shearing and 

heat generation at the stated engine speeds. The reduced heat generation does not cause any 

significant temperature increase except for the minor cyclic variations. The cyclic temperature 

fluctuations are a function of the cyclic piston motion inside the combustion chamber. During the 

cycle, the temperature changes do not let the lubricant to regain its ambient viscosity.  

10.29. Temperature in EHL Regime. The temperature profiles are shown in the sub-figures 

10.15(d), (e) and (f). Viscous heating increases the temperature of the lubricant and reduces the film 

thickness. It happens prior to the tremendous increase in the hydrodynamic pressures that deform 

the interacting surfaces elastically. There is a corresponding manifold increase in the pressure 

dependent viscosity. It results in the glass-like transition and EHL film formation. Shearing of a 

lubricant with substantially high viscosity in the EHL regime generates additional heat. It raises the 

lubricant temperature, which is higher than the temperature in the hydrodynamic regime. The 700 

rpm speed causes the lubricant temperature to be higher than that at 500 and 600 rpm speeds. 

However, the pattern of temperature changes at each speed is in sharp contrast to the temperature 

profiles in the hydrodynamic regime. The temperature increases slightly with the speed from 500 to 

600 rpm. The temperature rise is visibly high when the speed increases from 600 rpm to 700 rpm. 

Increasing the heat generation rate and accumulation cause such a high temperature at 700 rpm. The 

sub-figures 10.16(a), (c) and (e) show the temperature fields at the stated speeds.  Generally, the 

temperature rise higher over the right side of the surface than on the left side due to the viscous 

shearing. This trend exposes the vulnerability of the right side to the low viscosity and the load 

carrying capacity. In case of a partially starved surface, the thermal distortion of the right side due 

to the excessive temperature variations may be possible. In case of high temperatures the chances of 

the film break down may not be ruled out. At 600 rpm, the mean temperature rises slightly high 

than that at 500 rpm but becomes quite high at 700 rpm. It implies that the rate of temperature 

increase is higher than the engine displacement rate. Hence, a further increase in the speed will raise 

the temperatures to very high values. In the initial engine start up phase the high temperatures 

minimize the film thickness, may cause the film breakdown and adhesive wear.  
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10.30. EHD Pressures Rise at Low Speeds.       The rising pressures at the three engine speeds are 

shown in the sub-figures 10.16(b), (d) and (f). At 500 rpm, the low intensity EHD pressures build 

up and rise over the surface. The pressures increase to the maximum values as the engine speed 

increases to 700 rpm. The high EHD pressures building up close to the mid-surface region reduce  

the film thickness from 4 microns to a fraction of a micron in the EHL regime. At 500 rpm, the 

reasonably intense pressures lead to a peak value of 300%.  The cumulative effect of the peak 

pressures and temperature causes a net substantial increase in the viscosity. A high EHD pressure at 

600 rpm causes the elastic deformation of the interacting surfaces. At 500 rpm, the low EHD 

pressure intensities near the bottom surface are insignificant and grow with the speed.  

10.31. Conclusions. The analysis of shear heating brings some useful conclusions, which are:  

 10.31.1. At 600 rpm the hydrodynamic pressures are relatively more consistent as compared 

   to those at 500 and 700 rpm speeds.  

 10.31.2. Increasing  the  engine  speed  reduces  the  piston's  eccentric  displacements  and 

   minimizes the chances of a physical contact between the skirts and the liner surfaces. 

 10.31.3. Hydrodynamic film thickness is optimum at 600 rpm, whereas EHL film thickness 

   has a maximum value at 500 rpm speed.  

 10.31.4. The maximum lubricant viscosity at 700 rpm means more load carrying capacity of 

   the lubricant film as compared to its capacity at the other speeds.  

 10.31.5. In  the  EHL  regime, the  maximum  temperature increases with an increase in the 

   engine start up speed and is quite high at 700 rpm.  

 10.31.6. The viscosity variations in the EHL regime increase with an increase in the engine 

   start up speed.  

 10.31.7. The EHD pressures rise very high at 600 rpm as compared to those at 500 rpm.  

 10.31.8. In  the  very  low  initial engine start up speeds, a slight variation in the speed may 

   generate any adverse effects. 

 10.31.9. In optimizing the low initial start up speed, 700 rpm may qualify as a recommended 

   engine speed when using a low viscosity lubricant under the stated conditions. It is 

   justified since the primary objective is the prevention of adhesive wear between the 

   skirts and the liner surfaces in a few initial engine start up cycles.  



227 
 

 
    (a)         (b)        (c)      (d)         (e)    (f)  

(g)  

Fig 10.12. Hydrodynamic Eccentricities at rpm (a) 500 (b) 600 (c) 700. EHL Eccentricities at (d) 

500 rpm (e) 600 rpm (f) 700 rpm (g) Comparison of Eccentricities in EHL regime. 

  
(a)          (b)       (c) 

   
           (d)              (e)                (f)           (g)     (h)         (i)              

Fig 10.13. Hydrodynamic Films at (a) 500 rpm (b) 600 rpm (c) 700 rpm.  Pressure at 90 degree at     

(d) 500 rpm (e) 600 rpm (f) 700 rpm. Pressures at 450 deg at (g) 500 rpm (h) 600 rpm (i) 700 rpm.       

  
  (a)     (b)      (c)         (d)            (e)  (f)  

(g)  
Fig 10.14. Hydrodynamic Viscosity Profiles at rpm (a) 500 (b) 600 (c) 700.  EHL Viscosity Profiles 

at rpm (d) 500 (e) 600 (f) 700. (g) Comparison of Hydrodynamic Viscosity Variations.  
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     (a)       (b)         (c)           (d)   (e)    (f)  

Fig 10.15. Hydrodynamic Temperature at rpm (a) 500 (b) 600 (c) 700. EHD Temperature at rpm (d) 

500 (e) 600 (f) 700. 

          

(a)EHD Temperature at 500 rpm (b)EHD Pressure Rise at 500 rpm (c)EHD Temperature at 600 rpm 

 
(d)EHD Pressure Rise at 600 rpm (e)EHD Temperature at 700rpm (f)EHD Pressure Rise at 700 rpm 
Fig 10.16. EHD Temperature Fields and Pressure Rise Profiles at 500, 600 and 700 rpm speeds. 

 

SHEAR HEATING AND DIFFERENT VISCOSITY-GRADE OILS IN  SKIRTS EHL  

 

10.32. Shear heating reduces the oil viscosity to affect the load carrying capacity of the film. It 

increases the chances of a contact between the asperities of the interacting surfaces. A high viscosity 

grade engine oil increases the friction losses. Hence, the lubrication of the skirts surfaces by using 

an optimum viscosity-grade lubricant becomes important. Adhesive friction and start up wear of the 

skirts occur in the initial engine start up cycles. This study analyzes the effects of shear heating on 

the oil viscosity and film thickness in the initial engine start up conditions. The shear heating effects 

are incorporated by solving the 2-D transient thermal energy equation. The modeling approach 

encompasses the fundamental concepts of the numerical scheme used. The concepts are based on 

the approximation of partial differential equations (PDEs) by algebraic approximation. Initially, the 

simulation results of our basic hydrodynamic and EHL models are discussed. A fair / reasonable 
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viscosity-grade engine lubricant is considered in the basic models. Then the results of the low and 

high viscosity grade lubricant models are compared with those of the basic models.  

10.33. Piston Eccentricities.      At 600 rpm, the eccentric displacement curves of the piston in the 

EHL regime, are shown in the sub-figure 10.17(a). In the EHL regime the eccentricity curves have 

profiles generally similar to those in the hydrodynamic regime. In the hydrodynamic regime, the 

viscosity of the lubricant decreases, which reduces the film thickness and the load carrying capacity 

of the lubricant. Resultantly, the eccentricities increase relatively. In the induction stroke, an initial 

concentric displacement is followed by an eccentric shift of the piston twice towards the non-thrust 

side before the piston changes its direction of travel at the end of the induction stroke. In the 

compression stroke piston compresses the air-fuel mixture and the magnitude of gas pressure force 

increases. The effects of the rising magnitude of the gas force and a decelerating piston in the 

second half of the compression stroke reduce the eccentricities. The magnitude of the gas force rises 

exponentially due to combustion in the beginning of the expansion stroke. It swiftly displaces the 

skirt surfaces eccentrically towards the thrust side. The Et curve shifts to come almost in contact 

with the lower line at -1.0. The amplitude of gas force subsides due to the volumetric expansion as 

the piston completes the power stroke. The exhaust valves open before the piston completes the 

expansion stroke and remain open in the exhaust stroke. The fully opened valves make the gas force 

ineffective to influence the eccentricities. In the EHL regime the lubricant viscosity increases 

substantially to compensate for the adverse effects of shear heating and reduce the eccentricities. 

When comparing the hydrodynamic and EHL regimes, there are very small variations in the 

amplitudes of the eccentricity curves in the induction and compression strokes. In the 

hydrodynamic regime the eccentricities increase in the expansion and exhaust strokes, such that the 

Et curve almost touches the thrust side at 450 degree angle. In the EHL regime, the Et curve 

manages to avoid a physical contact in the expansion stroke.  

10.34. Hydrodynamic Films and Pressures.     The maximum and the minimum hydrodynamic 

film thickness profiles are shown in figure 10.17(b). Due to the concentric piston motion, the film 

thickness is very small in the first half of the induction stroke. It rises in the second half due to the 

eccentric piston displacements. A directional shift in the piston eccentricities towards the thrust 

side, the cyclic piston motion and a significantly rising gas force increase the film thickness 

substantially. The film thickness reaches its apex as the piston reaches the end of the compression 
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stroke. Combustion, eccentric displacements and an accelerating piston reduce the film thickness to 

very small values in the beginning of the expansion stroke. In the exhaust stroke there are no 

changes in the eccentricities due to an insignificant effect of the gas force. The absence of any 

appreciable gas force effects and reasonably low hydrodynamic pressures increase the 

hydrodynamic film thickness. In the 4-stroke cycle, the film thickness changes due to the 

eccentricities and the hydrodynamic pressures generated over the skirts surface. The magnitude of 

the generated pressures defines the hydrodynamic load-carrying capacity of the film. The sub-

figures 10.17(c) and (d) show the dimensionless pressure fields at two of the piston positions in the 

cycle. In the mid-induction stroke, the low-intensity pressures rise gradually, have gentle slopes and 

are biased towards the skirts top surface. At the end of the induction stroke the pressures rise with 

relatively steep slopes. In the compression stroke, a reduction in the eccentricities and a gradual but 

significant increment in the magnitude of the gas force generate the moderately intense pressures. 

At the end of the compression stroke, a very high magnitude of the gas force facilitates the 

generation of very intense and sharply rising hydrodynamic pressures. The effects of combustion 

and a sudden shift of piston eccentricities close to the thrust side affect the pressure field 

significantly. The positive pressures shift from the skirts top to the bottom surface. However, it 

happens when the piston is close to the mid-expansion stroke. It implies that the top surface sustains 

the intense loads in the second half of the compression stroke and the first half of the expansion 

stroke. It is despite the fact that after combustion, the Et curve almost touches the lower line in the 

hydrodynamic model. It increases the chances of adhesive wear of the surfaces. In the second half 

of the expansion stroke and in the exhaust stroke, the magnitude of hydrodynamic pressures 

subsides to marginally low values.  

10.35. EHL Film and Pressure.      The minimum hydrodynamic film thickness drops to a fraction 

of a micron in the EHL regime. The thin EHL film gets thick gradually in the compression and 

expansion strokes, as shown in the sub-figure 10.17(b). The substantially high pressures deform the 

asperities of the interacting skirts and the liner surfaces elastically during the compression and 

expansion strokes. It increases the thickness of the EHL film as the lubricant occupies the additional 

space created by the EHL pressures. The amplitude of the pressure spikes represents the amount of 

energy transferred to displace the interacting surfaces, as shown in the sub-figure 10.18(a). The 

maximum amplitude of the dimensionless pressure spike is generated at close to the center of the 
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surface as compared to relatively small spikes on the sides. It implies that the central-zone of the 

skirts surface has the maximum elastic deformation and may get damaged in case of oil starvation.  

10.36. Viscosity and Temperature.  Viscous heating raises the oil temperature in the 

hydrodynamic and EHL regimes. However, the temperatures are higher in the EHL regime due to 

the excessive loading, viscous shearing, glass-like transition and piezoviscosity. The temperature 

profile curves are shown in the sub-figure 10.18(c). In the hydrodynamic regime, the ambient oil 

temperature of 313K rises close to 325K in the induction stroke. Then, it fluctuates between 323K 

and 325K during the cycle. It is understandable as maximum shearing of the lubricant at ambient 

viscosity is anticipated in the first half of the induction stroke. Oil viscosity varies in the 

compression and expansion strokes due to the temperature changes and the secondary piston 

displacements. The viscosity profiles in the hydrodynamic and EHL regimes are shown in the sub-

figure 10.18(d). In the hydrodynamic regime viscosity does not drop abruptly in the induction 

stroke due to the insignificant loading of the gas force and the dissipation of viscous heat. In the 

compression and expansion strokes a substantial reduction in the viscosity is attributed to the rising 

amplitude of the gas force and the piston eccentricities. In the EHL regime, the thermo-viscous 

effects are compensated by an order of magnitude increase in the pressure-dependent viscosity. A 3-

D temperature field over the skirts surface is shown in the sub-figure 10.18(b). The rising 

temperature gradients ascend from the left to the right side of the surface, implying its vulnerability 

to the low viscosity and load-carrying capacity of the lubricant. 

COMPARATIVE ANALYSIS 

10.37. The separate numerical models representing the piston skirts hydrodynamic and EHL 

regimes are developed for a low-viscosity grade Oil A and a high-viscosity grade Oil B, 

respectively. The simulation results are compared and analyzed with those of the basic model to 

draw useful conclusions.  

10.38. Hydrodynamic Films.    The film thickness profiles of Oil A and Oil B are shown in the 

figure 10.19. Generally, the profiles exhibit trends similar to that of the basic model but there are 

some noticeable differences. The magnitudes of the film thickness at the end of the induction stroke 

differ. The peak film thicknesses at the end of the compression stroke are not the same. A few 

significant differences are noted in the second half of the expansion stroke and in the exhaust 



232 
 

stroke. In the basic model, the film thickness rises and falls instantaneously in the form of a low-

intensity spike during the expansion stroke. Such a spike is not observed when Oils A and B are 

used. In the beginning of the exhaust stroke, a comparison shows that the use of Oil A improves the 

film thickness. It is attributed to the improved degree of secondary concentricities of piston. The 

rising film thickness profile has a steeper gradient in the case of Oil B. The different magnitudes of 

spikes, film thicknesses and slopes show different load-carrying capacities of the film in all the 

three cases.      

10.39. Hydrodynamic Pressure. For Oils A and B, the pressure fields at some of the piston 

positions are shown in figure 10.20. In case of Oil A the pressure fields in the mid-induction stroke 

show the gradual build up of pressures with the gentle slopes but the intensities differ from the other 

two cases. At the end of the induction stroke the peak pressures, acting over the mid-point of the top 

surface in the basic model, shift to the right side when Oil A is used. The slopes become steep when 

Oil B is used. At the end of the compression stroke, very high pressures build up with varying 

intensities. For Oil B, the bias of positive pressures shifts from the top to the bottom surface before 

the piston completes the compression stroke. Such a development is significant when there is a 

possibility of a physical contact between the surfaces. It implies that the high loads in the 

compression and expansion strokes are sustained by the positive pressures developed over the 

bottom surface. Despite having such loads, the bottom surface remains away from the thrust side of 

the liner to minimize the possibility of a physical contact between the interacting surfaces. 

10.40. Piston Eccentricities.       For Oil A and Oil B the eccentricity profiles in the EHL regime 

are shown in figure 10.21. Despite the generally similar profiles, the magnitudes differ in all the 

three cases. The profiles of the Eb curve show the small but different eccentricities. The low 

amplitudes rule out the possibility of a physical contact between the bottom surface and the liner. 

Hence, the eccentricities of the top surface become important. The top surface experiences the 

maximum displacement during the induction stroke in the hydrodynamic regime, when Oil A is 

used. However, the lubricant of the basic model fails to prevent a physical contact between the top 

surface and the liner during the expansion stroke in the hydrodynamic regime. In the EHL regime, it 

manages to prevent such a contact. There are minimum chances of a physical contact in the 

hydrodynamic regime, when Oil A is used. In the EHL regime, the top surface of the skirts gets a 

little closer to the liner in the expansion stroke. In the case of Oil B, the amplitude of the Et curve 
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reduces slightly in the expansion and exhaust strokes. Despite such a reversal, there are less chances 

of wear in the EHL regime when Oil A is used as a lubricant. 

10.41. Temperature Variations.   In the hydrodynamic and EHL models the oil temperatures vary 

differently in all the three cases. The temperature profiles for Oil A and Oil B are shown in the sub-

figures 10.22(a) and (b). For Oil A, the temperature rises quite high as compared to when Oil B is 

used. It shows that the viscous heating increases when a low viscosity lubricant is used in the start 

up of an engine. A comparison of the temperature profiles shows some similarities and differences 

in the trends. The high temperatures reduce the lubricant viscosity and the corresponding thickness 

of the hydrodynamic film. In the EHL regime, piezoviscosity leads to an amorphous solid-like 

behavior of the lubricant. Viscous shearing of such a lubricant generates extra heat, leading to 

higher temperatures. The temperatures rise appreciably high when Oil A is used as compared to the 

temperatures in the other two cases. 

10.42. Viscosity in Hydrodynamic and EHL Regimes. The viscosity profiles of Oil A and Oil 

B are shown in the sub-figures 10.22(c) and (d). In the hydrodynamic regime shear heating reduces 

the viscosity and adversely affects the load carrying capacity of the lubricant. In the hydrodynamic 

models, the viscosity drops in the compression and induction strokes. However in the basic model, 

it happens in the expansion stroke. It implies that the lubricant of the basic model sustains the high 

loads in the compression stroke at an optimum viscosity and film thickness as compared to Oils A 

and B. The viscosity of Oil A drops three times as compared to a two times reduction for Oil B. In 

terms of the magnitude of the load, the crucial zone is from the second half of the compression 

stroke to the mid-expansion stroke. Despite a significant reduction, the average viscosity of Oil B is 

high by approximately six times to that of Oil A in the critical zone. In the expansion stroke, it is 

15% higher than the average viscosity of the oil in the basic model. In the EHL regime the 

piezoviscous effects dominate the thermoviscous effects and increase the viscosity substantially. 

The viscosity of Oil A increases very high as compared to that of the other two oils. The variations 

in the amplitudes are attributed to the rheology of each lubricant. 

10.43. EHL Film and Pressure.    The EHL film thickness profiles for Oils A and B are shown in 

figure 10.19. The EHL film thickness rises significantly in the first half of the expansion stroke 

because the surfaces deform under the load of combustion. Unlike in the case of Oils A and B, the 
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film gets thicker gradually in the basic model during the expansion and exhaust strokes. It implies 

that the EHL pressures rise uniformly in the basic model. The amplitudes of the rising pressure 

spikes determine the magnitude of EHL film thickness. The dimensionless pressures rising over the 

surfaces are shown in the sub-figures 10.23(a) and (b). For Oil A the maximum amplitude is around 

700% as compared to less than 500% for Oil B and more than 500% for the basic model. It implies 

that very high EHL pressures are generated when a low viscosity oil is used at a low engine start up 

speed. Enhancing the ambient viscosity reduces the intensity and magnitude of EHL pressures.  

 

10.44. Temperature in EHL Regime. The temperature fields for Oils A and B are shown in 

the sub-figures 10.23(c) and (d). For Oil A, the central zone of the skirts surface is most vulnerable 

to the rising temperatures. When Oil B is used, the zone shifts with the change in the lubrication 

regime. The zone exposed to the high temperatures in the basic model does not shift with the 

regime change. Initially, there is a uniform temperature rise over the skirts surface in all the stated 

cases. For Oil A, the high temperatures rise further and ascend from the right to the left side of the 

surface. It is almost similar to the case in the basic model. For Oil B, the non-uniformly rising 

temperatures ascend from the sides to the center of the field. Hence, the central zone of the surface 

experiences higher temperatures, lower viscosity and a reduced capability of the oil to carry loads.  

 

10.45. Conclusions. The discussion on the results leads to the following conclusions: 

 10.45.1. The  eccentricities decrease substantially when Oil A is used in hydrodynamic  

   regime. It minimizes the chances of a physical contact to prevent wear. 

 10.45.2. The film thickness profiles improve with the use of Oil A. Hence, Oil A seems to be 

   a preferred choice for use in this lubrication regime. 

 10.45.3. In  the EHL regime, the eccentricities get reduced significantly, when Oils A  

   and B are used. 

 10.45.4. The EHL pressures do not rise very high when Oil B is used. 

 10.45.5. In the EHL regime, the temperature of Oil B does not rise very high as compared to 

   the  other  two oils. It helps in maintaining its viscosity during the start up  operation. 

 10.45.6. To  optimize the selection of oil in the EHL regime, the high viscosity-grade engine 

   Oil B  is  a  better  choice under the stated conditions. 
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     (a)           (b)          (c)   (d) 

Fig 10.17 (a) EHL Eccentricities (b) Film Profiles. Hydrodynamic Pressures at deg. (c) 90 (d) 450 

  
    (a)          (b)           (c)   (d) 

Fig 10.18 (a)EHD Pressure (b)EHD Temperature Field(c)Temperature Profiles (d)Viscosity Profiles 

 
 (a)                                     (b) 

Fig 10.19. Hydrodynamic and EHL Film Profiles (a) Oil A (b) Oil B 

 
 (a)           (b)            (c)   (d) 

Fig 10.20. Pressure for Oil A at degree (a) 90 (b) 450. Pressure for Oil B at degree (c) 90 (d) 360  



236 
 

 
(a)          (b) 

Fig 10.21. Eccentricities in EHL regime for (a) Oil A. (b) Oil B. 

 
  (a)         (b)       (c)        (d) 

Fig 10.22 Temperature Variations (a) Oil A (b) Oil B. Viscosity Variations for (c) Oil A. (d) Oil B. 

 
     (a)                             (b)          (c)                         (d) 

Fig 10.23. EHD Pressure Rise (a) Oil A (b) Oil B. EHD Temperature Fields (c) Oil A  (d) Oil B. 
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CHAPTER-11 

1
ST

 COMPRESSION RING LUBRICATION  

 

LOW ENGINE START UP SPEEDS EFFECTS ON 1
ST

COMPRESSION RING EHL  

 

11.1. In a few initial engine start up cycles an effective lubrication of the piston ring assembly has 

always been a challenging issue. The initial engine start up process is essentially transient in nature. 

Despite assuming oil flooding the engine start up wear cannot be avoided due to the initial 

transients and in the absence of a fully established elastohydrodynamic lubricating (EHL) film 

between the piston ring assembly and the cylinder liner. Based on the calculations the film 

thickness profiles are generated in the hydrodynamic lubrication model of the ring. The 

piezoviscous effects are introduced and incorporated in the EHL model by defining the pressure-

viscosity relationship. The elastic displacements of the interacting ring and liner surfaces are 

incorporated to obtain the profiles of the EHL film and the rising pressures. The simulation results 

of the hydrodynamic and EHL models are compared with those at the other two speeds to analyze 

the effects of low speed on the film thickness and pressures in the hydrodynamic and EHL regimes.  

11.2. Ring Motion in the 4-stroke Cycle.     The lateral displacements of the ring in the 

transverse direction produce the desired wedging action necessary for the development of 

hydrodynamic pressures. It implies the development of the hydrodynamic load-carrying capacity of 

the lubricant to sustain the thrust of combustion in the form of the thermal loading. The 1
st
 

compression ring is directly exposed to the combustion loads. It requires the most effective 

lubrication to cater for all forms of the dynamic loads experienced by the piston ring assembly. The 

1
st
 compression ring has to act as an effective seal to prevent the loss of power during the 4-stroke 

cycle. The 1
st
 compression ring forms part of the piston assembly and hence displaces with the same 

cyclic speed as is the case of the piston. At the top and the bottom dead-centers i.e., TDC and BDC, 

the cyclic speed of the ring is negligible. In the induction stroke it commences its journey at zero 

degree crank rotation angle, accelerates with the piston and attains a maximum cyclic speed at the 

mid-stroke. Then it decelerates from the mid-induction stroke until the completion of the stroke at 

BDC when the crankshaft has completed the 180 degree rotation. In the compression stroke the 1
st
 

compression ring moves from the BDC to the TDC with the same cyclic speed, as before and 

travels a distance equivalent to another 180 degrees rotation of the crankshaft. Although the ring has 
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the same cyclic speed in both the induction and the compression strokes but the operating 

conditions inside the combustion chamber are different for both the strokes. In the induction stroke 

the intake valve is open and the air-fuel mixture is sucked into the chamber at a very low gas 

pressure. In the compression stroke the intake and the exhaust valves are closed and the already 

inducted air-fuel charge is compressed by the piston. The piston travels through the swept volume 

and pushes the mixture into the very small clearance volume. The piston action of compressing the 

charge increases the amplitude of the gas pressure force manifold. The gas force of high amplitude 

acts over the piston crown and the 1
st
 compression ring and affects the lateral displacements. At 

very high compression pressure the piston ring commences its journey in the expansion stroke at 

361 degree of crank rotation cycle. Combustion occurs at 372 degree of the crank rotation angle and 

an exponential rise in the amplitude of the gas force produces a corresponding thrust over the 

surface of the 1
st
 compression ring. The direction of the lateral secondary displacements of the 

piston assembly changes and the 1
st
 compression ring comes closer to the liner surface. In the 

second half of the expansion stroke the effects of the combustion thrust subsides as the piston 

assembly decelerates along with the 1
st
 compression ring. In the exhaust stroke the gap between the 

ring and the liner does not vary in the absence of any external force and the 1
st
 compression ring 

completes the 4-stroke cycle as an active part of the piston assembly [228].                  

 

11.3. Ring Hydrodynamic Film Thickness Profiles. The sub-figure 11.1(a) shows the 

hydrodynamic film thickness profiles at 600 rpm initial engine start up speed. The minimum film 

thickness represents the film, which actually carries the hydrodynamic load between the ring and 

the liner surfaces. In the hydrodynamic regime the lubricant flows between the 1
st
 compression ring 

and the cylinder liner. At the same time it must establish a sufficiently thick film between the ring 

and the liner. The film profiles show the variations in the thickness of the film in all the 4-strokes of 

an engine cycle. The initially very thin film between the ring and the liner rises to around  4.5 

microns at close to the mid-induction stroke. It drops instantaneously to a fraction of a micron as 

the ring decelerates after the mid-induction stroke. The film gets thicker as the ring commences its 

journey in the compression stroke. It drops swiftly due to the transverse displacement of the ring 

and the rising amplitudes of the gas force due to compression. The film gets thicker for the third 

time but this time it builds up gradually. The maximum and the minimum films attain the peak 

values prior to combustion. The thrust of combustion reduces the film thickness for the third time. 
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However, it rises for the fourth time again during the second half of the expansion stroke as the 

effect of combustion subsides. If the speed increases to 700 and then 800 rpm, the thickness of the 

films changes in the induction and the exhaust strokes. The respective hydrodynamic film profiles 

as the function of 720 degrees crank rotation cycle are shown in the sub-figures 11.1(b) and (c).  

    

11.4. Ring EHL Film Thickness Profiles.  The hydrodynamic pressures in the lubrication 

regime rise very high and resultantly the interacting ring and the liner line surfaces deform 

elastically. The sharply rising pressures compress the minimum film and bring it to the level of a 

fraction of the micron thin film. The thin film becomes thinner at the maximum hydrodynamic 

pressures prior to the deformation of the interacting line surfaces of the ring and the cylinder. The 

very thin film at the maximum pressures prior to the elastic line displacements is designated as the 

hpmax film and that after the elastic deformation is termed as the 'EHL Film'. The 'EHL Film ' is 

relatively thicker than the hpmax film due to the creation of the additional space because of the 

surface displacements at very high pressures. In the EHL regime the film thickness profiles at the 

three initially low engine start up speeds of 600, 700 and 800 rpm, respectively are shown in figure 

10.2. The profiles are generally similar but there are some noticeable differences. A significant 

difference is observed in the expansion stroke. As the thrust load of combustion subsides in the 

second half of the expansion stroke an instantaneous spike is generated in all the three cases. The 

amplitude of the spike increases with the speed. Other than this are the different film thickness 

profiles generated at the three speeds during the first half of the compression stroke.           

 

11.5. Hydrodynamic  Pressures. The 1
st
 compression ring has a circular shape and is placed 

conformal to the cylinder liner. Due to the wedging action the hydrodynamic pressures build up 

along the entire circumferential length of the ring. It enables the1
st
 compression ring to carry the 

hydrodynamic loads successfully and acts as an effective seal in the face of the tremendous thrust of 

combustion. The low hydrodynamic pressures build up in the induction and the exhaust strokes. It 

happens in the absence of any significant external force transferring energy for the subsequent 

hydrodynamic action. The hydrodynamic loading is essentially attributed to the secondary 

transverse displacements of the 1
st
 compression ring alongside the piston assembly. In the 

compression and expansion strokes the primary source of energy transfer causing the hydrodynamic 

action is the action of the gas pressure force. The transverse displacements of the ring as a source of 

energy transfer take the secondary role. In the induction and the exhaust strokes the hydrodynamic 
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pressures build up gradually over the entire 360 degree circumferential length of the ring. The low-

intensity pressures have gentle slopes and rise to attain the peak values at the mid-zone of the 

circumferential axis of the ring. In the compression stroke the pressures intensify with steep 

gradients and pointed peaks drifting away from the central zone. The 1
st
 compression ring 

experiences the maximum hydrodynamic loading just after combustion. Resultantly, the pressure 

gradients change rapidly to sustain the thrust of combustion. Figure 11.3 shows the hydrodynamic 

pressure fields at 600 rpm initial engine start up speed. The pressures are shown building up over 

the circumferential length of the ring at the six out of the 720 piston positions available in the 4-

stroke cycle. The six piston positions are selected where there are visible changes in the profiles and 

the shape of the gradients. The pressure fields may be compared with those at 700 and 800 rpm 

speeds as in figures 11.4 and 11.5, respectively.               

11.6. Pressure Rise in EHL Regime. The amount of energy transferred continuously from 

the ring to the liner and vice versa allows the build up and the accumulation of the gas force thrust 

at the greater proportions. The energy transfer rate allows the 1
st
 compression ring to sustain the 

loads effectively. However, the excess loading over a period of time invites the elastic displacement 

of the ring and the liner. In view of the very high pressures rising over the line surface zone of the 

ring and the cyclic loading, the amplitude of the rising EHD pressures should be plotted graphically 

and analyzed. In view of this figure 11.6 shows the extent of the EHD pressures rising over the 

circumferential length of the ring. The 3-D profiles are plotted for the better comprehension of the 

stated numerical results. The dimensionless pressure fields show that the maximum pressures rising 

over the ring are around  1.2 % at 600 rpm speed. If the engine start up speed is enhanced to 700 or 

800 rpm, then the EHD pressures will also increase correspondingly. By increasing the start up 

speed to 700 rpm the peak EHD pressures rise to around 6%. If the speed is enhanced to 800 rpm 

then the pressures would rise further to around 8%. The intensities of the rising pressures change 

with the engine start up speed. It shifts the bias of pressures from one place to the other in the ring.  

11.7. Conclusions. We have studied the effects of the low initial engine start up speeds on the 

hydrodynamic and EHL of the 1
st
 compression ring by using a low-viscosity grade engine oil. The 

following conclusions are drawn from the findings of the simulation results:  

 11.7.1. The hydrodynamic film thickness is adversely affected by the combustion process in 

   the expansion stroke. 
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 11.7.2. The secondary eccentricity affects the lubricant film and improves its thickness. 

 11.7.3. The hydrodynamic film thickness gets improved with the speed in the induction and 

   exhaust strokes.   

 11.7.4. The  film  thickness  drops  from  a few microns to a fraction of a micron in the EHL 

   regime. It means the ring sustains the high loads with a very thin film in the EHL  

   regime and is vulnerable to damage in case of starvation.  

 11.7.5. The  EHL film thickness does not improve by increasing the speed to 800 rpm. 

 11.7.6. The  hydrodynamic  pressures  rise  sharply  with speed in the expansion stroke. It 

   improves the load-carrying capacity of the lubricant. 

 11.7.7. The maximum amplitude of the EHD pressures increases with  the speed. It  implies 

   better load-carrying capacity of the film. 

 11.7.8. The 800 rpm may be the optimum start up speed under the stated conditions. 

 
  (a) `        (b)     (c) 

Fig 11.1. Hydrodynamic Film Profiles at (a) 600 rpm (b) 700 rpm (c) 800 rpm 

 

  (a)        (b)     (c) 

Fig 11.2. EHL Film Profiles at (a) 600 rpm (b) 700 rpm (c) 800 rpm 
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    (a)      (b)  

 
            (c)              (d) 

 
       (e)               (f) 

 
        (g)             (h)         

Fig 11.3.At  600 rpm Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
            (a)    (b)    (c)       (d) 

 
                   (e)    (f)       (g)              (h) 

Fig 11.4. At 700 rpm, Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 
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            (a)        (b)     (c)      (d) 

 
           (e)      (f)         (g)                (h) 

Fig 11.5. At 800 rpm, Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
  (a)         (b)     (c) 

Fig 11.6. EHD Pressure Rise at (a) 600 rpm (b) 700 rpm (c) 800 rpm  

 

EFFECTS OF DIFFERENT VISCOSITIES ON 1
ST

COMPRESSION RING EHL AT LOW-

SPEED INITIAL ENGINE START UP 

11.8. The 1
st
 compression ring is most vulnerable to the thermal load of combustion and 

simultaneously exposed to the secondary displacements of the piston assembly during the cold 

engine start up conditions. The initial engine start up process is essentially a critical phase in an 

engine operation. A low-viscosity grade lubricant of 0.03187 Pa.s. viscosity is used to develop a 

basic model of the ring hydrodynamic and EHL in the initial engine start up. Then two separate 1
st
 

compression ring lubrication models are developed based on a fairly-viscous and a high-viscosity 

grade lubricant, respectively. The simulation results of the basic hydrodynamic and EHL models 

are compared with those of the two lubricant models. The comparative analysis optimizes the use of 

the lubricant in the hydrodynamic and EHL of the 1
st
 compression ring under the stated conditions.  
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THE BASIC MODEL OF RING EHL  

11.9. In the basic lubrication models the eccentricity and secondary velocity profiles of the ring in 

the hydrodynamic and EHL regimes are generated to explore the possibility of a physical contact of 

the ring with the cylinder liner. The secondary piston dynamics are incorporated in the ring 

lubrication models at 600 rpm speed and a ring-to-bore radial clearance of 10 microns. The film 

profiles are generated in the hydrodynamic and EHL regimes as the function of 720 degree crank 

rotation cycle. The hydrodynamic pressures are plotted over the circumferential length of the ring at 

the critical piston positions in all the 4-strokes. The effects of pressure on the viscosity are 

incorporated in the EHL model. The elastic deformations of the interacting circumferential lengths 

are considered to generate the EHL film and rising pressure profiles. 

11.10. Ring Secondary Eccentricities and Velocities. The primary piston assembly motion 

and the associated lateral secondary displacements of the ring have already been discussed. By 

neglecting the relative motion between the 1
st
 compression ring and its groove it is assumed that the 

ring will displace only with the piston during the 4-stroke cycle. The secondary displacements of 

the ring or the eccentricities are anticipated to be of fairly reasonable magnitude in the 

hydrodynamic lubrication regime. The eccentricities depend on the radial clearance and the 

proportionately low loads. In the EHL regime the film becomes very thin as compared to its 

thickness in the hydrodynamic regime. It happens due to the extensive loading the ring experiences 

in the EHL regime. Resultantly the ring experiences the large transverse displacements as compared 

to the case in the hydrodynamic regime. The ring displaces eccentrically as a result of the amount of 

energy transfer during the 4-stroke cycle. The rate at which energy is transferred from the ring to 

the liner and vice versa is proportional to the rate of secondary displacements of the ring during the 

cycle. In the basic lubrication model the ring eccentricity and velocity profiles in the hydrodynamic 

and EHL regimes are shown in sub-figures 10.7(a), (d) and 10.8 (a), (d) respectively. The ring 

eccentricity profiles are graphically plotted between the three horizontal lines in a similar manner as 

that of the piston skirts. In the hydrodynamic regime the ring displaces only between +0.2 and -0.2 

during the 4-stroke cycle. In the sub-figure 11.7 (a) the 1
st
 compression ring commences its journey 

concentrically with the liner in the hydrodynamic regime and accelerates with the piston till the 

mid-induction stroke. The piston decelerates after attaining the maximum speed at the mid-stroke, 

which displaces the 1
st
 compression ring eccentrically towards the thrust side of the liner at the very 
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low loads. On reaching the bottom dead center (BDC) the direction of sliding of the piston changes 

at a minimum cyclic speed. It displaces the 1
st
 compression ring further towards the thrust side of 

the liner. In the compression stroke the piston compresses the air-fuel mixture at relatively moderate 

pressures in the first half to fairly high ones rising in the second half of the stroke. The 1
st
 

compression ring does not shift its position as the effects of the cyclic piston speed are compensated 

by the increasing amplitude of the gas force in the compression stroke. Combustion takes place in 

the beginning of the expansion stroke, which displaces the ring from the thrust side to the non-

thrust side of the liner. In the meantime the piston travels past the mid-expansion stroke. After that 

there is a slight displacement of the ring towards the non-thrust side till the completion of the 4-

stroke cycle. The secondary velocity or the displacement rate profile in the hydrodynamic regime is 

shown in the sub-figure 11.7(d). The graph shows the 0 figure dividing it into the negative and the 

positive quadrants. The velocity profile in the negative quadrant represents the energy transfer from 

the liner to the ring in the induction and the compression strokes. The profile in the positive 

quadrant shows the transfer of energy from the ring to the liner. A correlation exists between the 

secondary eccentricity and the velocity profiles. Since the range of the transverse displacements of 

the ring is between -0.2 and +0.2, hence the corresponding range of their rate is between -1 and +1. 

In the EHL regime the thickness of the film between the ring and the liner decreases considerably. 

An additional space is created which allows the parabolic-faced ring to experience large transverse 

displacements as compared to the case in the hydrodynamic regime. Secondly, the increasing thrust 

of the applied load allows an extra amount of energy transfer between the ring and the liner. It 

causes the ring to come closer to the liner in the EHL regime. The eccentricity and velocity profiles 

in the EHL regime are shown in the sub-figures 11.8(a) and (d), respectively. A comparison of these 

profiles with those in the hydrodynamic regime shows some significant similarities and differences. 

As is the case in the hydrodynamic regime the energy is transferred from the ring to the liner in the 

induction and the compression strokes and vice versa in the expansion and the exhaust strokes. A 

noticeable difference is in the range of the amplitudes of eccentricities and velocities in the 

respective lubrication regimes. The excessive hydrodynamic loads, the elastic surface 

displacements and the additional space available to the parabolic-faced ring increase the range of 

the eccentricity profile to between -1 and +1 and that of the velocity to between -5 and +5, 

respectively. In the EHL of the ring in the basic model the thrust of combustion in the expansion 
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stroke brings the ring very close to the liner but a physical contact is avoided during the expansion 

and the exhaust strokes. It happens because of the energy transfer between the ring and the liner.  

11.11. Film Profiles.     The sub-figure 11.9(a) shows the profiles of the maximum and the 

minimum film in the hydrodynamic regime. The sub-figure 11.9(d) shows the thickness profiles 

before and after the elastic surface deformation in the EHL regime. In the hydrodynamic regime the 

maximum thickness, shown as Max. Hyd. Film represents the film before the side leakage and 

squeeze out effects. The minimum thickness, shown as the Min. Hyd. Film is the film available to 

carry the hydrodynamic loads after the squeeze out and side leakage of the surplus lubricant. In the 

hydrodynamic regime the thickness of the film is affected by the cyclic motion of the ring in the 4-

stroke cycle. In all the four piston strokes the lubricant film gets thicker very sharply as the ring 

accelerates with the piston in the first half of each stroke. A sudden deceleration after the mid-point 

in each stroke causes a sharp reduction in the thickness of the hydrodynamic film. However, when 

the thrust of combustion transfers the tremendous amount of energy to the 1
st
 compression ring, it 

gets displaced eccentrically all the way from the non-thrust to the thrust side of the liner. It brings a 

corresponding reduction in the thickness of the film of the low-viscosity grade engine lubricant. The 

high magnitude of energy transfer does not allow the film to get thick again till the ring reaches at 

the end of the exhaust stroke. In the EHL regime the hydrodynamic pressures rise very high to 

displace the interacting ring face and the liner elastically. The elastic displacement occurs at the 

exceptionally high hydrodynamic pressures. The film is very thin at the maximum pressures prior to 

the initiation of the deformation process. The profile of this very thin film is plotted in the sub-

figure denoted as h pmax. The elastic displacements allow the lubricant under the flooding 

conditions to occupy the additional space created. It increases the thickness of the EHL film, 

represented as the EHL Film. In the basic lubrication model the profiles in the EHL regime show 

the generation of very thin films when a low-viscosity grade lubricant is used. 

11.12. Hydrodynamic and EHD Pressures. The hydrodynamic pressures build up between 

the 1
st
 compression ring and the liner allow the ring to sustain these loads effectively. In the initial 

engine start up the secondary eccentricities play a crucial role in altering the pressure gradient, 

amplitude and intensity at every degree of crank rotation in the 4-stroke cycle. In view of this it is 

imperative to ascertain the behavior of the low-viscosity grade lubricant in terms of the pressure 

profiles at the critical ring positions in the 720-degree cycle. The hydrodynamic pressure fields 
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showing the profiles along the circumferential length of the ring are plotted at the critical mid and 

the end of stroke positions of the ring and shown in the dimensionless form in figure 10.10. In the 

induction stroke the pressures are of very low intensity and amplitude. They rise gradually along the 

circumference of the ring and attain the peak values close to the center-point of its length. In the 

compression stroke the amplitudes rise as the air-fuel mixture is compressed and the pressures start 

building up sharply. The pressures intensify to high proportions as the 1
st
 compression ring reaches 

at the end of the compression stroke. In the expansion stroke the amplitude of the gas pressure force 

rises very high. Its sudden impact on the 1
st
 compression ring intensify the hydrodynamic pressures 

to exceptionally high proportions in the first half of the expansion stroke. The ring sustains the 

high-intensity pressures in the expansion stroke but the amplitudes of the peak pressures decrease in 

the second half of the stroke. The minor eccentricities of the ring due to the swirling action of the 

exhaust gases leaving the combustion chamber alter the pressure profiles in the first half of the 

exhaust stroke. The pressures of reasonably low amplitude build up fairly sharply, as shown by the 

profile in the sub-figure 11.10(g). In the second half of the exhaust stroke the swirling of the 

exhaust gases subsides as most of the them leave the chamber by then. By the time the ring reaches 

at the end of the exhaust stroke the very low intensity pressures of insignificant proportions are 

generated over the circumferential length in the absence of any external loading on the ring. In the 

EHL regime the pressures rise much beyond the peak values in the hydrodynamic regime and 

deform the ring and the liner elastically. The EHD pressures produce the glass-like transition effects 

and the lubricant behaves like an amorphous solid between the ring and the liner to sustain the 

tremendous loads. When a low-viscosity grade lubricant is used at a low speed the EHD pressures 

do not rise very high. Resultantly the 1
st
 compression ring and the liner experience the relatively 

small elastic displacements, which could be noticed from the thickness of the film in the EHL 

regime. The intensity of the rising EHD pressures vary along the circumferential length of the ring. 

These variations are important as the regions of high-intensity pressures have relatively thick EHL 

films and are less vulnerable to wear as compared to the other places along the circumference. The 

2-D profile of the EHL pressures rising over the circumferential length of the 1
st
 compression ring 

is shown in the sub-figure 11.13(a). The pressures do not rise fairly high and the peak values are 

obtained at close to the end of the length of the ring. The pressures rise in the center zone of the 

length but are of relatively low intensity as compared to the peak pressures.    
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DIFFERENT VISCOSITY-GRADE LUBRICANTS BASED RING EHL MODELS 

11.13 The simulation results of the two other ring lubrication models are compared with those of 

the basic EHL model for the optimization of the viscosity-grade under the stated conditions. The 

fairly-viscous and the high-viscosity grade lubricants are designated as Oil B and C, respectively. 

     

11.14. Secondary Eccentricities and Velocities. The sub-figures 11.7(b), (e) and 11.8(b), (e) 

show the dimensionless eccentricity and velocity profiles in the hydrodynamic and EHL regimes 

for the case of Oil B. In case of Oil C these profiles are shown in the sub-figures 11.7(c), (f) and 

11(c), (f), respectively. In the hydrodynamic regime a comparison of the eccentricities of the ring in 

all the three cases shows that the generally similar profiles. However, there are some noticeable 

differences in the profiles. When a low-viscosity grade lubricant in the basic model the maximum 

eccentric displacement towards the non-thrust side is the smallest among all the three cases. A 

comparison of the amplitudes of the eccentricities towards the thrust side of the liner shows that the 

ring displaces the most towards the thrust side in the expansion stroke in all the three cases. When a 

high-viscosity grade lubricant is used the eccentricities of the ring decrease considerably at a low-

speed engine start up. It is attributed to the amount of energy transfer between the 1
st
 compression 

ring and the liner during the 720-degree crank rotation cycle. In the EHL regime the eccentricities 

of the  1
st
 compression ring increase significantly in all the three cases. The tremendous amount of 

loading brings the  1
st
 compression ring closer to the liner in all the three cases. In case of a fairly-

viscous lubricant the eccentric displacements of the ring towards the non-thrust side decrease 

during the compression stroke as compared to the case of Oil C. However, when a high-viscosity 

grade Oil C is used in the EHL regime the degree of concentricity with respect to the thrust side of 

the liner improves considerably. Resultantly, the possibility of a physical contact between the  1
st
 

compression ring and the liner becomes remote as compared to the case of either Oil A or B. When 

viewed in terms of the secondary velocity profiles in all the three cases, the minimum energy is 

transferred from the liner to the ring when the Oil C is used as a lubricant.               

11.15. Hydrodynamic and EHL Films. The eccentricities of the  1
st
 compression ring have a 

profound effect on the lubricant film profiles, which change with the lubricant. Figure 11.9 shows 

the film thickness profiles in the hydrodynamic and EHL regimes for all the three cases, 

respectively. The film profiles in respect of the Oil A have already been discussed. When the 
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profiles of the maximum and the minimum hydrodynamic films in respect of Oil A are compared 

with those in case of Oils B and C, the thicknesses increase and decrease generally in a similar 

manner. When compared specifically in each stroke of the piston ring assembly, some visible 

changes in the profiles are observed in induction and the expansion strokes. In the first half of the 

induction stroke the 1
st
 compression ring is concentric with the liner in all the three cases. By 

increasing the viscosity grade of the lubricant the film gets thicker. It is attributed to the viscous 

behavior of the lubricant under the minimal load and speed conditions. In the expansion stroke the 

combustion thrust does not allow the hydrodynamic film to rise again in the remaining part of the 4-

stroke cycle. A similar trend is observed when a fairly-viscous grade engine lubricant is used but 

the threshold of the thin film is raised slightly. A significant change in the hydrodynamic film 

profiles is observed during the expansion stroke when Oil C is used. The thrust of combustion 

minimizes the thickness of the hydrodynamic film to insignificant proportions as is the case when 

the other two lubricants are used. However, the thickness of the film increases again in the face of 

the thermal effects of the swirling burnt out gases inside the combustion chamber. In the EHL 

regime the film gets thicker by improving the viscosity grade of the lubricant. Moreover, the EHL 

Film profile shows that the interacting  1
st
 compression ring and the liner experience significant 

elastic displacements when a high-viscosity grade lubricant is used. It implies that the threshold of 

the maximum pressures is raised by improving the viscosity-grade of the oil. Resultantly, there are 

more elastic displacements, which bring in more lubricant to make the film thicker.  

11.16. Hydrodynamic and EHD Pressures. In the hydrodynamic regime the pressure 

intensities, bias and pattern of the buildup get affected by changing the viscosity-grade of the 

lubricant. The figures 11.11 and 11.12 show the 3-D pressure profiles of the  ring at the crank 

positions when the ring is at the mid and the end of each stroke in the 720-degree cycle. In the 

induction stroke the low pressures rise slightly and become evenly distributed by improving the 

viscosity grade of the lubricant. In the compression stroke the pressure-intensities vary slightly but 

the peak pressures rise with the viscosity grade of the lubricant. The noticeable changes in the 

intensity, buildup, distribution and amplitude are observed in the expansion stroke when under the 

effects of the combustion thrust the hydrodynamic pressures rise very high in all the three cases. In 

case of Oil C the steeper gradients till the completion of the expansion stroke show that the rising 

pressures maintain their impetus relatively longer as compared to the other two cases. In the first 

half of the exhaust stroke the swirling action of the exiting burnt out gases affects the load-carrying 
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capacity of the film by causing the ring to remain displaced eccentrically. However, in the second 

half of the exhaust stoke the effects of the existing gases on the ring subside and it gets displaced 

again to achieve concentricity before the completion of the 4-stroke cycle. In this context the 

viscosity grade of the lubricant affects the buildup of the fairly low pressures in all the three cases. 

In case of Oil A the pressures intensify to some extent with steep slopes in the first half of the 

exhaust stroke. In case of Oil B the low-pressure intensities get reduced and the pressures become 

evenly distributed between the ring and the liner. In case of Oil C the amplitude of the peak 

pressures increase slightly in the first half of the exhaust stroke. However, it leads to a slightly 

sharp rise of the unevenly distributed low pressures in the second half of the stroke. In the EHL 

regime the hydrodynamic pressures rise much beyond the upper threshold of the peak pressures in 

the hydrodynamic regime. The extent to which the pressures rise in the EHL regime corresponds to 

the amount of the elastic displacements of the ring and the liner. In the EHL regime the thickness 

profiles of the film show improvements with the improved viscosity-grade of the lubricant. It 

implies that the respective amplitudes of the rising EHD pressures bring such improvements. In 

view of this, the profiles of the rising EHD pressures in dimensionless form in all the three cases are 

generated and shown in figure 11.13. A comparison of the rising pressures show some noticeable 

differences in the amplitudes and the location of the pressures rising over the circumferential length 

of the ring. As compared to the case of Oil A, the pressures rise significantly high when using either 

Oil B or C in the EHL of the ring. The rising pressures shift their location in all the three cases. 

When the Oil B is used, the high rising pressures are observed on the two locations along the 

circumferential length as compared to the one location in each of the other two cases. The 

maximum amplitudes of the rising pressures indicate the extent of the elastic displacements 

anticipated at the particular locations of the ring. When correlated with the EHL film thickness 

profiles the use of Oil C makes the film thicker because of the correspondingly higher EHD 

pressures rising over the circumferential length of the ring. 

11.17. Conclusions.     In view of the findings the following conclusions are drawn:  

 11.17.1. In   the  hydrodynamic   regime  the  low  loads do not allow any significant ring 

   eccentricities of the irrespective of the viscosity grade of the lubricant. 

 11.17.2. In the hydrodynamic  regime the pressure distribution along the circumferential   

   length  of  the ring improves with the viscosity-grade of the oil. It improves the film 

   thickness in the expansion and exhaust strokes.  
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 11.17.3. In the hydrodynamic regime the cyclic variations in the thickness of the minimum 

   film in the compression and the expansion strokes may allow a physical contact and 

   wear of the ring under the lubricant starvation conditions.  

 11.17.4. The extensive loading of the 1
st
 compression ring in the EHL regime increases the 

   possibility of a physical contact with the liner and subsequent wear of the ring. 

 11.17.5. A  low-viscosity  grade  lubricant  allows  the  maximum  eccentricities  of  the 1
st
 

   compression ring in the EHL regime to increase the possibility of wear.  

 11.17.6. A  fairly-viscous  lubricant  allows  the  EHD pressures to have a relatively even 

   distribution  along  the  circumferential length of the ring as compared to the other 

   cases. It improves the average thickness of the EHL film.   

 11.17.7. Wear may be avoided by using the high-viscosity grade lubricant in the EHL regime.  

 11.17.8. In  view  of  the  analysis, the  high-viscosity grade Oil C may be optimized as the 

   recommended viscosity grade under the stated conditions.   

 
    (a)       (b)         (c)           (d)  (e)  (f) 

Fig 11.7. Hydrodynamic Eccentricity Profile Oil (a) A (b) B (c) C. Velocity Oil (d) A (e) B  (f) C. 

 
 (a)      (b)    (c)    (d)  (e)  (f) 

Fig 11.8. EHL Eccentricity Profile Oil (a) A (b) B (c) C. Velocity Profile for Oil (d) A (e) B  (f) C. 
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 (a)       (b)      (c)         (d)   (e)   (f)  

Fig 11.9. Hydrodynamic Film Profiles Oil (a) A (b) B (c) C. EHL Film Profiles Oil (d) A(e) B (f) C  

 
       (a)    (b)   (c)      (d) 

 
      (e)         (f)         (g)               (h) 

Fig 11.10. Oil A, Pressures at crank angle (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

  (a)   (b)         (c)         (d) 

 
            (e)            (f)   (g)      (h) 

Fig 11.11. Oil B, Pressures at crank angle (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 
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  (a)   (b)         (c)         (d) 

  
        (e)         (f)              (g)    (h) 

Fig 11.12. Oil C, Pressures at crank angle (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
  (a)     (b)    (c) 

Fig 11.13. EHD Pressure Rise for (a) Oil A (b) Oil B (c) Oil C 

 

EFFECTS OF DIFFERENT RADIAL CLEARANCES ON LOW-VISCOSITY 

1
ST

COMPRESSION RING EHL IN INITIAL ENGINE START UP 

11.18. The radial clearance between the 1
st
 compression ring and the cylinder liner changes 

continuously from the time an engine starts up till it attains the normal operating conditions after a 

few minutes of idle running at low speeds. A low-viscosity grade engine lubricant may be preferred 

over a fairly-viscous or a high-viscosity grade oil due to the ease of a cold engine starting and the 

minimization of the energy losses during the unusual engine operating conditions. A low-viscosity 

grade engine lubricant may play a critical role in minimizing wear of the 1
st
 compression ring in the 

initial engine start up phase. In this context the ring to bore radial clearance need to be optimized 

for an effective lubrication. The 1
st
 compression ring gets displaced in the transverse direction along 

with the other components of the piston assembly. However, the amplitude of these displacements 
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are dependent on the radial clearance between the interacting ring and the liner. The initial engine 

start up is a critical phase in an engine operation. A low-viscosity grade engine lubricant when used 

at an undesirable radial clearance might bring more damage to the ring than is the case with an 

inappropriate viscosity-grade oil at a desirable clearance. The engine start up wear of the 1
st
 

compression ring cannot be avoided in the absence of an EHL film between the ring and the liner. 

In view of these considerations a low-viscosity grade lubricant is used to develop a basic model of 

the ring hydrodynamic and EHL in the initial engine start up at a small radial clearance of 10 

microns. Then two separate 1
st
 compression ring lubrication models are developed based on the 

radial clearances of 30 and 50 microns, respectively. The simulation results of the basic 

hydrodynamic and EHL models are compared with those of the lubrication models at the two stated 

clearances. The outcome of the comparative analysis would optimize the ring-to-bore radial 

clearance in the hydrodynamic and EHL of the 1
st
 compression ring under the stated conditions.  

THE BASIC MODELS OF RING LUBRICATION  

11.19. The basic hydrodynamic and EHL models of the 1
st
 compression ring are developed at 600 

rpm speed. A low-viscosity grade oil of 0.03187 Pa.s. ambient viscosity is considered at a ring-to-

bore radial clearance of 10 microns. The simulation results show the ring eccentricity and secondary 

velocity profiles, film thickness and pressures in the hydrodynamic and EHL regimes, respectively. 

10.20. Ring Secondary Eccentricities and Velocities. The sub-figures 11.14 (a) and (d) show 

the eccentricity and velocity profiles of the 1
st
 compression ring in the rigid hydrodynamic regime. 

In the hydrodynamic regime the ring does not get displaced much eccentrically during the 4-stroke 

cycle. It is attributed to the two factors under the lubricant flooding conditions. The first factor is 

the parabolic face contact profile of the ring with a very small width in the axial direction. The 

second aspect is the generation of the relatively low-intensity hydrodynamic pressures as compared 

to the case in the EHL regime. In the hydrodynamic regime the 1
st
 compression ring displaces 

eccentrically towards the non-thrust side in the induction and the compression strokes. In the 

beginning of the expansion stroke the thrust of combustion displaces the ring eccentrically towards 

the thrust side of the liner. In the second half of the exhaust stroke the swirl produced by the exiting 

burnt out gases subsides significantly, which allow the ring to achieve concentricity with the liner-

axis before the completion of the crank rotation cycle. As part of the piston assembly the 1
st
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compression ring moves cyclically in each stroke of the cycle. It starts from rest at the top dead 

center (TDC), accelerates at a very low load and achieves the maximum speed at the mid-induction 

stroke. Then it starts decelerating and gets displaced eccentrically towards the non-thrust side. At 

the completion of the induction stroke at the bottom dead center (BDC) the ring changes its 

direction of motion at a minimum speed and gets displaced further towards the non-thrust side of 

the liner. In the expansion stroke combustion thrust displaces the 1
st
 compression ring towards the 

thrust side of the liner. In the hydrodynamic regime the maximum eccentric displacement of the 

ring does not go beyond 20% on either side in the transverse direction. The secondary velocity 

profile curve displaces in the positive and the negative quadrants. It implies that in the positive 

quadrant the energy is transferred from the ring to the liner where as in the negative quadrant the 

energy transfer path is reversed. The amplitude of the ring eccentricity in the hydrodynamic and 

EHL regimes depends on the amount of energy transfer between the ring and the cylinder liner. The 

sub-figures 11.15 (a) and (d) show the ring eccentricity and velocity profiles in the EHL regime. 

Unlike the case in the hydrodynamic regime the amplitudes of the eccentricity and velocity curves 

increase significantly in the EHL regime. In the EHL regime the loads increase tremendously, which 

reduce the thickness of the hydrodynamic film considerably. The impact of the tremendously high 

loads and an extra space due to the reduction in the film thickness increase the eccentricities of the 

ring significantly. The eccentricity and velocity profiles of the ring are generally similar to those in 

the hydrodynamic regime, except a few minor differences. However, the ring gets displaced many 

times more to come closer to the liner surface in the expansion stroke. In the EHL regime the 

impact produced by the combustion thrust causes the ring to almost establish a physical contact 

with the liner in the second half of the expansion stroke. The eccentricity profile shows that under 

the stated clearance and using a low-viscosity grade lubricant the possibility of a physical contact 

and wear of the 1
st
 compression ring during the expansion and exhaust strokes cannot be ruled out 

completely. The secondary velocity profile of the 1
st
 compression ring shows the excess amount of 

energy transfer from the liner to the ring during the expansion and the exhaust stroke. The extra 

energy transfer brings the interacting ring and the liner closer to each other for a possible contact 

under the stated conditions.             

 

11.21. Hydrodynamic and EHL Films. The sub-figures 11.16(a) and (d) show the film 

thickness profiles in the hydrodynamic and EHL regimes. In the hydrodynamic regime a sufficient 
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lubricant flow rate must be maintained to allow a film thick enough to get established between the 

1
st
 compression ring and the cylinder liner. The film profiles show that the thickness of the film 

changes continuously in every stroke of the 4-stroke cycle. The minimum hydrodynamic film is 

very thin initially but rises close to 4.0 microns in the induction stroke. It drops instantaneously to a 

fraction of a micron as the ring decelerates after the mid-induction stroke. The thickness of the film 

starts increasing with the commencement of the compression stroke. The ring displaces 

eccentrically and the amplitude of the gas pressure force increases in the compression stroke. It 

causes a sudden reduction in the thickness of the film. The film starts rising again but it gets thicker 

during the second half of the compression stroke and attains a peak value at the end of the stroke. 

Combustion occurs in the beginning of the expansion stroke and its thrust brings a sharp reduction 

in the film thickness to a very small value. The thin film starts getting thick and an instantaneous 

spike of sufficient amplitude is produced when the ring decelerates after passing through the mid-

expansion stroke region.  In the exhaust stroke the absence of any external thrust and the swirling 

action of the exiting gases do not let the thin minimum film to get thicker again. In the EHL regime 

the pressures rise tremendously due to the excessive external loading. A few microns thick average 

minimum film in the hydrodynamic regime decreases to a fraction of a micron thick film in the 

EHL regime. The extensive pressures deform the interacting 1
st
 compression ring and the liner 

elastically. An additional space is created momentarily, which allows the lubricant to peep through 

the gaps and improve the thickness of the film slightly. The film prior to the elastic displacements is 

at the maximum pressures and is designated as hpmax and the resultant film of a slightly thick profile 

is termed as EHL Film in the graphical results. The extensive loading of the 1
st
 compression ring 

does not allow the film to improve its thickness of comparable proportion with the hydrodynamic 

film at any instant in the 4-stroke cycle. A few occasional spikes of low amplitudes are noticed in 

the induction, beginning of compression and the second half of the expansion strokes of the cycle.     

 

11.22. Hydrodynamic and EHD Pressures. The 1
st
 compression ring sustains the cyclic 

impact loading effectively because of the buildup of the hydrodynamic pressures that carry those 

loads. In the initial engine start up the eccentricities of the 1
st
 compression ring alter the gradients, 

amplitude and intensity of the hydrodynamic pressures at every degree of the crank rotation in the 

cycle. In this context the role of the low-viscosity grade lubricant becomes very important at a small 

radial clearance. It is imperative to generate the 3-D graphical profiles of the hydrodynamic 
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pressure at the beginning and the mid-point of each piston stroke. The hydrodynamic pressures  

buildup along the circumferential length of the ring are plotted and shown in the dimensionless 

form in figure 11.17. In the induction stroke the very low intensity pressures and amplitude buildup 

gradually along the circumference length of the ring.  The pressures attain the vertex at the mid-way 

between both the ends of the 1
st
 compression ring. The piston assembly compresses the air-fuel 

mixture in the compression stroke due to which the amplitudes rise and the low-intensity 

hydrodynamic pressures build up sharply. The fairly high pressures intensify with steep gradients as 

the ring approaches at the end of the compression stroke. In the expansion stroke the thrust of 

combustion in the form of an exceptionally high amplitude of the gas pressure force impacts the 

ring. It intensifies the already high pressures to higher proportions in the expansion stroke. The 

minimum film available between the ring and the liner sustains the very high-intensity loads in the 

expansion stroke. In the first half of the exhaust stroke the minor eccentricities of the ring due to the 

action of the exiting burnt out gases affect the pressure profiles. As a result the fairly low pressures 

build up sharply, as shown in the sub-figure 11.17(g). In the second half of the exhaust stroke the 

low-intensity pressures develop in the absence of any external loading on the ring. It allows the ring 

to get displaced in the transverse direction and achieve concentricity with the liner axis before the 

completion of the crank rotation cycle. In the EHL regime the pressures rise much higher than the 

peak values in the hydrodynamic regime and deform the 1
st
 compression ring and the liner 

elastically. The EHD pressures reduce the thickness of the film considerably. The thin lubricant 

film  behaves like an amorphous solid to support the hydrodynamic loads on the ring. At a small 

clearance the EHD pressures do not rise appreciably when a low-viscosity grade lubricant is used. 

Resultantly, the ring and the liner do not get deformed much elastically. The relatively small 

difference in the thickness between hpmax and EHL Film shows the effects produced by the low 

EHD pressures on the ring and the liner. The EHD pressures intensify along the circumference of 

the ring. The intensities vary such that the relatively thick EHL Film profiles are observed at the 

places of high-intensity pressures. The sub-figure 11.20(a) shows the extent of the rising EHD 

pressures, which are unevenly distributed along the circumferential length of the ring. The pressures 

rise and attains the maximum intensity near the end of the circumferential length of the ring.  

COMPARATIVE ANALYSIS OF DIFFERENT RADIAL CLEARANCES 

11.23. The basic 1
st
 compression ring lubrication models are developed at the ring-to-bore 

clearance of 10 microns. Similar hydrodynamic and EHL models are developed separately at the 
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slightly large and fairly large radial clearances of 30 and 50 microns, respectively. The slightly large 

radial clearance represents the engine operating conditions after a minute or so of the start-up 

operation. The fairly large 50 microns clearance shows the gap that exists in a few initial start up 

cycles in the first minute of an engine operation. The simulation results of the models for the two 

cases are compared with those of the basic model and analyzed to optimize the radial clearance.     

11.24. Secondary Eccentricities and Velocities. The sub-figures 11.14(b), (e) and 11.15(b), (e) 

show the eccentricity and velocity profiles at 30 microns clearance in the hydrodynamic and EHL 

regimes. At 50 microns the generally similar profiles are shown in the sub-figures 11.14(c), (f) and 

11.15(c), (f), respectively. In the hydrodynamic regime there are some noticeable differences in the 

eccentricity profiles of the ring in all the three cases. At 50 microns clearance the 1
st
 compression 

ring gets eccentrically displaced slightly early in the first half of the induction stroke. At the same 

time the amplitude of the displacement is low as compared to the other two cases. The maximum 

eccentricities of the ring towards the non-thrust side of the liner decrease slightly by increasing the 

radial clearance in the compression stroke. The combustion effects on the eccentricities are different 

in all the three cases. The ring shifts early towards the thrust side of the liner at 50 microns but 

takes a little more time in case of either 10 or 30 microns clearance. It gets closer to the thrust side 

of the liner during the second half of the expansion stroke when the clearance is 10 microns. 

However, it is closer partly in the expansion and exhaust strokes at 30 microns clearance. At 50 

microns the ring is closer to the liner mostly in the first half of the exhaust stroke. In all the three 

cases the amount of energy transfer between the ring and the liner varies with the radial clearance. 

The energy transfer becomes the cause of the changes observed in the eccentricity profiles of the 

ring. In the EHL regime the amplitude of the eccentricities of the ring increases significantly due to 

the tremendous loading. It brings the ring closer to the liner in all the three cases. Despite the 

significantly increasing amplitudes the eccentricity profiles are generally similar to those in the 

hydrodynamic regime but some differences are observed in the EHL regime. In the first half of the 

induction stroke the ring remains concentric with the liner for the same duration in all the three 

cases. The eccentricities of the ring towards the non-thrust side decrease slightly by increasing the 

radial clearance in the EHL regime. The ring is displaced from the non-thrust to the thrust side of 

the liner after combustion in the expansion stroke. A that time it comes closer to the liner. At 10 

microns it goes close to the liner but when the clearance is increased to 30 microns the 1
st
 

compression ring goes very close to the liner and a physical contact is almost established. By 
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increasing the clearance to 50 microns the ring does not come close to the liner as compared to the 

other two cases. It implies that at 50 microns clearance the 1
st
 compression ring may avoid a 

physical contact and wear conveniently. The secondary velocities of the ring increase with the 

change in the lubrication regime. It implies that there is an excess amount of energy transfer 

between the ring and the liner in the EHL regime in all the three cases as compared to the 

hydrodynamic regime. When comparing the velocity profiles in the EHL regime the energy transfer 

from the ring to the liner decrease by increasing the radial clearance. However, the energy transfer 

from the liner to the ring increases slightly when the clearance is increased from 10 to 30 microns. 

When the radial clearance is increased to 50 microns the energy transfer decreases from the liner to 

the 1
st
 compression ring. That is why the ring avoids a physical contact with the liner comparatively 

conveniently at 50 microns clearance.  

11.25. Hydrodynamic and EHL Films. The secondary eccentricities of the 1
st
 compression 

ring affect the thickness of the lubricant films in the hydrodynamic and EHL regimes. Increasing 

the radial clearance between the ring and the liner affects the eccentricities. In turn, the 

eccentricities bring the changes in the thickness of the lubricant films and alter their profiles. Figure 

11.16 shows the respective film profiles in the hydrodynamic and EHL regimes at the stated 

clearances, separately. By increasing the clearance the thickness of the film increases 

correspondingly. The average peak value of the film thickness is around 6 microns at 10 microns 

radial clearance. It increases to more than 11 microns at 30 microns clearance and to more than 14 

microns at 50 microns clearance. It implies that by increasing the radial clearance a relatively 

thicker film is available to carry the low-intensity hydrodynamic loads of the ring. In specific terms 

by increasing the radial clearance to three and five times, the hydrodynamic film will become 

thicker by around two and two-and-a-half times, respectively. A comparison of the film profiles 

shows that at 30 microns the thickness of the film improves considerably in the induction stroke but 

becomes thin in the second half of the expansion stroke. It is not the case at 50 microns clearance 

where the film gets thin in the induction stroke and becomes sufficiently thicker in the second half 

of the expansion stroke. In the EHL regime the extensive loads on the 1
st
 compression ring reduce 

the thickness of the film considerably. At 10 microns clearance the hpmax and EHL Film profiles 

show very thin films. As compared to that the thickness of the films improves significantly at 30 

microns clearance. At 50 microns clearance an improvement of similar magnitude in the thickness 
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of the respective films is not observed. At 30 microns clearance the films become thicker in the 

expansion stroke where as it happens in the induction stroke at 50 microns clearance.    

11.26. Hydrodynamic and EHD Pressures. In the hydrodynamic regime the intensities of  

pressure, bias and the gradients change by increasing the radial clearance between the 1
st
 

compression ring and the cylinder liner. The figures 11.18 and 11.19 show the hydrodynamic 

pressures developed over the surface of the 1
st
 compression ring at the mid and the end of each 

stroke positions of the ring in the 720-degree cycle. In the induction stroke the low-intensity 

pressures change their profiles and become uniformly distributed by increasing the radial clearance 

to 30 and then to 50 microns. of the lubricant. In the compression stroke the high pressures rise 

sharply and intensify with steeper slopes at 10 microns clearance. However, at 30 microns the 

pressure intensities subside slightly and the distribution improves along the circumference of the 

ring. The trend continues when the clearance is increased to 50 microns. In the expansion stroke 

some noticeable changes are observed in the pressure profiles at the three stated clearances. At 10 

microns clearance the very high pressures in the first half of the expansion stroke have steeper 

gradients and are concentrated in the central zone of the 1
st
 compression ring. By increasing the 

clearance to 30 microns the tremendously high pressures build up with a reduced degree of 

steepness of slopes. Resultantly, the distribution of pressures along the circumference of the ring 

also improves correspondingly. It implies that by increasing the radial clearance the 1
st
 compression 

ring will carry the loads more effectively due to the improved distribution of pressures along the 

circumference of the ring. At 50 microns clearance the distribution of pressures improves further 

but the slopes become very steep in the second half of the expansion stroke. It implies that the 

pressures intensify sharply at a large radial clearance when sustaining the tremendous 

hydrodynamic loads in the expansion stroke. In the first half of the exhaust stroke the swirling 

action of the exiting burnt out gases affects the pressure profiles and the load-carrying capacity of 

the ring. At 10 microns clearance the steep slopes of the fairly low pressures become steeper, which 

intensify the positive pressures. When the radial clearance is increased to 50 microns the interval of 

the intense pressure generation increases further and the low-amplitude  hydrodynamic pressures 

build up relatively sharply as compared to the other two cases. In the EHL regime the tremendous 

external loading raises the amplitude of hydrodynamic pressures much beyond the upper threshold 

of peak pressures in the hydrodynamic regime. When a low-viscosity grade lubricant is used the 

EHD pressures do not rise very high at a small radial clearance. However, by increasing the 
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clearance between the ring and the liner the amplitudes of the rising pressures increase slightly. At 

the three stated radial clearances the profiles of the rising EHD pressures in dimensionless form are 

shown in figure 11.20. It can be seen that the maximum values of the rising pressures in all the 

three cases remain in the range of low EHD pressures. By increasing the radial clearance to 30 

microns the peak pressures rise slightly from around 1.2% to 1.8%. At 50 microns clearance the 

peak pressures rise to around 3%. Apart from the amplitude variations there are other noticeable 

differences in the rising pressure profiles. These differences affect the thickness and profile of the 

film in the EHL regime. At 10 microns clearance the rising pressures intensify the most as 

compared to the other to cases. The rising peak pressures change their location by increasing the 

radial clearance. The location of the maximum pressures implies the anticipation of maximum 

elastic displacements of the 1
st
 compression ring and the liner at those places and the development 

of a fairly thick EHL Film. A comparison of the profiles shows that the maximum pressures rise at 

two locations in the ring. It implies the formation of sufficiently thick film to carry the EHD loads 

in the initial engine start up.                 

11.27 Conclusions. Based on the findings the following conclusions are made : 

 11.27.1. In   the  hydrodynamic  regime  the  low loads do not eccentrically displace the 1
st
 

   compression ring significantly to bring it closer to the  liner. It  happens  at  all  the

   stated radial clearances, which minimizes the possibility of adhesive wear of the ring 

   under the stated conditions. 

 11.27.2. By  increasing the radial clearance in the hydrodynamic regime the high-pressures 

   become more uniformly distributed along the circumferential length of  the ring. It 

   enhances the lubricant effectiveness and the load-carrying capacity of the ring. 

 11.27.3. In the hydrodynamic regime the chances  of a momentary physical contact of the 

   ring increase at a small clearance due to the cyclic changes in the film thickness. 

 11.27.4. In   the   EHL   regime  an extensive loading reduces the film thickness considerably

   at 10 microns clearance. It increases the possibility of wear of the ring. 

 11.27.5. In  the  EHL regime the chances of a physical contact between the 1
st
 compression 

   ring and the liner cannot be ruled out completely at 10 and 30 microns clearances.  

 11.27.6. The EHL film is thicker in the expansion stroke at a radial clearance of 30 microns. 

   It implies better load sustenance of the ring on the application of combustion loads.      
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 11.27.7. The possibility of wear of the 1
st
 compression ring may conveniently be avoided at a 

   radial clearance of 50 microns in the EHL regime [230].  

 11.27.8. The 50 microns may be the optimum radial clearance for an effective lubrication of  

   the ring when a low-viscosity grade oil is used under the stated conditions. 

 
 (a)      (b)          (c)     (d)  (e)  (f) 

Fig 11.14. Hydrodynamic Eccentricity Profile for clearance in microns (a) 10 (b) 30 (c) 50.   

    Secondary Velocity Profile for clearance in microns (d) 10 (e) 30  (f) 50. 

 
 (a)      (b)          (c)     (d)  (e)  (f) 

Fig 11.15. EHL Eccentricity Profile at clearance in microns (a) 10 (b) 30 (c) 50. Secondary Velocity 

     Profile at clearance in microns (d) 10 (e) 30  (f) 50. 

 
 (a)    (b)      (c)         (d)   (e)   (f)  

Fig 11.16. Hydrodynamic  Film  Profiles  at  clearance  in  microns  (a) 10 (b) 30 (c) 50. EHL Film 

     Profiles at clearance in microns (d) 10 (e) 30  (f) 50. 
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       (a)    (b)   (c)      (d) 

 
      (e)    (f)   (g)         (h) 

Fig 11.17. 10 microns, Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
        (a)   (b)          (c)      (d) 

     
       (e)         (f)           (g)    (h) 
Fig 11.18. 30 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
         (a)   (b)       (c)      (d) 

 
       (e)         (f)           (g)    (h) 
Fig 11.19. 50 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 
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        (a)      (b)      (c) 

Fig 11.20. EHD Pressure Rise at (a) 10 microns (b) 30 microns (c) 50 microns 

 

EFFECTS OF DIFFERENT RADIAL CLEARANCES ON FAIRLY-VISCOUS OIL BASED 

1
ST

COMPRESSION RING EHL IN INITIAL ENGINE START UP 

 

11.28. During the operation of an internal combustion (IC) engine the 1
st
 compression ring 

maintains a definite radial clearance with the cylinder liner. In the initial engine start up phase this 

ring-to-bore clearance changes continuously from the time of start up till the attainment of the 

normal operating conditions after a few minutes of operation. To allow for a compromise between a 

low and a high-viscosity grade lubricant a fairly-viscous oil of an appropriate ambient viscosity 

may be used in the initial engine start up. In this way a degree of ease of cold engine starting and 

the  not-so-high energy losses may be achieved during the unusual engine start up and conditions. A 

fairly-viscous engine lubricant may play a crucial role in minimizing wear of the 1
st
 compression 

ring in the low-speed initial engine start up provided an appropriate radial clearance is maintained. 

In this context the ring-to-bore radial clearance must be optimized for an effective lubrication. In 

the initial engine start up the 1
st
 compression ring is always directly exposed to the thermal loads of 

combustion. In the initial engine start up the secondary time-dependent displacements of the piston 

assembly affect the lubrication of the 1
st
 compression ring. Being part of the piston assembly the 1

st
 

compression ring experience the transverse displacements when a fairly-viscous lubricant flows 

between the ring and the liner. The amplitude of the eccentricities  of the ring depends on the radial 

clearance. In the initial engine start up when a fairly-viscous lubricant is used at an inappropriate 

radial clearance then it might damage the ring and reduces its life. It is understood that the engine 

start up wear of the 1
st
 compression ring is difficult to avoid if an EHL film does not get established 

between the ring and the liner. In considering these aspects a fairly-viscous lubricant is used at a 
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small radial clearance of 10 microns to develop the basic hydrodynamic and EHL models of the 1
st
 

compression ring in the initial engine start up. Then two separate 1
st
 compression ring lubrication 

models are developed based on the radial clearances of 30 and 50 microns, respectively. The 

simulation results of the basic hydrodynamic and EHL models are compared with those of the 

lubrication models of the two stated clearances. The outcome of the comparative analysis would 

optimize the ring-to-bore radial clearance in the hydrodynamic and EHL of the 1
st
 compression ring 

under the stated conditions.  

THE BASIC MODELS OF RING LUBRICATION  

11.29. The basic hydrodynamic and EHL models of the 1
st
 compression ring are developed at 600 

rpm speed, using a fairly-viscous lubricant of 0.08571 Pa.s. viscosity and a ring-to-bore radial 

clearance of 10 microns. The simulation results show the ring eccentricity and secondary velocity 

profiles, film thickness and pressures in the hydrodynamic and EHL regimes, respectively. 

  

11.30. Ring Secondary Eccentricities and Velocities. The sub-figures 11.21 (a) and (d) show 

the eccentricity and velocity profiles of the 1
st
 compression ring in the rigid hydrodynamic regime. 

In case of the eccentricity profiles in the hydrodynamic and EHL regimes the respective graphs of 

the simulation results show the three horizontal lines, as discussed earlier. In the hydrodynamic 

regime the 1
st
 compression ring does not displace much eccentrically during the 4-stroke cycle. It is 

due to the two factors under the lubricant flooding conditions. The first factor is the parabolic face 

profile of the ring and the second is the generation of relatively low-intensity hydrodynamic 

pressures. In the hydrodynamic regime the 1
st
 compression ring gets displaced eccentrically towards 

the non-thrust side in the induction and the compression strokes. In the beginning of the expansion 

stroke the thrust of combustion displaces the ring eccentrically towards the thrust side of the liner. 

In the second half of the exhaust stroke the swirl produced by the exiting burnt out gases subsides 

significantly, which allow the ring to become concentric with the liner-axis before the completion of 

the crank rotation cycle. As part of the piston assembly the 1
st
 compression ring moves cyclically in 

each stroke of the 4-stroke cycle. On the completion of the induction stroke at the bottom dead 

center (BDC) the ring changes its direction of motion at a minimum speed and gets displaced again 

towards the non-thrust side of the liner. In the expansion stroke combustion thrust displaces the 1
st
 

compression ring towards the thrust side of the liner. In the hydrodynamic regime the maximum 

eccentric displacement of the ring does not go beyond 20% of the distance on either side in the 
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transverse direction. The secondary velocity profile curve shows the displacement in the positive 

and the negative quadrants. The amplitude of the ring eccentricity in the hydrodynamic and EHL 

regimes depends on the amount of energy transfer between the ring and the cylinder liner. The sub-

figures 11.22 (a) and (d) show the ring eccentricity and velocity profiles in the EHL regime. Unlike 

the case in the hydrodynamic regime the amplitudes of the eccentricity and velocity curves increase 

significantly in the EHL regime. In the EHL regime the loads increase tremendously and reduce the 

film thickness considerably. The eccentricity and velocity profiles of the 1
st
 compression ring are 

generally similar to those in the hydrodynamic regime, but the amplitudes increase many times in 

the EHL regime. At 10 microns clearance the ring comes fairly close to the liner towards the non-

thrust side. However, the impact of combustion thrust displaces the ring all the way towards the 

thrust side in the expansion stroke. The 1
st
 compression ring comes very close to almost establish a 

physical contact with the liner in the second half of the expansion stroke. The ring eccentricity 

profile shows that the possibility of a physical contact with the liner and wear of the ring cannot be 

ruled out completely during the expansion and exhaust strokes. The secondary velocity profile of 

the ring shows the excess amount of energy transfer from the liner to the ring during the expansion 

and the exhaust strokes. The extra energy transfer brings the interacting ring and the liner closer to 

each other for a possible contact under the stated conditions.             

 

11.31. Hydrodynamic and EHL Films. The sub-figures 11.23(a) and (d) show the film 

thickness profiles in the hydrodynamic and EHL regimes, respectively. In the hydrodynamic regime 

a sufficient lubricant flow rate is maintained under the flooding conditions. It allows a film thick 

enough to get established between the 1
st
 compression ring and the liner. The film profiles show 

that the thickness of the film increases and decreases cyclically in every stroke of the crank rotation 

cycle. The minimum hydrodynamic film is very thin initially but becomes almost 5.0 microns thick 

in the first half of the induction stroke. After the mid-induction stroke the ring decelerates and the 

thickness of the film decreases instantaneously. The thickness increases again with the 

commencement of the compression stroke. The eccentricities, hydrodynamic pressures and the 

acceleration of the ring in the first half of the compression stroke reduce the thickness of the film 

instantaneously. The film starts getting thick again in the second half of the compression stroke due 

to the rising amplitude of the gas force and the effect of the high hydrodynamic pressures. In the 

beginning of the expansion stroke the combustion thrust reduces the film thickness sharply to a 
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small value. The thin film  gets thicker and attains an instantaneous peak value again in the second 

half of the expansion stroke. This time it happens as the thrust of combustion subsides in the second 

half of the stroke.  In the exhaust stroke the absence of any external load, the eccentrically displaced 

ring and the swirling action of the exiting gases do not allow any changes in the profile of the thin 

hydrodynamic film till the completion of the cycle. In the EHL regime the excessive loading causes 

the hydrodynamic pressures to rise to very high values. A few microns thick average hydrodynamic 

film gets reduced  to a fraction of a micron in the EHL regime. The extensive pressures deform the 

interacting ring and the liner elastically. The creation of an additional space allows the lubricant to 

peep through the gaps, which improves the thickness of the film slightly. The hpmax and the EHL 

Film profiles are shown in the graphical results. The extensive loading of the 1
st
 compression ring 

does not allow the film to rise at any instant except in the second half of the expansion stroke. Apart 

from this a few low-amplitude spikes are observed in the induction and compression strokes.     

 

11.32. Hydrodynamic and EHD Pressures. The 1
st
 compression ring sustains the cyclic 

impact loads effectively due to the buildup of the hydrodynamic pressures. In the initial engine start 

up the eccentricities of the ring affect the gradients, amplitude and intensity of the hydrodynamic 

pressures during the crank rotation cycle. In this context the role of the fairly-viscous lubricant 

becomes very important at a small radial clearance. To study the effects the 3-D profiles of  

hydrodynamic pressures are generated at the beginning and the mid-point of each stroke. The 

respective hydrodynamic pressure  fields are shown in the dimensionless form in figure 11.24. In 

the induction stroke the very low-intensity pressures buildup gradually along the circumference of 

the ring. In the compression stroke the piston assembly compresses the air-fuel mixture which 

raises the amplitudes and the pressures build up sharply. The high-intensity pressures buildup with 

steep gradients as the 1
st
 compression ring approaches at the end of the compression stroke. In the 

expansion stroke the thrust of combustion intensifies the already high pressures further. In the first 

half of the exhaust stroke the insignificant changes in the eccentricities of the ring and the fairly- 

viscous lubricant allow the nearly uniform distribution of the low hydrodynamic pressures build up 

gradually, as shown in the sub-figure 11.24(g). In the second half the low-intensity pressures build 

up relatively sharply, as shown in the sub-figure 11.24(h). It is due to the cumulative effects of the 

viscosity and the ring displacement to achieve concentricity with the liner. In the EHL regime the 

rising pressures are quite high than the peak values in the hydrodynamic regime. As a result they 
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deform the 1
st
 compression ring and the liner elastically after reducing the thickness of the film 

considerably. At a small radial clearance the EHD pressures rise reasonably when a fairly-viscous 

lubricant is used. Resultantly, the ring and the liner experience the elastic deformation 

correspondingly. The difference in the thickness between hpmax and EHL Film shows the effects 

produced by the fairly satisfactory EHD pressures on the ring and the liner. The EHD pressures 

intensify along the circumference of the ring. The intensities vary such that relatively thick EHL 

Film profiles are observed at the places of high-intensity pressures. The sub-figure 11.27 (a) shows 

the rising EHD pressures such that the ones of maximum intensity are observed in the beginning. 

The maximum percentage is seen at the two-third distance of the circumferential length of the ring.  

COMPARATIVE ANALYSIS OF DIFFERENT RADIAL CLEARANCES 

11.33. Apart from the basic 1
st
 compression ring lubrication models the hydrodynamic and EHL 

models are developed separately at the slightly large and fairly large radial clearances of 30 and 50 

microns, respectively. The slightly large radial clearance represents the engine operating conditions 

after a minute or so of the start up operation. The fairly large 50 microns clearance shows the gap 

that exists in the initial few cycles in the first minute of an engine start up operation. The simulation 

results of the models for the two cases are compared with those of the basic model and analyzed to 

optimize the radial clearance under the stated conditions. 

     

11.34. Secondary Eccentricities and Velocities. The sub-figures 11.21(b), (e) and 11.22(b), (e) 

show the dimensionless eccentricity and velocity profiles at 30 microns clearance in the 

hydrodynamic and EHL regimes. At 50 microns the generally similar profiles are shown in the sub-

figures 11.21(c), (f) and 11.22(c), (f), respectively. In the hydrodynamic regime there are some 

noticeable differences in the eccentricity profiles of the 1
st
 compression ring in all the three cases. 

By increasing the radial clearance the maximum eccentricity of the ring towards the non-thrust side 

decreases. It implies that a fairly-viscous lubricant and a large radial clearance improve the 

concentricity of the ring in the compression stroke. As compared to the basic model when the 

clearance is increased to 30 microns the eccentricity of the ring decreases slightly in the expansion 

stroke. It is maintained at almost the same location at 50 microns clearance. Another important 

development is the reduction in the duration of the stay of the ring at the maximum eccentricity 

towards the thrust side of the liner. The maximum duration of stay at 10 microns clearance 



270 
 

decreases by increasing the radial clearance. It implies that the use of a fairly-viscous oil decreases 

the ring eccentricity at a large clearance in the hydrodynamic regime. In all the three cases the 

energy transfer between the ring and the liner varies with the radial clearance. In the EHL regime 

the excessive loading increase the amplitude of the eccentricities of the 1
st
 compression ring 

significantly. The shape of the eccentricity profiles are generally similar to those in the 

hydrodynamic regime but there are significant variations. The excessive loads bring the ring very 

close to the liner such that a physical contact establishes between them towards the thrust side at 30 

microns clearance. In the induction stroke the eccentricity profiles are similar in all the three cases. 

However, in the compression stroke the eccentricity of the 1
st
 compression ring increases towards 

the non-thrust side of the liner when the radial clearance is increased from 10 to 50 microns. The 

major differences are observed in the expansion and exhaust strokes. At 10 microns a physical 

contact is barely avoided but it cannot be avoided at 30 microns  due to which wear may take place. 

At 50 microns clearance the eccentricity of the ring decreases to an extent that a physical contact 

may conveniently be avoided under the stated conditions. The secondary velocity profiles show that 

the energy transfer from the ring to the liner increases with the radial clearance. However, the 

transfer of energy from the liner to the ring increases by increasing the clearance to 30 microns but 

decreases clearly when it is further enhanced to 50 microns clearance. It implies that there is an 

excess amount of energy transfer between the ring and the liner in the EHL regime as compared to 

the hydrodynamic regime. That is why the ring avoids a physical contact with the liner at 50 

microns clearance conveniently.  

11.35. Hydrodynamic and EHL Films. The radial clearance and the viscosity grade of the 

lubricant affect the secondary eccentricities of the  1
st
 compression ring. The eccentricities affect the 

thickness of the lubricant films in the hydrodynamic and EHL regimes. Figure 11.23 shows the film 

profiles in the hydrodynamic and EHL regimes at the three stated clearances, separately. By 

increasing the radial clearance the thickness of the hydrodynamic films increases correspondingly. 

The average peak value of the film thickness is around 5.5 microns at 10 microns radial clearance. 

It increases to more than 8 microns at 30 microns clearance and to around 13 microns at 50 microns 

clearance. It implies that by increasing the radial clearance a relatively thicker film is available to 

carry the low-intensity hydrodynamic loads of the ring. Specifically, if the clearance is increased by 

three and five times, the hydrodynamic film will become thicker by around one and a half times and 

two-and-a-half times, respectively. It implies that the thickness of the film improves by around 50% 
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of the increment in the radial clearance if a fairly-viscous lubricant is used. A comparison of the 

film profiles shows that at 30 and 50 microns clearances the thickness of the film gets reduced in 

proportional terms in the induction stroke. In the expansion stroke the peak film thickness decreases 

considerably at 30 microns clearance as compared to the other two cases. In the EHL regime the 

extensive loads on the 1
st
 compression ring reduce the thickness of the film considerably. At 10 

microns clearance the hpmax and EHL Film profiles show very thin films. A comparison of the film 

profiles shows the thickness of the EHL Film improves in the induction and the exhaust strokes at 

30 and 50 microns clearance. However, increasing the radial clearance does not improve the film 

thickness proportionally in the crucial expansion stroke when a fairly-viscous lubricant is used.  

11.36. Hydrodynamic and EHD Pressures. Figures 11.25 and 11.26 show the 3-D 

hydrodynamic pressure fields in the 4-stroke cycle at 30 and 50 microns clearances, respectively. In 

the first half of the induction stroke the low-intensity pressures become more uniformly distributed 

by increasing the radial clearance. In the second half of the induction stroke the slopes become 

relatively steep at 30 microns but the distribution becomes more uniform at 50 microns clearance. 

In the compression stroke the high pressures rise sharply and intensify with steeper slopes at 10 

microns clearance. At 30 microns the slopes become steep initially but then the pressure intensities 

subside slightly and the distribution becomes uniform along the circumference of the ring. The 

pressures are uniformly distributed with relatively gentle slopes at 50 microns clearance. In the first 

half of the expansion stroke the intense pressures build up at 10 microns. The pressures gradients 

become gentle slightly at 30 microns and a degree of uniformity is achieved in the distribution. A 

major change is observed at 50 microns clearance when the distribution improves significantly. 

However the pressures intensify and rise sharply as compared to the other cases. In the second half 

of the expansion stroke the intense pressures at 10 microns become more uniformly distributed at 

30 microns but the slopes become steeper implying the sharply rising pressures. At 50 microns the  

intensities subside and the distribution become even than the other two cases. In the first half of the 

exhaust stroke the fairly low pressures intensify at 30 microns but become evenly distributed at 50 

microns clearance. The pressure profiles in the second half of the exhaust stroke at 10 microns 

change drastically at the other stated clearances. The low pressures rise sharply at 30 microns 

clearance but the steepness of the slopes decreases at 50 microns clearance. In the EHL regime the 

external loading increases the hydrodynamic pressures much beyond the threshold of peak 

pressures in the hydrodynamic regime. When a fairly-viscous lubricant is used the EHD pressures 
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rise reasonably high at a small radial clearance of 10 microns. By increasing the radial clearance the 

rising pressures shift their peak amplitudes and intensify correspondingly. The profiles of the rising 

EHD pressures in dimensionless form show that the pressures rise from around 5% at 10 microns to 

around 15-16% at 30 and 50 microns clearances. The maximum pressures rising along the 

circumferential length shift in the middle at 30 and 50 microns but with varying intensities.   

11.37. Conclusions. Based on the analysis and the findings following conclusions are made: 

 11.37.1. In   the  hydrodynamic  regime the low loads do not eccentrically displace the ring 

   significantly at all the stated radial clearances. It minimizes the possibility of wear.

 11.37.2. By  increasing the radial clearance in the hydrodynamic regime the high-pressures 

   become more uniformly distributed along the circumferential length of  the ring. It 

   enhances the lubricant effectiveness and the load-carrying capacity of the ring. 

 11.37.3. In the hydrodynamic regime the chances of a momentary physical contact and wear

   of the ring may increase due to the cyclic changes in the film thickness. 

 11.37.4. In   the EHL  regime an extensive loading of the ring reduces the film thickness at 10

   microns substantially. It increases the possibility of wear under the partial starvation.  

 11.37.5. In   the  EHL regime the fairly-viscous lubricant fails to prevent a physical contact 

   at 30 microns. Hence, it is not suitable for use at 30 microns radial clearance  

 11.37.6. The  average  hydrodynamic and EHL films are thicker at 50 microns. Hence, better  

   load  sustaining  capability and minimum chances of film rupture on impact loading.      

 11.37.7. The possibility of wear of the 1
st
 compression ring may conveniently be avoided at a 

   radial clearance of 50 microns in the EHL regime.  

 11.37.8. The  50 microns may be the optimum radial clearance when a fair-viscosity grade oil 

   is used under the stated conditions. 

 
 (a)      (b)          (c)     (d)  (e)  (f) 

Fig 11.21. Hydrodynamic Eccentricity Profile for clearance in microns (a) 10 (b) 30 (c) 50.   

    Secondary Velocity Profile for clearance in microns (d) 10 (e) 30  (f) 50. 



273 
 

 
 (a)      (b)          (c)     (d)  (e)  (f) 

Fig 11.22. EHL Eccentricity Profile at clearance in microns (a) 10 (b) 30 (c) 50. Secondary Velocity 

     Profile at clearance in microns (d) 10 (e) 30  (f) 50. 

 
 (a)    (b)      (c)         (d)   (e)   (f)  

Fig 11.23. Hydrodynamic  Film  Profiles  at  clearance  in  microns  (a) 10 (b) 30 (c) 50. EHL Film 

     Profiles at clearance in microns (d) 10 (e) 30  (f) 50. 

  (a)   (b)         (c)         (d) 

 
       (e)   (f)   (g)         (h) 
Fig 11.24. 10 microns, Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 
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  (a)   (b)          (c)      (d) 

 
  (e)   (f)   (g)    (h) 
Fig 11.25. 30 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
  (a)   (b)          (c)      (d) 

 
  (e)   (f)   (g)    (h) 
Fig 11.26. 50 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
        (a)      (b)      (c) 

Fig 11.27. EHD Pressure Rise at (a) 10 microns (b) 30 microns (c) 50 microns 
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EFFECTS OF DIFFERENT RADIAL CLEARANCES ON HIGH-VISCOSITY OIL BASED 

1
ST

COMPRESSION RING EHL IN INITIAL ENGINE START UP 

 

11.38. When a high-viscosity grade lubricant is used the 1
st
 compression ring has to maintain a 

definite radial clearance with the cylinder liner in the initial engine start up. However, the ring-to-

bore clearance changes continuously from the time an engine starts up till the attainment of the 

normal operating conditions after a few minutes of operation. A high-viscosity grade lubricant of an 

appropriate ambient viscosity may be used in the initial engine start up to cover the extra clearance 

between the ring and the liner and to make the cold engine starting easy. A high-viscosity grade 

engine lubricant may minimize wear of the 1
st
 compression ring in the low-speed initial engine start 

up at an appropriate radial clearance. In this context the ring-to-bore radial clearance must be 

optimized for an effective lubrication. Being directly exposed to the thermal loads of combustion 

the 1
st
 compression ring experiences the measurable transverse displacements even when a high-

viscosity grade lubricant flows under the flooding conditions. The amplitude of the eccentricities  of 

the ring depends on the radial clearance. In the initial engine start up if a high-viscosity grade 

lubricant is used at an in-appropriate radial clearance then it might damage the ring and reduces its 

life. At the engine start up wear of the 1
st
 compression ring is difficult to avoid if an EHL film does 

not get established properly. In view of these aspects a high-viscosity grade lubricant is used at a 

small radial clearance of 10 microns to develop the basic hydrodynamic and EHL models of the 1
st
 

compression ring in the initial engine start up. Then two separate 1
st
 compression ring lubrication 

models are developed based on the radial clearances of 30 and 50 microns, respectively. The 

simulation results of the basic hydrodynamic and EHL models are compared with those of the 

lubrication models of the two stated clearances. The outcome of the comparative analysis would 

optimize the ring-to-bore radial clearance in the hydrodynamic and EHL of the 1
st
 compression ring 

under the stated conditions.  

THE BASIC MODELS OF RING LUBRICATION  

11.39. The basic hydrodynamic and EHL models of the 1
st
 compression ring are developed at 600 

rpm crank rotation speed. A high-viscosity grade lubricant of 0.1891 Pa.s. ambient viscosity is 

considered at a ring-to-bore radial clearance of 10 microns. The simulation results show the ring 

eccentricity and secondary velocity profiles, film thickness and pressures in the hydrodynamic and 

EHL regimes, respectively. 
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11.40. Ring Secondary Eccentricities and Velocities. The sub-figures 11.28 (a) and (d) show 

the eccentricity and velocity profiles of the 1
st
 compression ring in the rigid hydrodynamic regime. 

In case of the eccentricity profiles in the hydrodynamic and EHL regimes the respective graphs of 

the simulation results show the three horizontal lines, as discussed earlier. In the hydrodynamic 

regime the 1
st
 compression ring does not displace much eccentrically during the 4-stroke cycle. It 

happens due to the parabolic face profile of the ring and the generation of relatively low-intensity 

hydrodynamic pressures. In the hydrodynamic regime the 1
st
 compression ring gets displaced 

eccentrically towards the non-thrust side in the induction and the compression strokes. In the 

beginning of the expansion stroke the thrust of combustion displaces the ring eccentrically towards 

the thrust side of the liner. In the second half of the exhaust stroke the swirl produced by the exiting 

burnt out gases subsides significantly, which allow the ring to become concentric with the liner-axis 

before the completion of the crank rotation cycle. As part of the piston assembly the 1
st
 compression 

ring moves cyclically in each stroke of the 4-stroke cycle, as discussed earlier. On the completion of 

the induction stroke the ring changes its direction of motion at a minimum speed and gets displaced 

again towards the non-thrust side of the liner. In the expansion stroke combustion thrust displaces 

the 1
st
 compression ring towards the thrust side of the liner. In the hydrodynamic regime the 

maximum eccentric displacement of the ring does not go beyond 20% of the distance on either side 

in the transverse direction. The secondary velocity profile curve shows the displacement in the 

positive and the negative quadrants. It implies that in the positive quadrant the energy is transferred 

from the ring to the liner where as in the negative quadrant its transfer path gets reversed. The 

amplitude of the ring eccentricity in the hydrodynamic and EHL regimes depends on the amount of 

energy transfer between the ring and the cylinder liner. The sub-figures 11.29 (a) and (d) show the 

ring eccentricity and velocity profiles in the EHL regime, the amplitudes of which increase 

significantly. At 10 microns clearance the ring comes fairly close to the liner towards the non-thrust 

side in the compression stroke. The combustion thrust displaces the ring all the way towards the 

thrust side in the expansion stroke. The 1
st
 compression ring comes close to the liner in the second 

half of the expansion stroke. The ring eccentricity profile shows that by using a high-viscosity grade 

lubricant at 10 microns clearance the ring does not come very close for a possible physical contact 

with the liner. Hence adhesive wear of the ring may be avoided conveniently during the expansion 

and exhaust strokes. The secondary velocity profile of the 1
st
 compression ring shows the excess 
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energy transfer from the liner to the ring during the expansion and exhaust strokes than is the case 

in the hydrodynamic regime.  

11.41. Hydrodynamic and EHL Films. The sub-figures 11.30(a) and (d) show the film 

thickness profiles in the hydrodynamic and EHL regimes, respectively. In the hydrodynamic regime 

a sufficient lubricant flow rate is maintained to allow for a film thick enough to separate the 1
st
 

compression ring and the liner. The film profiles show that the thickness of the film increases and 

decreases cyclically in every stroke of the crank rotation cycle. The minimum hydrodynamic film is 

very thin initially but rises to become almost 5.5 microns thick in the first half of the induction 

stroke. After the mid-induction stroke the ring decelerates and the thickness of the film decreases 

correspondingly. The thickness increases again in the compression stroke but the eccentricities, 

hydrodynamic pressures and the changing velocity of the ring reduce the thickness of the film again 

to a low value. The film starts getting thick again in the second half of the compression stroke as the 

amplitude of the gas pressure force rises and the hydrodynamic pressures become high. In the 

beginning of the expansion stroke the combustion thrust reduces the film thickness sharply to a 

small value. After the thrust of combustion subsides the thin film tends to get thick again. The 

thickness of the film does not increase substantially due to the small radial clearance and the 

rheological behavior of the high-viscosity grade lubricant. In the exhaust stroke the absence of any 

external load, the eccentrically displaced ring and the swirling action of the exiting gases do not 

allow any changes in the profile of the thin hydrodynamic film till the completion of the cycle. In 

the EHL regime the excessive loading causes the hydrodynamic pressures to rise to very high 

values. A few microns thick average hydrodynamic film gets reduced  to a fraction of a micron in 

the EHL regime. The hpmax and the EHL Film profiles are shown in the graphical results. The 

extensive loading of the 1
st
 compression ring does not allow the film to rise at any instant except in 

the compression stroke and the second half of the expansion stroke. Apart from this a few 

occasional spikes of insignificant amplitudes are observed during the crank rotation cycle.     

 

11.42. Hydrodynamic and EHD Pressures. The 1
st
 compression ring sustains the cyclic 

impact loads effectively due to the buildup of the hydrodynamic pressures. In the initial engine start 

up the eccentricities of the ring affect the gradients, amplitude and intensity of the hydrodynamic 

pressures during the crank rotation cycle. In this context the role of the high-viscosity grade 

lubricant is very important at a small radial clearance. To study the effects the 3-D profiles of  
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hydrodynamic pressures are generated at the beginning and the mid-point of each stroke. The 

respective hydrodynamic pressures are shown in the dimensionless form in figure 11.31. In the 

induction stroke the very low-intensity pressures buildup gradually along the circumference of the 

ring. In the first half of the compression stroke the piston assembly compresses the air-fuel mixture 

which raises the amplitudes due to which the pressures intensify but build up as distributed fairly 

uniformly. The high-intensity pressures buildup with steep gradients as the 1
st
 compression ring 

approaches at the end of the compression stroke. In the expansion stroke the thrust of combustion 

intensifies the already high pressures to very high proportions. The eccentric displacements of the 

ring and the rheological behavior of the lubricant generate very steep pressure gradients in the 

second half of the expansion stroke. In the first half of the exhaust stroke the hydrodynamic 

pressures remain fairly intense with fairly steep slopes. In the second half of the exhaust stroke the 

high-viscosity grade lubricant behavior, a small radial clearance and an eccentrically displaced ring 

shift the bias of low pressures towards one side, as shown in the sub-figure 11.31(h). In the EHL 

regime the pressures rise quite high than the peak values in the hydrodynamic regime. As a result 

they deform the 1
st
 compression ring and the liner elastically after reducing the thickness of the film 

considerably. At a small radial clearance the EHD pressures rise reasonably high when a high-

viscosity grade lubricant is used. Resultantly, the 1
st
 compression ring and the liner experience the 

elastic deformation correspondingly. The difference in the thickness between hpmax and EHL Film 

shows the effects produced by the EHD pressures on the ring and the liner. The EHD pressures 

intensify along the circumference of the ring. The intensities vary such that the relatively thick EHL 

Film profiles are observed at the locations of high-intensity pressures. The sub-figure 11.34 (a) 

shows the rising dimensionless EHD pressures. The maximum intensity of the rising pressures is 

observed in the central zone along the circumference of the ring.  

Comparative Analysis of Different Radial Clearances 

11.43. The basic 1
st
 compression ring lubrication models are developed at the ring-to-bore 

clearance of 10 microns. Similar hydrodynamic and EHL models are developed separately at the 

slightly large and fairly large radial clearances of 30 and 50 microns, respectively. The simulation 

results of the models for the two cases are compared with those of the basic model and analyzed to 

optimize the radial clearance under the stated conditions. 
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 11.44. Secondary Eccentricities and Velocities. The sub-figures 11.28(b), (e) and 11.29(b), (e) 

show the dimensionless eccentricity and velocity profiles at 30 microns clearance in the 

hydrodynamic and EHL regimes. At 50 microns the similar profiles for the respective lubrication 

regimes are shown in the sub-figures 11.28(c), (f) and 11.29(c), (f), respectively. In the 

hydrodynamic regime there are some noticeable observations in the eccentricity profiles of the 1
st
 

compression ring in all the three cases. By increasing the radial clearance the maximum eccentricity 

of the ring towards the non-thrust side does not change. It implies that a high-viscosity grade 

lubricant prevents any increment in the eccentricities of the ring in the compression stroke despite 

increasing the radial clearance. In the expansion stroke the eccentricities of the ring decrease by 

increasing the radial clearance. In the exhaust stroke the eccentricities get reduced and the ring 

attains the concentricity with the liner slightly early by increasing the radial clearance. It implies 

that the use of a high-viscosity grade lubricant decreases the ring eccentricity at a large clearance in 

the hydrodynamic regime. In all the three cases the energy transfer between the ring and the liner 

varies with the radial clearance. In the EHL regime the excessive loading increases the amplitude of 

the eccentricities of the 1
st
 compression ring significantly. The shapes of the eccentricity profiles are 

generally similar to those in the hydrodynamic regime but there are significant variations. In the 

compression stroke the eccentricity of the 1
st
 compression ring decreases towards the non-thrust 

side of the liner when the radial clearance is increased from 10 to 50 microns. Unlike the case at 10 

microns clearance the excessive loads bring the ring very close to the liner and a physical contact is 

established with the thrust side at 30 microns clearance. At 50 microns clearance a physical contact 

and wear is barely avoided in the expansion and exhaust strokes. The secondary velocity profiles 

show that the energy transfer from the ring to the liner increases with the radial clearance. The 

transfer of energy from the liner to the ring increases by increasing the clearance to 30 microns but 

it decreases slightly at 50 microns clearance. It implies that there is an excess amount of energy 

transfer between the ring and the liner in the EHL regime as compared to the hydrodynamic regime.  

11.45. Hydrodynamic and EHL Films. The radial clearance and the viscosity grade of the 

lubricant affect the secondary eccentricities of the  ring. The eccentricities affect the thickness of 

the lubricant films in the hydrodynamic and EHL regimes. Figure 11.30 shows the film profiles in 

the hydrodynamic and EHL regimes at the three stated clearances, separately. By increasing the 

radial clearance the thickness of the hydrodynamic films increases correspondingly. The average 

peak value of the film thickness is less than 5 microns at 10 microns radial clearance. It increases to 



280 
 

around 11 microns at 30 microns clearance and to more than 12 microns at 50 microns clearance. It 

implies that by increasing the radial clearance from 10 to 30 microns a significantly thick film is 

available to carry the low-intensity hydrodynamic loads of the ring. Specifically, if the clearance is 

increased by three and five times, the hydrodynamic film will become thicker by more than two 

times and two-and-a-half times, respectively. It implies that the thickness of the film improves by 

around 66% of the increment in the radial clearance if a high-viscosity grade lubricant is used. By 

increasing the clearance to 30 and then 50 microns the film becomes thicker and then gets thin in 

the exhaust stroke. In the expansion stroke the peak film thickness increases almost proportionally 

with the radial clearance. In the EHL regime the extensive loads on the 1
st
 compression ring reduce 

the thickness of the film considerably. At 10 microns clearance the hpmax and EHL Film profiles 

show very thin films. A comparison of the film profiles shows the thickness of the EHL Film 

improves in the induction and the exhaust strokes at 30 and 50 microns clearance. By increasing the 

radial clearance the thickness increases proportionally in the crucial expansion stroke when a high-

viscosity grade lubricant is used. It implies that the interacting ring and liner experience relatively 

large elastic displacements at 50 microns, improving the EHL film thickness. 

11.46. Hydrodynamic and EHD Pressures. Figures 11.32 and 11.33 show the 

hydrodynamic pressure fields in the 4-stroke cycle at 30 and 50 microns clearances, respectively. In 

the first half of the induction stroke the low-intensity pressures become more uniformly distributed 

by increasing the radial clearance. In the second half of the induction stroke the slopes become 

relatively gentle at 30 microns and the pressure distribution becomes more uniform at 50 microns 

clearance. In the compression stroke the high pressures rise sharply and intensify with steeper 

slopes at 10 microns clearance. At 30 microns the slopes become steep in the second half and the 

pressures intensify slightly. The high-intensity pressures rise sharply along the circumference of the 

ring at 50 microns clearance. In the first half of the expansion stroke the intense pressures build up 

at 10 microns. The pressures gradients become gentle slightly at 30 microns and a degree of 

uniformity is achieved in the distribution. A major change is observed in the second half of the 

expansion stroke. The steeper slopes of the fairly high pressures at 10 microns clearance become 

gentle proportionally with the radial clearance. The amplitude of pressures decreases considerably 

in the exhaust stroke. However, the slopes of the fairly low pressures become steep in the first and 

the second halves at 30 and 50 microns, respectively. The distribution of low pressures become 

uneven at the large clearance, also. In the EHL regime the external loading increases the 
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hydrodynamic pressures much beyond the threshold of peak pressures in the hydrodynamic regime. 

When a fairly-viscous lubricant is used the EHD pressures rise reasonably high at a small radial 

clearance of 10 microns. By increasing the radial clearance the rising pressures shift their peak 

amplitudes and intensify correspondingly. The profiles of the rising EHD pressures in 

dimensionless form show that the peak pressures rise from around 6% at 10 microns to around 10-

12% at 30 microns clearance. The EHD pressures rise significantly high at 50 microns where the 

peak values go around 40%. The number of locations of the maximum pressures rising along the 

circumferential length increase to two i.e., in the middle and at the end of the circumferential length 

of the ring at 30 and 50 microns clearance cases.   

11.47. Conclusions.     Based on an comparative analysis the following conclusions are made: 

 11.47.1. In   the  hydrodynamic  regime  the  low loads do not eccentrically displace the ring 

   significantly to bring it closer to the liner at all the stated clearances. It minimizes the 

   possibility of adhesive wear under the stated conditions. 

 11.47.2. Increasing the clearance in the hydrodynamic regime improves the distribution of  

   pressures along the circumferential length to enhances the load-carrying capacity. 

 11.47.3. In the hydrodynamic regime the  chances of a  momentary physical contact and wear

   of the ring may increase due to the cyclic changes in the film thickness. 

 11.47.4. In   the   EHL regime an   extensive loading reduce the film thickness substantially 

   at 10 microns to increase the possibility of wear under partially starved conditions. 

 11.47.5. The  average  hydrodynamic  and EHL films are thicker at 50 microns. It  implies  

   better  load  sustenance and minimum chances of film rupture on impact loading.      

 11.47.6. A contact between the ring and the liner cannot be prevented at 30 microns and is 

   barely avoided at 50 microns in  the  EHL regime. It  implies that the high- viscosity 

   grade  lubricant  fails   to  prevent  wear  at  relatively large radial clearances.  

 11.47.7. The possibility of wear of the 1
st
 compression ring may conveniently be avoided at a 

   radial clearance of 10 microns in the EHL regime.  

 11.47.8. The  10 microns may be the optimum radial  clearance for an effective lubrication of

     the 1
st
 compression ring when a high-viscosity grade oil is used at a low-speed initial 

   engine start up and under the stated conditions. 
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 (a)      (b)          (c)     (d)  (e)  (f) 

Fig 11.28. Hydrodynamic Eccentricity Profile for clearance in microns (a) 10 (b) 30 (c) 50.   

    Secondary Velocity Profile for clearance in microns (d) 10 (e) 30  (f) 50. 

 
 (a)      (b)          (c)     (d)  (e)  (f) 

Fig 11.29. EHL Eccentricity Profile at clearance in microns (a) 10 (b) 30 (c) 50. Secondary Velocity 

     Profile at clearance in microns (d) 10 (e) 30  (f) 50. 

 
 (a)    (b)      (c)         (d)   (e)   (f)  

Fig 11.30. Hydrodynamic  Film  Profiles  at  clearance  in  microns  (a) 10 (b) 30 (c) 50. EHL Film 

     Profiles at clearance in microns (d) 10 (e) 30  (f) 50. 

 
  (a)   (b)         (c)         (d) 

  
        (e)         (f)              (g)    (h) 
Fig 11.31. 10 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 
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  (a)        (b)          (c)      (d) 

 
  (e)   (f)   (g)    (h) 
Fig 11.32. 30 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

 
  (a)   (b)          (c)      (d) 

 
  (e)   (f)   (g)    (h) 
Fig 11.33. 50 microns: Pressures at angle in degree (a)90 (b)180 (c)270 (d)360 (e)450 (f)540 (g)630 (h)720 

      (a)      (b)      (c) 

Fig 11.34. EHD Pressure Rise at (a) 10 microns (b) 30 microns (c) 50 microns 
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CHAPTER-12 

1
ST

 COMPRESSION RING LUBRICATION WITH DISTORTED BORE  

 

CYLINDER OUT-OF-ROUNDNESS EFFECTS IN 1
ST

 COMPRESSION RING 

HYDRODYNAMIC LUBRICATION 

12.1. The 1
st
 compression ring plays a vital role in an efficient engine operation as it prevents the 

combustion gas leakage and allows the heat dissipation. The piston rings are lubricated by oil, the 

film thickness of which results in low friction and reduced wear. The major factors affecting the oil 

film thickness are bore distortion, piston speed, lubricant viscosity, top ring face profile, ring 

flexibility, boundary conditions and surface roughness effect. In reality the cylinder liner is not 

perfectly circular due to the manufacturing errors and radial distortion due to cylinder wear, 

combustion chamber pressure, thermal effects and head clamping force. The cylinder bore of a used 

engine clearly indicates an excessive wear just below the TDC due to the defective lubrication. It 

implies that under the starved lubrication conditions in the initial engine startup the maximum wear 

occurs between the top ring and the cylinder near TDC. The moment an engine starts after motoring 

the piston ring friction shoots up to double the value of that during its motoring. In the initial engine 

startup, the low engine speeds at the reduced loads allow the very thin lubricating films under the 

flooding conditions. It increases the chances of wear of the ring and the liner as they contact each 

other. This study models the two dimensional top piston ring hydrodynamic lubrication in the 

simulated initial engine startup conditions by considering a non-axisymmetric out of round elliptical 

cylinder for a parabolic ring face in the sliding direction. The parabolic face profile has the 

advantage that it tends to be self perpetuating under wear This model generates the hydrodynamic 

pressure fields and the minimum hydrodynamic film thickness profiles as a function of the 720 

degree crank rotation cycle. The friction coefficient as a measure of the energy loss is also 

determined and plotted [230].  

12.2. Effect of Minimum Film Thickness.      The minimum lubricant film thickness between the 

opposing surfaces of piston top ring and cylinder liner as a function of 720 degree crank rotation is 

determined as shown in the sub-figure 12.1(a). The intake stroke generates the film thickness 

profile in the shape of a bell shaped curve, which shows the film getting thick to attain the peak 

value when the piston is at the mid-induction stroke. It implies that during the first half of the 
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induction stroke, there is a continuous build up of the oil film between the opposing ring and the 

liner surfaces. It covers the extra space created by the distorted cylinder liner due to wear. This 

corresponds to an increase in piston velocity and the shearing of the lubricant till the mid-stroke 

position of the piston. After the midpoint the piston decelerates till it reaches at BDC. In the entire 

induction stroke, the hydrodynamic pressures are expected to remain in the low range. Hence the   

oil film is substantially thick but the low pressures are unable to provide the necessary lift to sustain 

the impact loads. In the compression stroke, the piston travel from BDC to TDC involves a 

continuous thinning of the minimum film till it is reduced to near minimum value. The film profile 

curve shows a gentle reduction from BDC to the mid of stroke as the cyclic speed of the piston 

increases. After the mid-compression stroke the gas pressure force increases causing a significant 

increase in the buildup of hydrodynamic pressures. When the ring comes near the TDC, it is 

expected to have a small intake of the lubricant, which may affect its lubrication. Combustion 

occurs in the beginning of the expansion stroke, whose maximum thrust is sustained by the1
st
 

compression ring. The combustion thrust reduces the thickness of the lubricant film to a minimum 

value. The film starts getting thick as the effects of the combustion thrust subside in the second half 

of the expansion stroke. In the expansion stroke, another bell shaped curve is generated. The 

difference in the amplitudes of the two curves is due to the different lubricant flow rates and the 

significant difference in the amplitudes of the hydrodynamic pressures in the induction and the 

expansion strokes. It implies that the load carrying capacity of the film gets enhanced to separate 

the ring and the liner surfaces conveniently. It minimizes the possibility of a physical contact and  

wear of the ring. At the end of the expansion stroke, the lubricant film is fairly thin but still thicker 

than the one available at the end of the compression stroke. The hydrodynamic film gets thick 

sharply in the exhaust stroke as the piston completes the two-third of the distance in the exhaust 

stroke. It happens due to the sudden reduction in the magnitude of the hydrodynamic pressures.  

12.3. Coefficient of Friction. The 1
st
 compression ring friction significantly contributes 

towards the overall energy losses of an IC engine due to friction. Modeling the initial engine start 

up conditions by focusing on the hydrodynamic friction force and the applied load involve the 

coefficient of friction and viscous shear flow calculations. To recognize its significance, the 

coefficient of friction is calculated and plotted against 720 degree crank rotation cycle as shown in 

the sub-figure 12.1(b). The coefficient of friction gets reduced instantly at the beginning of the 

induction stroke and generally maintains a constant value for the entire duration of the stroke. It 
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corresponds to the small magnitude of the applied load and the smaller values of the hydrodynamic 

friction force.  It rises suddenly and then falls at the beginning of compression stroke as the piston 

starts travelling from BDC to TDC. The coefficient of friction does not change during the entire 

compression stroke. The combustion thrust does not reduce the friction coefficient. The coefficient 

decreases instantaneously in the second half of the expansion stroke. It increases slightly at the end 

of the expansion stroke. For the entire duration of the exhaust stroke, the value of coefficient of 

friction remains constant. It is quite obvious that in the initial engine start up conditions, the top 

ring friction is substantial and does not appreciably decrease with the change in piston cyclic speed 

or magnitude variations of the applied load.    

12.4. Hydrodynamic Pressures. In the 1
st
 compression ring lubrication model, the 

hydrodynamic pressures are plotted at eight different piston assembly positions. The positions at the 

different crank angles are selected to study the appreciable instantaneous changes in the magnitudes 

and intensities. The study is extended to correlate the changes with those in the  minimum film 

thickness profiles at 600 rpm engine start up speed. At 90 degree angle the piston is at the mid-

induction stroke. The positive pressures rise over the surface plane of ring axial and circumferential 

directions of the ring, as shown in the sub-figure 12.2(a). The slopes rise gently and the peak 

pressures are found to be very low. It explains the reason behind the thicker minimum film in the 

mid-induction stroke. The piston travels and completes the intake stroke at 180 degree angle but 

there is no appreciable change in the magnitude of the hydrodynamic pressures. In the beginning of 

the compression stroke at 200 degree angle the magnitude of the pressures increase slightly but the 

profiles and intensities do not change, as shown in the sub-figure 12.2(b). In the compression 

stroke, there are significant changes in the profiles, intensities, gradients and amplitude of 

pressures. In the expansion stroke at 370 degree angle the peak pressures rise exponentially from a 

few Pascal to hundreds of thousands of Pascal and the slopes of pressure fields become very steep 

as shown in the sub-figure 12.2(c). At 400 degree angle, the piston has travelled close to one fourth 

of the expansion stroke. There is a slight reduction in the magnitude of the pressures but the peak 

values remain in the range of hundreds of thousands of Pascal, as shown in the sub-figure 12.2(d). 

The profiles show the trends similar to those at 370 degree angle. At this point the hydrodynamic 

film is very thin. It highlights the inverse proportionality that exists between the hydrodynamic 

pressures and the minimum film. It implies that a sharp pressure rise just before and after 

combustion may damage the 1
st
 compression ring and increase the out of roundness of the  liner. At 
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530 degree angle, the piston reaches near the end of the expansion stroke. The hydrodynamic 

pressures are fairly low but rise fairly gradually as shown by the near-uniform distribution over the 

surface in the sub-figure 12.2(e). At that point the film is fairly thick as shown in the film thickness 

profile. At 640 degree crank angle, the piston is in the beginning of the second half of the exhaust 

stroke. The magnitude of the low-intensity hydrodynamic pressures rise slightly, as shown in the 

sub-figure 12.2(f). At this point the film experiences a momentary reduction in its thickness at the 

terminal point of the second bell shape curve. At 690 degree angle, the film thickness increases  

momentarily again. It is due to the simultaneous reduction in the amplitudes of the low 

hydrodynamic pressures, as shown in the sub-figure 12.2(g). At the end of the exhaust stroke at 720 

degree angle the piston is at TDC. At this point, the film becomes negligibly thin in the absence of 

any hydrodynamic action and the partially developed very low hydrodynamic pressures.  

12.5.    Conclusions. In this work, we have studied the effects of the out of roundness of the 

cylinder bore on the hydrodynamic pressures, the thickness of the lubricating film and the energy 

losses in the initial engine startup. The conclusions are: 

 12.5.1. The hydrodynamic film and pressure profiles get affected by to non-circular bore.  

 12.5.2. The minimum film thickness increases with the non-circular bore.  

 12.5.3. The energy losses do not vary significantly with the out-of-roundness of the bore. 

 

 
    (a)       (b)    

Fig 12.1. (a)  Minimum Film Thickness Profile  (b) Coefficient of Friction Vs Crank Angle 
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    (a)         (b)       (c)       (d) 

 
    (e)        (f)    (g)   (h) 

Fig 12.2. Hydrodynamic Pressures at Crank Angle in degrees (a) 90 (b) 200 (c) 370 (d) 400 (e)          

530 (f) 640 (g) 690 (h) 720  

  

CYLINDER OUT-OF-ROUNDNESS EFFECTS IN 1
ST

 COMPRESSION RING EHL 

12.6. An efficient lubrication system with the optimized lubricant flow between the interacting 

ring and liner and an effective EHL facilitate the prevention of adhesive wear during the normal 

engine operation. In an initial engine start up an inefficient lubrication, the non-optimized lubricant 

flow and the non-existence of the EHL film cause wear and reduce the engine life. The 1
st
 

compression ring is the most important component of an IC engine as it not only sustains the 

maximum thermal load due to combustion but significantly contributes towards efficient engine 

performance, fuel economy and reduction of environmental pollution. The barrel-faced top ring is 

subjected to very hostile operating conditions, entraining velocity and severe alternating loads. It is 

widely accepted that the EHL modeling of barrel-shaped ring is a better approach than restricting 

ourselves to rigid hydrodynamic lubrication. The minimum film thickness is only of a few 

micrometers and in the combustion stroke it may drop to as small as 0.1 micron. It supports the 

view that the hydrodynamic lubrication cannot be fully maintained in this critical region. In the 

current work, a 2-D EHL model is presented for the parabolic faced ring profile with non-circular 

elliptical bore for a first few cycles in the initial engine start up [231].  
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12.7. Film Thickness. The hydrodynamic and EHL film thickness profiles at 600 rpm are 

shown in the sub-figure 12.3(a). In the induction stroke, the hydrodynamic film gets thick with the 

increasing cyclic speed of the piston till it becomes more than 2 microns at the mid-stroke. During 

the piston travel from the mid-stroke to BDC, its cyclic speed starts decreasing and with it the film 

gets thin such that at the end of the stroke it is as low as 0.1 micron. In the induction stroke the 

hydrodynamic pressures remain very low, due to which the film thickness increases. The parabolic 

shaped film thickness curve in the induction stroke is essentially hydrodynamic due to the contact 

geometry of the ring and the effect of the cyclic piston speed. The film profile curve shows very 

thin film in the compression and exhaust strokes. Due to the cyclic piston motion from BDC to 

TDC the film gets thick at the end of the induction stroke. However, the hydrodynamic pressures 

start increasing, which reduce the film thickness. In the compression stroke, the piston compresses 

the air-fuel charge when the valves are closed. The amplitudes of the gas pressure force and the 

hydrodynamic friction force increase due to which the pressures start rising appreciably. The 

cumulative effects of the gas pressure force and the hydrodynamic friction force keep the film very 

thin during the compression stroke. In the first half of the compression stroke the rising 

hydrodynamic pressures are not high enough to cause any elastic surface displacements. Hence, 

despite a thin lubricant film the piston still operates in the rigid hydrodynamic regime. After the 

piston moves past the mid-stroke region, the hydrodynamic pressures rise high enough to cause an 

elastic deformation of the interacting 1
st
 compression ring and the liner. In the last quarter of the 

compression stroke an EHL film separates the ring and the liner surfaces. It becomes a zone of very 

high pressures, which remain effective to deform the surfaces till the piston reaches the mid of the 

expansion stroke. The elastic surface displacements create an additional space, which under the 

fully flooded conditions is readily occupied by the lubricant. Resultantly, a thin EHL film gets thick 

to an amount equal to the extent of the deformation, as shown in the sub-figure 12.3(a). The very 

thin hydrodynamic film is found at the end of the compression stroke and in the beginning of the 

expansion stroke when combustion takes place and the amplitude of the gas force becomes 

exceptionally high. There is a significant reduction in the amplitude of the combustion thrust caused 

by the high pressures as the piston travels past the mid-point of the expansion stroke. It reforms the 

elastically displaced interacting surfaces and the EHL regime changes to the rigid hydrodynamic 

lubrication regime. In the last quarter of the expansion stroke, the effects of the combustion thrust 

and the friction force subside appreciably. The amplitude of the hydrodynamic pressures decrease 
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sharply from hundreds of thousands of Pascal to less than 100 Pascal. It increases the thickness of 

the lubricant film noticeably from a small fraction of a micron to around 2 microns. In the exhaust 

stroke the exhaust valves become open, the effects of the gas force are negligible and the 

hydrodynamic pressures are very low. The hydrodynamic film becomes appreciably thick again and 

generates a profile generally similar to the case in the induction stroke. In this case the cyclic piston 

motion and the parabolic shape of the ring generate such a profile. The sub-figure 12.3(b) shows the 

hydrodynamic film profile as a function of the ring contact geometry with the elliptical liner to 

highlight the out-of-roundness effect of the cylinder on the film thickness.      

 

12.8. Hydrodynamic and EHD Pressures. In the initial engine start up the hydrodynamic 

pressures are generated due to the wedging action of the barrel faced ring. The magnitude and 

distribution of the hydrodynamic pressure are significant as very high pressures may affect the 

thickness profiles of a film. It may change the lubrication regime and in the extreme cases may 

cause the film rupture and a subsequent damage to the 1
st
 compression ring. In view of this, the 

rising pressures were plotted at the different crank angles where some noticeable changes are 

observed. The pressure profiles at the different significant piston positions are shown in figure 12.4. 

At 90 degree crank angle, the piston attains the maximum cyclic speed to generate a very thick film 

and very low hydrodynamic pressures with peak values only a fraction of a Pascal. At the end of 

the induction stroke the hydrodynamic pressures rise from a fraction of a Pascal to more than one 

Pascal. At this instant, the piston has a minimum cyclic speed and a slight increase in the pressures 

makes the film very thin. In the first half of the compression stroke, the cyclic speed of the piston 

increases to raise the hydrodynamic pressures. In the beginning of the compression stroke the 

maximum pressure is 80Pa and generated at 180 and 360 degree angle in the circumferential 

direction. Due to the elliptical bore the hydrodynamic pressures between 0-180 degree and between 

180 and 360 degree do not rise to attain the peak values. These effects do not allow a thick 

hydrodynamic film. In the compression stroke, the amplitude of the gas pressure force increases 

with the cyclic speed of the piston. It allows the hydrodynamic pressures to rise quite substantially 

from 80 Pa at 190 degree to around 2 kPa at 270 degree. These variations in the amplitudes, 

intensities and distribution of the pressures are attributed to the effects of the out-of-roundness of 

the bore. After the mid-compression stroke, the amplitude of the gas pressure force increases 

substantially, which increases the hydrodynamic pressures correspondingly. A pressure profile at 
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320 degree crank angle show a fourfold increase in the pressure to 8kPa. The effect of the bore-out-

of-roundness is evident when the hydrodynamic pressures increase many times and the thickness of 

the film decreases to barely a fraction of a micron. In the meantime the very high pressures deform 

the interacting ring and liner surfaces and transform the regime into an EHL regime. The profiles of 

the very high pressures at 360 degree crank angle show the distribution and intensities, which affect 

the thickness of the film and change the lubrication regime. At these high pressures the effect of the 

elliptic cylinder liner subsides and instead, the elastic deformation of the ring and liner surfaces 

becomes more pronounced. In the first quarter of the expansion stoke, there is a slight reduction in 

the magnitude but the hydrodynamic pressures are still very high.. At 380 degree angle the rising 

high hydrodynamic pressures cause the maximum elastic deformation of the interacting surfaces. At 

the piston position corresponding to 410 degree of the crank rotation angle, the profiles of the rising 

pressures show that the maximum pressure rise is at 180 degree in the circumferential direction of 

the ring as compared to the pressure increment at zero and 360 degrees. Resultantly, the extent of 

the elastic deformation of the interacting ring and liner surfaces decreases. In the expansion stroke, 

the piston travel from TDC to BDC generates very high pressures between the ring and the liner 

causing the elastic surface displacements. The effects of the elastic deformation become negligible 

as the piston approaches the mid-expansion stroke at 450 degree crank angle. When comparing 

these pressure profiles with those at 360 and 410 degree it becomes evident that with a gradual 

reduction in the amplitudes the peak pressures acting on the ring surface at 0, 180 and 360 degree in 

the circumferential direction decrease correspondingly. The hydrodynamic pressure decreases to the 

lower values as the piston travels towards the BDC in the expansion stroke. A case in point is the 

piston position and the pressure generation at 490 degree crank angle when the cumulative effects 

of the cyclic speed, the low gas force, the instantaneous variations in the film and the distorted 

cylinder bore facilitate the generation of low hydrodynamic pressures. 

12.9. Friction Force and Power Loss. The hydrodynamic friction force is generated as the 

fluid flows and the ring is lubricated in the 4-stroke cycle. Friction affects the ring lubrication by 

contributing towards energy dissipation, power losses and viscous shearing during a few initial 

cycles of the cold engine start up. The profile of the friction force produced during the 720 degree 

cycle is plotted and shown in the sub-figure 12.5(a). In the induction stroke, the minimum external 

loading produces a low friction force. In the compression stroke, the amplitude of the 

hydrodynamic friction force increases due to the increasing gas pressure force, the rising 
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hydrodynamic pressures, the viscosity of the lubricant and the cyclic speed of the piston 

compressing the air-fuel charge. At the commencement and completion points of all the four strokes 

the cyclic velocity of  the  piston  is  negligible  due  to  which  the  hydrodynamic friction force is 

also minimum. The maximum changes in the hydrodynamic pressures, the film thickness and gas 

pressure force occur during the compression and expansion strokes. The cumulative effects of such 

variations increase the magnitude of the hydrodynamic friction force appreciably. The sub-figure 

12.5(b) highlights these effects such that the maximum hydrodynamic friction is generated in the 

expansion stroke at 420 degree crank angle. A drastic reduction in the combustion gas force and the 

low hydrodynamic pressures keep the magnitude of the friction force low in the exhaust stroke. In 

the initial engine start up there is a substantial power loss due to the hydrodynamic friction force, 

the out-of-round  bore and the EHL of the 1
st
 compression ring. The variations in the power loss 

profile against the 720-degree cycle are plotted and the profile curve is shown in the sub-figure 

12.5(b). It shows that the power loss is minimum during the intake and exhaust strokes, whereas it 

is maximum during the expansion stroke.    

 

12.10. Lubricant Flow. One of the important assumptions in the lubrication of the 1
st
 

compression ring in the initial engine start up is the oil flooding. In reality, it becomes difficult to 

maintain a continuous lubricant supply, especially at the time of the engine start up. To prevent the 

occurrence of lubricant starvation and ensure the continuity of the lubricant flow it is essential to 

calculate its volumetric flow rate as a function of the 720-degree crank rotation cycle. The profile of 

the same is plotted and shown in the sub-figure 12.5(c). The volumetric flow rate varies quite 

appreciably, generating bell-shape curves during the intake and exhaust strokes. It corresponds to 

the increasing thickness of the hydrodynamic film and the cyclic speed of the piston in both the 

strokes. In the compression and expansion strokes the film becomes very thin due to the effects gas 

pressure force and very high hydrodynamic pressures. Hence, a thin film requires a corresponding 

flow rate of the lubricant to ensure the continuity of flow. A region between 300 degree and 400 

degree of the crank rotation angles is quite critical as such low flow rates may lead to the starvation 

conditions and a subsequent damage to the 1
st
 compression ring.  

 

12.11. Conclusions.     The conclusions of the analysis of the effects of a distorted bore on the 

hydrodynamic and EHL of the 1
st
 compression ring in the initial engine start up are: 
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 12.11.1. The distorted bore interferes with the hydrodynamic pressures and intensify them at 

   the non-distorted end of the bore. The intense pressures make the film thin in the  

   compression and expansion strokes, which may damage the ring. 

 12.11.2. At  very  high  hydrodynamic  pressures, the  high lubricant shearing produces the 

   maximum friction and power loss in the initial engine start up.  

 12.11.3. The operating conditions must be controlled critically during the compression and 

   expansion strokes to protect the ring from the possible adverse effects of shearing, 

   lubricant squeezing, low flow rate and cyclic piston speed.         

 
    (a)       (b) 

Fig 12.3. (a) Film Profiles.  (b) Field to show Film Thickness as a Function of Geometry 

 

 (a)      (b)   (c)   (d)   (e)  

  

 (f)       (g)          (h)      (i)   (j)  

Fig 12.4. Hydrodynamic Pressure at Crank Angle in degrees (a) 90 (b) 180 (c) 190 (d) 270 (e) 320 

(f) 360 (g) 380 (h) 410 (i) 450 (j) 490 
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  (a)     (b)    (c) 

Fig 12.5. (a)  Hydrodynamic  Friction Force Profile. (b) Power Loss Profile. (c) Volumetric Flow 

      Rate (m
3
/s) Profile 

 

ENERGY LOSS AT DIFFERENT FACE PROFILES IN 1
ST

 COMPRESSION RING EHL    

 

12.12. In the initial engine startup the energy losses increase due to the oil starvation, distorted 

bore, the secondary oscillatory motion of the piston and the absence of a fully developed lubricating 

film. Prior to an engine start up friction is 50% of its value than when it is under the firing 

conditions. In the initial engine start up the energy loss is relatively high, the fuel efficiency is low 

and there is an anticipated ring and liner wear. In this study, the energy loss in a 2-D hydrodynamic 

ring lubrication is modeled by considering a distorted liner and the different face geometries of the 

1
st
 compression ring. By using the different ring face profiles from the flat faced ring to the 

parabolic face, the friction force, power loss and flow rate are plotted for the comparative analysis 

and optimization. To model the energy loss, the ring lubrication is modeled at 600 rpm using 10 

microns radial clearance. The aspects which contribute towards the loss of energy are incorporated 

in the simulation results. The analysis of the results leads to optimize the flat spam of the ring face 

by plotting and evaluating the profiles of hydrodynamic films, the effect of friction force, the 

anticipated power loss and the flow rate under the stated conditions. Initially these aspects related to 

the face profile of a conventional 1
st
 compression ring marked as Ring a and shown in the sub-

figure 12.6(a), are modeled and results simulated. The results are bench marked for the subsequent 

parametric analysis of the three different proportions of the flat spam of the ring, shown in the sub-

figures 12.6(b), (c) and (d), respectively. The analysis allows for optimizing the ring face profile to 

minimize the mechanical energy loss in the initial engine start up conditions [232].     

 

12.13. Film Thickness. The sub-figure 12.7(a) shows the hydrodynamic film thickness 

profiles of the conventional ring and the three other rings. Generally, all the profiles exhibit similar 
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trend such that in all the four cases the film gets thick and attain the maximum values at the mid-

point of the induction and exhaust strokes. A drastic reduction in the thickness of the film takes 

place in the compression stroke, when the piston compresses the air-fuel mixture. When 

combustion occurs at the beginning of the expansion stroke at 372 degree crank angle, the film 

becomes very thin but becomes slightly thick again as the thrust subsides. A significant observation 

of the comparative analysis is the continuous increment in the average thickness of the film with the  

corresponding shift of the ring face profile from a flat spam of 60% (Ring a) down to 0% (Ring d). 

A thicker film reduces the mechanical sliding friction between the ring and the liner significantly to 

aid in the reduction of mechanical energy loss.  

12.14. Volume Flow-Rate. The discussion on the film profiles for the different faces of the 1
st
 

compression ring is incomplete if the volume flow rate of the lubricant is not analyzed when the oil 

flooding conditions prevail. The sub-figure 12.7(b) shows the respective volume flow rates as a 

function of the 720 degree crank rotation cycle. The volume flow rate of a lubricant is directly 

related to the thickness of the film. An increased lubricant flow aids in enhancing the thickness of 

the film, ensures the continuity of flow and non-violation of the mass-conservation principle. The 

flow rate profiles of the respective ring faces follow a similar trend generally. In each case the flow 

rate is maximum during the induction and expansion strokes. The rate of the lubricant flow 

decreases to negligibly low values during the compression and expansion strokes. It happens due to 

the dominating effect of the gas pressure force, which marginalizes the other aspects like the 

secondary piston displacements and the primary cyclic motion. A drastic reduction in the flow rate 

is the major contributing factor behind the thin film profiles in the compression and expansion 

strokes. When the face profile of the conventional Ring a is considered, the maximum flow rate 

remains abysmally low throughout the 4-stroke cycle as compared to the case of the other ring face 

profiles. A comparison of all the stated face profiles of the ring indicates that the flow rate may not 

improve considerably in the compression and expansion strokes, which implies that the ring 

remains vulnerable to a physical contact and wear. 

 

12.15. Friction Force. After analyzing the film thickness and flow rate, it is imperative to 

discuss the mechanical friction generated between the interacting ring and the liner. The sub-figure 

12.8(a) shows the profiles of the magnitude of the friction force at each of the four different ring 

faces. In the initial engine start up conditions the sliding friction between the ring and the liner 
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surfaces is expected to be very high as compared to the normal engine operation when the high 

operating speeds and the volume flow rates reduce this friction significantly. In the induction and 

expansion strokes, the high volume flow rate, the maximum thickness of the film and absence of 

thermal loading keep the sliding friction to a minimum. In the expansion stroke a sharp reduction in 

the volumetric flow, a very thin film and the effects of combustion thrust increase the sliding 

friction to several orders of magnitude. The sliding friction is quite high in the compression stroke 

but does not go as high as in the expansion stroke. The graphical profile of the friction force follows 

the cyclic speed of the piston in each stroke. The magnitude of the friction force varies in each 

stroke. Such variations are the function of the lubricant flow rate and the thickness of the film in 

each piston stroke. The comparative analysis suggests that the face profile of the 1
st
 compression 

ring has a significant contribution in the magnitude of the sliding friction. The friction force profiles 

at the different ring faces show a similar trend generally. However, the conventional face profile of 

the Ring a offers the maximum friction in the critical zones of the compression and expansion 

strokes as compared to the other face profiles. In the compression and expansion strokes the ring is  

vulnerable to a possible contact with the liner due to the thin lubricant film and a very low flow 

rate. In view of this, a large magnitude of the friction force implies the high energy loss under the 

stated conditions. In this context, if the face profile of the ring shifts from the flat spam of Ring a to 

that of the parabolic face of the Ring d  then there is a corresponding reduction in the energy loss.   

12.16. Power Loss. A crucial aspect of the energy loss analysis in the 2-D lubrication of the 1
st
 

compression ring is the power loss during the 4-stroke cycle. The mechanical power loss is 

calculated in Watts and the profiles are plotted at each of the ring faces, as shown in the sub-figure 

12.8(b). In the absence of any significant external loading, there is a minimum power loss in the 

induction and exhaust strokes. However, it varies with the cyclic speed of the piston in each stroke.  

The power losses increase significantly in the compression stroke and rise to very high proportions 

in the expansion stroke. There are maximum losses when the piston attains the maximum cyclic 

speed at the mid-point in each of the four strokes. When making a comparison between the 

conventional ring face with the other face profiles in terms of the power loss it is important to 

contain the energy and power losses to a minimum in the compression and exhaust strokes. By 

reducing the flat spam from 60% of the total ring width to 40%, 20% and 0%, the power loss 

decreases to 28.6%, 42.8% and 50.47% in the compression stroke and 22.4%, 35.52% and 44.3% in 

the expansion stroke, respectively.  
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12.17. Conclusions. The study investigated the friction and power losses due to the conventional 

face profile of the ring and made a comparative analysis. The conclusions are:  

 12.17.1. The compression and expansion strokes are critically important due to the minimum 

   lubricant flow, very small film thickness and the huge friction and power losses.  

 12.17.2. The  conventional  Ring a face profile fails to ensure an optimum lubricant flow, a 

   fairly thick film and a minimum energy loss in the initial engine start up conditions. 

  12.17.3. Under the stated conditions, the parabolic face Ring d profile may be the optimum 

   solution to minimize the energy loss and ensure an optimum lubricant flow.  

 
 (a) Ring "a"      (b) Ring "b"   (c) Ring "c"         (d) Ring "d"  

Fig 12.6.  Dimensionless Ring Face Profiles 

 

   (a)       (b) 

Fig 12.7. (a) Minimum Film Thickness Profiles (b) Flow-rate (m
3
/s) Profiles 
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   (a)       (b) 

Fig 12.8. (a) Friction Force Profiles (b) Power Loss Profiles 
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CONCLUSIONS AND RECOMMENDATONS FOR 

FUTURE RESEARCH  

 
CONCLUSIONS 

13.1. Across the world millions of automobiles move on the roads and their population 

increases with each passing day. The engine breakdown rate is quite high despite the availability of 

the quality maintenance facilities and after sales support provided by the vehicle OEMs. An 

important factor contributing significantly towards reducing the overall life of an engine is its start 

up wear. To prevent frequent breakdowns and enhance the life of an automobile engine it is 

imperative to reduce and minimize adhesive wear that occurs in a few initial seconds and minutes 

of an engine start up. This research work was undertaken with a view to enhance and improve our 

existing knowledge on the subject. It was hoped to establish a solid foundation of knowledge that 

would enable the future researchers to achieve success in finding a novel and permanent solution to 

the problem of initial engine start up wear. 

 

13.2. The present research focused on modeling the lubrication of the piston skirts and the 1
st
 

compression ring. These two critical engine components are most vulnerable to wear in the initial 

engine start up. During the research the phenomena of hydrodynamic and EHL film formations 

were modeled as realistically as possible under the low engine load and speed conditions. A realistic 

aspect is the secondary dynamics of the piston assembly, which play a crucial role in facilitating the 

engine start up wear. In this research the secondary dynamics were incorporated in the steady-state 

conditions and then in the un-steady conditions. Since an automobile engine is on an ambient 

temperature when starts up hence an isothermal or an adiabatic condition is considered as more 

close to reality. In this work the isothermal lubrication models were developed initially and then 

viscous shearing in the form of adiabatic heating was incorporated in the lubrication models to 

study its effects. According to a recent research the most significant realistic aspects of an engine 

lubrication are the surface roughness features and the viscoelastic behavior of a multi-grade 

lubricant [1]. During manufacturing the tooling marks introduce roughness on the surface of the 

piston skirts and the liner. The rough surfaces were duly considered alongside the smooth surfaces 

in the lubrication models. The viscoelastic lubricant behavior was incorporated in the models 

accordingly. The hydrodynamic and EHL models of the 1
st
 compression ring were developed by 
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considering the secondary dynamics of the piston assembly. The other realistic aspects considered 

in the ring lubrication models were a new engine with a perfectly round bore and a used engine with 

an elliptic or out-of-round bore liner. The discussion of the simulation results primarily focused on 

optimizing the initial engine start up speeds, viscosity of the lubricants used and the piston-to-bore 

radial clearance under the different already stated scenarios. The conclusions of the simulation 

results of each particular model have already been narrated at the end of every discussion. However, 

we bring into fore the following general conclusions from this research:   

 13.2.1. The  lubrication  models  developed  after  incorporating  the secondary piston 

  dynamics  allow  determining  the  nature  and duration of the physical contact 

  between the piston skirts, ring and the cylinder liner and wear of these interacting 

  surfaces. 

 13.2.2. The  surface  roughness  features  affect  the  way the hydrodynamic pressures 

  buildup  and  in turn affect the load-carrying capacity of a lubricant. However, 

  rough  surfaces  produce a beneficial effect in preventing engine start up wear  

  under certain conditions. 

 13.2.3. The viscoelastic behavior of a non-Newtonian multi-grade lubricant prevents an 

  initial  engine  start up  wear in many cases and produces a beneficial effect as 

  compared to a Newtonian oil, when used in similar conditions.  

 13.2.4. The   steady-state   conditions  do  not  cater  for  the squeeze effect during the 

  lubrication process, which reduces the load-carrying capacity of the lubricant at 

  the  critical piston positions. The un-steady conditions improve the lubrication 

  and facilitates a slight reduction in the start-up wear under certain conditions.   

 13.2.5. Viscous  heating  affect  the  viscosity  and  the  load-carrying  capability  of  a 

  lubricant  adversely. In  the  hydrodynamic  regime  the  adverse effects are more 

  severe  than  that  in  case  of  EHL  regime. However,  under partially starved  

  conditions the adhesive wear may become abrasive in the EHL regime.   

 13.2.6. When  an  engine  starts up and operates under low loads in the hydrodynamic 

  regime then there is a remote possibility for the 1
st
 compression ring to establish 

  a  physical  contact  with the liner under the steady-state conditions. However, 

  when  faced with a tremendous combustion thrust and has to operate under the 
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  extensive  loads, the ring may contact the liner and wear takes place in most of 

  the cases. 

 13.2.7. The 1
st
 compression ring carries the maximum loads in the initial engine start up. 

  However, when the cylinder bore becomes out-of-round due to continuous use 

  then  it  affects  the  load-carrying  capacity  of  the  ring. The  thickness of the 

  lubricant film decreases and the possibility of a contact and wear increases.  

 

RECOMMENDATIONS FOR FUTURE WORK 

13.3. Following recommendations are made for the researchers of the future: 

 13.3.1. Further  work  is  needed  in  defining  the  secondary  dynamics  of  the   1
st
  

  compression ring separately from the piston in the initial engine start up.  

 13.3.2. In  a  few  initial  engine start up cycles the role of combustion heat is ignored. 

  However,  there  is a  need  to  investigate the affect of combustion heat on the 

  viscosity of the lubricant film established between the 1
st
 compression ring and 

  the liner.           

 13.3.3. Future work should cater for the partially starved conditions and the cavitation 

  aspects when modeling the phenomenon in the initial start up conditions. 

 13.3.4. The solid lubricant coatings, their contribution and effectiveness in reducing the 

  initial engine start up wear should be catered for in the future research. 

 13.3.5. The  present work adopted the finite difference approach. Future work may be 

  done using the finite element and finite volume approaches to validate the  

  results.  

 13.3.6. This work may be extended to cover the scrapper ring, the oil control  ring, the 

  piston-pin, connecting rod and the crankshaft in the future studies. 
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